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FORWARD 


The  signing  of  the  Montreal  Protocol  in  1987  and  the  Kyoto  Protocol  in  1997  by 
various  nations  serves  as  a  reminder  once  again  of  the  intimate  relationship  between 
energy  and  environment,  which  will  no  doubt  remain  one  of  the  major  issues  in  the 
21st  Century.  This  is  particularly  so  in  Southeast  Asia,  where  industrial  growth  has 
taken  place  at  such  a  rapid  pace  during  the  last  two  decades.  At  the  same  time, 
research  in  energy  engineering  is  accelerating  in  this  part  of  the  world.  At  the  Hong 
Kong  University  of  Science  and  Technology  (HKUST),  the  Center  for  Energy  and 
Thermal  Systems  (CETS)  was  recently  established  for  the  research  and  development 
of  energy  efficient  and  environmentally  benign  thermal  systems.  Thus,  it  is  a 
privilege  for  CETS  to  be  able  to  host  the  Symposium  on  Energy  Engineering  in  the 
21st  Century  (SEE2000)  on  the  HKUST  campus  between  9-13  January  2000,  the 
first  international  energy  engineering  conference  ever  held  in  Hong  Kong. 

The  aim  of  this  Symposium  is  to  provide  a  forum  for  technical  interchange  in  various 
aspects  of  energy  engineering.  The  226  papers  (including  11  keynote  papers) 
presented  in  the  25  technical  sessions  of  the  Symposium  are  published  in  this 
proceedings  which  contains  4  volumes,  covering  a  variety  of  topics  from  heat  and 
mass  transfer,  various  energy  and  thermal  systems,  to  clean  combustion  technology. 

It  has  been  a  great  pleasure  for  me  to  work  with  Symposium  Co-Chairmen  Professor 
Kefa  Cen  of  the  Zhejiang  University  and  Professor  Patrick  Takahashi  of  the 
University  of  Hawaii  in  the  planning  of  this  Symposium.  I  would  like  to  express  my 
sincere  thanks  to  keynote  speakers  for  their  efforts  in  writing  up-to-date  review 
papers,  to  members  of  the  International  Advisory  Committee  and  the  Organizing 
Committee  for  their  enthusiasm  in  promoting  the  Symposium,  and  to  members  of  the 
Local  Committee  for  their  hard  work  in  reviewing  the  manuscripts.  Special  thanks 
are  due  to  Dr.  H.  H.  Qiu  (the  Symposium  Secretariat)  and  Ms.  Lotta  Tse  for  their 
help  in  making  conference  arrangements,  as  well  as  to  Ms.  Elbe  Ho,  Ms.  Ronnie  Tse 
and  other  clerical  staff  for  their  help  in  the  typing  of  the  manuscripts  and  for  the 
preparation  of  the  proceedings.  The  generous  financial  support  from  the  K.  C.  Wong 
Education  Foundation,  U.S.  Air  Force  Asian  Office  of  Aerospace  Research  and 
Development,  U.S.  Army  Research  Office  -  Far  East,  U.S.  Office  of  Naval  Research 
-  Asia,  and  the  International  Technic  HVAC  Company  are  gratefully  acknowledged. 


Ping  Cheng 
Symposium  Chair 
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ABSTRACT.  Experiments  on  high-enthalpy  water  blowdown  through  a  short  converging  nozzle  were 
preformed  to  measure  the  critical  discharge  flowrate  under  different  stagnation  conditions.  Two-phase  critical 
flow  models  were  reviewed  and  three  of  the  simple  predictive  models  were  described.  The  test  results  were 
compared  with  the  simple  predictive  models.  It  was  found  that  the  Henry-Fauske  Model  provided  the  best 
overall  agreement  with  the  experimental  data.  Photographic  studies  of  the  two-phase  flashing  jet  revealed  the 
presence  of  three  distinct  regions  in  the  jet.  These  regions  are  consistent  with  the  jet  geometry  proposed  in 
previous  studies. 


1.  INTRODUCTION 

When  a  pressurized  high-enthalpy  liquid  in  a  reservoir  is  discharged  through  a  small  opening,  a  vapor-liquid 
two-phase  jet  will  emerge.  This  physical  system  can  be  found  in  the  combustion  of  pressurized  liquid  fuels,  and 
in  the  event  of  a  pipe  rupture  in  a  chemical  or  nuclear  power  plant.  In  the  latter  cases,  hazardous  radioactive  or 
otherwise  toxic  gases  and  aerosols  may  escape  into  the  plant  air  environment.  The  release  of  fission  products 
into  the  containment  building  in  a  nuclear  power  plant  during  a  loss-of-coolant  accident  (LOCA)  is  of  particular 
concern  for  safety  reasons.  It  is  important  to  know  how  the  fission  products  are  transported  through  containment 
so  that  releases  from  containment  to  the  environment  can  be  properly  assessed.  There  are  many  pathways  for  the 
transport  and  depletion  of  fission  products  in  containment.  All  these  pathways  are  linked  to  the  coolant  system 
by  the  critical  discharge  of  the  high  enthalpy  coolant  through  the  pipe  break  and  its  subsequent  dispersion  as  an 
unbounded  two-phase  jet. 

The  characteristics  of  a  flashing  jet  were  investigated  using  a  small-scale  pressurized  blowdown  test  facility  in 
the  present  study.  The  jet  was  formed  by  discharging  high-pressure  water  at  slightly  subcooled  conditions  from  a 
pressure  vessel  into  ambient  atmosphere  through  a  small  converging  nozzle.  Due  to  the  large  and  rapid  drop  in 
pressure,  the  fluid  flashed  and  the  flow  became  choked  (critical)  at  the  nozzle  exit.  The  flow  then  expanded  very 
rapidly  due  to  flashing  forming  a  two-phase  jet  downstream.  The  problem  can  thus  be  divided  into  two:  the 
upstream  flow  up  to  the  opening  or  nozzle  exit  and  the  downstream  unbounded  two-phase  jet  flow. 

Since  the  flow  is  choked  (critical)  at  the  nozzle  exit,  the  downstream  ambient  conditions  have  very  little 
influence  on  the  flow  upstream.  The  geometry  of  the  two-phase  jet  downstream,  on  the  other  hand,  is  determined 
largely  by  the  upstream  stagnant  conditions.  Healzer  and  Singh  [1]  divided  the  jet  into  three  regions  as  shown  in 
Figure  1:  Region  1  extends  from  the  break  to  the  end  of  a  jet  core;  Region  2  extends  from  the  end  of  the  jet  core 
to  an  asymptotic  plane  and  Region  3  starts  at  the  asymptotic  plane  and  is  assumed  to  expand  at  a  half  angle  of 
ten  degrees.  The  length  of  the  cone-shaped  jet  core  was  found  to  be  a  function  the  jet  subcooling  at  the  break 
plane.  The  distance  from  the  break  plane  to  the  asymptotic  plane  depends  on  the  critical  mass  flux  and  the 
stagnation  pressure  upstream.  Some  limited  information  on  the  geometry  of  the  two-phase  jet  was  obtained  in  the 
present  study  using  photography.  This  will  be  shown  later  when  the  test  results  are  presented. 

Critical  or  choked  flow  in  a  pipe  or  nozzle  is  the  maximum  flow  rate  achievable  for  given  upstream  conditions. 
In  a  pressurized  flow  system,  the  flow  rate  will  increase  when  the  downstream  pressure  is  reduced  until  a 
maximum  value  is  reached  after  which  the  flow  will  remain  constant  even  if  the  downstream  pressure  is  further 
reduced.  This  maximum  flow  rate  is  generally  referred  to  as  the  critical  or  choked  flow.  Critical  two-phase  flow 
is  important  in  the  nuclear  industry  in  the  event  of  a  loss-of-coolant  accident  as  discussed  above.  In  addition,  the 
rate  of  coolant  discharged  through  a  pipe  rupture  has  a  first  order  effect  on  the  coolant  inventory  in  the  primary 
heat  transport  system  and  directly  affects  the  heat  transfer  rate  in  the  reactor  core.  It  is  also  important  in  the 
sizing  of  emergency  relief  systems  in  the  chemical  and  process  industries. 
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Figure  1:  Geometry  of  flashing  two-phase  jet 

A  large  amount  of  work  on  critical  two-phase  flows  exists.  Predictive  models  of  different  levels  of  sophistication 
are  available.  It  ranged  from  the  simple  homogeneous  equilibrium  model  (HEM)  which  is  essentially  a  pseudo 
single-phase  flow  model  to  the  complicated  two-fluid  models  incorporating  all  the  major  non-equilibrium 
interfacial  transport  phenomena  [2-4].  In  between  are  a  large  number  of  models  treating  one  or  more  of  the  non¬ 
equilibrium  effects  mechanistically.  This  included  models  by  Henry  and  Fauske  [5],  Kroeger  [6],  Stuhrruller  [7], 
Reocreux  [8],  Ardron  [9]  and  Alamgir  and  Lienhard  [10]  and  many  others.  An  excellent  overview  on  the  various 
analytical  approaches  to  two-phase  critical  flow  modeling  was  given  by  Wallis  [11].  Wallis  [11]  concluded  that: 
“The  appropriate  analytical  approach  should  be  consistent  with  our  understanding  of  the  physical  phenomena 
and  the  precision  with  which  they  can  be  defined”.  This  suggests  that  the  use  of  the  full  two-fluid  model  may  still 
be  premature  today  because  proper  modeling  of  the  many  interfacial  transfer  terms  under  realistic  blowdown 
conditions  is  still  lacking. 


2.  EXPERIMENTS 


Test  Setup 

A  schematic  diagram  of  the  Small-Scale  Blowdown  Test  Facility  used  in  the  present  study  is  shown  in  Figure  2. 
It  consists  of  a  pressure  vessel,  a  shut-off  valve  and  nozzle  assembly,  a  nitrogen  cover  gas  system  and  a  digital 
weight  scale.  The  pressure  vessel  was  fabricated  from  type  316  stainless  steel  and  was  rated  at  3.5  MPa  and 
250°C.  It  had  a  dimension  of  10”  (254  mm)  in  diameter  and  42.5”  (1080  mm)  in  overall  length  and  a  volume  of 
50  liters.  It  was  fitted  with  a  15-kW  electric  immersion  heater.  The  vessel  was  insulated  to  reduce  heat  losses 
during  heat  up.  The  nitrogen  cover  gas  system  was  used  to  obtain  and  maintain  a  subcooled  condition  in  the 
vessel  when  needed.  The  water  temperature  and  back  pressure  in  the  vessel  were  controlled  by  the  respective 
controllers.  The  pressure  vessel  was  mounted  on  a  Fisher  0-200  kg  Electromatic  weight  scale  used  to  measure 
the  discharge  rate  during  blowdown.  The  total  discharge  could  be  measured  to  ±0.05  kg.  Blowdown  through  the 
jet  nozzle  was  initiated  by  opening  the  stainless  steel  ball  valve. 

Valve  and  Nozzle  Assembly 

The  valve  and  nozzle  assembly  consists  of  a  short  length  (76  mm)  of  stainless  tube  (25.4  mm  dia.),  a  stainless 
steel  shut-off  ball  valve  and  a  custom  brass  nozzle.  The  diameter  of  the  components  of  the  assembly  was  uniform 
at  22  mm.  The  nozzle  had  a  short  transition  length.  Its  diameter  was  reduced  from  22  mm  to  1  mm  at  the  exit 
over  a  distance  of  9  mm.  The  geometry  of  the  nozzle  is  shown  in  the  insert  of  Figure  2.  The  assembly  was 
connected  to  the  pressure  vessel  through  a  25.4  mm  half  coupling  about  200  mm  from  the  bottom  of  the  vessel. 

A  short  nozzle  with  a  small  throat  area  was  used  to  minimize  the  pressure  drop  from  the  vessel  to  the  nozzle  so 
that  flashing  would  not  occur  upstream  of  the  nozzle  exit. 
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Figure  2:  Small-scale  blowdown  test  facility  schematics 

Instrumentation 

In  addition  to  the  total  weight  of  the  vessel,  three  water-temperature  and  two  pressure  measurements  were 
acquired  during  the  blowdown  transients.  Water  temperatures  were  measured  using  ground  junction  stainless 
steel  sheathed  type-K  thermocouples  (uncertainty:  ±1  °C)  in  three  locations:  at  the  top  of  the  vessel  (Tr);  inside 
the  vessel  close  to  the  entrance  to  the  valve  assembly  (Tu)  and  immediate  upstream  of  the  nozzle  (T0).  The  fluid 
pressures  were  measured  using  strain-gauge  type  transducers  (full  scale:  5  MPa;  uncertainty:  ±15  kPa)  at  the  top 
of  the  vessel  (Pr)  and  immediate  upstream  of  the  nozzle  (P0).  Data  were  acquired  during  the  blowdown  using  a 
computer  controlled  data  acquisition  system  at  1  hz.  Photographs  of  the  two-phase  jet  were  also  taken  during  the 
blowdown  using  both  flash  and  back  lighting. 

Test  Procedure  and  Test  Conditions 

A  simple  test  procedure  was  followed  in  the  present  experiment: 

1.  In  preparation  for  the  test,  all  the  water  in  the  pressure  vessel  was  first  drained  and  the  weigh  scale 
reset  to  zero. 

2.  The  vessel  was  then  filled  with  de-ionized  water  and  heaters  were  turned  on  until  boiling  occurred. 
Steam  was  allowed  to  vent  from  a  vent  line  at  the  top  of  the  vessel  for  a  few  minutes. 

3.  The  vent  line  was  closed  and  the  vessel  was  pressurized  with  nitrogen  gas.  The  vessel  pressure  was  set 
and  controlled  by  a  pressure  controller  connected  to  the  nitrogen  gas  supply  system. 

4.  The  water  temperature  in  the  vessel  was  allowed  to  rise  to  the  desired  blowdown  temperature. 

5.  The  heaters  were  then  turned  off  and  the  data  acquisition  system  activated.  The  mass  shown  on  the 
weigh  scale  was  recorded.  The  shut-off  valve  was  opened  to  initiate  the  test. 

6.  The  test  was  terminated  after  approximately  5  minutes  by  closing  the  shut-off  valve.  The  final  mass 
shown  on  the  weigh  scale  was  recorded. 

Blowdown  tests  were  performed  with  vessel  pressures  ranged  from  1.0  MPa  to  3.0  MPa  and  water  subcoolings 
from  6  °C  to  50  °C. 
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3.  RESULTS  AND  DISCUSSIONS 


Test  Results 

The  transient  pressure  and  temperature  measurements  during  the  blowdown  test  with  the  smallest  subcooling 
(Pr=3  MPa;  ATsub=6  °C)  were  shown  in  Figure  3.  The  pressure  measurements  confirmed  that  the  pressure  drop 
between  the  vessel  and  the  nozzle  was  indeed  very  small.  A  slow  decay  in  vessel  pressure  was  observed  in  the 
duration  of  the  test  (about  5%).  However,  the  nozzle  temperature  remained  below  the  saturation  temperature 
throughout  the  test.  Flashing  thus  occurred  downstream  at  the  nozzle  exit  at  all  times.  The  discharge  rate  or 
critical  flow  rate  was  calculated  from  the  weight  scale  readings  recorded  before  and  after  the  test.  An  average 
value  over  the  duration  of  the  blowdown  was  thus  obtained.  This  can  be  compared  with  predictions  using  various 
existing  models. 

Critical  Discharge  Models 

As  discussed  in  the  Introduction,  there  are  a  large  number  of  predictive  models  available.  However,  the  two-fluid 
models  are  not  recommended  at  present  due  to  our  incomplete  understanding  of  the  non-equilibrium  interfacial 
transfer  phenomena  involved.  It  will  be  more  appropriate  and  much  easier  to  use  the  simple  mechanistic  models. 
Three  simple  models  were  chosen  in  the  present  study  for  comparison  purposes.  They  are  the  Homogeneous 
Equilibrium  Model  [12],  the  Henry-Fauske  Model  [5]  and  the  Pressure  Undershoot  Correlation  [10]. 


(a)  Pressure  (b)  Temperature 


Figure  3:  Transient  pressure  and  temperature  measurements  in 

typical  blowdown  test  (Pr=3  MPa;  ATsub=6°C) 

The  Homogeneous  Equilibrium  Model  (HEM)  is  a  simple  extension  of  the  single-phase  flow  model.  It  treats  the 
two-phase  mixture  as  a  pseudo-fluid  with  equal  velocities  and  temperatures.  It  provides  a  base  model  against 
which  the  non-equilibrium  effects  for  given  two-phase  flow  processes  can  be  assessed.  The  mass  flowrate  is 
given  by: 


Ghem  =  {2[ho-  (l-XE)hfE  - XEhgal }m /  [(1-Xe)V£e  +  Xe  VgE]  (1) 

The  critical  mass  flowrate  (Gchem)  was  obtained  from  Eqn  (1)  by  lowering  the  downstream  pressure  successively 
until  a  maximum  mass  flowrate  was  achieved. 

The  Henry-Fauske  Model  also  assumes  equal  phase  velocities  (mechanical  equilibrium),  however,  it  allows  for 
thermal  non-equilibrium  by  introducing  a  coefficient,  N,  which  accounts  for  partial  phase  change  (i.e.,  vapor 
generation)  at  the  throat.  N  was  correlated  as  a  function  of  throat  equilibrium  quality,  x^: 
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N  =  XtE  /0. 14 


for  XtE<  0.14 


=  1  for  XtE  >0.14  @) 

For  subcooled  blowdown  conditions,  the  mass  flowrate  can  be  simplified  to: 

Ghf  =  { [(VgE  -  vf0)/(SgE  -  Sffi)]  N(dsffi  /dP)  }'m  (3) 

Since  no  vapor  is  formed  until  the  throat,  it  is  assumed  that  the  critical  pressure  ratio  can  be  calculated  from  the 
single  phase  momentum  equation  and  is  given  by: 

r|  =  Pt/P0  =  1  -  (Vf0G2/2P0)  W 

Eqn  (3)  and  (4)  can  be  combined  to  give  a  transcendental  expression  for  the  critical  pressure  ratio.  The  critical 
mass  flowrate  can  then  be  calculated. 

When  high-temperature,  high-pressure  water  is  suddenly  depressurized,  it  passes  from  a  subcooled  to  a 
superheated  state.  It  can  reach  a  pressure  (p»)  far  below  its  saturated  pressure  (pMt)  that  it  flashes  into  steam 
explosively.  This  pressure  difference  (p^,  -  pu)  was  termed  the  pressure  undershoot  by  Alamgir  and  Lienhard 
[10].  A  correlation  for  the  pressure  undershoot  was  devised  based  on  the  classical  nucleation  theory  and  was 
found  to  depend  on  the  initial  water  temperature  and  the  depressurization  rate.  Since  the  correlation  can  be  used 
to  determine  the  initial  conditions  in  a  blowdown,  it  can  thus  be  used  in  predicting  the  two-phase  flowrate 
following  a  rapid  depressurization.  The  Pressure  Undershoot  Correlation  takes  the  form: 

psat  -  pn  =  0.252[ct3/2  Tr13'73(l+1420'8)0'5  /  [(kTc)°-5(l-(Vf/vg)]  (5) 

The  depressurization  rate,  2  could  be  written  in  the  Eulerean  frame  experienced  by  a  particle  of  fluid  flowing  in 
a  nozzle  [13]: 

2  =  (3p/9t)z  +  v(dp/3z)t  (6) 

In  the  case  of  steady  flow  in  the  nozzle,  only  the  convective  term  is  important  and  Eqn  (6)  can  be  simplified  to 
[13]: 


2  =  (mt3/ p2A4)(dA/  dz)  (7) 

To  calculate  the  critical  flowrate,  the  throat  pressure  (p„)  was  obtained  from  Eqn  (5)  assuming  maximum 
depressurization  rate,  2.  2  was  maximum  when  (dA/dz)  in  Eqn  (7)  was  maximized.  This  required  that  the 
detailed  geometry  of  the  nozzle  be  known. 

Experimental  Comparisons 

The  test  results  on  critical  discharge  were  compared  with  critical  flowrates  calculated  using  the  three  simple 
models  described  above.  This  is  shown  in  Figure  4.  Figure  4  plotted  the  critical  discharge  of  initially  subcooled 
water  against  the  fluid  enthalpy.  Results  at  vessel  pressures  of  1.0  and  3.0  MPa  were  given.  It  can  be  seen  that 
the  Homogeneous  Equilibrium  Model  provided  the  worst  overall  predictions.  It  under-predicted  the  critical  mass 
fluxes  significantly,  especially  at  low  subcoolings.  This  is  to  be  expected  because  no  non-equilibrium  effects 
were  considered  in  the  HEM.  The  Pressure  Overshoot  Correlation,  on  the  other  hand,  over-predicted  the  critical 
mass  fluxes  in  general.  However,  it  did  very  well  in  predicting  the  test  results  for  the  lower  pressure  (Po=1.0 
MPa)  tests  at  low  subcoolings.  The  Henry-Fauske  Model  gave  the  best  overall  agreement  with  the  test  data.  It 
appears  to  work  best  for  large  subcoolings.  At  low  subcoolings,  the  model  also  under-predicted  the  critical  mass 
fluxes.  Figure  5  compared  directly  the  mass  fluxes  as  predicted  by  the  three  models  with  the  measured  values  for 
all  the  blowdown  tests,  including  tests  with  1.0<Po<3.0  MPa.  This  confirms  that  the  Henry-Fauske  Model  is  the 
most  appropriate  model  to  use  under  the  present  test  conditions. 
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Critical  Discharge  in  a  Converging  Nozzle  (D=1.0  mm) 
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Figure  4:  Comparison  of  experimental  results  and  model  predictions 
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Figure  5:  Predicted  vs  measured  mass  fluxes  -  critical  discharge  in  a  nozzle 
Photographic  Study  of  the  Flashing  Two-Phase  Jet 

The  flashing  two-phase  jet  was  photographed  to  identify  regions  in  the  jet  and  to  measure  the  major  geometric 
parameters.  Two  sets  of  pictures  were  taken  for  each  test  conditions.  The  first  set  was  obtained  with  front 
lighting  using  a  flash  and  the  other  set  was  made  with  back  lighting  using  an  overhead  projector  lamp.  Typical 
pictures  taken  with  front  and  back  illuminations  are  shown  in  Figure  6a  and  6b  respectively.  Front  illumination 
was  useful  to  outline  the  overall  shape  of  the  jet.  Back  lighting  revealed  some  information  on  the  structures 
within  the  jet.  Regions  of  different  densities  in  the  jet  were  shown  in  Figure  6b.  Because  of  light  refraction,  the 
jet  shown  in  Figure  5b  appeared  to  be  bigger  than  that  in  Figure  6a. 

From  Figure  6,  it  can  be  seen  that  the  jet  expanded  initially  at  approximately  50°  and  then  tapered  down  to  a 
much  smaller  angle  of  about  13°.  Three  regions  can  be  identified:  (1)  a  high  density  cone;  (2)  a  region  of  lower 
density  with  the  same  expansion  angle;  and  (3)  a  high  turbulent  region  with  a  smaller  expansion  angle.  Using 
smoke  as  a  tracer,  it  was  found  that  air  entrainment  was  important  in  the  latter  two  regions.  It  should  be  noted 
that  the  regions  identified  are  consistent  with  the  jet  geometry  shown  in  Figure  1. 
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(a)  Front  Lighting 


(b)  Back  Lighting 


Figure  6:  Pictures  of  flashing  two-phase  jet  (Pr=3  MPa;  ATsub=6°C) 

4.  CONCLUSIONS 

A  series  of  experiment  was  conducted  using  a  short  converging  nozzle  at  reservoir  pressures  ranging  from  1.0  to 
3.0  MPa  and  at  different  water  subcoolings.  The  discharge  flowrates  were  measured  and  compared  with 
predictions  from  different  critical  discharge  models.  Three  models  were  described.  They  are  the  Homogeneous 
Equilibrium  Model,  the  Henry-Fauske  Model  and  the  Pressure  Undershoot  Correlation.  It  was  found  that  the 
Pressure  Undershoot  Correlation  over-predicted,  whereas,  the  HEM  under-predicted  the  present  set  of  test  data. 
The  Henry-Fauske  Model,  on  the  other  hand,  gave  the  best  overall  agreement  with  the  test  data  and  worked  best 
for  large  subcoolings.  The  two-phase  flashing  jet  from  the  nozzle  was  also  photographed  to  study  its  flashing 
and  dispersion  characteristics.  Three  regions  were  identified:  a  high  density  cone  with  a  large  expansion  angle 
which  extends  only  a  short  distance  downstream  from  the  nozzle;  a  lower  density  region  behind  the  high  density 
cone  which  has  essentially  the  same  large  expansion  angle  and  a  dispersion  region  further  downstream  with  a 
much  smaller  expansion  angle. 


414 


ACKNOWLEDGEMENTS 

The  experiments  were  performed  in  the  Thermo-Fluids  Laboratory  in  Ontario  Hydro  Research  Division. 

REFERENCES 

I.  J.M.  Healzer  and  A.  Singh,  “A  Simplified  Model  for  Jet  Expansion  and  Impingement  Loads”,  EPRI 
Report:  NP-4418  (1986). 

2  H.J.  Richter,  “Separated  Two-Phase  Flow  Model:  Application  to  Critical  Two-Phase  Flow”,  Int.  J. 
Multiphase  Flow,  Vol.  9,  pp.  511-530  (1983). 

3.  F.  Dobran,  “Non-Equilibrium  Modeling  of  Two-Phase  Critical  Flow  in  Tubes”  ASME  J.  of  Heat 
Transfer,  Vol.  109,  pp.  731-738  (1987). 

4.  C.F.  Schwellnus  and  M.  Shoukri,  “A  Two-Fluid  Model  for  Non-Equilibrium  Two-Phase  Critical 
Discharge”,  Can.  J.  of  Chemical  Engineering,  Vol.  69,  pp.  188-197  (1991). 

5.  R.E.  Henry  and  H.K.  Fauske,  “The  Two-Phase  Critical  Flow  of  One-Component  Mixtures  in  Nozzles, 
Orifices  and  Short  Tubes”,  ASME  J.  Heat  Transfer,  Vol.  95,  pp.  179-187  (1971). 

6.  P.G.  Kroeger,  “Application  of  a  Non-Equilibrium  Drift  Flux  Model  to  Two-Phase  Blowdown 
Experiments”,  Proc.  of  the  CSNI  Specialist  Meeting,  AECL,  Vol.  1,  pp.  112-152  (1976). 

7.  J.W.  Stuhmiller,  ‘The  Application  of  Two-Phase  Flow  Modeling”,  EPRI  Report:  NP-349  (1977). 

8.  M.  Reocreux,  “Experimental  Study  of  Steam-Water  Choked  Flow”,  Proc.  of  the  CSNI  Specialist 
Meeting,  AECL,  Vol.  2,  pp.  637-669  (1976). 

9.  K.H.  Ardron,  “A  Two-Fluid  Model  for  Critical  Vapor-Liquid  Flow”,  Int.  J.  Multiphase  Flow,  Vol.  4, 
pp.  323-337  (1978). 

10.  Md.  Alamgir  And  J.H.  Lienhard,  “Correlation  of  Pressure  Undershoot  During  Hot- Water 
Depressuization”,  ASME  J.  Heat  Transfer,  Vol.  103,  pp.  52-55  (1981). 

II.  G.B.  Wallis,  “Critical  Two-Phase  Flow”,  Int.  J.  Multiphase  Row,  Vol.  6,  pp.  97-112  (1980). 

12.  E.S.  Starkman,  V.E.  Schrock,  K.F.  Neusen  and  D.J.  Maneely,  “Expansion  of  a  Very  Low  Quality  Two- 
Phase  Ruid  Through  a  Convergent-Divergent  Nozzle”,  ASME  J.  Basic  Engineering,  Series  D,  Vol.  86, 
pp.  247-256  (1964). 

13.  N.  Abuaf,  O.C.,  Jr.  Jones  and  B.J.C.  Wu,  “Critical  Rashing  Rows  in  Nozzles  with  Subcooled  Inlet 
Conditions”,  ASME  J.  Heat  Transfer,  Vol.  105,  pp.  379-383  (1983). 

NOMENCLATURE 


A 

nozzle  flow  area 

Subscripts 

D 

nozzle  diameter 

G 

mass  flux 

c 

critical 

h 

enthalpy 

E 

thermodynamic  equilibrium 

m 

mass  flow  rate 

f 

liquid  phase 

N 

phase  change  coefficient 

g 

gas  phase 

P.P 

pressure 

n 

minimum 

s 

entropy 

o 

stagnation  or  reservoir  conditions 

t 

time 

r 

reduced 

T 

temperature 

R 

reservoir 

V 

velocity 

sat 

saturation  conditions 

X 

quality 

sub 

subcooling 

z 

axial  coordinate 

t 

nozzle  throat 

E 

depressurization  rate 

u 

upstream 

V 

specific  volume 

P 

fluid  density 

a 

surface  tension 
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ABSTRACT.  The  experimental  investigation  on  flow  pattern  and  its  transition  for  gas/oil-water 
emulsions  in  vertical  upward  pipe  has  been  undertaken.  In  the  test  series  the  input  water  fraction  in  oil- 
water  emulsion  was  varied  between  0%  (pure  oil)  and  100%  (pure  water).  The  test  section  was  a  steel  tube 
with  inner  diameter  of  44mm  and  length  of  1.5m.  The  pressure  conditions  for  test  section  were  varied 
between  0.1  MPa  and  0.5  MPa,  the  temperatures  were  varied  from  10  to  40  °C,  gas  superficial  velocity  VSg 
=  0.1  ~26m/s,  oil-water  emulsion  superficial  velocity  VSL  =  0~2.5m/s.  The  test  oil  was  46#  machine  tool 
oil.  In  this  paper,  the  flow  pattern  characteristics  of  bubble  and  slug  regime  at  w/o  (water  in  oil)  and  o/w 
(oil  in  water)  are  described.  The  phase  inversion  point  between  w/o  and  o/w  is  obtained  through  used  the 
Yeh  method  and  the  pressure  drop  of  test  section.  The  water  fraction  at  the  phase  inversion  point  is  0.56. 
There  are  certain  relations  between  flow  patterns,  frequency  and  amplitude  of  pressure  drop  pulsation.  In  the 
experiments  a  group  of  data  which  determine  flow  pattern  by  pressure  drop  pulsation  has  been  obtained  for 
vertical  upward  pipes.  The  predictable  model  for  flow  pattern  transition  is  established.  The  predictable  model  is 
in  good  agreement  with  experimental  results. 


1.  INTRODUCTION 

When  gas,  oil  and  water  flow  in  pipe  in  general,  because  of  stirring  by  gas  and  valve,  bends  in  pipelines  the  oil 
and  water  form  emulsion  and  half  emulsion.  In  this  case  the  superficial  viscosity  of  oil-water  mixture  changes 
substantially,  and  it  will  greatly  affect  on  the  description  of  oil-water  two-phase  flow.  Besides  the  oil-water 
emulsions  will  form  two  structures  of  w/o  (water  in  oil)  and  o/w  (oil  in  water)  with  change  of  water  fraction. 
There  are  differences  on  the  flow  characteristics  at  w/o  and  o/w  types.  So  it  is  important  to  know  the  flow 
characteristics  of  gas/oil- water  emulsions,  such  as  flow  pattern  and  pressure  drop.  It  is  often  occurs  in  petroleum 
industry  where  oil-gas-water  three-phase  flow  in  vertical  upward  pipe,  such  as  production  of  crude  oil  and 
natural  gas  in  wells  and  transportation  in  pipeline.  Up  to  now  most  studies  for  oil-gas-water  three-phase  flow 
was  in  which  the  oil-water  was  no  emulsive.  In  this  paper  the  flow  pattern  characteristics  and  transition  of  three- 
phase  flow  were  studied  for  gas/oil-water  emulsions  in  vertical  upward  pipe. 

2.  EXPERIMENTAL  SET-UP 

The  experimental  data  were  obtained  in  the  oil-gas-water  three-phase  flow  test  loop  of  State  Key  Laboratory  of 
Multiphase  Row  in  Power  Engineering  of  Xi'an  Jiaotong  University.  The  test  loop  is  shown  in  Fig.l.  The  oil- 
water  emulsion  with  certain  ration  of  oil  and  water  was  prepared  in  advance  in  the  storage  by  using  an  electrical 
stirrer  and  pumped  to  the  loop  by  a  pump.  The  emulsion  was  mixed  with  air  coming  from  the  air  compressor  to 
form  the  three-phase  mixture.  The  three-phase  mixture  flow  via  the  test  section  and  after  the  test  section  entered 
into  the  separator,  the  oil-water  emulsion  was  recalculated.  The  air  was  vented  from  the  top  of  the  separator.  The 
flowrates  of  the  oil-water  emulsion  and  air  were  separately  measured  by  orifices.  The  fluid  temperature  was 
measured  by  thermocouples,  the  pressure  was  measured  using  pressure  transducer.  All  experimental  signals 
were  automatically  acquired  and  stored  by  the  computer.  Stainless  steel  pipe  with  diameter  of  51*3.5  mm  and 
length  of  1.5  m  was  used  as  the  test  section,  46#  machine  tool  oil,  water  and  air  are  used  as  the  fluid  in  test.  The 
experimental  conditions  were: 

Oil-water  emulsion  superficial  velocity  VSl:  0-2.5  m/s. 

Pressure  p :  0. 1-0.5  MPa  Water  fraction  ew:  0.0- 1 .0 

Temperature  T:  10~40°C  Air  superficial  velocity  VSG:  0.1-26  m/s 
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1.  oil  tank 

2.  water  tank 

3.  separator 

4.  air  compressor 

5.  oil  pump 

6.  valve 

7.  orifice 

8.  gas-liquid  mixer 

9.  test  section 

10.  thermocouple 

1 1 .  pressure  meter 

12.  electrical  stirrer 


Fig.  1.  The  experimental  set-up 

3.  FLOW  PATTERN  AND  EMULSION  STRUCTURE 

There  are  four  basic  flow  patterns  for  oil-gas-water  three-phase  flow  in  vertical  upward  pipe:  bubble,  slug,  chum 
and  annular  flow.  Based  on  the  structure  of  oil-water  interface,  there  are  two  emulsion  structures,  they  are  water- 
in-oil  (w/o)  and  oil-in-water  (o/w).  Their  characteristics  are:  in  the  case  of  water-in-oil  (w/o)  the  water  droplets 
are  dispersed  in  a  continuous  oil  phase  and  occurs  in  lower  water  fraction;  in  the  case  of  oil-in-water  (o/w)  the 
oil  droplets  are  dispersed  in  a  continuous  water  phase  and  occurs  in  higher  water  fraction. 

In  this  paper,  the  water  fraction  of  oil-water  emulsion  in  phase  inversion  point  between  o/w  and  w/o  cases  was 
determined  by  the  Yeh  method  [1]  and  the  change  of  pressure  drop  in  test  section.  The  emulsion  structure  was 
obtained  as  follows: 


(1)  w/o:  for  ew<  0.56 

(2)  o/w:  for  ew>  0.56 

(3)  w/o:  for  ew=  0.56  at  u<0.9  m/s 
o/w:  for  ew=  0.56  at  u>0.97  m/s 

w/o  or  o/w:  Unstable,  for  e*  =  0.56  at  u=0.9~0.97  m/s 

When  o/w  emulsion  transfer  to  w/o,  the  pressure  drop  of 
oil-water  emulsion  in  pipe  greatly  increased  due  to  increase 
of  the  viscosity  of  oil-water  emulsion,  as  shown  in  Figure 
2.  Because  of  the  difference  of  oil-water  interface,  the 
characteristics  of  w/o  type  are  different  than  o/w  type  at 
both  of  bubble  and  slug  flow.  In  bubble  flow,  because  of 
the  superficial  viscosity  of  w/o  emulsion  is  larger  than  o/w 
type,  so  the  pressure  drop  of  w/o  emulsion  is  greater  than 
that  of  o/w  type,  whether  the  surface  tension  between  gas 
bubble  and  oil-water  emulsion  in  w/o  type  is  greater  than 
that  in  o/w  type. 


In  slug  flow,  the  liquid  phase  which  contacting  inner  wall  .  Fig.2.  The  pressure  drop  changing  at  the 
of  pipe  is  oil  in  the  w/o  type  and  that  is  water  in  the  o/w  phase  inversion  point  of  oil-water 

type.  In  the  experiments  it  was  observed  that  liquid  film  emulsion  in  vertical  upward  pipe 

thickness  between  Taylor  gas  bubble  and  inner  wall  of  pipe 

was  different,  the  thickness  at  w/o  is  thicker  than  that  at  o/w,  the  numbers  of  gas  bubble  in  liquid  slug  between 
two  Taylor  gas  bubble  at  w/o  are  more  than  that  at  o/w. 


4.  DETERMINING  THE  FLOW  PATTERNS  BY  PRESSURE  DROP  PULSATION  METHOD 


The  transition  of  flow  patterns  will  occur  with  change  of  flow  velocity  and  void  fraction  when  gas/oil-water 
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emulsions  flow  in  pipe,  and  pressure  drop  pulsation  will  change  at  same  time.  So  there  are  certain  relation 
between  flow  patterns  and  frequency,  amplitude  of  pressure  drop  pulsation.  Pressure  drop  pulsation  oscillogram 
in  the  test  section  may  present  out  different  pulsation  locus  diagram  for  different  flow  patterns.  Thus  pressure 
drop  pulsation  method  may  be  used  to  analysis  and  determine  the  flow  patterns. 

In  the  flow  of  gas/oil-water  emulsions  in  vertical  upward  pipe  the  various  flow  patterns  present  out  different 
pressure  drop  pulsation.  The  analysis  results  from  pressure  drop  pulsation  for  flow  patterns  of  gas/oil-water 
emulsions  three-phase  flow  in  vertical  upward  pipe  are  shown  in  table  1.  According  to  the  frequency  f  and 
amplitude  ratio  R  of  pressure  drop  pulsation,  flow  patterns  may  be  determined. 


Table  1.  Determining  Flow  Pattern  by  Pressure  Drop  Pulsation 


Amplitude  ratio  R 
Frequency  f  (1/s) 

Flow  pattern 

Suitable  range  on  three-phase  flow  of 
gas/oil-water  emulsions  in  vertical  upward  pipe 

Superficial  liquid  velocity 
VSL(m/s) 

Superficial  air  velocity 
VSG(m/s) 

1 

24<R<48,  f>150 

W/O 

Annular 

0.01<Vsl<2.4 

Vsg>12.7 

25<R<48,  120<f<150 

O/W 

0.01<VS,<2.4 

Vsg>12.4 

2 

1<R<1.35 

W/O 

Slug 

0.01<VSL<1 

0.07 <VSG<  1.6 

1.35<R<2.6 

O/W 

0.01<VSI.<0.55 

0.11<VSG<1.1 

3 

1<R<1.35, 4<f<7 

W/O 

Chum 

0.01<Vst<2.4 

1.6<Vsg<12.7 

1<R<1.35,  f<4 

O/W 

0.01<VSt<2.4 

1.1<Vsg<12.4 

4 

6<R<12 

W/O 

Bubble 

0.01<Vsi<2.4 

0.01<Vsg<0.07 

R>12 

O/W 

0.01<VSI<2.4 

0.01<Vsg<0.37 

Note:  WhenVSL=l,  VSG=1,  £w=0.54,  the  amplitude  is  Vstimdani,  in  the  table  R  =  Vsandar/V i 


5.  THE  PREDICTING  MODEL  OF  FLOW  PATTERNS  TRANSITION 
FROM  BUBBLE  FLOW  TO  SLUG  FLOW 

Through  analysis  to  pressure  drop  pulsation  it  is  shown  that  superficial  viscosity  of  oil-water  emulsion  greatly 
affected  flow  pattern  transition  from  bubble  flow  to  slug  flow.  When  flow  pattern  transition  from  bubble  flow  to 
slug  flow  occurs  the  value  of  void  fraction  is  not  same  at  different  water  fraction  in  gas/oil-water  emulsions. 
This  means  that  the  transition  void  fraction  is  changed  with  changing  superficial  viscosity  of  oil-water  emulsion. 
Then  formula  of  transition  void  fraction  can  be  given.  From  the  literatures  the  void  fraction  of  bubble  flow  is 
lower  than  0.35  [2,3].  So  transition  void  fraction  from  bubble  flow  to  slug  flow  may  be  expressed  as  follows: 


ac  =  0.35(pe/pf 


(1) 


Based  on  the  experimental  results  in  our  test,  the  transition  void  fraction  from  bubble  flow  to  slug  flow  can  be 
given  as  follows: 


Atw/o:  ac  =  0.35(p.e /p-c)^08' 
Ato/w:  ac  =0.35(pe/pc)"°° 


(2) 

(3) 


where  p,  and  P;  are  the  superficial  viscosity  of  oil-water  emulsion  and  continuous  phase  viscosity  at  w/o  and 
o/w  respectively. 

When  velocity  of  oil-water  emulsion  is  lower,  the  upward  velocity  V  ^  of  gas  bubble  in  liquid  phase  can  be 
estimated  as  follows: 


V-  =  1.53tWl-a/ VSL  •  |go(pL  -  pG  )/Pl?2 


(4) 


418 


The  correlation  between  gas  phase  velocity  VG  in  bubble  flow  and  average  velocity  Vl  in  oil-water  emulsion  is 
expressed  as  follows: 


vg  =  vl  +  v, 


(5) 


namely,  VG  =  VL  + 1 .53a VSL  •  |go(pL  -  pG  )/p { f 25  (6) 

If  the  gas  phase  is  an  incompressible  flow,  then  continuous  equation  for  bubble  flow  can  be  written  as  follows: 
VGa  + VL(l-a)=  Vm  (7) 

because  of  VG=VSG/a  and  VL=VSL/(l-a),  so  the  following  equation  can  be  obtained  from  equations  (6)  and  (7): 

vsg/vsl  =  a/(l  -  a)+ 1 ,53aVl  -  a/ VSL  •  [ga(pL  -  pG  )/p^f25  (8) 

Then,  replaced  of  a  in  equation  (8)  with  transition  void  fraction  in  equations  (2)  and  (3)  at  transition  from 
bubble  flow  to  slug  flow,  the  equation  of  transitions  between  bubble  flow  and  slug  flow  in  w/o  and  o/w  type  is 
established: 

vsg/ Vsl  =  c ij  (l  -  ac )+ 1 .53acA/l  -a  J  VSL  ■  |ga(pL  -pG  Vp^f'25  (9) 

When  fluid  property  is  given,  equation  (9)  gives  the  value  of  transitions  between  bubble  flow  and  slug  flow  in 
w/o  and  o/w  type  can  be  calculated. 

In  Figure  3  the  pattern  transition  between  bubble  flow  and  slug  flow  at  different  water  fraction  in  w/o  type  is 
shown.  From  the  figure  we  can  see  that  under  same  superficial  velocity  of  oil-water  emulsions  the  pattern 
transition  from  bubble  flow  to  slug  flow  occurs  at  lower  superficial  air  velocity  with  increase  of  water  fraction. 

In  Figure  4  the  pattern  transition  between  bubble  flow  and  slug  flow  at  different  water  fraction  in  o/w  type  is 
shown.  Under  same  superficial  velocity  of  oil-water  emulsions  the  pattern  transition  from  bubble  flow  to  slug 
flow  occurs  at  higher  superficial  air  velocity  with  increase  of  water  fraction. 


Fig.3.  The  pattern  transition  from  bubble  flow 
to  slug  flow  at  different  water  fraction  in 
w/o  type 


Fig.4.  The  pattern  transition  from  bubble 
flow  to  slug  flow  at  different  water 
fraction  on  o/w  type 


In  Figures  5  and  6,  the  compared  results  by  the  experimental  data  with  equation  (9),  Taitel-Dukler's  [3],  Chen’s 
[4],  Kabir  &  Hasan’s  [5]  predicting  models  in  w/o  and  o/w  types  are  presented. 
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Vjo/m/s  Vjoto/s 

Fig  5  The  compared  results  by  the  experimental  data  with  equation  (9),  Taitel-Dulder’s  Kabir  &  Hasan’s, 
Chen’s  predicting  models  when  flow  pattern  transition  from  bubble  flow  to  slug  flow  m  w/o  type 


Vjo/m/s  V^/m/s 

Fig.  6.  The  compared  results  by  the  experimental  data  with  equation  (9),  Taitf1'{*lkl*r,s’  Kabir  & 

Hasan's,  Chen's  predicting  models  when  flow  pattern  transition  from  bubble  flow  to  slug  flow 


o/w  type 


From  these  figures  it  is  shown  that  author's  predicting  model  is  in  good  agreement  with  experimental  data  and 
under  lower  water  fraction  in  w/o  type  the  experimental  data  is  in  better  agreement  with  the  TaitehHulder  s  and 
Kabir  &  Hasan's  predicting  models,  but  there  is  greater  difference  with  Chens  predicting  model,  with  gradual 
increase  of  water  fraction,  the  experimental  data  is  in  better  agreement  with  the  Chen's  predicting .  model  M,  but 
there  is  greater  difference  with  Kabir  &  Hasan's  model  [5].  In  o/w  type,  with  increase  of  water  ffac  ion the 
experimental  data  is  in  better  agreement  with  Taitel-Dukler's  and  Kabir  &  Hasans  predicting  models[5],  but  is 
in  poor  agreement  with  Chen's  model  [4]  in  over  all.  The  main  reason  for  this  difference  is  that  transition  void 
fraction  oT pattern  transition  between  bubble  and  slug  flow  determined  by  different  researcher  is  not  same,  at  the 
same  time  in  their  tests  they  didn’t  consider  the  effect  of  the  experimental  fluid  viscosity. 


6.  CONCLUSIONS 


Based  on  the  experimental  results,  the  following  conclusions  may  be  obtained. 


The  water  fraction  in  oil-water  emulsion  has  strong  effect  on  the  pattern  transition  from  bubble  flow  to  slug 
flow  in  air  /oil-water  emulsions.  In  w/o  type  the  transition  from  bubble  flow  to  slug  flow  is  easier  to  occur 
with  increase  of  water  fraction,  namely:  superficial  air  velocity  when  transition  occurred  is  lower,  but  m 
o/w  type  that  is  just  reverse,  the  transition  is  occurred  at  higher  superficial  air  velocity  with  increase  of 
water  fraction,  namely:  the  transition  is  more  difficult  than  the  w/o  type. 
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2.  According  to  the  frequency  f  and  amplitude  ratio  R  of  pressure  drop  pulsation  the  three-phase  flow  patterns 
of  gas/oil-water  emulsions  can  be  determined  by  pressure  drop  pulsation  method.  In  the  experiments  a 
group  of  data  is  given  to  determine  the  flow  pattern  of  gas/oil-water  emulsions  in  vertical  upward  pipe  by 
pressure  drop  pulsation. 

3.  In  this  paper  the  predicting  model  for  flow  pattern  transition  from  bubble  flow  to  slug  flow  is  established, 
and  effect  of  superficial  viscosity  of  oil-water  emulsion  on  flow  pattern  transition  is  considered  in  this 
model.  The  predicting  model  is  in  good  agreement  with  the  experimental  results  and  is  suitable  to  gas/oil- 
water  emulsions  three-phase  flow. 

4.  When  oil-water  emulsion  flows  in  vertical  upward  pipe,  the  water  fraction  at  phase  inversion  point 
between  w/o  and  o/w  is  0.56. 
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ABSTRACT.  The  broad  experimental  study  of  hydrodynamics  and  the  dust  separation  efficiency  in  two-phase 
rotating  flow  has  been  carried  out  by  a  joint  team  under  the  project  funded  by  the  Royal  Society  (UK).  It  was 
found  that  within  the  rotating  two-phase  flow  the  specific  interphase  surface  between  air  and  water  reaches  up  to 
1000  m2/m3  being  two  times  as  much  as  high  than  that  in  traditional  equipment  based  on  the  concept  of  two- 
phase  flow.  Total  pressure  losses,  pressure  drop  within  rotating  two-phase  flow  were  measured  and  components 
of  pressure  drop  were  assessed.  The  experimental  correlations  for  the  average  rotating  velocity  of  air- water  flow, 
average  bubble  diameter  have  been  obtained  as  a  result  of  the  experimental  study.  The  fine  dust  separation 
efficiency  within  rotating  two-phase  flow  has  been  studied  and  the  experimental  and  theoretical  correlations  for 
the  fractional  efficiency  has  been  developed.  It  was  shown  that  the  dust  separation  efficiency  exceeds  results 
available  for  the  other  equipment  currently  used  in  separation  technology  in  terms  of  the  total  clean-up  efficiency 
and  the  minimal  ‘cut-off  diameter  of  separated  particles. 

1.  INTRODUCTION 

The  idea  of  the  vortex  bubble  chamber  (VBC)  is  based  on  creation  of  a  vortex  bubble  flow  (VBF)  within 
stationary  vortex  chamber.  Gas  (air)  comes  into  a  chamber  through  few  tangential  slots  while  a  liquid  (water) 
supplies  into  a  chamber  from  a  top  to  bottom.  Swirled  gas  flow  picks  up  a  water  involving  it  in  rotation 
promoting  thereby  formation  of  the  rotating  gas-liquid  flow  over  the  inner  chamber’s  surface.  Since  the  average 
bubble  diameter  is  inversely  proportional  to  the  centrifugal  acceleration,  the  rotating  flow  has  a  highly  developed 
interface  between  gas  and  liquid  and  approximately  uniform  bubble  diameter  throughout  a  flow.  Due  to 
variations  in  the  centrifugal  acceleration  the  average  bubble  diameter  and  interface  can  be  varied  in  a  wide  range 
without  loss  of  a  flow  stability.  The  previous  studies  of  VBF  include  limited  data  on  rotational  velocity, 
interphase  surface,  void  fraction  and  pressure  drop  [1-3].  However,  some  very  important  parameters  of  VBF  still 
unknown,  while  the  other  ones  need  to  be  further  clarified.  For  example,  the  correlations  describing  rotational 
velocity  do  not  take  into  account  effect  of  a  liquid  phase,  no  direct  measurements  of  a  bubble  diameter;  some 
available  data  are  controversial,  no  studies  towards  dust  collection  within  two-phase  rotating  flow.  Some  novel 
scientific  results  extending  available  fundamental  basis  in  the  field  are  presented  in  this  study. 

2.  EXPERIMENTAL  RIG 

An  experimental  programme  was  performed  in  the  experimental  rig  (Figure  1)  the  major  component  of  which 
was  the  stationary  vortex  bubble  chamber.  The  swirl  generator  had  a  form  of  a  circular  ring  with  an  inner 
diameter  Dc  =  180  mm  and  height  1^=29  mm  in  which  15  tangential  slots  of  1  mm  in  width  and  14,5  mm  in  depth 
were  evenly  arranged  in  staggered  manner  around  perimeter  on  it’s  top  and  bottom.  The  non-dimensional  free 
cross  section  of  slots  was  S  =  2,65%,  it’s  angle  of  slope  to  the  chamber  radius  was  70  degrees.  The  air-water 
flow  thickness  was  maintained  constant  by  means  of  limited  ring  7  (Figure  2)  it’s  thickness  was  10;  15;  20;  25 
and  30  mm.  The  following  parameters  were  measured  in  the  experimental  programme:  the  average  rotating 
velocity  of  air-water  flow;  average  bubble  diameter  as  a  function  of  the  centripetal  acceleration;  total  pressure 
drop  within  a  chamber,  pressure  drop  in  rotating  two-phase  flow;  dust  separation  efficiency. 
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Fig.  1.  Scheme  of  experimental  facility 

(1  -  air  inlet.  2  -  air  outlet.  3  -  water  inlet.  4  -  dust/liquid  Suspense  outlet.  5  -  gas  header. 

6  -  swirl  generator.  7  -  limited  ring.  8  -  filter.  9,  10  -  flow  Mmter.  1 1  -  dcrew  geeder. 

12  -  dust  bunker.  13  -  electric  motor.  14  -  rectifier.) 

The  rotating  velocity  of  air-water  flow  was  measured  by  means  of  the  anemometer  which  consists  of  few  blades 
fixed  on  a  vertical  axis  and  placed  into  rotating  flow.  It  was  shown  [3]  that  the  local  rotating  velocity  depends 
slightly  on  the  radius,  therefore  only  an  averaged  velocity  would  be  enough  to  characterise  rotating  velocity  of 
air-water  flow.  The  average  bubble  diameter  was  registered  by  means  of  the  experimental  technique  based  on 
registration  of  electrical  signal  coming  from  sensitive  element  of  the  hot-wire  anemometer.  That  signal  is  due  to 
periodic  passing  of  bubbles  through  the  control  volume  around  the  sensitive  element.  The  diameter  and  length  of 
element  are  5  micron  and  0.8  mm  respectively,  it’s  holders  were  electrically  insulated  from  air-water  flow.  To 
study  the  dust  separation  efficiency  the  feed  system  to  supply  dust  into  an  air  flow  was  included  in  the 
experimental  circuit.  The  dust  feed  was  supplied  from  the  bunker  by  the  screw  feeder.  Nonseparated  dust 
fraction  was  accumulated  in  the  cloth  filter  placed  at  the  outlet.  Dust  concentration  in  air  was  registered  by 
weighting  of  a  dust  in  the  bunker  and  filter  before  and  after  experiment.  A  dust  with  hydrophilic  properties  and 
the  density  of  2300  g/m3  was  used  in  experiments.  The  fractional  dust  composition  was  measured  by  the  laser 
analyser  PRO-7000. 

The  following  range  of  the  basic  parameters  was  studied  in  the  experimental  programme:  air  mass  flow  rate  was 
25  -  45  g/s,  water  mass  flow  rate  was  25  -  75  g/s,  inlet  air  temperature  was  15  °C,  inlet  dust-in-air  concentration 
was  from  10  to  20  g/m3. 


3.  RESULTS  AND  DISCUSSION 


3.1.  Hydrodynamics 

The  main  parameters  of  the  rotating  air- water  flow  are  as  follows:  the  rotating  velocity  of  a  gas-liquid  flow  wL; 
average  bubble  diameter  dB;  interphase  surface  between  gas  and  liquid  and  pressure  losses.  First  two  parameters 

related  closely,  since  the  velocity  wL  determines  the  centripetal  acceleration  g*  =  wl/rc  (Rc  is  vortex  chamber 
radius). 
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3.1.1.  Rotating  velocity  of  VBF.  Experimental  data  show  the  rotating  velocity  of  two-phase  rotating  flow 
(VBF)  wL  is  a  liner  function  of  the  air  velocity  w0  at  the  inlet  of  swirl  generator.  Figure  2  presents  the  non- 

dimensional  velocity  ( w  =  wL/w0 )  versus  the  thickness  HL.of  rotating  flow.  These  data  locate  below  results 


Fig.  2.  Nondimensional  rotating  velocity  of  VBL 

(Gg  =  30  g/s;  Gg/Giiq  =  1.0.  1 -Experiments  of  Authors  Data.  2-Correlation  (1).  3-Data  of  [3].) 

obtained  in  [3]  for  the  case  without  liquid  overflow  (no  limited  ring).  In  the  processing  of  experimental  data  the 
swirling  flow  nature  was  taken  into  consideration  in  the  equation  of  the  angular  momentum  conservation.  In 
addition,  it  was  assumed  that  the  liquid  film  exists  at  the  bottom  of  VBL,  so  that  the  liquid  volumetric  content  in 
this  area  is  1.0.  The  final  correlation  describing  quite  well  all  experimental  data  has  the  following  form: 

—  -4(l  +  P)+V^2(1  +  P)2+4A(1~'^3)  (1) 

W"  2AF?] 

R  -Hr  Giin  27tRcsin0-CfEpiiQ/p£,  ,  ,  ,  ....  .  , 

where  £  =  — - — — ; 8  =  — 9-;  A  = - q/  —  ;8  is  the  angle  between  slot  direction  and  chamber 

Rc  Gg  3riNb 

radius;  pg  is  the  gas  density;  T|  =  ;  N  is  number  of  slots;  b  is  a  slot  width;  Gg  and  GUq  is  the  gas  and  liquid 

Rc 

flow  rate;  Ri  is  the  external  radius  of  VBL;  Cf  is  the  friction  coefficient  (=0,025  according  to  [3]);  e  is  the 
volume  liquid  content  near  the  butt  ends;  pUq  is  the  liquid  density. 

3.1.2  Bubble  diameter.  Interphase  surface.  Figure  3  highlights  the  results  of  direct  measurements  of  air 
bubble  diameter  undertaken  in  this  research  and  it’s  comparison  with  data  of  [1,4]  where  the  bubble  diameter 
was  calculated  from  the  equation  (2)  and  the  specific  interphase  measurements  by  indirect  method: 


a  = 


6(p 


(2) 


Here  a  is  the  specific  interphase  surface,  m2/m3.  As  follows,  given  in  [1]  the  absolute  magnitude  of  dg  is 
substantially  higher  than  that  obtained  in  the  present  research.  The  results  obtained  in  [1]  depend  more 

appreciably  from  the  centripetal  acceleration  (dB  ~  g  _0’95,  where  g  =g*/g  is  the  nondimensional  centripetal 
acceleration)  than  data  of  [4]  which  are  closer  to  the  commonly-used  assessment  dB~  lc  where 
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lc 


is  the  capillary  constant.  The  following  correlation  has  been  obtained  in  this  research  as  a 


result  of  experimental  data  processing  (6<  g  <13): 


dB  =  7,85-10'3  (g)  ~0'3,  m  (3) 

The  specific  interphase  surface  between  gas  and  liquid  is  the  major  parameter  which  determines  the  efficiency  of 
heat  and  mass  transfer  processes.  Relation  between  the  interface  and  average  flow  velocity  for  different  type  of 
two-phase  flow  equipment  is  presented  in  Figure  4.  It  is  seen  the  absolute  value  of  interface  a  obtained  in  the 
present  study  (1000  m2/m3)  exceeds  considerably  all  traditional  types  of  equipment  (400  m2/m3)  [5]  being 
comparable  with  a  cyclone  foam  equipment  [6]. 


Fig.  3.  Average  bubble  diameter  as  a  function  of  nondimensional  centripetal  acceleration 

(1 -Experiments  of  Authors.  2;  3 -Data  of  [1;  4].) 


Fig.  4.  Specific  interphase  surface  for  different  types  of  equipment 

(1;  2-sieve  and  perforated  tray  [5].  3;  4-rotating  vortex  chamber;  n=200  and  350  rpm  respectively  [1]. 
5-cyclone  foam  equipment  [6].  6  -  author’s  results:  stationary  vortex  chamber.) 


425 


3.1.3.  Pressure  drop.  The  pressure  drop  within  VBC  can  be  presented  as  a  sum  of  three  different 
components:  inlet  pressure  losses  in  front  of  rotating  air-water  flow  including  pipe,  gas  header  and  swirl 
generator  (1);  pressure  losses  within  VBF  (2)  and  outlet  pressure  drop  after  VBF  (3).  Since  the  air  tangential 
velocity  beyond  VBF  is  very  small  the  third  term  is  quite  negligible  compared  to  the  first  and  second  terms. 
Figure  5  presents  the  pressure  drop  behaviour  against  the  inlet  gas  mass  flow  rate  W;  for  comparison  the 
pressure  drop  in  one-phase  equipment  is  also  shown  in  this  figure.  It  is  seen  the  hydraulic  losses  in  VBC 
gradually  increase  at  the  gas  flow  rate  growth;  however  these  losses  always  remain  less  than  in  one-phase 
equipment.  The  later  is  due  to  the  fairly  low  outlet  flow  velocity  in  two-phase  flow  equipment.  The  same  effect  is 
occurred  in  a  vortex  chamber  with  particles  under  a  high  concentration  conditions. 


Fig.  5.  Pressure  drops  in  VBC;  Hl=20  mm 

(1-total  pressure  drop  (VBC).  2-radial  pressure  drop  (VBF).  3-kinetic  energy  losses  (VBF). 

4-total  pressure  (VBF).  5-one-phase  (gas)  vortex  chamber.  6-equation  (4).) 

The  pressure  drop  inside  of  the  vortex  bubble  flow  (VBF)  in  turn  is  a  sum  of  the  kinetic  energy  losses  within  the 
two-phase  rotating  flow  (APk  =pg  Wq/2  ;  reductions  in  the  tangential  velocity)  and  radial  pressure  losses.  The 

value  of  APr  is  a  slight  function  of  Gg  and  HL;  this  parameter  defines  the  “work”  of  in-coming  air  breakdown, 
bubble  formation  and  surface  friction  between  bubble  and  surrounding  liquid  while  it’s  moving  through  the  gas- 
liquid  flow: 


_  6a  1 

4p* '  d7+!5Ip- 


'D  ’ 


(4) 


The  equation  (4)  is  presented  in  Figure  5  with  the  dotted  line  and  it  compares  with  experimental  data  on 
pressure  drop.  As  follows  from  measurements  and  theory  at  any  two-phase  rotating  flow  thickness  the  whole 
inlet  kinetic  energy  is  actually  lost  within  vortex  bubble  flow.  This  is  the  reason  why  the  pressure  losses  in  a 
vortex  chamber  do  not  depend  on  the  absolute  thickness  of  VBF. 

The  main  way  to  reduce  the  total  pressure  drop  within  VBC  is  to  reduce  the  inlet  pressure  drop  APm.  Installation 
of  guide  vanes  in  swirl  generator  instead  tangential  slots  promotes  remarkable  reductions  in  the  total  pressure 
rate  within  VBC  (up  to  2.5  -  3.0  kPa). 

3.2  Dust  Separation  Efficiency 

In  experiments  on  dust  separation  efficiency  the  gas-liquid  flow  thickness  was  constant  (20  mm),  it’s  rotating 
velocity  was  2.6  -  3.2  m/s,  the  centripetal  acceleration  was  varied  from  70  to  1 10  m/s2.  The  average  bubble  (air) 
diameter  was  calculated  from  the  equation  (3).  The  value  of  da  was  varied  from  3.8  to  4.3  mm.  Altogether  12 
sets  of  experiments  were  performed  in  the  experimental  programme. 


426 


The  composition  of  inlet  dust  and  dust  detained  in  a  cloth  filter  is  presented  in  the  Figure  6.  The  particles  having 
a  diameter  more  than  three  micron  are  virtually  absent  in  the  dust  coming  through  the  gas-liquid  flow.  A  total 

rate  of  the  cleaning  efficiency  defines  as  =  reaches  99.5%  in  the  range  of  operating  parameters;  here: 

Mi 

Mi  is  a  total  amount  of  dust  coming  in  the  gas-liquid  flow,  M2  is  amount  of  detained  dust. 


Fig.  6.  Dispersed  composition  of  dust  (V  is  the  particles  distribution  according  to  it’s  volume) 
(1 -inlet.  2-dust  collected  in  a  cloth  filter.) 


In  experiments  the  least  registered  particle  diameter  was  0.5  micron;  the  fractional  composition  of  particles 
having  diameter  less  than  0.5  micron  was  predicted  under  assumption  of  it’s  normal  distribution.  The  fractional 
separation  efficiency  of  VBC  is  presented  in  the  Fig.7  along  with  data  for  the  other  types  of  dust  collectors  [7]. 
As  follows  from  this  figure,  the  dust  separation  efficiency  of  VBC  exceeds  the  other  types  of  separation 
equipment.  This  important  result  is  explained  by  a  breakage  of  air  flow  in  the  field  of  centrifugal  force  and 
creation  of  a  highly  developed  interphase  surface.  Due  to  this  reason  the  'cut  off  diameter  d50  within  VBA 
reaches  up  to  0.2  micron. 


Two  basic  mechanisms  of  a  dust  sedimentation  were  analysed  in  this  research:  due  to  rotational  motion  of 
bubble  together  with  the  whole  gas-liquid  flow  (1)  and  due  to  air  circulation  inside  a  bubble  (2).  In  the  first  case 
the  sedimentation  rate  of  particles  can  be  found  from  the  correlation  [8]: 


“  18pf  Rc  '  Re 


(5) 


where  dD  is  particles  diameter:  u.  is  the  gas  dynamic  viscosity;  T  =  dppp  Wl  is  the  relaxation  time.  The  rate  of 

18pg  Rc 

dust  concentration  was  predicted  under  assumption  that  sedimentation  process  occurs  in  the  radial  direction  only 

1  7 

within  hemisphere’s  area  F  =  —  jrdb . 


The  rate  of  the  dust  concentration  is: 

dn  _  3  vMn  (g) 

dx  2  db 

where  n  is  a  concentration  of  dust  particles  of  a  certain  diameter,  m'3. 
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Fig.  7.  Comparison  of  the  fractional  efficiency  of  dust  collectors:  various  types  of  equipment 
(1 -Vortex  Bubble  Chamber.  2-Foam  Dust  Collector  [7]:  w=2.6  m/s.  3-Inertial  Dust  Collector  [7].) 

The  sedimentation  rate  of  particles  due  to  circulation  mechanism  can  be  found  from  the  correlation  [8]: 

v  9  wbirsine  (7) 

V  2  db 

where  0  is  an  angle  between  the  radius- vector  and  bubble’s  motion  direction;  wb  is  the  bubble  floating  velocity. 
The  rate  of  the  dust  concentration  in  this  case  is  as  follows: 


dn 

dr 


=  -18wgxp-i-n. 
db 


(8) 


To  analyse  each  mechanism  of  the  separation  the  method  of  two  characteristic  time  comparison  was  used:  the 
bubble  residence  time  in  a  flow  xres  and  the  sedimentation  time  (2)  by  means  of  each  (i)  mechanism 

wb 

following  from  the  equation: 


n 

dn/dt 


(9) 


For  each  mechanism  of  sedimentation  the  following  correlations  have  been  obtained: 


_  _  2  db  .  2  dbRc 
“  3v„  3  xrwb 

x  =  d*  ■ 
v  18(KwJxr 


(10) 


The  coefficient  K  in  (10)  takes  into  account  the  fact  that  according  to  the  circulation  mechanism  a  motion  of 
particles  starts  with  a  ‘zero  velocity’. 

Comparison  of  the  characteristic  times  shows  that  xv  «  To  i.e.  the  circulating  mechanism  of  sedimentation 
prevails  in  the  rotating  air-water  flow.  Thus,  this  method  allows  us  to  assess  various  mechanisms  of 
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sedimentation  in  terms  of  the  separation  efficiency  and  to  define  processes  prevailing  within  VBF.  Based  on  the 
assumption  of  the  circulation  mechanism  of  sedimentation  the  following  theoretical  correlation  describing  the 
fractional  efficiency  of  dust  separation  has  been  obtained  after  integration  the  equation  (8)  between  X  =  0  and  Tres 
=  TV: 


%  =- 


■  =  1  -  expl 


-A  Stk 


ilk 

db, 


(11) 


Here  no  and  n<.  is  the  initial  and  final  concentration  of  dust  inside  of  a  bubble;  Stk  =  T  is  Stokes  number;  A 

"  rb 

=  200.  Comparison  shows  that  experimental  data  are  located  around  the  theoretical  correlation  (11)  with 

scattering  ±7%  at  A  =  270.  Apparently,  some  additional  peculiarities  of  the  separation  process  should  be  taken 

into  account  at  the  initial  moment  of  bubbles  formation. 
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ABSTRACT.  After  TMI  and  Chernobyl  accidents,  many  efforts  have  been  made  to  enhance  the  nuclear  safety 
with  passive  features.  Among  such  passive  features,  the  PCCS(passive  containment  cooling  system)  has  been 
suggested  by  Westinghouse  in  the  AP600  plant.  The  containment  with  PCCS  is  a  dual  containment,  and  consists 
of  a& stainless  steel  vessel  and  a  concrete  wall.  In  the  gap  between  these  structures,  air  and  water  can  counter- 
currently  pass  and  cool  the  steel  surface.  In  this  study,  the  water  cooling  test  was  performed  to  obtain  the 
evaporative  heat  transfer  coefficients  in  a  vertical  duct  with  one-sided  heated  plate.  Air-steam  mixture 
temperature  and  velocity,  relative  humidity  and  wall  heat  flux  are  measured  to  obtain  the  evaporative  heat 
transfer.  The  measured  evaporative  heat  transfer  coefficients  are  compared  to  an  analytical  model  which  use  a 
mass  transfer  coefficients.  From  the  comparison,  the  predicted  coefficients  show  good  agreement  with 
experimental  data,  however,  some  discrepancies  exist  when  the  effect  of  wave  motion  is  not  considered.  Also,  a 
new  correlation  for  mass  transfer  coefficient  is  proposed. 

1.  INTRODUCTION 

In  recent  years,  as  a  consequence  of  TMI  and  Chernobyl  accidents,  many  efforts  have  been  made  in  the  nuclear 
industry  to  enhance  nuclear  safety  with  passive  features  that  are  activated  and  operated  by  natural  forces  during 
accidents.  Among  such  passive  features,  the  PCCS(Passive  Containment  Cooling  System)  has  been  suggested 
by  Westinghouse  in  the  AP600  next  generation  nuclear  plant  to  remove  heat  in  the  containment  by  evaporative 
heat  transfer  during  postulated  accidents.  The  containment  in  the  AP600  plant  is  a  dual  containment,  and 
consists  of  a  stainless  steel  vessel  and  a  concrete  wall.  In  the  gap  between  these  two  structures,  air  and  water  can 
counter-currently  pass  and  cool  the  steel  surface.  Fig.  1  shows  the  schematic  diagram  of  the  PCCS  and  its 
cooling  mechanism;  natural  convection  of  air  and  evaporation.  For  an  analysis  of  the  PCCS  cooling  capability,  it 
is  important  to  know  the  evaporative  heat  transfer  coefficient  under  counter-current  flow  conditions  in  closed 
ducts.  Peters[l]  and  Ambrosini[2]  investigated  evaporative  heat  transfer  coefficients  under  conditions  of 
counter-current,  forced  convective  air  flows  for  water  films;  Peters  performed  the  integrated  cooling  tests  with 
air  and  water  for  the  PCCS,  and  the  local  phenomenological  studies  such  as  air  flow  resistance  and  water 
distribution  on  a  heated  plate.  In  these  experiments,  heat  transfer  rates  were  measured  with  condensation  rates 
inside  the  steel  vessel.  The  water  film  was  formed  by  the  cold  water  sprayed  at  the  top  of  the  plate.  Based  on 
their  studies,  Peters,  et.  al.  proposed  that  the  Colburn's  correlation  on  mass  transfer  could  be  used  to  predict  the 
evaporative  heat  transfer.  Also,  Ambrosini,  et  al.[2]  performed  experimental  studies  on  air  and  water  cooling 
with  a  2m  long  vertical  duct.  In  their  study,  the  evaporation  heat  flux  was  obtained  from  a  simple  energy  balance 
considering  the  applied  electrical  power,  the  sensible  heat  transfer  used  to  heat  up  the  water  film,  the  convective 
heat  transfer  from  the  water  film  surface  to  bulk  air,  and  the  heat  loss  to  the  environment.  Their  experimental 
results  were  compared  to  the  semi-empirical  correlations  obtained  by  Kreith[3]  for  a  short  duct.  The  number  of 
data  points  in  the  Ambrosini,  et  al.  experiments  are  too  few  and  parametric  effects  such  as  evaporative  heat  and 
mass  transfer  for  the  film  flow  rate,  film  temperature,  air  flow  rate  and  gap  size  were  not  sufficiently  quantified. 
In  this  study,  the  water  cooling  test  was  performed  to  obtain  the  evaporative  heat  transfer  coefficients  in  a 
vertical  duct.  In  experiments,  air-steam  mixture  temperatures,  velocity,  relative  humidity  and  wall  heat  flux  are 
measured  at  three  points  according  to  the  vertical  plate.  And,  the  local  heat  transfer  coefficients  are  calculated 
and  averaged  through  the  vertical  plate  of  the  facility  from  the  measured  data.  For  the  evaluation  of  the 
measured  heat  transfer  coefficients  and  physically  understanding  of  the  phenomena,  a  simple  analytical  model 
for  the  local  evaporative  heat  transfer  is  also  established.  The  analytical  evaporation  model  is  based  on  the  heat 
and  mass  transfer  analogy.  Also  the  effects  of  the  complex  phenomena  such  as  interfacial  shear  caused  by  count- 
current  flow,  wavy  effect  of  water  film  are  evaluated  in  the  analytical  model.  From  the  comparison,  the 
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predicted  coefficients  show  good  agreement  at  low  water  film  temperature  even  some  discrepancies  at  high 
water  film  temperature. 


AIR 


Fig.  1  Schematic  diagram  of  PCCS  in  AP600  nuclear  plant 


2.  EXPERIMENTAL  APPARATUS  AND  CONDITIONS 

The  experimental  facility  used  in  the  presented  investigation  is  shown  schematically  in  Fig.  2.  The  facility 
consists  of  a  stainless  steel  plate,  an  air  baffle,  electrical  heaters,  an  air  blower  system,  a  liquid  film  flow  rate 
regulator,  and  a  liquid  film  preheating  system.  The  test  channel  consists  of  a  heated  plate  and  an  air  baffle.  The 


Fig.  2  Schematic  diagram  of  experimental  facility  and  measuring  equipment. 


stainless  steel  heated  plate  is  2m  long,  0.5m  wide  and  10mm  thick,  and  has  plate  heaters  on  its  back  side.  The 
movable  air  baffle,  consisting  of  a  12mm  thick  acrilan  plate,  can  be  located  5  -  20  cm  away  from  the  heated 
plate  surface,  where  the  liquid  film  flows.  The  distance  between  the  air  baffle  and  the  heated  plate  surface  can 
be  adjusted  for  different  experimental  conditions.  At  the  left  side  of  the  test  channel,  6  visual  windows  are 
installed  to  measure  the  air-steam  mixture  velocities  by  a  LDV(Laser  Doppler  Velocimeter)  made  by  DANTEC. 
The  visual  windows  are  made  of  a  10mm  thick  reinforced  glass,  and  were  located  at  uniform  distances  along  the 
vertical  height.  At  the  bottom  of  the  steel  plate,  a  water  drain  line  is  installed  to  capture  the  downward  flowing 
water.  The  plate  type  electrical  heaters  are  attached  grouped  in  10  heating  blocks,  with  total  power  of  up  to 
30kw.  Each  heating  block  consists  of  a  temperature  sensor,  a  temperature  controller,  and  a  thyristor  power 
regulator.  The  maximum  power  of  each  heater  is  3kW.  Except  for  the  test  surface,  all  other  surfaces  are 
insulated  with  a  ceramic  fiber,  which  has  a  low  thermal  conductivity.  The  electrical  power  is  controlled  with  a 
thyristor  to  keep  the  wall  heat  flux  at  a  constant  value.  An  air  blower  is  installed  to  investigate  the  effect  of  air 
mass  flow  rates  on  the  evaporative  heat  transfer,  and  the  blower  is  controlled  by  a  thyristor  with  a  digital 
voltmeter.  The  air  duct  that  is  connected  to  the  test  channel  is  made  with  an  acrilan  plate.  Preheaters  are  used  to 
increase  the  film  temperature  of  incoming  water,  in  order  to  achieve  sufficient  evaporation  in  the  test  channel.  In 
the  preheating  system,  the  K-type  thermocouple  is  used  to  measure  the  temperature  of  water  in  the  storage  tank 
and  this  temperature  value  was  transmitted  to  the  temperature  controller.  The  water  temperature  in  the  storage 
tank  is  controlled  within  a  1  -  fluctuation  from  the  adjusted  value.  The  liquid  film  flow  rate  induced  in  the  test 
channel  is  measured  by  a  turbine  flowmeter,  and  controlled  by  valves.  The  film  flow  rate  in  this  experiment 
ranges  from  a  maximum  of  0.53kg/m-sec  to  a  minimum  film  flow  rate  required  for  full  surface  wetting.  To 
measure  the  temperatures  of  air-vapor  gas  mixture,  15  thermocouples  are  inserted  in  the  test  channel  at  three 
different  locations  along  the  vertical  axis.  At  each  vertical  location,  a  total  of  5  thermocouples  are  arranged  to 
cover  the  whole  width  of  the  channel.  In  order  to  obtain  the  evaporative  heat  transfer  coefficients,  temperatures 
of  water  film  at  inlet  and  outlet,  and  temperatures  of  air-steam  mixture  in  the  test  channel,  the  film  flow  rate,  and 
the  air  flow  rate  were  measured  by  18  thermocouples,  turbine  flow  meters  and  LDV,  respectively.  To  reduce  the 
detector  errors,  the  thermocouples  and  the  turbine  flow  meter  are  carefully  calibrated  by  an  isothermal  vessel 
and  a  digital  electronic  balance.  All  the  measured  data  are  stored  in  personal  computers  by  on-line  data 
acquisition  systems. 

In  order  to  estimate  the  evaporative  heat  transfer  rate,  the  air-steam  mixture  temperatures,  and  the  relative 
humidity  in  the  channel,  the  air  inlet  velocity  and  the  temperature  difference  between  the  film  inlet  and  the 
outlet  of  the  heated  plate  were  measured.  In  these  experiments,  the  electrical  power  was  carefully  controlled  m 
order  to  obtain  the  evaporative  heat  transfer  coefficients.  The  air  mass  flow  rates  and  the  water  inlet 
temperatures  were  varied  during  the  experiments.  The  air  velocity  ranged  up  to  a  maximum  value  of  8.5  m/sec. 
This  velocity  range  corresponds  to  an  air  Reynolds  number  value  of  up  to  80,000.  The  range  of  air  velocity  is 
restricted  to  prevent  significant  entrainment  of  drops  from  film  surface.  The  gap  size  was  used  as  the 
characteristic  length  in  the  definition  of  the  Reynolds  number.  The  film  flow  rate  was  also  changed  m  the 
experiments,  over  the  range  of  0.3  -  0.53  kg/m-sec,  in  order  to  investigate  the  effect  of  film  Reynolds  number  on 
the  evaporative  heat  transfer.  In  these  experiments,  the  entire  heating  surface  was  wetted.  The  water  film 
temperature  in  the  test  section  was  changed  from  35  -  75°C,  in  order  to  investigate  the  effect  of  water 
temperature  on  the  evaporative  heat  transfer.  The  experimental  conditions  used  in  the  investigation  reported  here 
are  summarized  in  Table  1.  Comparisons  with  other  experiments  by  Westinghouse  and  Ambrosim,  are  also 
indicated  in  this  table. 


1UU1C  X.  * 

L/Dh 

Heat 

Flux 

(kW/m2) 

Film 

Flowrate 

(kg/m-sec) 

Air 

Velocity 

(m/sec) 

Air 

Temperature 

(°c> 

Relative 

Humidity 

Water 

Temperature 

(°C) 

Westinghouse 

18 

5-28 

0.02-0.083 

Up  to  12 

Up  to  40 

Up  to  60 

Ambrosini 

11.67 

Up  to30 

0.013-0.17  ' 

Up  to  10 

25-50 

45-85 

■miil 

5.5-23 

Up  to  0.5 

Up  to  8.5 

16-25 

Up  to  80 

35-75 

432 


3.  EXPERIMENTAL  PROCEDURES 


When  the  condensation  or  evaporation  heat  transfer  occurs  on  a  vertical  plate,  the  separated  flow  model  of  a 
liquid  film  and  gas  layer  can  be  used  to  obtain  the  heat  transfer  coefficient.  The  heat  transfer  model  involves  two 
heat  transfer  resistances.  The  first  resistance  represents  energy  transfer  through  the  liquid  film  layer,  while  the 
second  resistance  represents  through  the  gas  layer.  Among  these  two  resistances,  the  heat  resistance  of  the  liquid 
film  layer  can  be  neglected  because  the  film  layer  is  very  thin  and  the  conduction  heat  transfer  is  large.  Thus,  the 
heat  transfer  through  the  gas  layer  is  of  main  interest  in  condensation  or  evaporation  heat  transfer. 

The  heat  transfer  through  the  gas  layer  consists  of  three  mechanisms;  convective  heat  transfer,  radiation  heat 
transfer  and  evaporative  heat  transfer.  In  the  case  of  simultaneous  heat  and  mass  transfer,  the  heat  transfer  by 
evaporation  is  much  larger  than  the  combined  mechanisms  of  radiation  and  convective  heat  transfer.  The 
evaporative  heat  transfer  coefficient  is  defined  as  follows,  using  the  evaporative  heat  transfer  rate  and  the  liquid 
film  interface  temperature; 


h  = 


(T.-Tj 


(1) 


Thus,  in  order  to  obtain  the  evaporative  heat  transfer  coefficients,  the  evaporative  heat  transfer  rate,  the  air- 
steam  mixture  temperature,  and  the  film  surface  temperature  in  the  test  channel  should  be  measured. 

The  evaporative  heat  transfer  rates  were  obtained  from  the  balance  of  energy  through  the  entire  surface  of  the 
test  section,  just  as  was  done  in  the  investigations  of  Peters,  et.  al.[l]  and  Ambrosini,  et.  al.[2].  The  total 
evaporative  heat  transfer  rate  in  test  section  can  be  obtained  from  the  applied  electrical  power,  the  sensible  heat' 
transfer  to  the  liquid  film,  and  the  heat  loss  to  the  environment,  including  convection  heat  transfer  from  the  film 
surface  to  the  bulk  air-steam  mixture.  Considering  these  three  parameters,  the  overall  evaporative  heat  transfer 
coefficient  is  defined  as  follows. 


Qevap  Qt  Qs  Qloss  '  ' 

Using  the  evaporative  heat  flux  in  Eq.  (2),  the  averaged  evaporative  heat  transfer  coefficient  is  defined  as 
follows, 


cvap 

cvap  ”(t,  -t„)a 


(3) 


where,  T;  and  T„,  are  the  liquid  film  surface  temperature  and  the  ambient  air  temperature,  respectively. 

In  order  to  obtain  the  averaged  evaporative  heat  transfer  coefficients  from  Eqs.  (2)  and  (3),  the  applied  electrical 
power,  the  film  flow  rate  and  its  temperature  difference  between  inlet  and  outlet,  and  the  ambient  air 
temperature  are  measured.  Because  the  water  film  is  very  thin  and  its  surface  is  not  rigid,  the  film  surface 
temperature  cannot  be  measured.  Thus,  the  film  surface  temperature  in  this  investigation  is  assumed  to  equal  the 
averaged  value  of  film  temperatures  in  the  test  section. 


Table  2.  Error  Range  of  Controlled  Values  and  Measured  Temperatures 


Error  Term 

Water  flow  rate 
(Controlled) 

Gas  Temperature 

Water  Temperature 

Gas  Velocity 
(Controlled) 

Maximum  Deviation 

0.01  kg/sec 

.7°C 

1.0°C 

0.7m/sec 

Ratio  of  deviations 
to  adjusted  values 

less  than  4% 

- 

- 

less  than  10% 
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In  the  estimation  of  hevap  from  Eq.  (3),  the  uncertainty  analysis  was  also  performed  based  on  the  error  of 

measured  and  controlled  variables.  The  Table  2  shows  the  error  range  of  measured  and  controlled  values.  The 
magnitude  of  error  for  resultant  heat  transfer  coefficient  is  less  than  20%. 

4.  EXPERIMENTAL  RESULTS 

Under  conditions  of  counter-current  flow,  convective  heat  and  mass  transfer  occurs  in  a  PCCS  channel.  The  air 
induced  into  the  bottom  of  the  channel  rises  by  the  buoyancy  force  to  the  top  of  the  gap  but  the  film  flows  down 
by  the  gravitational  force.  In  these  experiments,  the  evaporative  heat  transfer  coefficients  were  measured  in  a 
PCCS  channel,  with  the  variations  of  air  mass  flow  rate,  liquid  film  flow  rates,  liquid  film  temperatures  and 
hydraulic  diameters. 

Figs.  3  and  4  show  the  experimental  results  for  averaged  evaporative  heat  transfer  coefficient  for  each  gap  size. 
As  can  be  seen  from  these  figures,  the  heat  transfer  coefficients  increase  as  the  water  film  temperature  and  the 
air  mass  flow  rate  increases,  but  the  water  flow  rate  has  negligible  effect  on  the  evaporative  heat  transfer. 
Because  the  film  heat  resitance  is  very  small  in  comparison  with  that  of  the  gas  mixture  layer,  the  film  flow  rate 
has  little  effect  on  the  heat  transfer  rate.  However,  if  the  film  flow  rate  increase  very  substantially,  the  heat 
transfer  rate  is  affected  by  the  surface  wavy  motion.  But  the  change  in  the  film  flow  rate  is  small  enough  to 
neglect  this  effect.  As  the  air  velocity  increases,  so  does  the  mass  transfer  coefficient,  inspite  of  differences  in 
experimental  conditions.  As  the  momentum  shear  and  vapor  removal  capability  increases,  the  evaporative  heat 
transfer  rate  increases  with  increasing  air  velocity.  The  correlations  of  Colburn  and  Kreith[3]  show  that  the 
convective  mass  transfer  rate  is  proportional  to  the  air  Reynolds  number  with  a  power  of  0.8. 

In  the  present  study,  the  measured  evaporative  heat  and  mass  transfer  coefficients  are  also  presented  in  terms  of 
the  Sherwood  number,  which  is  defined  in  terms  of  measured  experimental  data  as  follows; 


q,  Dh^evap 


(4) 


®  100.00  — 


4.00  6.00 

Air  Velocity(nVsec) 


Fig.  3  Comparison  of  experimental  data  and 
computed  results  (5cm  gap). 


Fig.  4  Comparison  of  experimental  data 
and  computed  results  (10  cm  gap). 


Fig.  5  showed  the  experimental  data  obtained  for  different  gap  sizes.  Measured  Sherwood  numbers  increase  as 
the  channel  width  increases.  However,  as  the  channel  width  increases  further,  the  rate  of  increase  becomes 
small.  For  flow  in  the  PCCS  channel,  the  thermal  boundary  layer  thickness  reaches  the  baffle,  and  thus,  the  duct 
effects  on  heat  and  mass  transfer  appear.  The  vapor  evaporated  from  the  film  surface  transfers  to  the  air  and 
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mixes.  For  the  smaller  gap  width,  the  amount  of  vapor  that  mixes  with  the  air  is  larger  than  that  in  a  wide 
channel.  Thus,  the  vapor  concentration  difference  between  the  film  surface  and  the  bulk  gas  is  larger  in  a  wide 
channel.  However,  although  the  channel  width  increases,  concentration  gradient  does  not  change  and  the 
evaporative  heat  transfer  rate  is  not  affected  as  the  concentration  boundary  layer  thickness  does  not  reach  the 
baffle.  Thus,  the  increase  in  the  rate  of  heat  transfer  coefficient  reduces  as  the  channel  width  increases. 

With  the  experimental  data  of  averaged  evaporative  heat  and  mass  transfer  coefficients,  a  new  correlation  was 
obtained.  For  the  evaporative  mass  transfer  rate,  Sherwood  number  was  correlated  as  a  function  of  air  Reynolds 
number,  geometrical  ratio,  and  vapor  concentration  on  the  film  surface.  The  constants  were  determined  based  on 
a  least-squares  best  fit,  and  the  final  equation  is  given  as  follow, 


Sh=0.015[l  +  (Dh/L)°4]Re“8 


1 


1-  W, 


(5) 


where,  Reg  =u„Dh  /vg  and  W,  =  PMt  / Pt .  The  above  correlation  is  valid  in  the  film  temperature  range  of 

40°C  to  70°C  and  ratios  of  hydraulic  diameter  to  channel  length  of  between  0.1  and  0.5,  and  air  Reynolds 
number  range  of  up  to  65,000.  The  correlated  values  are  agreed  well  with  the  experimental  data,  within  an  error 
of  25%,  as  shown  in  Fig.  6. 


Fig.  5  Comparison  of  experimental  data  and 
calculation  results  for  different  gap  size 
experimental  data 


Fig.  6.  Comparisons  of  correlation  and  (65°C  of 
water  film  temperature) 


5.  SIMPLE  MODEL  OF  EVAPORATIVE  HEAT  TRANSFER 


In  this  study,  a  simple  model  of  evaporative  heat  transfer  was  also  developed  to  evaluate  the  experimental 
results.  This  model  does  not  consider  the  heat  transfer  through  the  liquid  film  but  considers  the  film  flow  by  a 
zeroth  order  turbulent  equation  model  to  calculate  the  interfacial  velocity.  Also,  homogeneous  and  saturated  gas 
mixture  conditions  are  assumed.  For  turbulent  flow  over  a  vertical  plate,  the  mass  transfer  rate  can  be 
determined  by  the  following  correlation; 


(6) 


where,  f/2  =  0.0296Re^2  and  Sct  =  Sc'y2 . 
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This  model  does  not  include  the  interfacial  shear  effect  due  to  counter-current  flow  and  due  to  wavy  effect  on 
the  liquid  film  surface.  To  account  for  this  factor,  McAdams  and  Zazuli[4]  suggested  the  wave  multiplication 
factors.  Thus,  the  interfacial  shear  by  wave  motion  should  be  considered.  Considering  the  increase  of  shear  by 
wavy  motion,  the  friction  coefficients  can  be  rewritten  as  follow, 


T  = 


+  T:  , 


(7) 


For  the  vertical  plate,  H.C.Kang[5]  measured  the  interfacial  shear  by  wave  motion  on  the  liquid  film  interface 
for  different  air  flow  velocities.  In  the  figure,  the  increasing  of  the  air  velocity  and  film  Re  number 
proportionally  increases  the  interfacial  shear  by  wave  motion.  In  this  paper,  the  effect  of  wave  motion  was 
simply  introduced  by  linear  interpolation  of  the  air  velocity  for  simple  applications,  though  the  experimental 
data  slightly  show  nonlinearity.  With  the  mass  transfer  coefficient  calculated  from  equation  (19),  the 
evaporation  mass  flux  is  calculated  by  the  multiplication  of  the  vapor  partial  pressure  difference  between  the 
water  film  surface  and  the  bulk  vapor  as  follow, 

m'vap  =  hD(pv.i-Pv.b) 

Subsequently,  the  evaporation  heat  transfer  coefficient  is  determined  from  the  definition  of  heat  transfer 
coefficient. 


In  Fig.  3,  good  agreement  is  obtained  between  the  experimental  data  and  the  calculation  results  that  do  not 
include  the  wave  effect  at  low  air  inlet  velocity.  But,  the  calculation  results  without  wave  effect  underestimate 
the  experimental  data  at  high  air  inlet  velocity.  In  Fig.  4,  the  same  trend  was  observed  at  50°C  film  temperature. 
However,  for  higher  film  temperature,  the  calculation  results  without  wave  effect  considerably  underestimate 
the  experimental  data  over  the  entire  range  of  air  inlet  velocities,  as  shown  in  Fig.  8.  Although  discrepancy 
exists  between  the  experimental  data  and  calculations,  the  trends  of  the  experimental  data  with  respect  to  the  air 
Reynolds  number  are  essentially  similar.  These  discrepancies  are  caused  by  the  fact  that  the  magnitude  of  wave 
effect  increases  in  air  inlet  velocity  or  film  temperature  increases.  However,  as  the  air  inlet  velocity  increases, 
the  wave  effect  becomes  relatively  small  compared  with  the  increase  in  convective  heat  and  mass  transfer, 
though  it  increases  in  magnitude.  The  increase  in  film  temperature  reduces  the  viscosity  and  surface  tension  of 
water  film  and  thus,  the  magnitude  of  wave  effect  increases.  For  the  counter-current  flow  situation,  the 
generation  mechanism  and  the  magnitude  of  waves  are  related  to  the  film  Reynolds  number  or  the  Weber 
number  and  the  gas  velocity  on  the  interface. 


Fig.  7  Interfacial  shear  stress  for  vertical  films 
(Ref.  [5]) 


ZOO  4.00  6.00  8.00 

Air  Vdoaty(rrVsec) 

Fig.  8  Comparison  of  experimental  data  and 
calculation  results  at  different  gap  size 
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6.  CONCLUSIONS 


In  this  study,  the  water  cooling  test  was  performed  to  obtain  the  evaporative  heat  transfer  coefficients  in  a 
vertical  duct  with  one-sided  heated  plate.  Air-steam  mixture  temperature  and  velocity,  relative  humidity  and 
wall  heat  flux  are  measured  to  obtain  the  evaporative  heat  transfer.  The  measured  evaporative  heat  transfer 
coefficients  are  compared  to  an  analytical  model  which  use  a  mass  transfer  coefficients.  From  the  comparison, 
the  predicted  coefficients  show  good  agreement  with  experimental  data,  however,  some  discrepancies  exist 
when  the  effect  of  wave  motion  is  not  considered.  Also,  a  new  correlation  for  mass  transfer  coefficient  is 
proposed. 
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ABSTRACT.  This  paper  deals  with  the  bubble  rising  behaviors  in  vertical  miniaturized  channels  closed  at  the 
bottom  and  filled  with  a  stagnant  liquid.  Our  theoretical  analysis  shows  that  the  drag  on  a  bubble  increases 
significantly  as  the  circular  tube  diameter  decreases  and  approaches  the  bubble’s  diameter.  As  a  result,  the  up- 
motion  of  the  gas  bubble  is  slowed  down,  and  ceases  completely  when  the  circular  tube  size  is  sufficiently 
small.  This  bubble  rising  behaviors  is  experimentally  verified  and  it  is  found  that  the  critical  tube  diameter  is 
2.9  mm  for  a  given  gas  nozzle,  which  equals  to  the  bubble  departure  diameter  in  the  pool  with  the  same  nozzle. 
More  importantly,  the  results  of  the  experimental  investigation  show  that  for  the  noncircular  tubes  the  elongated 
bubble  always  rises  upward  even  though  the  hydraulic  diameter  is  as  small  as  0.866  mm.  This  peculiar 
phenomenon  is  of  importance  for  the  study  of  two-phase  flow  and  boiling  heat  transfer  in  miniaturized 
channels. 


1.  INTRODUCTION 

Two-phase  flow  and  boiling  heat  transfer  in  a  confined  space  or  micro-sized  geometry  has  attracted  a  great  deal 
of  attention  in  the  past  few  years  because  of  its  applications  in  the  cooling  of  high-density  multi-chip  modules 
in  supercomputers  and  other  high-heat-flux  modular  electronics,  high-powered  X-ray  and  other  diagnostic 
devices,  and  high- flux  heat  exchangers  in  aerospace  systems  and  cryogenic  cooling  systems  in  satellites,  and  so 
on.  One  of  the  important  aspects  associated  with  two-phase  flows  in  microchannels  is  to  study  the  bubble 
behaviors.  In  this  work,  the  motion  of  slug  bubbles  formed  in  miniature  channels  filled  with  stagnant  liquids  is 
investigated. 

Drift-flux  model  is  widely  used  for  the  analysis  of  gas-liquid  two-phase  flow,  primarily  because  it  is  applicable 
to  various  flow  patterns  and  a  wide  range  of  void  fractions.  According  to  the  theory  [1],  the  velocity  of  the  gas 
phase  in  a  tube  is  given  by 

vg  =  jg/a  =  co  J  +  Vb  0) 

where  a  is  the  void  fraction,  C0  is  distribution  parameter,  and  j=(ji+jg)  represents  the  mixture  volumetric  flux 
with  j[  and  jg  being  the  superficial  velocities  of  liquid  and  gas  phase.  The  last  term  Vb  in  Eq.  (1)  is  the  so-called 
drift  velocity,  which  is  defined  as  the  velocity  of  the  penetration  of  a  bubble  into  a  stagnant  liquid  column  [2]. 
Generally,  the  drift  velocity  is  influenced  by  various  forces  exerted  on  the  bubble  such  as  the  local  interfacial 
drag,  the  buoyancy  force,  and  the  surface  tension. 

Previous  studies  [3-5]  have  shown  that  the  bubble  rising  velocity  in  vertical  tubes  with  large-diameters  is 
proportional  to  ^/gd  ,  where  g  is  the  local  gravitational  acceleration  and  d  is  the  tube  diameter.  It  has  also  been 

shown  that  when  the  tube  size  becomes  sufficiently  small,  the  bubble  rising  velocity  diminishes  faster  than  \/d  , 
and  for  tubes  of  small  enough  diameter,  bubble  motion  in  the  stagnant  water  ceases  completely. 

It  should  be  noted,  however,  the  above  conclusions  concerning  the  drift  velocity  were  drawn  based  on  the 
experiments  in  circular  tubes.  Recently,  a  new  type  of  ultracompact  condenser  consisting  of  a  number  of  parallel, 
multiport  miniaturized  non-circular  channels  with  hydraulic  diameter  of  0.3~2.0  mm  has  been  developed  [6]. 
Although  this  ultracompact  condenser  appears  to  be  a  promising  heat  exchanger  for  a  wide  variety  of  engineering 
applications,  there  is  virtually  no  research  work  performed  on  two-phase  flows  in  these  miniaturized  non-circular 
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tubes.  For  instance,  the  bubble  rising  behaviors  in  miniaturized  triangular  or  rectangular  tubes  remain  unclear. 
Motivated  by  this  need,  we  have  experimentally  investigated  the  elongated  bubble  behaviors  in  miniature 
noncircular  channels.  The  experiments  show  that  for  the  triangular  and  rectangular  channels,  elongated  bubbles 
always  rose  upward  even  though  the  hydraulic  diameter  of  the  tube  was  as  small  as  0.866  mm.  This  unique 
phenomenon  is  reported  for  the  first  time  in  this  paper. 

2.  THEORETICAL  ANALYSIS 


Consider  a  physical  problem  illustrated  in  Fig.  1,  where  a  single  air  bubble  departs  from  a  nozzle  (2R<,  in 
diameter)  and  plunges  into  a  circular  tube  (D  in  diameter)  filled  with  stagnant  water.  First,  we  consider  the  case 
in  which  the  ratio  of  the  tube  diameter  to  the  nozzle  diameter  D/2Ro  is  sufficiently  large  such  that  the  tube  wall 
does  not  influence  the  departure  behavior.  Under  this  situation,  before  the  bubble  departure  the  major  forces 
exerted  on  the  bubble  include  buoyancy  Fb,  gravity  W,  and  surface  tension  between  the  bubble  and  the  nozzle 
Fs.  Assuming  that  the  bubble  is  sphere  in  shape  and  the  diameter  is  d,  these  forces  can  be  represented, 
respectively,  by 


Fb  =Pivg  =  77td3pig 
o 

(2) 

W  =  pgVg  =  ^d3pgg 

(3) 

Fs  =  27iR0cr 

(4) 

Where  a  is  the  surface  tension  of  water,  Ro  is  the  radius  of  the  gas  nozzle,  p, 
and  pg  represent  the  densities  of  water  and  air,  respectively. 

As  the  bubble  grows,  the  buoyancy  force  becomes  larger  than  the  sum  of  the 
gravity  and  the  surface  tension.  As  a  result,  the  bubble  tends  to  departure  from 
the  nozzle.  In  this  case,  the  balance  of  these  three  forces  will  yield  the  bubble 
departure  diameter  db  as  follows: 


db  = 


12cjR. 


-|V3 


g 


IPl-Pg) 


(5) 


a  bubble 


Equation  (5)  indicates  that  the  bubble  departure  diameter  depends  on  the  nozzle  size  only  for  given  fluids.  As 
will  be  shown  by  the  results  of  the  visual  study,  for  the  tubes  tested  in  the  present  work,  the  tube  wall  had  no 
influence  on  the  bubble  departure  diameter.  After  the  departure,  the  bubble  rising  velocity  is  determine  by  the 
buoyancy,  gravity,  and  stokes  force  exerted  on  the  bubble. 

We  now  consider  the  case  in  which  the  tube  become  smaller  and  approaches  the  bubble  departure  diameter 
such  that  the  tube  wall  will  affect  the  bubble  behavior  inside  the  tube.  As  illustrated  in  Fig.  1,  under  this 
situation,  the  bubble  departure  and  its  rising  behavior  is  also  influenced  by  the  wall  stress  Ff,  in  addition  to  the 
aforementioned  forces  such  as  buoyancy  Fb,  gravity  W,  and  surface  tension  between  the  bubble  and  the  nozzle 
Fw.  Note  that  the  upward  motion  of  the  bubble  will  cause  downward  motion  of  liquid  between  the  bubble  and 
the  wall.  Based  on  this  observation,  the  liquid  flow  may  be  assumed  as  an  annulus  flow  between  the  tube  wall 
and  the  bubble  such  that  the  wall  stress  force  Ff  can  be  obtained  from  [7] 


Ff  =  2f — A  =  2 — — 7r(D  -  d)L  =  2  — ^ — —  •  tt(D  -  d)L  =  27icpL — 
f  P,  Re  p,  G(D-d)  Pl  Pi 


(6) 
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where  G  is  the  mass  flow  rate  of  the  liquid,  D  and  d  are  diameter  of  tube  and  bubble,  c  is  a  constant  between  16 
to  24  varying  with  the  ratio  of  D  to  d,  and  L  is  the  contact  length  between  bubble  and  liquid.  As  the  bubble  rises 
up  at  a  velocity  ub,  the  liquid  will  move  downward  at  a  velocity  u.  Based  on  the  mass  balance,  the  volume 
evacuated  by  the  bubble  will  be  occupied  by  the  liquid  such  that 


^d2ub=^D2-d2)u  (7) 

4  4 

The  liquid  flow  rate  G  can  readily  be  obtained  from  Eq.  (7)  as 


G  =  pjU  = 


Pi“b 


Substituting  Eq.  (8)  into  (6),  we  obtain 


(8) 


Ff 


=  27TC|lL 


(9) 


Equation  (9)  is  plotted  in  Fig.  2,  where  it  is  seen  that  as  the 
tube  size  becomes  smaller,  the  wall  stress  increases  rapidly. 
Therefore,  we  can  conclude  that  the  wall  stress  becomes  a 
predominant  force  for  small  tubes  and  due  to  this  force,  the 
upward  motion  of  the  bubble  is  slowed  down  and  even 
completely  ceased. 


C 


Fig.  2.  Forces  Fb,  W  and  Ff  vary  with  the 
characteristic  size  D-d. 


3.  EXPERIMENTAL  APPARATUS 

The  experiments  were  carried  out  in  a  number  of  the  test  sections  including  eleven  circular  tubes,  three 
triangular  channels,  two  square  channels,  and  one  rectangular  channel.  The  three  circular  test  sections  with 
large  diameters  (6.35,  4.36,  and  3.18  mm)  were  made  from  Tygon®  tubing,  whereas  the  others  having 
diameters  of  2.89,  2.78,  2.70,  2.58,  2.50,  2.32,  2.17,  and  1.89  mm  were  fabricated  using  Lucite  glass  block.  As 
shown  in  Fig.  3a,  the  three  larger  circular  tubes  were  tested  by  inserting  them  in  a  slender  water  container  with 
a  rectangular  cross  section  so  that  the  influence  of  the  light  refraction  from  the  round  surface  of  the  tubes  on  the 
results  of  flow  visualization  could  be  minimized.  All  the  noncircular  channels  were  made  from  Lucite  glass. 
The  side  lengths  of  the  three  triangular  channels  (shown  in  Fig.  3b)  were  5.0,  2.5,  and  1.5  mm,  which  are 
equivalent  to  2.886,  1.443,  and  0.866  mm  in  hydraulic  diameter.  The  two  square  channels  had  side  lengths  of 
1.5  and  1.0  mm  (1.5  and  1.0  mm  in  hydraulic  diameter),  whereas  the  rectangular  channel  had  a  cross-section  of 
1.5x0.75  mm2  (1.0  mm  in  hydraulic  diameters).  Air  bubbles  were  injected  into  the  test  sections  by  a  gas  nozzle 
(a  capillary  glass  pipette  with  an  inner  diameter  of  0.556  mm),  which  was  located  at  the  bottom  of  test  sections 
and  connected  to  a  vibrating  orifice  aerosol  generator  (TSI  Model  3450)  through  Tygon®  tubing.  One  of  the 
most  important  features  of  this  aerosol  generator  (used  to  inject  air  into  water)  is  that  the  air  injector  can  be 
pushed  at  an  extremely  slow  speed  ranging  from  O.lxlO'3  to  9.9xl0'2  mm/s.  In  the  present  experiment,  an 
injector  having  a  cross-sectional  area  of  5.5xl02  mm2  was  used.  In  order  to  minimize  the  influence  of  the 
injector  on  the  bubble  departure  behaviors,  the  injecting  speed  was  set  at  as  slow  as  0.5xl0'2  mm/s. 

A  high-speed  motion  analyzer  (Kodak  Ekapro-1000)  was  employed  to  visualize  the  bubble  behaviors  in  the  test 
sections.  The  bubble  behaviors  were  observed  by  analyzing  the  images  taken  at  a  speed  of  1000  pictures  per 
second  for  full  screen  or  up  to  12000  pictures  per  second  for  split  screen  and  replayed  at  a  speed  as  slow  as  one 
picture  per  second  afterwards.  In  addition,  a  digital  handy  video  camera  (Sony  DCR-TRV900E)  was  also  used 
in  the  test.  A  Nikon  105  mm  telephoto  lens  and  Nikon  bellows  PB-6  were  used  for  micro  shooting. 
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a)  Circular  tube  b)  Triangular  tube  c)  Rectangular  tube 


Fig.  3.  Schematic  diagram  of  the  test  sections 


4.  VISUALIZATION  RESULTS  AND  DISCUSSION 


First,  we  observed  the  bubble  departure  characteristics  in  an  open  water  pool  in  which  air  were  injected  from 
the  nozzle  located  under  water.  It  was  seen  from  Fig.4a  that  as  the  air  pressure  in  the  nozzle  became  sufficiently 
high,  a  tiny  air  bubble  appeared  (see  the  second  image),  taking  the  shape  of  a  nearly  perfect  sphere.  As  seen 
from  the  third  to  the  sixth  image,  once  formed,  the  air  bubble  grew  up  and  was  elongated  in  the  vertical 
direction  due  to  the  effect  of  the  buoyancy  force.  As  the  size  of  the  bubble  became  large  enough,  the  neck 
linking  the  bubble  to  the  nozzle  became  extremely  thin.  Immediately  following  this  instant,  the  bubble  departed 
from  the  nozzle  and  rose  up.  As  indicated  in  the  seventh  image  of  Fig.  4a,  at  the  instant  of  bubble  departure,  its 
diameter  was  2.67  mm,  which  was  measured  along  the  horizontal  direction  (departure  diameter  is  2.84  mm, 
which  is  the  volume-equivalent  sphere  diameter).  The  bubble  horizontal  diameter  was  increased  to  2.73,  2.99 
and  3.17  mm  afterwards  because  of  its  deformation.  Empirically,  the  following  equation  can  predict  the 
departure  diameter  of  a  bubble  in  an  open  water  pool  when  gas  is  injected  through  an  orifice  with  more 
accuracy  than  Eq.  (5)  [8]. 


Based  on  Eq.  (10),  the  bubble  departure  diameter  is  2.9  mm  under  the  condition  of  25  °C  and  1  bar.  Apparently, 
this  value  is  in  reasonable  agreement  with  the  present  experimental  data  (db=2.84  mm). 

We  now  present  the  results  of  the  visual  study  on  the  bubble  behaviors  in  the  circular  tubes  closed  at  the 
bottom.  Figure  4b  shows  the  bubble  behaviors  in  the  tube  of  d=3.18  mm.  It  is  seen  that  at  the  instant  of  bubble 
departure  (the  fifth  image  in  Fig.  4b)  the  bubble  horizontal  diameter  was  2.70  mm  (the  volume-equivalent 
sphere  diameter  db=2.78  mm),  which  is  rather  close  to  the  value  predicated  by  Eq.  (10)  for  the  case  of  the  open 
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water  pool  discussed  above,  implying  the  tube  wall  having  no  effect  on  the  bubble  departure  diameter.  This  is 
because  at  the  instant  of  bubble  departure  the  smaller  bubble  was  not  relatively  far  away  the  large-diameter  tube 
wall  and  its  departure  was  mainly  influenced  by  the  buoyancy  force  and  the  adhesive  force  between  the  bubble 
and  the  nozzle.  However,  it  was  observed  that  once  bubble  departed  from  the  nozzle,  the  tube  wall  had 
influence  on  the  bubble  behavior,  reflected  by  the  slower  rising  velocity  as  compared  with  the  case  of  the  open 
pool,  even  though  the  bubble  kept  rising  in  the  tube.  The  experimental  results  for  the  large-diameter  tubes 
(d=6.35  and  4.36  mm)  also  indicate  that  the  bubble  departure  diameter  in  the  tubes  was  not  affected  by  the  tube 
wall,  but  the  rising  velocities  in  the  large-diameter  tubes  became  higher  as  compared  with  the  tube  of  d=3.18 
mm. 
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Fig.  4.  The  images  of  the  bubble  behaviors  as  time  advanced. 
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However,  as  the  diameter  of  the  tube  became  smaller,  the  air  bubble  in  the  tube  behaved  differently.  First  of  all, 
the  drift  velocity  was  found  to  become  smaller  with  the  decrease  of  the  tube  diameters.  It  was  further  observed 
that  the  up-motion  of  gas  slugs  ceased  completely  when  the  diameter  of  the  circular  tubes  was  reduced  to  a 
value  less  than  the  bubble  departure  diameter  predicted  by  Eq.  (10),  i.e.:  db=2.9  mm.  In  the  tubes  with  diameters 
d=2.89  mm  and  d=2.78  mm,  the  gas  plug  formed  and  this  can  be  evident  from  the  consecutive  snapshots  of  the 
bubble  behaviors  in  the  tube  of  d=2.78  mm  presented  in  Fig.  4c.  As  seen  from  the  figure,  bubbles  usually 
departed  from  the  nozzle  and  rose  up  in  the  tube  with  the  critical  diameter.  However,  since  the  departed  bubble 
was  deformed  during  its  rising  along  a  spiral  path,  it  adhered  to  the  tube  wall  at  a  certain  elevation  due  to 
relatively  large  surface  tension  for  a  small-diameter  tube.  The  bubble  adhered  to  the  tube  wall  grew  up  due  to 
the  collision  and  coalesce  with  the  subsequent  departed  bubbles.  As  a  result,  a  gas  plug  formed  within  the  tube. 
Since  the  gas  plug  separated  the  liquid  column  in  the  tube  and  the  liquid  phase  became  discontinuous,  the 
buoyancy  force  played  no  role  in  assisting  the  air  plug  rising  and  its  motion  ceased  completely,  meaning  that 
the  drift  velocity  was  zero. 

When  the  tube  diameter  was  smaller  than  2.78  mm,  it  was  found  that  the  bubble  never  departed  from  the 
nozzle.  Typical  situations  are  shown  in  Fig.  4d  for  the  tube  of  d=2.58  mm.  The  second  to  the  fourth  images  in 
Fig.  4d  indicate  that  the  initially  air  bubble  grew  up  by  pushing  the  surrounding  water.  The  further  bubble 
growth  was  restricted  by  the  tube  wall  (see  the  fifth  image  of  Fig.  4d).  The  subsequent  addition  of  air  caused  the 
growth  of  the  gas  slug  in  the  vertical  direction  only.  As  a  result,  a  gas  plug  formed  (see  the  last  image  of  Fig. 
4d).  As  mentioned  earlier,  once  a  gas  plug  formed,  the  liquid  column  became  discontinuous  and  the  buoyancy 
force  vanished.  Thus  the  gas  plug  never  departed  from  the  nozzle  and  rose  in  the  tube.  Similar  situations  were 
observed  for  the  circular  tubes  with  diameter  less  than  2.58  mm. 

Next,  we  turn  our  attention  to  Fig.  4e,  where  the  gas  bubble  behaviors  in  a  vertical  capillary  triangular  channels 
(dh=0.866  mm)  closed  at  the  bottom  are  presented.  Continuous  scan  from  the  second  to  the  ninth  images 
presented  in  Fig.  4e  shows  that  bubble  growth  led  to  the  formation  of  a  gas  slug.  This  is  rather  similar  to  the 
situation  presented  in  Fig.  4d.  However,  it  is  clearly  seen  from  the  remaining  images  (starting  from  the  10th)  in 
Fig.  4e  that  this  gas  slug  rose  up  when  it  became  large  enough.  The  recorded  movies  show  that  this  translation 
of  the  gas  slugs  within  the  triangular  channel  was  periodic.  The  peculiar  behavior  can  be  explained  as  follows. 
For  triangular  channels,  the  liquid  phase  is  always  occupied  the  channel  comers  owing  to  the  capillary  force  or 
the  Gregorig  effect  [9],  implying  that  the  liquid  phase  can  be  maintained  to  be  continuous  although  the  gas 
phase  occupies  the  majority  of  the  cross  section  of  the  channel.  Thus,  the  buoyancy  force  always  exists  and  it 
becomes  stronger  with  the  growth  of  the  gas  slug.  Consequently,  the  up-motion  of  the  elongated  bubble  in 
miniature  triangular  can  be  maintained,  i.e.,  the  drift  velocity  is  not  zero  for  a  miniature  triangular  channel.  The 
bubble  behaviors  for  the  other  three  miniature  triangular  channels  were  generally  similar  to  the  scenario 
displayed  in  Fig.  4e.  It  was  found,  however,  that  as  the  channels  size  was  reduced,  the  gas  slugs  in  the 
triangular  channels  became  longer  and  the  rising  velocity  became  smaller. 

The  bubble  behaviors  in  the  miniature  square  and  rectangular  channels  are  presented  in  Figs.  4f  and  4g.  It  is 
seen  that  the  scenario  of  the  bubble  behaviors  in  these  miniature  channels  are  generally  similar  to  those  in  the 
miniature  triangular  channel,  i.e.,  the  drift  velocity  is  not  zero  even  though  the  elongated  bubble  seems  larger 
than  in  the  triangular  channel. 


5.  CONCLUDING  REMARKS 

The  bubble  behaviors  in  vertical  miniature  circular  and  noncircular  (triangular,  square  and  rectangular)  tubes 
closed  at  the  bottom  and  filled  with  stagnant  water  have  been  investigated  both  theoretically  and 
experimentally.  The  theoretical  analysis  shows  that  the  drag  on  a  bubble  increases  significantly  as  the  circular 
tube  diameter  decreases  and  approaches  the  bubble's  diameter.  As  a  result,  the  up-motion  of  the  gas  bubble  is 
slowed  down,  and  ceases  completely  when  the  circular  tube  size  is  sufficiently  small. 

The  experimental  results  show  that  for  large  circular  tubes  (d>2.9  mm),  bubbles  rose  up  periodically.  As  the 
diameter  of  the  circular  tubes  became  smaller,  the  up-motion  of  the  gas  slugs  was  slowed  down,  and  ceased 
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completely  when  the  tube  size  was  sufficiently  reduced  (d<2.9  mm).  For  the  miniature  triangular  channels, 
however,  it  is  found  that  the  gas  slug  always  rose  upward  even  though  the  hydraulic  diameter  was  as  small  as 
0.866  mm.  Similarly,  it  has  been  found  that  the  drift  velocity  in  the  other  two  kinds  of  polygonal  (square  and 
rectangular)  channels  is  not  zero.  One  of  the  most  important  implications  of  the  unusual  behavior  is  that  when  a 
polygonal-cross-sectional  channel  and  a  circular  tube  are  filled  with  a  stagnant  liquid  and  subjected  to  a  heating 
load,  the  critical  heat  flux  for  the  former  one  will  be  higher  than  that  for  the  latter  one.  This  is  simply  because 
the  generated  bubble  in  the  polygonal  channel  can  be  automatically  move  up  due  to  the  existence  of  the 
buoyancy  force.  However,  for  the  miniature  circular  tube,  the  growth  of  the  bubbles  generated  in  the  tube 
would  cause  the  liquid  phase  to  be  discontinuous  and  as  a  result,  the  buoyancy  force  vanishes,  leading  to  partial 
dryout  within  the  channel. 
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ABSTRACT.  In  the  present  study,  the  characteristics  of  flow  pattern  are  investigated  experimentally  for 
evaporation  of  pure  refrigerant  HFC134a  in  a  capillary  tube  of  1.2mm  I.D.  The  capillary  tube  consists  of  a 
heating-copper  tube  section  and  a  glass-tube  section,  which  is  located  at  the  right  after  the  outlet  of  the  heating 
section.  The  flow  pattern  is  observed  through  the  glass  tube  section  in  the  ranges  of  mass  velocity  of 
G=80~1260  kg/(m2  s)  and  vapor  quality  of  x=0.008~0.975  at  a  constant  pressure  of  920  kPa.  The  flow  patterns 
observed  are  the  bubble,  the  plug,  the  slug,  the  wavy-annular  and  the  annular  flow.  These  flow  patterns  are 
typical  for  a  relatively  large  diameter  tube  used  as  the  heat  transfer  tube  in  commercial  refrigeration  and  air- 
conditioning  systems.  However  the  transition  points  between  each  flow  pattern  are  different  from  the  modified 
Baker  map  and  the  Taitel-Dukler  map,  which  are  proposed  for  a  relatively  large  diameter. 

1.  INTRODUCTION 

Environmental  or  energy  problems  are  becoming  serious  caused  by  too  much  economical  and  social  activities, 
for  example,  increasing  global  energy  consumption,  climate  change,  acid  rain  and  destruction  of  ozone  layer. 
From  this  point  of  view,  the  use  of  new  refrigerants  harmless  to  environment  and  heightening  the  performance 
will  be  necessary  in  the  refrigerator  and  air-conditioning  fields.  And  so,  decreasing  diameter  of  heat  transfer 
tube  or  multi-pass  tube,  which  hydraulic  diameter  is  of  about  1mm,  are  trying  to  improve  the  performance  of 
heat  exchanger  in  industry. 

Large  amount  of  studies  about  heat  transfer  or  flow  visualization  in  a  capillary  tube  are  carried  out  for  water-air 
system,  and  those  are  mainly  focused  on  critical  heat  flux  or  void  fraction  and  flow  observation.  Some  of  those 
are  about  heat  transfer  or  two  phase  flow  observation  on  a  hydrated  fluorocarbons.  Wambsganss  et.  al.[l]  carried 
out  experiments  about  boiling  heat  transfer  of  R113  in  a  horizontal  tube  of  2.92mm  I.D.  Fukano  et.  al.  [2] 
carried  out  experiments  about  pressure  drop  and  flow  observation  in  a  horizontal  tube,  1.0,  2.4  and  4.9mm  in 
inside  diameter,  and  proposed  a  correlation  of  Lockhart-Martinelli’s  parameter  in  small  diameter  tubes.  Aoki  et. 
al.[3,4]  carried  out  experiments  about  boiling  heat  transfer  of  R134a  and  flow  observation  in  a  horizontal  tube, 
1.0  and  2.0mm  in  inside  diameter.  Heat  transfer  characteristics  and  flow  pattern,  however,  are  not  clarified 
caused  by  instability  of  two  phase  flow  in  a  small  diameter  channel  and  difficulty  of  measurement  of  heat 
transfer  rate. 

In  this  paper,  flow  observation  of  pure  refrigerant  HFC134a  evaporating  in  the  horizontal  capillary  tube  of 
1.2mm  I.D.  is  carried  out  as  a  first  step  of  clarifying  phase  change  heat  transfer  process  in  a  small  diameter 
channel. 


2.  EXPERIMENTAL  APPARATUS  AND  MEASUREMENT 
Experimental  Apparatus 

Figure  1  shows  the  schematic  view  of  test  loop.  The  refrigerant  liquid  discharged  from  a  gear  pump  (1)  flows 
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into  a  header  tank  (2)  eliminating  for  pulsatory  motion.  In  the  header  tank,  refidgerant  head  is  a  kept  constant 
and  branches  into  test  and  overflow  loops.  In  the  test  loop,  the  refrigerant  controlled  the  flow  rate  flows  into  a 
evaporator  (3)  through  an  inlet  mixing  chamber  and  a  glass  tube  for  observation  which  has  almost  the  same 
inner  diameter  as  the  evaporator,  in  the  evaporator  the  refrigerant  is  heated  and  vapor  quality  at  the  outlet  of 
evaporator  is  controlled.  Then,  the  flow  pattern  is  observed  in  the  glass  tube.  And  then,  the  refrigerant  flows  into 
a  condenser  (5)  through  an  outlet  mixing  chamber.  The  refrigerant  condensed  in  the  condenser  is  returned  to  the 
pump  through  a  mass  flow  meter  (6),  a  liquid  receiver  (7)  and  a  sub-cooler  (9).  Vapor  spaces  of  the  header  tank 
and  the  liquid  receiver  are  joined  by  pressure  equalizing  tube,  then  the  refrigerant  flows  due  to  head  difference. 
Table  1  shows  the  specifications  of  the  heat  transfer  tube  for  the  evaporator  and  the  Pyrex  glass  tube  for  flow 
observation. 


Table  1.  Specification  of  Ca 

pillary  Tubes 

Material 

I.D. 

fmml 

O.D. 

I™1)].. 

Tube  for 
evaporator 

Oxygen  free 
copper 

1.20 

1.99 

Tube  for 
Visualizing 

Pyrex  glass 

1.20 

7.00 

Table  2.  Experimental  Range 


Mass  velocity 

G  (kg/m2s) 

Vapor  quality 
x(-)  _ 

Pressure 

P  (kPa) 

80 

0.119-0.975 

920 

180 

0.042-0.835 

290 

0.038-0.814 

430 

0.015-0.781 

1060 

0.008-0.170 

1260 

0.010-0.103 

Di  Bj 


(1)  Pump 

(2)  H  ea  der  Tank 

(3)  Evaporator 

(4)  Glass  Tube 

(5)  Condenser 

(6)  Mass  Flow  Meter 

(7)  Liquid  Receiver 

* (3 )+(4)  Capillary  Part 


(8)  Heater 

(9)  Sub-Cooler 

(10)  Bypass 

(11) Pressure  Equalizing 
Tube 

(12) Pressure  Guage 


Figure  1.  Schematic  view  of  experimental 
apparatus 

Measurement 

Table  2  shows  experimental  ranges.  Experiments  were  carried  out  about  several  vapor  qualities  in  each  mass 
velocity.  Flow  pattern  is  recorded  by  a  high  speed  digital  video  camera  (shutter  speed:  1/12000,  number  of 
frame  :  1000  frames/s)  Refrigerant  temperatures  are  measured  by  K-type  thermocouples  at  the  mixing  chambers 
located  at  the  inlet  of  evaporator  and  the  outlet  of  glass  tube  (inlet  and  outlet  of  capillary  part).  Absolute 
pressure  at  the  inlet  of  capillary  part  and  pressure  drop  between  inlet  and  outlet  of  capillary  part  are  measured  by 
an  absolute  pressure  transducer  and  a  differential-pressure  transducer,  respectively.  The  mass  flow  rate  is 
measured  by  the  mass  flow  meter  at  the  outlet  of  condenser. 


Experimental  data  were  gotten  three  times  and  averaged  when  the  system  is  steady  state.  Whether  the  state  is 
steady  or  not  is  judged  from  mean  deviation  of  temperature,  pressure  and  flow  rate.  If  those  values  are  within 
the  following  values,  the  state  is  judged  to  be  steady  and  the  measurement  is  started;  deviation  of  A  P  (pressure 
drop  of  capillary  part)  is  within±0.1[kPa],  Pm  (absolute  pressure  at  the  inlet  of  evaporator)  is  within  ±0.5[kPa], 
W  (refrigerant  mass  flow  rate)  is  within  ±0.03  [kg/h],  Ti,  (refrigerant  temperature  at  the  inlet  of  evaporator)  is 
within  ±0.0 1[K]  and  Tout  (refrigerant  temperature  at  the  outlet  of  evaporator)  is  within  ±0.01  [K], 


3.  CALCULATION  PROCEDURE  OF  REFRIGERANT  PRESSURE 
AND  QUALITY  AT  THE  INLET  OF  GLASS  TUBE 


In  this  study,  for  calculating  vapor  quality  at  the  inlet  of  glass  tube  for  visualization,  pressure  distribution  along 
the  flow  direction  has  to  be  estimated  from  measured  pressure  and  temperature  at  the  inlet  and  the  outlet  of 
capillary  part  and  heat  transfer  rate.  Because  measuring  points  of  temperature  and  pressure  are  only  located  at 
those  points.  Then,  vapor  quality  and  pressure  distributions  are  estimated  by  using  calculation  model  as  shown 
in  Fig.  2. 
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Pressure  drop  of  liquid  single-phase  flow  region  from  the  inlet  of  capillary  part  to  starting  point  of  evaporation 
is  mainly  caused  by  friction  in  the  capillary  tube.  Then,  this  pressure  drop  is  calculated  by  the  following 
equation. 


APl  =  4f 


Azent  G 

d  2pL 


(l) 


Where  APL  is  the  pressure  drop  of  liquid  single-phase  flow  [Pa],  Azent  is  the  distance  from  the  inlet  of  capillary 
part  to  starting  point  of  vaporization  [m],  d  is  the  inner  diameter  of  the  test  tube  [m],  pL  is  the  density  of 
HFC134a  [kg/m3]  and  f  is  the  friction  factor  [--].  In  the  case  of  laminar  flow,  f  =16/ Re.  In  the  case  of  turbulent 
flow,  f  value  is  calculated  by  the  following  equation  from  the  experimental  result  shown  in  Fig.  3. 


_  0.068 
“  Re0'2 


(2) 


In  this  case,  f  is  higher  than  usual.  This  reason  is  caused 
by  measurement  error  of  inner  diameter  of  the  tube. 

Frictional  pressure  drop  gradient  of  two-phase  flow  region, 
(dP/  dz)F ,  is  calculated  by  the  following  equation. 


/dP'' 

dz 


)  f 


where 


/  dP' 
dz 


JL 


2fL[G(l-x)]2 

dpL 


(3) 


(4) 


<|>  is  Lockhart-Martinelli’s  parameter  calculated  by 

correlation  of  Fukano  et.  al.[5]  proposed  for  two  phase 
flow  in  a  horizontal  capillary  tube  as  shown  in  Tables  3 
and  4.  In  those  tables,  name  of  region,  for  example  (VVI) 
or  (VTI),  denotes  the  following  states  of  flow.  First 
character  denotes  laminar  or  turbulent  flow  of  superficial 
liquid  flow,  second  character  denotes  laminar  or  turbulent 
flow  of  liquid  slug  in  two-phase  flow  and  third  character 
denotes  intermittent  or  continuous  flow.  And,  “V”  denotes 
laminar  flow,  “T”  denotes  turbulent  flow,  “I”  denotes 
intermittent  flow  and  “N”  denotes  continuous  flow. 


Refrigerant  state  at  the  inlet  of  evaporator  is  sub-cooled  in 
this  case.  And  so,  refrigerant  specific  enthalpy  at  the  inlet 
of  evaporator,  h^ ,  is  calculated  from  measured 
temperature  and  pressure.  From  the  inlet  of  the  evaporator 
to  the  starting  point  of  evaporation,  assuming  distance 
between  those  points,  Azent,  the  pressure  at  the  starting 
point  is  calculated  by  using  eq.(l).  By  Substituting 
calculated  pressure  for  an  equation  of  state,  saturation 
specific  enthalpy  at  the  starting  point  of  evaporation,  hUat , 
will  be  obtained.  Above  calculation  process  will  be 


Fig.  2.  Calculation  model 
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continued  as  A  zmt  will  be  modified  until  measured  heat 
transfer  rate  of  this  region,  Qmt,  will  coincide  with 
calculated  heat  transfer  rate  of  this  region, 

(hLsat  -  hLEin)A  •  G  .  Qcnt  is  calculated  by  the  following 
equation. 

Qmt=IhXEhX^nL  (5) 

where,  Ih  is  electric  current  [A]  throw  into  the  heater, 

Eh  is  voltage  [V]  between  both  end  of  the  heater  and  L 
is  a  heating  length  [m]. 

In  the  two  phase  region,  assuming  vapor  quality  at  the 
outlet  of  calculating  sub-section,  xout ,  the  pressure  is 
calculated  by  substituting  xout  for  an  equation  as  shown 
in  Tables  3  or  4.  Above  calculation  process  will  be 
continued  as  xout  will  be  modified  until  the  measured 
specific  enthalpy  at  the  outlet  of  this  sub-section,  hout , 
will  coincide  with  calculated  specific  enthalpy  at  the 
outlet  of  this  section,  hcal .  In  the  case  of  high  heat  flux, 
heat  loss  becomes  high  and  was  not  able  to  be  estimated 
accurately,  then,  there  is  a  possibility  that  the  calculated 
vapor  quality  at  the  inlet  of  glass  tube  shows  relatively 
high  value. 

4.  RESULTS  AND  DISCUSSIONS 
Observation  of  Flow  Pattern 

Figures  4  and  5  show  photographs  about  flow  pattern 
with  high  mass  velocities  of  1260  and  1060  (kg/m2s), 
respectively.  In  these  cases,  annular  flow  appears  from  Table  4.  Correlation  for  <I>L  (ReL  >  2400) 
vapor  quality  is  below  0.2.  This  reason  is  that  shear  stress 
is  high  at  the  liquid-vapor  interface  caused  by  high  vapor 
velocity.  In  the  case  of  large  mass  velocity,  however, 
judgement  of  flow  pattern  is  veiy  difficult  between 
annular  and  slug  flow.  Because,  disturbance  of  liquid- 
vapor  interface  is  large  and  line  velocity  of  refrigerant  is 
high.  Figures  6(a)  to  (d)  show  photographs  about  flow 
pattern  when  mass  velocity  is  430  (kg/m2s).  In  this  case, 
flow  pattern  is  almost  the  same  as  that  in  a  relatively 
large  diameter  tubes.  Figures  7(a)  to  (d)  show 
photographs  about  flow  pattern  when  mass  velocity  is  80 
(kg/m2s).  In  this  case,  wavy-annular  flow  still  appears 
when  vapor  quality  is  around  0.9.  This  reason  is  due  to 
effect  of  surface  tension  though  shear  stress  is  low  at  the 
liquid-vapor  interface.  During  whole  experiments, 
separated  flow  was  not  observed. 
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Fig.  8.  Modified  Baker's  flow  pattern  map 


Flow  Pattern  Map 

Figure  8  shows  observation  results  which  plotted  on  modified  Baker’s  flow  pattern  map.  Symbols  A,  0, 0,  and 
V  denote  annular,  wavy-annular,  slug,  plug  and  bubble  flow,  respectively.  In  this  study,  wavy-annular  flow 
appears  in  the  region  of  wavy,  and  annular,  slug  and  plug  flow  patterns  appear  in  the  region  of  bubble  or  froth. 
This  reason  is  that  Baker’s  map  takes  no  account  of  influence  of  tube  diameter.  From  this  result,  in  the  case  of 
capillary  tubes,  it  is  inferred  that  these  boundary  lines  of  flow  patterns  move  low  vapor  quality  direction. 
Experimental  results  were  also  compared  with  Taitel-Dukler’s  flow  pattern  map,  but  most  of  all  data  didn’t 
match  with  their  map. 


5.  CONCLUSIONS 

Flow  patterns  are  experimentally  investigated  on  in-tube  evaporation  of  pure  refrigerant  FlFC134a  on  a 

horizontal  capillary  tube.  The  conclusions  are  as  follows: 

Flow  Pattern 

(a) Separated  flow  was  not  observed  in  a  capillary  tube  without  depending  on  mass  velocity. 

(b) In  the  case  of  large  mass  velocity,  annular  flow  appears  from  vapor  quality  is  below  0.2. 

(c) In  the  case  of  small  mass  velocity,  wavy-annular  flow  still  appears  when  vapor  quality  is  around  0.9. 

Compared  with  Modified  Baker’s  Flow  Pattern  Map 

(a)  Wavy-annular  flow  appears  in  the  region  of  wavy. 

(b)  Annular,  slug  and  plug  flow  appears  in  the  region  of  bubble  or  froth. 

(c) It  is  inferred  that  boundary  lines  of  flow  patterns  move  low  vapor  quality  direction. 

REFERENCES 

1.  M.  W.  Wambsganss,  D.  M.  France,  J.  A.  Jendrzejczyk  and  T.  N.  Tran,  “"Boiling  Heat  Transfer  in  a  Horizontal 
Small-Diameter  Tube",  Trans.  ASME,  J.  Heat  Transfer,  v.  115,  pp.  963-972,  edited  by  ASME,  U.S.A.  (1993). 

2.  T.  Fukano,  A.  Kariyasaki  and  M.  Kagawa,  "Flow  Patterns  and  Pressure  Drop  in  Isothermal  Gas-Liquid 
Concurrent  Flow  in  a  Horizontal  Capillary  Tube",  Trans.  JSME(series  B ),  v.  56,  no.  528,  pp.  174-182,  edited 
by  JSME,  Japan  (1990). 

3.  Y.  Aoki,  M.  Taniguchi,  S.  Sakashita  and  Y.  Watanabe,  "Boiling  Heat  Transfer  (1st  Report:  Visualization  of 
How  Pattern)",  Proc.  of  36th  National  Heat  Transfer  Symposium  of  Japan,  v.  1,  pp.  15-16,  Japan  (1999). 

4.  Y.  Aoki,  M.  Taniguchi,  S.  Sakashita  and  Y.  Watanabe,  "Boiling  Heat  Transfer  (2nd  Report:  Heat  Transfer 
Coefficient  and  Pressure  Drop)",  Proc.  of  36th  National  Heat  Transfer  Symposium  of  Japan,  v.  1,  pp.  17-18, 
Japan  (1999). 


450 


ANALYSES  OF  MOTION  AND  DRAG  COEFFICIENT  OF  WATER  DROPLETS  IN 
A  NATURAL  DRAUGHT  COOLING  TOWER 


Liu  Baomin  and  M.  N.  A.  Hawlader* 

Department  Mechanical  &  Production  Engineering 
National  University  of  Singapore,  10  Kent  Ridge  Crescent,  Singapore  1 19260 
Email:  mpehawla@nus.edu.sg 

Keywords:  water  drop,  drag  coefficient,  cooling  tower,  and  numerical  simulation. 

ABSTRACT.  Cooling  towers  have  been  widely  used  in  power  plants  and  space  air  conditioning  systems.  The 
rain  region  plays  an  important  role  in  the  operation  of  cooling  towers.  In  this  paper,  four  different  models  have 
been  investigated  that  describe  the  motion  of  water  droplets  in  the  rain  region  of  a  cooling  tower.  Due  to  the 
non-uniformity  of  the  flow,  heat  and  mass  transfer  processes  inside  the  cooling  tower,  the  velocity  field  of  water 
droplets  is,  at  least,  two-dimensional.  Therefore,  these  models  were  tested  with  a  numerical  simulation  program 
that  accounts  for  the  non-uniform  flow.  The  velocity  fields  of  water  droplets,  the  variations  of  the  drag 
coefficient  with  the  relative  velocity  of  water  droplets  have  been  predicted.  The  effect  of  drag  and  buoyancy 
force  on  the  motion  of  water  droplets  were  also  studied  numerically.  The  model  based  on  Dreyer  and  Erens’s 
correlation  has  been  found  to  represent  the  actual  situation  reasonably  well  and  is  recommended  for  the 
modelling  of  water  droplets  motion  in  cooling  towers. 

1.  INTRODUCTION 


In  order  to  get  the  reasonable  result  of  a  practical  system  by  numerical  simulation,  one  needs  to  develop  and 
adopt  correct  mathematical  and  physical  models.  However,  this  is  very  difficult  to  be  accomplished  because  a 
real  industrial  process  is  often  complicated.  As  to  cooling  towers  and  other  exchange  equipment,  there  exist  rain 
areas  where  water  drops  interacts  with  air  stream.  The  water  drops  motion  in  the  air  is  quiet  different  from  solid 
spherical  particles  due  to  the  internal  circulation,  mechanical  palpation,  irregular  vortex  shedding,  and  the 
interaction  between  the  drops  (collision  and  disintegration).  Water  drops  falling  freely  under  gravity  through  air 
remain  very  nearly  spherical  for  E0  =  gd2Ap/o<0.4.  Because  of  the  large  viscosity  ratio  k  =  pp/p,  internal 

circulation  tends  to  be  very  slow,  and  the  drag  on  such  spherical  drops  follows  closely  to  the  standard  drag  curve 
for  rigid  spheres  [1,  2].  If  E0  increase  above  0.4  as  in  the  case  of  cooling  towers,  some  distortion  from  the 
spherical  shape  can  be  detected.  Flattening  occurs  primarily  at  the  leading  (lower)  surface,  so  that  the  shape  then 
lacks  fore-  and-  aft  symmetry.  Drops  accelerating  in  air  streams  may  split  up  and  it  was  found  that  the 
disintegration  occurs  for  We  =  pdeu2  /  a  >  6.5  [1].  For  the  condition  of  cooling  tower,  the  maximum  dc  allowed 
is  larger  than  10mm.  For  certain  size  of  water  drops,  the  drag  coefficients  tend  to  be  larger  than  that  of  rigid 
spheres  under  accelerating  conditions,  due  to  the  shape  deformations.  Wang  [3]  presented  the  procedures  for 
predicting  the  acceleration  of  water  drops  under  gravity.  They  found  the  instantaneous  drag  coefficients  were 
based  on  those  for  water  drops  under  terminal  setting  conditions.  Beard  [4]  introduced  a  correction  for  shape 
distortion  determined  from  a  balance  of  static  forces.  Distances  required  for  freely  falling  drops  to  reach  99%  of 
their  terminal  velocities  are  of  the  order  of  5.4m  for  de=1.0mm,  12.6m  for  4=2. 0mm,  and  18.1m  for  de=6.0mm 
[1].  These  distances  are  so  large  that  much  of  the  early  data  obtained  in  the  laboratory  must  be  treated  with 
considerable  caution. 


Although  there  are  some  empirical  formulae  that  appear  to  be  applied  directly  to  the  analysis  of  the  water  drop 
motion  in  the  rain  zone,  almost  no  publications  have  been  found  to  investigate,  compare  these  models  and 
confirm  the  fitness  to  the  practical  situation  in  cooling  towers.  Actually,  only  very  few  publications  mentioned 
the  solution  of  the  water  drop  motion  and  the  its  drag  coefficient  model  in  detail.  Majumdar  et  al.  [5,6]  express 


the  total  resistance  of  water  drops  to  the  air  stream  as  N  •  —  pu2AV  ,  where  N  is  total  velocity  head  lost  in  the 


specific  area.  The  velocity  head  lost  in  the  rain  zone  can  also  be  calculated  by  an  empirical  formula, 
N  =  0.526(Zp[m]  +  1.22)(m1  /mg)‘'32  [7,  8].  This  empirical  formula  was  developed  originally  to  calculate  the 

total  air  pressure  drop  in  the  whole  rain  region  in  which  the  drop  velocity  changes  greatly  from  the  top  to  the 
bottom.  Principally,  it  can  be  used  to  calculate  the  local  resistance  term  of  governing  equation  of  the  vertical  air 
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velocity  component  if  the  applicable  range  of  Zp  of  the  empirical  formula  is  large  enough  [5,  6].  But  for 
determination  of  the  single  water  drop  drag  force,  this  formula  is  hardly  of  any  help.  Other  researchers  did  not 
mention  the  water  drop  drag  force  at  all  in  their  publications  [9-12].  Therefore,  it  can  be  concluded  that  there  is 
a  need  to  propose  a  proper  water  drop  drag  coefficient  model  for  the  study  of  cooling  towers  and  other  similar 
equipment. 

In  this  paper,  we  will  present  the  equation  of  motion  of  water  drops  in  air  stream  and  investigate  the  influence  of 
four  models  representing  the  drag  coefficient.  The  governing  equations  of  water  drops  motion,  together  with 
other  equations  controlling  the  air  and  water  flow,  heat,  and  mass  transfer  in  cooling  towers,  are  then  solved 
with  different  models  of  drop  drag  coefficient.  The  two-dimensional  velocity  field  of  the  water  drops  predicted 
by  numerical  method  is  presented.  The  effect  of  different  drag  coefficients  on  the  water  drop  motion  is  also 
demonstrated  and  discussed  in  detail. 

2.  MOTION  EQUATION  OF  WATER  DROPS  IN  AIR  STREAM 


As  mentioned  earlier,  the  water  drops  in  the  rain  region  below  the 
packing  in  a  cooling  tower  is  no  longer  spherical  in  shape. 
However,  we  can  use  an  equivalent  diameter,  de,  to  express  its 

volume  as  Vd  =  —  nd]  and  mass  as  Md  =-^7id^pw  .  In  addition,  it 
6  6 

is  assumed  that  the  water  drops  fall  vertically  in  one  dimension, 
and  the  transient  problem  of  modelling  accelerating  drops  may  be 
approximated  as  a  succession  of  steady  states  [13].  The  forces 
exerted  on  a  water  drop  falling  in  the  air  stream  are  gravity,  Gd, 
buoyancy  from  the  air,  Fd,  resistance  from  the  air,  R<j,  as  shown  in 
the  following  Fig.l.  The  two-dimensional  cylindrical  coordinates 
system  (x,  r)  is  also  defined  in  Fig.  1 . 

Thus  its  gravity  and  the  buoyancy  of  the  air  stream  are 

Gd  =— 7td,pwg  ,  and  Fd  =  — 7idap  g ,  respectively.  The  resistance 

6  6  F'  1 

force  Rd  from  the  air  is  very  complicated  to  deal  with.  Practically,  a  1^' 

drag  coefficient,  Cd,  is  introduced,  which  is  defined  as  [14], 


A  d 

tt 


ud(x,r) 


▼  a 

ft  J 

Ua  (X,r)  U  r  A - 1 

Forces  exerted  on  a  water  drop 


Q-5p(ur)2  --ml 

where,  ur  =  ua  +  ud  ,  is  the  relative  velocity  between  air  and  water  drop  in  vertical  direction.  Thus 

Rd=7CdP(ua+ud)2de  (2) 

The  computation  of  Cd  by  different  models  of  the  drag  coefficient  will  be  presented  in  the  following  section. 
Based  on  the  Newton’s  second  law,  the  equation  of  water  drop  motion  in  counter-flow  air  stream  can  be 
expressed  as 

Ma-^-  =  Gd-Fd-Rd  (3) 


where,  t  stands  for  time  here.  According  to  the  definition  of  u<j,  ud  =  — — ,  we  get 

dt 
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(4) 


dx 

dt  = - 

u„ 


Substitute  the  expression  of  dt  into  the  equation  (3)  and  rearrange  it 


dx  pw  4  pw  de 


(5) 


where,  both  the  vertical  air  velocity,  u,  and  the  water  drop  velocity,  ip,  are  the  functions  of  x  and  r. 

Equation  (5)  is  solved  numerically  by  iteration  with  the  sets  of  Navier-Stokes  equations  governing  the  flow, 
heat,  and  mass  transfer  inside  the  cooling  tower.  The  numerical  solution  is  based  on  the  finite  difference  method 
[5,  6], 


3.  THE  WATER  DROP  DRAG  COEFFICIENT  MODELS 


3.1  Model  A  —  Water  Droplets  Represented  by  Solid  Particles 

Compared  to  the  study  of  liquid  drops,  much  more  consideration  has  been  paid  to  the  determination  of  the 
terminal  velocity  and  drag  coefficient  for  falling  rigid  spheres.  Clift  [15]  made  a  comprehensive  review  of  the 
available  correlation  and  presented  a  set  of  equations  to  predict  the  drag  coefficient  of  solid  spheres  moving  in 
different  speed.  Turton[16]  improved  Cliffs  correlation  and  obtained  the  following  equation: 

C*  =  —  (l  +  0.173Re0657)  + - 0-413  ,  for  l<Re<2xl05  (6) 

115  Re  1  + 16300 Re"  09 


where.  Re  = 


.  Originally,  ds  is  the  diameter  of  the  spherical  particles,  and  ut  is  the  terminal  velocity. 


When  this  equation  is  adopted  here,  the  values  of  ds  and  ut  equal  the  water  drop  equivalent  diameter,  de,  and  the 
relative  velocity  between  die  water  drop  and  the  air  stream  u^. 


3.2  Model  B  And  C  —  Two  Empirical  Formulations  for  Drops  and  Bubbles 

Due  to  the  complexity,  the  calculation  of  liquid  drop  drag  coefficient  is  mainly  based  on  empirical  formulations. 
Grace  and  Webber  [1]  reviewed  the  available  studies  on  drops  and  bubbles.  Some  other  empirical  formulae  are 
also  available  in  the  literature  [17,  3].  In  the  present  study,  an  empirical  formula  is  adopted  that  introduces  the 
ratio  of  the  drop  liquid  viscosity  to  the  air  stream  viscosity,  p^/p,  to  account  for  the  deformation  of  the  liquid 
drop  [18].  And  the  water  drop  drag  coefficient,  Cd,  is  expressed  as 


32  2pw  0.314(1  +  4  pw/p) 

d  Re (  p  Re0'5 


Abe  et  al.  [19]  analyzed  the  equations  of  droplet  drag  and  interfacial  shear  stress  for  three-field  model.  In  their 
study,  the  following  equation  was  adopted  to  calculate  the  drag  force  on  the  droplet: 


Cd  =a/Ren 


(8) 


where  a=24,  n=l  if  Re<2;  a=17.54,  n=0.5473  if  1000  >Re  >  2  and  a=0.4,  n=0  if  Re>1000. 

Equation  (7)  and  (8)  are  represented  as  model  B  and  model  C,  respectively. 

3.3  Model  D  —  Drever  and  Erens’s  Correlation 

Based  on  the  experimental  study,  Dreyer  and  Erens  [20]  developed  a  set  of  equations  to  calculate  the  drag 
experienced  by  deformed  water  drops  during  acceleration  in  the  air  stream  under  the  conditions  of  cooling 
towers.  By  using  the  drop  terminal  velocity  data  of  Gunn  [21],  the  drop  deformation  data  of  Beard  [22]  and  solid 
sphere  drag  coefficient  of  Turton  [16],  they  obtained  the  following  correlation  for  the  drag  at  terminal  velocity: 


453 


(9) 


—  =  1-  0.172(1  - E)  +  6.692(1  - E)2  -  6.605(1  - E)3 

Cs 

where,  E  is  the  drop  deformation  effect  and  can  be  calculated  as, 


E  =  1-  ( — — )2(1  -Et) ,  if  E  >  0.4 


Ud,  and  E,  are  the  drop  terminal  velocity  and  its  deformation  effect  as  described  by  the  following  equation: 

r4  (pw  -p)gdA 
3  Cdp 

1 


(10) 


E,  = 


(1  +  0.148Eo°'85) 


,  ifEo>0 


(11) 


(12) 


E0  is  called  Eotvos  number  and  defined  as 

£  gd2(P.-p) 


(13) 


where,  ow  is  the  surface  tension  of  water  drops.  The  drag  coefficient  of  solid  spheres,  Cs,  is  calculated  by 
equation  (6)  developed  by  Turton  [16]. 

Equations  (9-13)  are  coupled  and  should  be  solved  by  iteration  method.  It  can  be  seen  that  model  D,  which  is 
based  on  Dreyer  and  Erens’  correlation,  is  more  complicated  to  be  solved  than  the  other  three  models. 

4.  RESULTS  AND  DISCUSSIONS 

In  order  to  investigate  the  influence  of  different  models  of  drag  coefficient  on  the  falling  water  drops,  an 
industrial  natural  draft  counter  flow  cooling  tower  has  been  studied  numerically.  Its  rain  region  has  a  height  of 
8.16m  from  the  bottom  of  the  packing  to  the  cold  water  basin  (or  the  pool)  surface.  The  typical  water  drop 
equivalent  diameter  is  assumed  as  6.0mm  [20].  Property  parameters  in  these  models,  such  as  a  and  p,  are 
calculated  by  the  equations  developed  from  the  data  given  by  Rohsenow  et  al.  [23]. 


Fig.  2.  2D  water  drop  velocity  field  in 
the  rain  region 


Water  Drop  Relative  Velocity  (m/s) 

Fig.  3  Water  drop  drag  coefficient  predicted 
by  Model  B 
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Practically,  the  water  drop  velocity  varies  both  horizontally  and  vertically  due  to  the  non-uniformity  of  the 
airflow  in  the  rain  region.  The  present  numerically  predicted  2D  water  drop  velocity  profile  in  the  rain  region  is 
shown  in  Fig.  2. 

It  can  be  seen  from  the  contour  plot  in  Fig.  2  that  the  water  drop  velocity  is  larger  near  the  entrance  than  the 
inner  area  of  the  same  height.  This  is  caused  by  the  distribution  of  airflow  that  changes  its  direction  from 
horizontal  to  vertical  as  the  air  enters  the  tower.  The  relative  velocity  between  air  and  water  drop  is  larger  in  the 
inner  of  the  tower  than  in  the  outer  part.  High  relative  velocity  produces  larger  drag  force,  thus  lower  drop 
velocity  near  the  entrance.  Following  discussion  will  be  focused  on  the  predictions  of  drag  coefficient  Cd  and 
the  vertical  distribution  of  water  drop  velocity  on  the  center  axis  of  the  tower. 

4.1  The  Drag  Coefficient 

The  values  of  Cd  at  different  relative  velocity  have  been  predicted  using  the  four  different  models  described  in 
section  3  as  shown  in  Fig.3  and  4.  It  is  interesting  to  find  out  that  the  prediction  of  model  B  is  5  to  6  times  larger 
than  that  of  other  three  models,  shown  in  Fig.3,  with  the  relative  velocity  ranging  from  2.5  to  7.5m/s  and  Cd 
from  2.74  to  0.95.  Whereas,  as  seen  in  Fig.  4,  model  A  which  is  originally  correlated  for  solid  sphere  particles, 
unexpectedly  give  closer  prediction  of  Cd  to  those  of  models  C  and  D  used  recently  by  Abe  and  Dryer  [19, 13]. 

Figures  3  and  4  also  show  the  different  trends  of  the  Cd  values  obtained  from  different  models.  Compared  to  the 
increase  of  the  prediction  of  model  D,  the  values  of  Cd  predicted  by  models  A  and  B  decrease  as  the  relative 
velocity  increases.  Model  C’s  prediction  lies  between  those  of  model  A  and  D.  Firstly,  it  decreases  from  0.47  to 
0.4  as  the  relative  velocity  increases  from  3.17(m/s)  to  about  4.2m/s,  and  then  remains  constant  to  a  value  of  0.4 
when  the  relative  velocity  is  above  4.2  (m/s).  At  a  relative  velocity  of  about  7(m/s),  models  A,  D  and  C  predict 
almost  the  same  drag  coefficients.  Below  this  relative  velocity,  the  prediction  of  model  D  is  lower  than  that  of 
models  A  and  C.  Above  this  velocity,  model  D  predicts  larger  drag  coefficient  than  models  A  and  C,  which 
gives  very  close  predictions. 

As  mentioned  in  the  last  section,  Dreyer  and  Erens’s  [13]  correlation  was  obtained  only  a  few  years  ago  based 
on  model  A  and  the  water  drop  deformation  information  discussed  by  Erens  et  al.  [20].  It  was  then  examined 
while  investigating  the  motion  of  water  drops  and  their  interaction  with  air  stream  [13].  Therefore,  it  is  more 
reliable  for  the  case  of  cooling  tower  than  other  three  models. 


Water  Relative  Velocity  (m/s) 

Fig.  4  Water  drop  drag  coefficient 
predict  by  Model  A,  C  and  D. 


Water  Drop  Velocity  (m/s) 

Fig  5  Water  drop  velocity  predicted  by  models 
at  different  height  on  the  central  axis 
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Comparison  of  the  predictions  of  models  A  and  D  shows  that  the  correction  of  the  deformation  of  the  shape  on 
the  drag  coefficient  makes  the  model’s  prediction  completely  different  in  trends.  To  some  extent,  the  faster  a 
water  drop  moves  in  the  air,  the  more  severely  it  deforms  from  spherical  shape.  Consequently,  the  resistance 
increases  and  as  a  reflection  of  this  fact,  the  drag  coefficient  increases  with  the  relative  velocity.  From  this  point 
of  view,  model  A  has  no  correction  of  the  deformation  but  model  C  includes  some  correction  but  does  not  truly 
represent  real  sitiuation. 

4.2  Water  Drop  Velocity  and  Vertical  Air  Velocity  on  the  Tower  Central  Axis 

The  velocity  of  water  drop  and  the  vertical  velocity  of  air  at  different  height  have  also  been  computed  under  the 
four  different  drag  coefficient  models  and  presented  in  Figures  5  and  6.  Model  B  predicts  much  lower  water 
drops  velocity  and  air  velocity  than  other  three  models.  This  is  in  accordance  with  its  larger  predictions  of  the 
drag  coefficient.  Small  difference  can  be  observed  between  the  prediction  of  model  D  and  those  of  model  A  and 
C  that  give  almost  the  same  water  drop  velocities.  Whereas,  the  difference  among  the  predictions  of  air  velocity 
of  model  A,  C  and  D  is  too  small  to  be  observed  on  Fig.  6.  This  is  because  that  the  total  resistance  to  the  air 
stream  from  water  drops  is  very  small  compared  to  the  driven  force.  Thus  the  variation  of  the  resistance  cannot 
affect  the  air  velocity  as  much  as  it  affects  the  drop  velocity.  However,  the  difference  is  large  enough  to  be  seen 
among  the  predictions  of  the  relative  velocity  from  models  A,  C,  and  D,  as  illustrated  in  Fig.  7 . 


Height  from  the  pool  surface  (m) 


Fig.  6  Vertical  component  of  air  velocity 
on  the  central  axis 


Fig.  7  Relative  velocity  between  water  drops 
and  air  stream 


Figures  5  and  7  also  shows  that  the  difference  among  the  predictions  of  the  velocity  of  water  drops  and  the 
relative  velocity  obtained  from  different  models  increases  as  the  water  drops  approaches  the  water  basin.  As 
mentioned  earlier,  the  distance  required  for  freely  falling  drops  of  6.0mm  diameter  to  reach  their  terminal 
velocities  is  longer  than  18.1m.  However,  in  the  present  case,  the  rain  region  is  only  8.16m  and  water  drops  fall 
at  a  speed  much  smaller  than  their  terminal  velocity  and  the  drag  force  does  not  reach  its  maximum  value. 

4.3  Comparison  of  Vertical  Air  Velocity.  Water  Drop  Velocity  with/without  Drag  and  Buoyancy  Effect 
In  order  to  investigate  the  influence  of  the  combined  effect  of  the  drag  and  buoyancy,  we  have  computed  the 
free  falling  velocity  of  water  drops,  1%.  If  the  buoyancy  and  drag  forces  are  omitted,  the  governing  equation  of 
water  drops  becomes. 


udfdudf  (14) 

dx 

This  equation  was  solved  in  the  same  way  as  that  of  equation  (2.6)  to  obtain  the  free  falling  water  drop  velocity 
at  the  exact  positions  of  the  solved  real  falling  water  drop  velocity.  All  the  four  models  have  been  tested  and  the 
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result  of  model  D  is  presented  here  in  Fig.  8.  Without  buoyancy  and  drag  forces,  water  drops  fall  at  a  faster 
speed.  As  seen  from  Fig.  8,  the  final  speed  is  12.3m/s  compared  to  9.3m/s  obtained  model  D  that  considers  both 
drag  and  buoyancy  effects.  This  difference  increases  as  the  falling  distance  increases.  The  vertical  air  velocity 
(with  drag  force  considered)  increases  as  it  flows  up.  This  is  because  the  main  flow  direction  turns  vertically 
from  horizontal  direction  as  the  air  goes  into  the  cooling  tower  through  the  inlet.  This  changing  trend  of  the 
vertical  air  velocity  makes  the  relative  velocity  different  from  the  water  drop  velocity.  If  the  air  is  stagnant,  there 
will  be  no  difference  between  the  relative  velocity  and  the  velocity  of  water  drop. 


Fig  8.  Air  vertical  velocity,  relative  velocity  and 
water  drop  velocity  with/without  drag  and 
buoyancy  effect 


5.  CONCLUSIONS 

Four  typical  models  have  been  investigated  for  the  analysis  of  the  motion  of  water  droplets  in  the  rain  zone  of  a 
natural-draught  cooling  tower.  With  the  use  of  a  numerical  simulation  program  that  accounts  for  the  non¬ 
uniformity  of  flow  and  transport  properties,  the  2D  water  drop  velocity  field  is  obtained.  The  predicted  drag 
coefficient  by  these  models  are  presented  and  discussed.  Model  D  that  is  based  on  Dreyer  and  Erens’s 
correlation  [20],  is  recommended  for  the  calculation  of  the  deformed  water  drop  drag  coefficient  for  the  case  of 
cooling  towers  and  other  similar  applications.  The  water  drop  falling  velocity  with/without  drag  and  buoyancy 
effects  together  with  the  vertical  component  of  air  velocity  in  the  rain  region  are  also  compared. 

NOMENCLATURE 


Cd 

Drag  coefficient,  see  eq.  (2.1) 

Udf 

Free  falling  velocity  of  water  drop,  m/s 

de 

Equivalent  diameter  of  water  drop,  m 

ut 

Terminal  velocity,  m/s 

ds 

Diameter  of  spherical  particle,  m/s 

vd 

Volume  of  water  drop,  m3 

E 

Drop  deformation  effect,  see  eq.  (3.4). 

x,  r 

Vertical  and  horizontal  co-ordinates  of  the 

Ho 

Eotvos  number,  see  eq. (3.4.4). 

cylindrical  co-ordinates  system 

Fd 

Buoyancy  of  water  drop,  N 

N 

Total  velocity  head. 

Greek  Symbols 

g 

Gravity  acceleration  rate,  9.81m/s2 

P 

Density  of  air,  kg/m3 

Gd 

Gravity  of  water  drop,  N 

Pw 

Density  of  water,  kg/m3 

Md 

Mass  of  the  water  drop,  kg 

Gw 

Surface  tension  of  water,  N/m 

Rd 

Resistance  of  water  drop,  see  eq.  (2.2). 

|4 

Viscosity  of  air,  kg/(ms) 

Re 

Reynolds  Number. 

IAv 

Viscosity  of  water,  kg/(ms) 

t 

Time,  s 

ua 

Air  stream  vertical  velocity,  m/s 

SubscriDts 

Ud 

Water  drop’s  velocity,  m/s 

a 

moist  air 

Ur 

Relative  velocity  of  water  drop  to  air,  m/s. 

e 

equivalent 
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relative 


w  water 

s  sphere 

df  free  falling  of  drops 
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ABSTRACT.  In  this  paper,  the  physical  model  of  the  refrigerant  two-phase  flow  through  electronic  Expansion 
valve(EEV)  was  established  and  numerically  solved  applying  the  two-fluid  model.  The  velocity  field  of  vapor 
and  liquid,  the  distribution  of  void  fraction,  and  the  pressure  field  of  the  refrigerant  during  the  throttling  were 
obtained.  The  curves  describing  the  relationship  between  the  mass  flow  rate  and  the  pressure  difference  of  the 
refrigerant  were  achieved.  The  computing  results  agree  with  the  experimental  data  very  well.  The  mass  flow 
rate-  pressure  difference  relationship  of  the  refrigerant  based  on  these  models  in  this  paper  can  be  used  in  the 
design  of  EEV,  the  research  on  the  match  and  control  of  the  refrigerating  system. 

INTRODUCTION 

The  inverter-driven  air  conditioners  apply  electronic  expansion  valves(EEV)  to  be  the  throttling  device  at  most 
cases.  However,  the  research  on  the  refrigerant  flow  characteristics  through  EEV  has  not  been  penetrating  and 
the  pervious  research  has  shown  that  the  relationships  between  the  mass  flow  rate  and  pressure  difference,  also 
mass  flow  rate  and  openings  of  EEV  were  usually  obtained  by  the  experimental  method.  Moreover,  the  most 
experiments  and  computation  only  focus  on  the  single-phase  flow  and  were  not  involved  in  the  phase  change 
procedure  so  that  their  experimental  curves  can  not  be  used  directly.  Understanding  the  characteristics  of  the 
refrigerant  two-phase  flow  through  EEV  precisely  and  thoroughly  is  of  great  significance  for  the  design  of  EEV, 
match  and  control  of  the  refrigerating  system.  No  such  research  had  been  reported  on  the  characteristics  of 
refrigerant  two-phase  flow  through  EEV  previously.  In  this  paper,  the  EEV  with  different  openings  is  treated  as 
the  equivalent  serious  of  orifice-plate  with  varying  hole  diameters  and  the  flow  model  of  EEV  at  the  certain 
operating  condition  is  established  on  the  basis  of  orifice-plate  in  the  light  of  the  difficulties  of  testing.  The 
numerical  simulation  is  carried  out  for  the  fields  of  velocity,  pressure  and  void  fraction  of  the  refrigerant  vapor 
and  liquid  phases  through  LAM  type  EEV  with  the  capacity  of  1-ton  using  two-fluid  model  and  SIMPLEST 
algorithm.  The  characteristic  curves  of  the  mass  flow  rate  versus  pressure  difference  and  mass  flow  rate  versus 
openings  of  EEV  have  been  obtained  and  provided.  The  comparison  between  the  experimental  data  and 
numerical  results  has  shown  that  the  physical  model  of  the  equivalent  orifice-plate  and  the  mathematical  model 
of  the  two-fluid  model  for  EEV  are  reliable  and  efficient 

PHYSICAL  MODEL  OF  EEV 

The  electronic  expansion  valve  is  the  throttling 
device  with  the  variable  local  resistance.  The 
refrigerant  flow  rate  through  EEV  at  the  given  lift  is 
directly  proportional  to  the  square  root  of  the 
pressure  difference  between  before-and-after 
throttling,  which  is  the  same  as  the  general 
throttling  devices  such  as  the  orifice-plate.  The  flow 
rate  coefficient  and  throttling  area  would  vary  with 
the  different  hole  diameters  and  the  EEV  flow 
model  at  the  certain  operating  conditions  is  set  up 
based  on  the  orifice-plates.  The  schematic  structure 
of  LAM  type  EEV  is  shown  in  Fig.  1. 


EEV  (1.  Valve  rod,  2.  Valve  needle,  3. 
Entrance,  4.  exit 
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Fig.2.  Schematic  of  equivalent  orifice-  plate  (1.  entrance  2.  throttling  hole  3.  Exit) 
MATHEMATICAL  MODEL 


The  refrigerant  flow  through  EEV  could  be  treated  as  the  two-dimensional,  two-phase,  adiabatic,  and  phase¬ 
changing  flow.  The  two-fluid  model  is  applied  in  this  investigation,  that  is,  both  vapor  phase  fluid  and  liquid 
phase  fluid  are  studied  which  fill  in  the  flow  field  simultaneously  and  are  interactive. 

Governing  Equations 

The  equations  of  the  two-fluid  model  are  as  follows: 

The  continuity  equation  is 

^^  +  V-(akPkUk)  =  rk  (1) 

9t 

where  T*  represents  the  mass  flow  rate  of  entering  the  phase  through  the  phase  surface  in  the  unit  volume 
mixture  which  is  given  by 

Tk  =-V_1JAkpk(Uk  "Usk)-nkdA 


The  momentum  equation  is 


gfokPkUk)  +  v .  (akPkUkUk)  =  -V(akPk)  +  V(akxk)  +  akfk  +  Mk  (2) 

3t 

where  f  k  is  the  volume  force  on  the  unit  mass  phase  k  of  the  mixture,  and 
Mk  =-V-IJAk[pkUk(Uk  -Usk)  +  PkI-Tk]-fikdA 

which  consists  of  the  two  parts:  -V_1JAk  pkUk(Uk  -Usk)-iikdA  indicates  the  momentum  of  entering  the 
phase  k  in  the  unit  time  because  of  the  mass  exchange  between  two  phases,  -V_1JAk(PkI-Tk)  nkdA  stands  for 
the  force  of  the  other  phase  upon  the  phase  k  through  the  interface  of  the  two  phases. 

The  total  conservation  equation  is  given  by 

a,  +  av  =  1  (3) 

The  subscript  k  in  equations  (1),  (2),  (3)  indicates  the  phase,  k  =1  for  liquid  phase,  k  =v  for  vapor  phase. 

The  transport  equation  of  the  turbulent  current  kinetic  energy  k  and  its  dissipation  rate  £  is  : 


460 


(4) 


V-(pkkUk)  -  V2(rkkk)  +  Pkk  pkek +Fk -Uk 


V-(pkeUk)- V2(r£ke)  +  -(C£lPkk  ~C£2Pk£k  +  CE3  Fk  -  Uk) 
k 


(5) 


where  and  Tek  are  the  exchange  coefficients  of  turbulent  current  kinetic  energy  k  and  its  dissipation  rate  of 
the  phase  k  individually.  Fk  represents  the  force  on  the  phase  k  by  the  other  phase  through  the  two-phase 

interface,  that  is,  the  second  item  of  Mk  .  Uk  is  the  impulsion  vector  of  k  item.  f\  •  Uk  in  k  equation  (4) 

indicates  the  influence  on  the  turbulent  current  kinetic  energy  of  the  other  phase  by  the  phase.  Ce3  —  ly  •  Uk 

k 

in  8  equation  (5)  stands  for  the  effect  of  the  turbulent  current  kinetic  energy  dissipation  rate  upon  the  other  phase 
because  the  phase  exists. 

The  equation  of  state  in  the  vapor  phase  region  is 

Pv  =  ZRT  (6) 


where  the  compression  factor  Z  is  given  as  follows 


Z  =  l  +  X 
M 


(V) 


The  saturated  vapor  pressure  equation  is  given  by 

Ps  =  Pc  exp[Ri  In Tr  +  (Ri  -  4  +  pa )|/(Tr )]  (8) 

where  ¥(Tr)=4[(Tr  -l)/Tr]+S(Tr)-5.31nTr ; 

S(Tr )  =  (Tr  -  l)[o.2(Tr  + 1)2  +  O.5J; 


The  saturated  liquid  density  equation  is 

p'  =  Pc  exp[ai  (l-Try/3  +  a2S(Tr  )J  (9) 

The  equation  of  constant- volume  specific  heat  at  the  ideal  gas  state 

cv0  =  £  djT;  (10) 

i=0 


The  heat  balance  equation  gives 

rk  - (h,  - hv)  =  C,(hj  -hsI)+C2(hv  -hsv)  (11) 


Boundary  Conditions 

The  refrigerant  in  this  investigation  is  R12  which  is  in  saturated  state,  subcooling  state,  or  two-phase  state 
respectively  at  the  entrance  of  EEV  with  the  velocity,  turbulent  current  kinetic  energy  k  and  its  dissipation  rate  8 
of  the  entrance  refrigerant  are  given.  The  viscosity  coefficient  at  additional  source  item  is  applied  to  the  first  grid 
of  the  fluid  close  to  the  wall  face  at  the  interface  of  liquid  and  solid,  that  is,  the  velocity  at  the  wall  face  is  zero, 
the  velocity  of  the  first  grid  is  computed  with  the  logorithmatic  distribution  characteristics  close  to  the  wall  face, 
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the  concentration  at  the  wallface  is  impermeable,  and  the  turbulent  current  kinetic  energy  and  its  dissipation  rate 
is  considered  to  be  zero. 


COMPUTING  METHOD,  RESULTS  AND  ITS  ANALYSIS 


Based  on  the  physical  model  and  the  mathematical  model  described  above,  the  grid  arrangement  of  the 
computing  region  is  shown  in  Fig.  3.  After  the  boundary  conditions  of  the  valve  body  are  determined  and  a 
serious  of  computation  for  the  different  openings  of  the  valve  hole,  the  varied  flow  characteristics  of  EEV  can  be 
achieved.  The  following  analysis  of  the  flow  field  is  described  in  the  condition  of  the  saturated  state  of  the 
entrance  refrigerant  and  the  certain  opening  of  EEV . 


Fig.  4.  Schematic  of  isopressure 
before-and-after  throttling 


According  to  the  object  properties  determined  by  the  analysis  of  the  model,  the  finite  volume  difference  method 
is  used  for  divergence  and  the  pressure  correction  algorithm  is  applied  in  the  solving  process.  The  computing 
results  are  shown  in  Figs. 4-7  . 


Fig.5.  Schematic  of  velocity  vector  distribution  Fig.  6.  Schematic  of  volume  isoconcentration 
of  liquid  phase  and  vapor  phase  of  vapor  phase 

Fig .4  shows  the  isopressure  before-and-after  the  throttling  hole.  The  entrance  pressure  of  the  refrigerant  at  the 
boundary  of  the  computing  region  is  6.6xl05Pa,  and  the  pressure  difference  between  the  entrance  and  exit  of 
EEV  is  7.04xl05Pa.  It  can  be  seen  from  Fig.4  that  the  isopressure  line  are  more  intensive,  the  pressure  changes 
are  larger  and  pressure  fields  are  more  non-uniform.  Fig.5  is  the  schematic  of  velocity  vector  distribution  of 
liquid  phase  and  vapor  phase,  in  which  the  unit  arrow  represents  the  velocity  value  20m/s  and  the  director  of  the 
vector  indicates  that  of  flow.  From  Fig.5,  it  can  be  known  that  the  velocity  of  vapor  and  liquid  phases  flow  is 
very  big  at  the  smallest  sector  of  the  valve  and  the  inverse  flow  occurs  at  the  beginning  of  exit  port  of  the  valve 
so  that  the  small  local  eddy  is  formed.  It  could  be  seen  that  the  fluid  flow  rate  is  rather  uniform  in  the  big 
entrance  room  from  Fig.4  and  Fig.5.  Fig.6  is  the  schematic  of  the  volume  isoconcentration  of  vapor  phase  which 
shows  that  bulk  lash  vapor  is  produced  when  the  fluid  flows  through  the  throttling  hole  and  the  flashes  vapor 
ejects  towards  the  downstream  at  a  high  speed  of  lOOm/s  along  with  the  throttling  hole.  Fig.  7  is  the  schematic  of 
streamline  from  which  the  eddy  behind  the  throttling  hole  can  be  observed  distinctly. 
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Fig.  7.  Schematic  of  streamline 
EXPERIMENTAL  VERIFICATION 

The  experiments  for  EEV  were  carried  out  in  a  standard  rig  of  air  conditioner  performance.  The  test  environment 
temperatures  are:  for  indoor,  27C  (DB),  19C  (WB),  for  outdoor,  35C  (DB),  24C  (WB).  The  sensors  and  the 
flowmeters  for  measuring  temperatures  and  pressures  are  installed  at  the  entrance  and  exit  locations  of 
refrigerating  system  parts,  and  also  at  the  air  side.  After  the  testing  conditions  are  fixed,  the  experimental  system 
implements  the  data  collection,  communication,  computation,  and  control  output  automatically.  Fig.8,  Fig.9  and 
Fig.10  show  the  computation  results  based  on  the  experimental  data.  Fig.8  is  the  curve  of  relationship  between 
the  flow  rate  coefficient  a  •  e  and  the  driving  impulse  number.  Fig.9  describes  the  relationship  between  the  flow 
rate  coefficient  a-e  and  the  refrigerant  quality  x.  From  Fig.  8  and  Fig.9,  it  is  obvious  that,  for  the  EEV 
investigated  in  this  paper,  its  flow  rate  coefficient  ct-e  is  relative  to  the  values  of  pressure  change  before-and- 
after  throttling,  instead  of  the  factors  such  as  ratio  of  the  hole  cross  -section  area  to  the  pipe  cross  section  area 
m  ,  Re.  Applying  the  least  square  regression  method,  the  following  expression  could  be  obtained  from  the  curve 
shown  in  Fig.9: 

a-  e  =  0.75-0. 1407x  (12) 

Fig.  10  shows  the  test  curves  of  the  relationship  between  refrigerant  mass  flow  rate  and  pressure  difference 
before-and-after  throttling. 
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Fig.8.  relationship  between  the  flow  rate  a  ■  e 
and  the  driving  impulse  number 


Fig.9.  relationship  between  the  flow 

coefficient  a  ■  e  and  refrigerant  quality  x 


Pressure  Difference (bar) 


Fig.10.  The  test  curves  of  the  relationship  between  refrigerant 
mass  flow  rate  and  pressure  difference  before-and-after  throttling 


CONCLUSIONS 


1.  It  is  the  very  effective  method  of  investigating  the  refrigerant  flow  characteristics  through  the  electronic 
expansion  valve  that  the  physical  model  of  EEV  with  different  opening  is  established  using  the  orifice-plate 
with  varying  hole  diameters. 

2.  Applying  the  two-fluid  model,  the  two-phase  flow  characteristics  of  the  refrigerant  through  the  electronic 
expansion  valve  can  be  described  precisely.  The  velocity  field,  pressure  field  and  the  detailed  distribution  of 
the  void  fraction  are  obtained,  and  the  formula  expressing  the  relation  between  the  mass  flow  coefficient 
a  •  e  of  EEV  and  the  quality  x  of  the  refrigerant  is  provided. 

3.  The  curves  representing  the  relationship  between  the  mass  flow  rate  and  the  pressure  difference  of  the 
refrigerant  are  given  with  the  numerical  method.  The  comparison  between  the  computing  values  and  the 
experimental  data  shows  that  the  model  in  this  paper  is  reliable  and  correct,  which  could  be  used  in  the 
design  of  EEV,  the  refrigerating  system  match  and  control  for  the  inverter-driven  air  conditioner. 
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F.  Porous  Media 
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ABSTRACT.  The  aim  of  this  work  is  to  study  the  structure  of  three-dimensional  and  two-dimensional  loose 
packing  of  stiff  cylindrical  fibres,  with  a  particular  attention  for  the  2D  structures,  according  to  their  aspect  ratio. 
First,  we  have  carried  out  an  experimental  study  of  the  porosity  for  3D  and  2D  packing.  In  this  last  case,  the 
Elementary  Representative  Surfaces  have  been  determined.  Then,  an  attempt  of  interpretation  of  the  porosity 
variations  for  2D  stacks  has  been  realized  on  the  basis  of  the  Excluded  Volume  theory  and  a  variation  law  has 
been  proposed.  We  have  also  studied  the  relevance  of  a  simplified  packing  model  based  on  a  single  geometry  of 
the  defects.  Then,  some  local  properties  of  2D  stacks  such  as  the  densities  and  the  sizes  of  the  defects  or  the 
orientations  of  the  fibres  have  been  determined. 

1.  INTRODUCTION 

Porous  media  present  many  different  characteristics  of  structure.  There  is  also  a  great  diversity  in  the  material 
which  compose  them.  We  find  them  in  our  natural  environment  (beds  of  sand,  of  gravel,  wood,  foams,  chalky 
soil, ...)  as  well  as  in  manufactured  goods  (building  materials,  paper,  insulators,  catalysts,  ...).  Moreover  a  large 
number  of  industrial  products  such  as  glass  wool,  /filters,  reticulate  ceramics,  new  composite  materials,  are 
composed  of  fibres.  The  present  study  concerns  the  characterisation  of  random  stacks  of  rigid  fibres.  Because  of 
the  complexity  of  these  systems,  the  experimental  approach  is  a  good  tool  to  study  their  structural  characteristics 
(porosity,  permeability,  arrangement,  etc.). 

Many  works  concerning  ordered  and  random  stacks  of  spheres  having  one  or  several  radii  have  been  carried  out 
since  the  thirties  and  literature  is  full  of  results  in  this  field.  Yet,  the  first  experimental  results  concerning  the 
random  packing  of  fibres  appeared  in  the  seventies.  Milewski  [1-3]  studied  mixtures  of  fibres  and  glass  beads  to 
reduce  the  amount  of  resin  used  in  making  reinforced  plastics.  He  made  measurements  on  stacks  of  wooden 
fibres  having  a  diameter  of  2.1  mm  and  an  aspect  ratio  r=L/d  (fraction  length  over  the  diameter  of  the  fibre) 
between  4  and  72.  He  determined  a  law  of  variation  for  the  density  of  the  stack  as  a  function  of  the  aspect  ratio 
of  the  fibre.  He  obtained  the  same  law  of  variation  for  fibreglass  having  a  diameter  equal  to  13pm  and  has 
extended  his  study  to  the  combinations  of  fibres  with  different  aspect  ratios.  Nardin  [4]  worked  on  stacks  of 
particles  of  different  natures  (glass,  steel,  PMMA...)  and  of  various  shapes  (spheres,  discs,  fibres,  revolution 
ellipsoids).  Rahli  [5]  studied  loose  and  close  packing  of  Nylon  or  metal  (copper,  bronze)  fibres.  He,  moreover, 
proposed  a  model  based  on  the  Excluded  Volume  determined  by  Onsager  [6].  With  this  model,  the  variations  of 
porosity  can  be  described  according  to  the  aspect  ratio.  Parkhouse  and  Kelly  [7]  studied  the  packing  of  spaghetti 
having  a  diameter  of  1.8  mm  and  an  aspect  ratio  between  6  and  140.  Thanks  to  a  half-empirical  model,  these 
authors  proposed  an  analytic  expression  of  the  law  of  porosity  as  a  function  of  the  aspect  ratio. 

The  major  results  acquired  on  the  random  packing  of  rigid  fibres  are  the  following: 

the  existence  of  a  single  variation  curve  of  the  porosity  according  to  the  aspect  ratio  for  loose  packing, 

whatever  the  nature  or  the  size  of  the  fibres. 

the  existence  of  two  models  of  variation  of  the  porosity. 

All  these  works  concern  three-dimensional  stacks  of  rigid  fibres. 

The  subject  of  the  present  work  is  the  study  of  the  loose  packing  of  cylindrical  fibres  made  of  plastic,  having  a 
diameter  equal  to  5  mm  and  an  aspect  ratio  between  1.2  and  50.5,  for  three-dimensional  and  two-dimensional 
stacks,  with  particular  attention  to  the  2D  structures.  In  this  last  case,  the  width  of  the  packing  cell  is  equal  to  the 
diameter  of  a  fibre.  These  two-dimensional  structures  present  many  advantages  in  experiments  as  well  as  in 


466 


theory.  In  this  configuration,  it  is  possible  to  study  the  structure  of  the  stack.  In  this  work,  the  variation  laws  of 
the  porosity  according  to  the  aspect  ratio  are  determined  experimentally  for  2D  and  3D  stacks.  For  2D  stacks,  a 
variation  law  of  the  porosity  is  proposed.  The  local  properties  of  2D  stacks  such  as  the  densities  and  the  sizes  of 
the  pores  or  the  orientations  of  the  fibres  are  studied. 

2.  MATERIALS  AND  METHODS 


2.1  Fibres  and  Packing  Cells 

The  fibres  used  are  cylinders  in  white  delrin  (plastic)  having  a  diameter  of  5  mm.  Their  aspect  ratios  are 
contained  between  1.2  and  50.5. 

For  2D  stacks,  3  different-sized  glass  cells,  adapted  to  the  lengths  of  the  fibres,  are  used.  The  dimensions  of  the 
cells  (Width  W  and  Height  H)  and  the  aspect  ratios  of  the  fibres  which  can  be  studied  are  the  following: 

cell  1:  W=  18.6  cm  H=50cm  r  =  1.2  -  1.5  -  3.0 

cell  2:  W  =  38cm  H=50cm  r  =  3.0  -  5.0  -  7.1  - 10.1  -  12.1 

-  cell  3:  W  =  100  cm  H=100cm  r  =  12.1  -  20.2  -  30.3  -  50.5 

To  obtain  stacks  in  2D  cells  we  use  a  funnel  in  the  shape  of  a  triangular  prism  whose  rectangular  outlet  is  equal 
to  the  aperture  of  the  cell.  So,  fibres  are  simply  poured  into  the  funnel  and  then  drop  into  the  cell.  The  packing  is 
made  without  any  vibration,  so  the  stacks  obtained  are  loose.  Two  examples  of  2D  stacks  are  presented  in 
Photos  1  and  2. 


Photo  1. 2D  packing  for  r=1.5  Photo  2.  2D  packing  for  r=7.1 

2.2  Analysis  Tools 

2.2.1.  Determining  the  porosity  of  2D  and  3D  stacks  by  weighing.  The  method  of  measuring  the  porosity 
by  weighing  is  very  simple  but  it  enables  only  the  mean  porosity  of  all  the  stack  to  be  ascertained.  In  particular, 
it  integrates  the  possible  local  variation  of  porosity  due  to  the  effects  of  the  sides  of  the  cell.  The  2D  porosities 
have  been  obtained  by  averaging  the  values  found  for  3  different  stacks  for  each  aspect  ratio.  The  deviations 
from  the  mean  value  are  smaller  than  0.5%. 

2.2.2.  Determining  the  porosity  and  the  local  properties  of  2D  stacks  by  image  processing.  Image 
processing  enables  the  local  porosity  of  the  system  on  a  defined  surface  to  be  studied  and  then  the  problems  due 
to  the  boundaries  of  the  stack  to  be  minimised.  The  images  are  processed  and  the  two-dimensional  porosity  of 
the  stack  is  given  by  the  fraction  number  of  black  pixels  over  the  total  number  of  pixels  of  the  complete  image. 
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To  obtain  a  porosity  in  a  volume,  it  is  necessary  to  apply  a  conversion  factor  to  the  result  because  fibres  are 
cylinders  and  not  parallelepipeds.  We  have  assessed  the  porosities  of  the  stacks  in  central  rectangular  windows 
of  increasing  sizes.  As  can  be  seen  in  Figure  1  and  Figure  2,  the  curves  which  represent  the  variations  of  the 
porosity  according  to  the  size  of  the  window  have  two  distinct  parts: 
a  first  part  where  the  porosity  varies  noticeably. 

a  second  part  where  the  porosity  fluctuates  around  a  mean  value;  the  range  of  these  fluctuations  decreases 
when  the  area  of  the  observation  window  increases. 


area  (cm2) 


Fig.  1.  Porosity  for  2D  packing  versus  the  area 
of  the  observation  window  for  r=1.5 


area  (cm2) 

Fig.  2.  Porosity  for  2D  packing  versus  the  area 
of  the  observation  window  for  r=5.0 


So,  we  define  the  Elementary  Representative  Surface  (ERS)  as  the  smallest  area  for  which  the  porosity  becomes 
almost  constant.  In  practice,  the  ERS  is  taken  as  the  area  after  which  the  maximum  deviation  between  two 
extreme  values  of  porosity  is  less  than  one  percent  of  the  average  of  these  values.  Then,  the  mean  porosity  found 
by  image  analysis  is  defined  as  the  average  of  the  measured  porosities  for  areas  larger  than  the  ERS.  The 
dimensionless  ERS  (ERSd)  is  defined  as  the  fraction  ERS  over  die  apparent  area  of  a  fibre  Sf  (Sf  =  L  x  d).  The 
ERSd  found  for  r=1.5,  3.0,  5.0,  7.1  and  10.1  is  almost  constant.  For  the  studied  range  of  aspect  ratio,  the  ERS  is 
equal  to  300  x  Sf . 

ERSd  =^^  =  300  (1) 

S, 

2.2.3.  Comparison  of  the  two  methods.  We  have  compared  the  two  measuring  methods  through  the  values 
of  porosity  obtained  by  image  processing  and  by  weighing  (Table  1). 


Table  1.  Comparison  of  the  Porosities  obtained  by  Image  Processing  and  by  Weighing 
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Porosity  by  Weighting  (%) 

Porosity  by  Imag.  Proc.  (%) 

1.5 

800 

27.3 

120 

27.05 

3.0 

810 

28.6 

180 

27.6 

5.0 
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It  can  be  seen  that  there  is  a  good  agreement.  This  seems  to  show  that  the  cells  used  are  large  enough  for  the 
boundaries  not  to  have  a  noticeable  effect  on  the  porosity  determined  by  weighing.  In  these  experiments,  the 
total  areas  of  packing  are  at  least  2.4  times  larger  than  the  ERS. 


3.  EXPERIMENTAL  POROSITIES 

The  values  of  the  2D  porosities  found  by  weighing  and  by  image  processing  are  represented  in  Figure  3.  All 
these  experimental  points  correspond  to  a  single  curve.  2D  porosity  is  an  increasing  function  of  the  aspect  ratio. 
For  an  aspect  ratio  equal  to  1.2,  the  porosity  of  the  stack  is  equal  to  26.5%.  This  stack  can  be  considered  as 
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dense.  Indeed,  for  comparison,  the  lowest  porosity  for  a  compact  packing  of  cylinders  in  2D  would  be  21.5%. 
For  high  aspect  ratios  (r  close  to  50),  the  porosity  is  almost  50%. 


Fig.  3.  2D  porosities  (weighing  and  image 
processing) 
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Fig.  4.  2D  and  3D  porosities 
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In  the  absence  of  a  similar  system  to  compare  the  variation  law  of  the  porosity  found,  we  have  established  a 
parallel  between  2D  and  3D  random  packing  of  fibres.  In  Figure  4,  the  laws  of  variations  are  shown  for  the  two 
types  of  stacks.  We  have  also  mentioned  the  results  of  the  porosity  measurements  of  3D  stacks  found  by 
Milewski  [3],  Nardin  [4],  Rahli  [5]  and  Parkhouse  [7]  and  we  have  specified  the  nature  and  the  characteristics  of 
the  fibres  used.  It  can  be  noted  that  for  3D  stacks,  our  experimental  plots  are  very  close  to  the  single  curve 
found  by  the  other  authors. 


The  porosity  variation  laws  for  2D  and  3D  structures  are  similar.  Two  behaviours  can  be  observed: 
a  noticeably  linear  variation  with  a  high  increase  for  aspect  ratios  lower  than  around  16. 
a  zone  where  the  increase  is  limited  with  an  asymptotic  trend  for  high  values  of  r. 


It  can  be  seen  that  the  porosity  of  2D  packing  is  lower  than  3D  packing.  The  deviation  between  the  two  curves 
increases  with  the  aspect  ratio. 


4.  ANALYSIS  AND  INTERPRETATION 

There  exists  no  theoretical  porosity  prediction  model  of  a  random  packing  of  fibres.  For  3D  stacks,  two  semi- 
empirical  models  have  been  proposed  by  Parkhouse  and  Kelly  and  by  Rahli. 

The  model  of  Parkhouse  and  Kelly  [5],  based  on  a  statistical  approach  to  the  distribution  of  the  pores  in  the 
stacks,  leads  to  the  following  porosity  law: 

Vf  ~  2  x  ln(r)/r  — »  e  =  1  -  2  x  ln(r)/ r  (2) 

Because  of  the  assumptions  made  in  this  model,  it  is  limited  to  3D  packing  and  cannot  be  applied  to  2D  stacks. 

Rahli  [6]  proposes  a  porosity  variation  law  based  on  the  Excluded  Volume  model  elaborated  by  Onsager  [7]. 
This  volume  is  defined  as  the  mean  portion  of  the  space  which  one  fibre  excludes  to  the  centre  of  the 
surrounding  fibres.  By  dividing  this  volume  by  the  volume  of  a  fibre,  the  dimensionless  Excluded  Volume 
obtained  can  be  written  as  following: 

VL~  +  6  +  2r  (3) 

Rahli  proposes  the  following  porosity  law: 
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Vcxci  —  +  6  +  2r 
2r 

where  n  is  the  equivalent  number  of  fibres  contained  in  the  Excluded  Volume.  For  3D  stacks,  Rahli  [6]  finds 
that  n  is  noticeably  constant  and  almost  equal  to  1 1  for  aspect  ratios  higher  than  7  (Figure  5). 


Fig.  5.  number  n  of  fibres  in  the  excluded  Fig.  6. 2  models  of  variations  of  porosity  for  3D 

volume  for  2D  and  3D  packing  packing 

The  comparison  between  these  two  models  and  the  experimental  results  shows  a  good  qualitative  concordance 
(Figure  6).  Rahli’s  model  gives  correct  results  for  aspect  ratios  higher  than  7. 

On  the  basis  of  these  results,  we  have  tried  to  apply  the  model  of  the  Excluded  Volume  to  random  2D  packing. 
Thus,  the  porosity  obtained  for  2D  stacks  is: 
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where  n  represents  the  equivalent  number  of  fibres  contained  in  the  Excluded  Volume.  It  would  appear 
worthwhile  to  study  the  behaviour  of  n  for  2D  packing.  Thus,  from  the  experimental  data  of  porosity  we 
calculate  the  different  values  of  n  (Figure  5). 

For  the  studied  aspect  ratio  range,  contrary  to  3D  packing,  the  parameter  n  is  noticeably  proportional  to  the 
aspect  ratio. 

Using  the  law  found  for  n,  the  porosity  variation  according  to  the  aspect  ratio  can  be  written  as  follows: 
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In  Figure  7,  a  good  agreement  can  be  noted  between  the  measured  values  of  the  porosity  and  the  values 
calculated  with  this  equation.  For  values  of  r  lower  than  3,  a  small  deviation  appears.  From  this  equation,  we 
notice  a  limit  of  the  porosity  equal  to  53.6%  when  the  aspect  ratio  of  the  fibres  tends  to  infinity.  According  to 
our  experimental  results,  this  limit  seems  reasonable.  If  this  limit  works  really  for  high  aspect  ratio,  it  would 
differ  significantly  from  the  limit  obtained  for  3D  packing  which  is  equal  to  100%. 

The  mechanisms  of  random  fibres  packing  in  3D  as  well  as  in  2D  cannot  be  understood  from  the  different 
models  which  have  been  proposed.  In  Photos  1  and  2,  we  observe  the  existence  of  dense  areas  induced  by 
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compact  stacks  and  of  loose  zones  due  to  faulty  packing.  The  compact  area  is  composed  of  a  succession  of 
fibres  ordered  in  the  form  of  bundles  while  the  loose  zone  is  characterised  by  faulty  packing  of  one  or  several 
fibres.  Porosity  depends  on  two  parameters:  the  size  and  the  number  of  the  pores.  An  observation  of  the  stacks 
does  not  show  up  a  characteristic  pore  for  a  given  aspect  ratio. 


Fig.  7.  Comparison  of  the  experimental  porosities  and 
the  porosities  calculated  with  the  excluded  volume  model  for  2D  packing 


To  estimate  the  influence  of  the  size  of  the  pores  on  the  porosity  according  to  the  aspect  ratio,  a  model  defect 
formed  by  4  fibres  (Figure  8)  was  first  considered.  The  elementary  cell  defined  in  this  way  occupies  a  volume 


equal  to  (L  +  d)2  xd  . 


Fig.  8.  Square 
elementary  cell 


To  attempt  to  generalise  this  approach,  the  system  is  now  divided  into  elementary  cells  whose  shape  is  not 
defined  precisely  and  whose  volume  is  K  x  (L  +  d)2  x  d  (where  K  depends  on  the  geometry  of  the  system). 
Each  of  these  cells  contains  a  number  n  of  fibres  which  includes  among  others  the  fibres  ordered  in  bundles 
around  the  defect.  The  porosity  evaluated  in  these  elementary  cells  is: 
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K 
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Figure  9  shows  that  the  values  of  n/K  determined  from  our  experimental  porosities  increase  with  the  aspect 
ratio.  So,  it  is  essential  to  increase  n  and/or  to  decrease  K.  Indeed,  according  to  Photos  1  and  2,  it  seems  obvious 
that  the  geometry  of  the  defects  and  thus  the  parameter  K  depend  significantly  on  the  aspect  ratio  of  the  fibres. 
So,  it  is  very  difficult  to  describe  the  system  with  only  one  geometry  of  the  pores  without  taking  into  account  the 
variation  of  the  shape  of  the  defects  with  the  aspect  ratio.  An  approach  including  the  shapes,  the  sizes  and  the 
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number  of  the  pores  is  necessary  to  uncorrelate  the  parameters  K  and  n  and  then  to  predict  the  experimental 
porosity  better. 


5.  LOCAL  STRUCTURE  OF  2D  STACKS 

To  try  to  understand  in  a  better  way  the  local  structure  of  2D  stacks,  we  have  studied  by  image  processing  the 
densities  and  the  sizes  of  the  defects  and  the  fibres  orientations.  So,  the  variations  of  the  mean  densities  and  of 
the  mean  sizes  of  the  pores  according  to  the  aspect  ratio  of  the  fibres  are  shown  in  Figure  10  and  Figure  11  and 
the  corresponding  fitting  laws  are  given. 


Fig.  10.  Variation  of  the  defects  mean  size  with  r  Fig.  11.  Variation  of  the  defects  mean  density 

with  r 


These  laws  show  that  the  increase  of  porosity  with  the  aspect  ratio  is  due  to  the  increase  of  the  defects  surface 
which  is  more  important  than  the  decrease  of  the  defects  density.  However,  these  laws  have  been  obtained 
experimentally  for  aspect  ratios  lower  than  12  and  the  upper  validity  limit  of  these  expressions  is  unknown. 


Fig.  12.  Defects  sizes  distributions  for  r=1.5 
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Fig.  13.  Defects  sizes  distributions  for  r=10.1 


An  other  way  to  characterise  the  defects  consists  in  determining  the  pores  sizes  distributions.  In  Figure  12  and 
Figure  13,  the  percentage  of  the  total  empty  surface  is  plotted  versus  the  surface  of  the  defects  normalised  by  the 
surface  of  a  fibre  (Sn)  for  r=1.5  and  r=  10.1.  From  these  histograms,  we  are  not  able  to  distinguish  a  main  range 
of  size  of  the  defects. 


Now,  it  would  be  interesting  to  evaluate  the  limit  normalised  size  of  the  defects  which  contribute  significantly  to 
the  porosity.  So,  we  have  defined  the  normalised  surface  Sn90  as  follows: 

The  sum  of  the  areas  of  all  the  defects  having  a  size  lower  than  Sn90  represents  90%  of  the  total  empty  surface. 
The  calculated  values  of  Sn90  are  given  in  Table  2. 


Table  2.  Variation  of  Sn90  with  r 
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From  Table  2,  we  notice  that  Sn90  increases  with  the  aspect  ratio  which  means  that  when  r  increases,  the 
normalised  limit  size  of  the  pores  which  contribute  to  the  porosity  increases  too. 

These  results  on  the  variations  of  the  densities  and  the  sizes  of  the  defects  versus  the  aspect  ratio  show  that  it  is 
very  difficult  to  find  a  main  class  of  defects. 

Moreover,  Photos  1  and  2  shows  that  2D  stacks  are  highly  anisotropic,  especially  for  the  longer  fibres.  So,  we 
have  studied  the  distributions  of  the  fibres  orientations  (0°  corresponds  to  the  horizontal  axis).  Three  examples 
of  distributions  are  shown  in  Figures  14,  15  and  16. 


Frequency  (%) 


Azimuth  (°) 


Fig.  14.  Fibres  orientations  for  Fig.  15.  Fibres  orientations  for  Fig.  16.  Fibres  orientations  for 
r=1.5  r=3.0  r=10.1 


From  these  figures,  we  notice  that  the  mean  orientation  of  the  fibres  decreases  hardly  with  the  aspect  ratio:  47° 
for  r=1.2,  31°  for  r=3,  9°  for  r=10.  The  standard  deviation  of  the  orientations  decreases  also  with  r.  This 
behaviour  is  surely  correlated  to  the  variation  of  the  defects  geometry  with  the  aspect  ratio. 

6.  CONCLUSIONS  AND  PERSPECTIVES 

The  Elementary  Representative  Surface  (ERS)  for  2D  stacks  of  fibres  has  been  determined.  We  have  shown  that 
the  dimensionless  ERS  does  not  depend  on  the  aspect  ratio.  We  have  established  an  experimental  law  of 
porosity  as  a  function  of  the  aspect  ratio  of  the  fibres  for  2D  packing.  This  variation  law  is  similar  to  the  one 
corresponding  to  3D  packing.  However,  for  the  same  aspect  ratio,  the  2D  stack  is  more  compact.  The  Excluded 
Volume  model  for  3D  packing  has  been  extended  to  2D  stacks.  We  have  determined  the  variation  law  of  the 
porosity  versus  r.  The  results  obtained  show  that  the  behaviour  of  a  3D  stack  is  different  from  that  of  a  2D  stack. 
This  approach  predicts  an  asymptotic  porosity  limit  equal  to  53.6%  unlike  the  3D  case  where  this  limit  was 
equal  to  100%.  On  the  basis  of  the  simplified  model  developed,  it  seems  that  the  variations  of  porosity 
according  to  the  aspect  ratio  depend  on  the  variation  of  the  size  and  the  shape  of  the  defects  which  has  been 
proved  by  our  local  analysis.  However,  these  approaches  do  not  help  us  to  understand  the  fundamental 
mechanisms  of  fibres  packing.  In  order  to  do  this,  a  2D  fibres  packing  simulator  is  under  construction.  It 
corresponds  to  a  next  step  of  this  work. 
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ABSTRACT.  Inside  a  two-dimensional  model  of  the  louvered  Dorfan  Impingo  panel  with  transparent  front  and 
rear  walls,  the  flow  regions  of  filter  granules  without  gas  cross  flow  were  observed.  The  white  PE  beads  with 
diameter  of  6  mm  were  used  as  filter  granules.  The  red  colored  PE  beads  were  used  as  tracers.  The  filter  bed  was 
filled  with  beads  continuously  and  gently  levelled  above.  Then  the  layer  of  colored  beads  was  poured  on  the 
horizontal  top  surface.  Filter  granules  were  discharged  and  circulated  to  the  bed.  The  flow  rate  of  granules  was 
controlled  by  the  belt  conveyer.  The  image  processing  system  including  a  frame  grabber  and  a  JVC  videocamera 
was  used  to  record  the  granular  flow.  Every  image  of  motion  was  digitized  and  stored  in  a  computer  file.  Four 
different  flow  regions  in  moving  granular  bed  were  observed:  a)  a  quasi-stagnant  zone  adjacent  to  the  louver 
wall;  b)  a  transition  region  -  a  shear  zone  in  which  large  velocity  changes  occurred  at  each  horizontal  level;  c)  a 
central  flowing  core  of  near  uniform  velocity  distribution  with  a  plug  flow  pattern;  and  d)  the  left  and  right  free 
surface  regions  where  gas  flows  in  and  out.  The  velocity  field  of  filter  granules  was  evaluated  and  analyzed.  The 
velocity  profiles  of  the  vertical  and  horizontal  velocity  components  were  investigated. 

1.  INTRODUCTION 

In  recent  years,  the  development  of  new  approaches  to  generation  of  electric  power  from  coal  -  notably  by 
combined  cycle  processes  using  pressurised  fluidised  bed  combustion  or  gasification  -  has  reawakened  interest 
in  the  problems  of  cleaning  gases  at  high  temperatures.  In  these  processes,  the  gases  obtained  from  the  coal  must 
be  expanded  through  a  gas  turbine.  Therefore  they  must  be  cleaned,  so  as  to  reduce  problems  of  erosion,  fouling 
and  hot  corrosion  in  the  turbine,  and  this  cleanup  must  be  carried  out  without  cooling  the  gases  so  that  the  cycle 
efficiency  is  not  impaired.  Conventional  technology  cannot  provide  the  solution.  Thus  gas  cleaning  at  high 
temperatures  has  emerged  as  a  new  technological  process  in  energy  engineering.  The  requirements  for  coal- 
based  power  plant  have  led  the  developments,  because  they  represent  generally  the  most  difficult  process 
conditions  and  the  tightest  limits  on  gas  cleanliness.  However,  there  are  many  other  industries  where  there  is  an 
incentive  to  extend  the  range  of  process  conditions  under  which  gas  cleaning  can  be  carried  out;  obvious 
examples  are  manufacture  of  cement  and  building  products  and  metallurgical  industries.  Beds  of  granular  solids 
have  been  employed  for  dust  collection  for  many  years  [1],  but  the  subject  has  gained  recent  prominence  as  a 
possible  means  of  simultaneously  removing  fly  ash  and  sulfur  dioxide  from  powerplant  flue  gases  at 
temperatures  in  excess  of  400°C. 

The  Dorfan  Impingo  filter  [2,  3]  was  offered  commercially  as  a  dust  collector  in  the  1950’s.  This  filter  was 
described  in  its  old  advertising  literature  as  being  used,  for  example,  for  the  collection  of  asbestos  dust  during 
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drying  at  several  Canadian  installations,  for  collecting  dust,  fumes  and  steam  arising  from  coking  operations,  and 
for  collecting  fumes  arising  from  steel  production  in  an  electric  furnace.  The  device  was  a  vertical  panel  filter 
using  rocks  of  1.3  cm  to  3.8  cm  as  filter  media,  -see  Fig.  1.  The  filter  media  continuously  fell  through  two 
narrow  panels  where  they  were  contacted  by  a  cross  flow  stream  of  dust-laden  gas.  These  panels  had  constantly 
increasing  cross-sectional  area.  The  tapering  construction  acted  to  prevent  hangs-up  caused  by  increasing  size  of 
filter  media  as  the  dust  builds  up  on  them.  Also,  the  collected  dust  particles  increase  the  cohesion  between  filter 
media,  thus  the  tapered  filter  channel  is  helpful  for  the  ease  of  gravity  flow  of  moving  bed  in  the  louvered  panel. 
The  average  panel  thickness  was  30  cm. 


Fig.  1.  The  Dorfan  Impingo  cross-flow  moving  bed  filter  (Perry  and  Chilton,  1973) 

The  filter  media  flow  rate  was  controlled  by  the  setting  of  a  rotary  valve  located  near  the  bottom  of  the  shaft.  The 
dusts  were  then  separated  from  the  filter  rocks  by  screening  or  other  means.  Two  separate  filtering  louvered 
shafts  in  series  were  used  in  device.  The  inventor  [4]  stated  that  the  efficiency  was  98%  for  2  to  10  pm  dust 
particles  carried  by  the  flue  gas  at  a  superficial  velocity  of  1.8  m/s.  Apparently,  the  shape  and  configuration  of 
the  louvers  are  design  features  that  need  special  attention.  Louvers  properly  designed  can  prevent  a  dense  cake 
from  forming  on  the  panel  face  which  may  cause  plugging,  arching  and  stoppage  of  filter  media  flow  [5].  These 
problems  could  cause  excessive  pressure  drops  and  hampering  the  continuous  filter  operation.  Moving  granular 
bed  filtration  requires  a  filter  design  that  puts  no  restrictions  to  the  flow  of  filter  media  between  the  louvered 
walls.  For  the  cross  flow  moving  bed  Dorfan  Impingo  filter,  this  implies  that  the  filter  media  should  be 
discharged  at  a  continuous  rate  from  short  convergent-straight  channel  formed  by  the  pair  of  louvers. 

There  are  also  many  filters  other  than  the  Dorfan  design  operated  on  a  similar  concept  but  with  different  system 
configurations  and  louver  designs.  One  notable  example  is  the  earlier  model  of  Combustion  Power  Company's 
moving  granular  bed  filter  [6-8].  In  a  previous  work  [9]  we  have  studied  the  flow  patterns  of  filter  granules 
between  walls  formed  by  several  pairs  of  louvers  with  various  configurations.  A  main  finding  of  the  previous 
work  is  that  stagnant  and  quasi-stagnant  zones  could  exist  in  regions  adjacent  to  the  louvers.  The  forming  of 
stagnant  zones  is  considered  negative  to  the  filter  operation  as  far  as  plugging  is  concerned. 

This  paper  presents  the  result  of  a  study  of  the  flow  patterns  in  a  2-D  cross  flow  moving  bed  of  noncohesive 
granular  solids  flowing  under  steady  state  conditions  between  two  vertical  louvered  walls  of  the  Dorfan  Impingo 
filter  with  no  interstitial  fluid  flow  relative  to  the  solids.  The  objective  of  this  study  is  to  investigate  the  flow 
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patterns  and  velocity  field  of  filter  granules  in  Dorfan  Impingo  moving  bed  filter. 

2.  EXPERIMENTAL  APPARATUS  AND  PROCEDURES 

For  the  observation  of  the  flow  patterns  occurring  as  the  granular  bed  flows  continuously,  an  experimental 
technique  with  differentially  colored  granules  has  been  used.  The  model  of  the  experimental  moving  bed  is  two- 
dimensional.  It  consists  of  a  narrow  layer  of  particulate  material  sandwiched  between  two  transparent  panels 
with  louver-like  side  walls.  The  configuration  of  the  louvers  can  be  changed  (louver  spacing,  louver  angle  and 
length  etc.).  The  experimental  apparatus  is  schematically  shown  in  Fig.  2. 


Fig.  2.  The  schematic  drawing  of  the  experimental  apparatus 

The  flow  of  granular  solids  is  induced  and  controlled  by  a  moving  belt  underneath  the  granular  bed.  Granules 
are  fed  into  the  vertical  channel  from  a  top  hopper  which  has  a  rectangular  discharge  slot  of  the  same  cross- 
section  as  the  vertical  channel.  The  height  of  the  channel  is  fixed  (1000  mm)  but  the  width  is  adjustable 
(maximum  width  is  400  mm).  The  channel  width  in  the  experiment  mentioned  in  this  work  is  328  mm  at  the 
upper  part  and  the  louvered  walls  are  tapered  with  wall  inclination  1°  -see  Fig.  3.  For  the  experiments  we  have 
selected  6  mm  diameter  PE  spheres  with  density  of  964  kg/m3  as  granular  solids.  Packing  of  the  spheres  was 
characterized  by  the  bulk  density  measurements.  Two  bulk  densities  were  measured:  a  poured  bulk  density  of 
582  kg/m3  (porosity  0.396)  and  a  tapped  bulk  density  of  600.5  kg/m3  (porosity  0.377).  Both  densities  were 
measured  in  a  graduated  glass  cylinder.  The  mass  flow  rate  measurements  were  made  by  continuous  collection 
of  the  discharged  granules  in  a  tarred  bucket.  Weighing  of  full  buckets  was  made  with  an  electronic  balance. 
The  mass  flow  rate  of  3.52  g/s  was  used  in  this  study. 

Figure  3  shows  the  louver  geometry  of  the  test  conditions  in  Dorfan  Impingo  model  filter.  The  louver  angle  of 
Dorfan  Impingo  filter  was  not  found  in  the  literatures,  but  according  to  the  pictures  it  was  guessed  to  be  around 
50  degrees.  This  is  the  reason  why  50-degree  louver  angle  was  used  in  our  test  model.  Also,  after  some 
recalculations  of  dimensions  in  different  schematic  drawings,  the  increase  of  filter  channel  width  B  is 
determined  to  be  about  1°  in  slope. 
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Fig.  3.  The  louver  geometry  for  the  test  conditions 
B  =  328  mm,  Lx  =  96  mm,  L2  =  65  mm,  H  =  200  mm,  a  =  50° 


During  filling  the  granular  bed,  the  colored  granules  were  filled  in  one  louver  section  as  shown  in  Fig.  4.  In  the 
course  of  the  experiment,  the  filter  channel  was  filled  from  a  top  hopper,  which  always  contained  an  inventory  of 
filter  granules  to  ensure  continuous  supply  during  the  experiment.  Filter  granules  were  circulated  for 
approximately  two  hours  to  make  certain  that  the  flow  has  reached  steady  state  conditions  (meaning  steady  state 
bulk  density  distribution,  flow  patterns  etc.).  A  JVC  video  camera  was  used  to  record  the  development  of  the 
flow  of  colored  granules  until  the  colored  particles  left  the  granular  bed  completely.  The  camera  was  supported 
on  a  sturdy  tripod  and  activated  several  seconds  before  the  flow  of  granules  was  started.  A  Dipix  P360F  power 
grabber  was  used  to  grab  flow  images  from  the  recorded  tape. 

For  the  velocity  measurements,  a  volume  of  20%  differentially  colored  granules  uniformly  dispersed  in  the 
moving  bed  were  used  as  tracers.  The  steady  flow  of  the  colored  granules  was  recorded  by  the  video  camera  for 
about  one  hour.  By  identifying  the  positions  of  every  tracer  in  the  consecutive  images,  the  granule 
displacements  could  be  measured.  Dividing  the  displacements  by  the  time  between  two  images,  the  individual 
granule  velocities  could  be  found.  The  flow  region  was  divided  into  approximate  500  to  600  subregions 
depending  on  the  louver  configurations.  The  mean  velocity  in  each  subregion  was  calculated  from  averaging 
the  whole  tracer  velocities  found  within  the  subregion.  Hence  the  velocity  field  of  the  granular  flow  could  be 
plotted. 


3.  FLOW  REGIONS  OF  FILTER  GRANULES 

Figure  4  shows  the  flow  history  of  the  colored  granules  in  eighteen  frames  under  the  test  conditions.  Frame  1 
shows  the  beginning  of  the  experiment.  The  time  interval  for  frames  1  to  13  is  120  seconds.  The  frames 
following  frame  13  have  progressively  longer  time  intervals.  Four  different  flow  regions  were  found  between 
convergent  part  of  the  louver  section: 

(1)  A  quasi-stagnant  zone  adjacent  to  the  louvered  wall.  The  development  of  this  zone  became  clear  when  the 
granular  bed  is  circulated  for  about  6  minutes  (see  Fig.  4  frames  3  and  4).  Afterwards,  see  Fig.  4,  frames  4  to 
17,  the  quasi-stagnant  zone  diminishes  gradually  when  the  model  filter  is  operated  for  a  long  time.  A  new  bed 
structure  and  porosity  is  developing  in  this  zone  as  filter  granules  flow  out  from  upper  pair  of  louvers  filling 
the  underneath  louver  sections.  Frame  18  shows  that  even  after  circulating  the  bed  granules  for  almost  11 
hours,  the  trace  of  this  zone  is  still  visible. 
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Fig.  4.  Flow  patterns  of  granules  in  the  tapered  channel  of  Dorfan  Impingo  filter.  Frames  1-15,  time 
interval  2min;  frame  16,  time  90  min;  frame  17,  time  270  min;  frame  18,  time  643  min 


(2)  A  transition  region  between  the  quasi-stagnant  zone  and  a  central  flowing  core.  In  Fig.  4,  the  development  of 
this  region  is  clearly  seen  in  frames  5  and  after.  Actually  this  region  started  to  develop  once  the  granules 
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began  flowing.  This  is  a  shear  zone  with  movement  of  filter  granules  one  next  to  another  and  with  significant 
velocity  changes  from  point  to  point  over  a  small  horizontal  distance.  The  distribution  of  inter-granular 
friction  forces  cause  the  granules  to  move  in  such  a  way  that  the  boundary  between  the  quasi-stagnant  zone 
and  this  region  slowly  dispersing  toward  the  walls.  Taking  the  third  pair  of  louvers  for  example,  the  influence 
of  the  moved  granules  eventually  reached  the  granules  adjacent  to  the  walls.  The  movements  of  the  granules 
in  frames  5  to  13  indicate  that  granules  are  moving  predominantly  in  vertical  direction  with  relatively  small 
horizontal  dispersion.  It  is  shown  clearly  in  these  frames  that  there  is  a  cascading  granular  transport  in  the 
transition  regions  at  different  louver  sections  of  the  granular  bed  from  top  to  bottom.  Granules  flow  from 
upper  transition  region  into  the  underneath  transition  region. 

(3)  A  central  flowing  core  with  a  plug  flow.  There  are  small  velocity  fluctuations  about  the  average  plug  velocity 
[10].  The  boundary  between  the  central  flowing  core  of  filter  granules  and  the  transition  region  is  slightly 
curved  outwards. 

(4)  Left  and  right  free  surface  regions.  These  free  surfaces  are  not  characterized  by  a  unique  angle  of  repose,  but 
by  a  minimum  angle  of  repose  and  an  angle  of  maximum  free  surface  stability.  The  angle  of  free  surface  of 
filter  granules  oscillates  between  these  angles.  It  leads  to  avalanches  of  filter  granules  over  the  free  surfaces. 
When  the  angle  of  free  surface  drops  below  the  minimum  angle  of  repose,  the  new  filter  granules  will  roll 
down  the  slope  of  free  surface  until  the  angle  of  maximum  stability  is  restored. 

The  flow  of  granules  between  the  short  straight  part  of  the  louver  section  exhibited  plug  flow  pattern  with  very 
thin  wall  layer  of  lower  velocities.  This  straight  part  has  very  little  overall  effect  on  the  movement  of  granules. 

4.  VELOCITY  FIELD  IN  MOVING  BED 

Figure  5  show  the  velocity  field  of  granules  during  the  steady  state  flow  period  of  velocity  measurements.  The 
symbols  of  X  and  Y  represent  the  horizontal  and  vertical  coordinates.  The  regions  adjacent  to  the  louver  walls 
in  Fig.  5  where  no  velocity  vectors  are  shown  indicate  that  the  granule  velocities  in  these  areas  are  negligible  as 
mentioned  in  the  above  section.  The  quasi-stagnant  zones  exist  close  to  the  louver  walls. 


Fig.  5.  Velocity  vectors  of  granules  in  the  louvered  channel  of  Dorfan  Impingo  filter,  wall  inclination  1° 

From  Fig.  5,  the  quasi-stagnant  zones  are  symmetric  in  the  test  because  the  louver  configuration  in  this  system  is 
symmetric.  The  central  plug  flow  zone  has  uniform  granule  velocities,  which  are  substantially  higher  than  the 
granule  velocities  in  quasi-stagnant  zones.  The  width  of  the  central  plug  flow  zone  is  approximately  equal  to  the 
width  of  the  straight  channel  between  pair  of  louvers.  The  quasi-stagnant  zone  does  not  exist  along  the  louver 
wall  of  straight  channel.  Nevertheless  the  granule  velocities  along  the  straight  louver  walls  are  less  than  the 
plug  flow  velocity. 
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For  the  filter  operation,  the  sufficiently  large  free  surface  of  filter  granules  is  very  important,  because  it  is  the 
effective  area  of  contacts  between  dust  particles  and  filter  granules.  Also,  to  avoid  the  plugging  problems,  it  is 
necessary  that  the  filter  granules  in  free  surface  region  have  to  be  moved  in  order  to  transport  the  adhered  dust 
particles  out  of  the  filter  bed.  Unfortunately  in  Dorfan  Impingo  filter,  the  free  surface  is  just  located  in  the  quasi- 
stagnant  zone,  so  the  dust  particles  cannot  be  transported  efficiently  which  may  results  in  serious  plugging 
problems.  The  flow  regions  described  in  Fig.  5  indicate  that  only  the  filter  granules  in  the  central  flowing  core 
can  be  moved  and  circulated  but  without  efficient  contacts  with  dust  particles.  So  the  plugging  problem  and  the 
inefficient  circulation  of  filter  granules  seem  to  be  the  major  drawbacks  of  this  Dorfan  Impingo  filter  design. 
The  dirty  filter  granules  are  removed  from  the  moving  bed  to  be  cleaned.  Then  they  can  be  used  again.  This 
circulation  process  is  called  refreshing  of  filter  granules.  For  the  moving  bed  filter  operation,  the  granules 
refreshing  rate  is  an  important  design  parameter.  The  granules  refreshing  rate  can  be  determined  by  the  time 
required  to  completely  replace  the  whole  moving  granular  bed  with  a  new  batch  of  circulated  particles. 

5.  VELOCITY  PROFILES  IN  MOVING  BED 

Figures  6  and  7  show  the  vertical  and  horizontal  velocity  distributions  at  five  different  horizontal  levels  in  a 
louver  section.  The  curves  in  Figs.  6  are  fitted  by  the  second  order  polynomials  from  the  original  data  extracted 
from  Fig.  5.  Each  error  bar  indicates  the  root  of  the  mean  square  deviation  of  the  original  data  from  the 
corresponding  fitted  curve  for  every  5  data  points.  The  levels  ‘a’  and  ‘e’  denote  the  inlet  and  outlet  of  the  louver 
section.  It  means  the  curve  of  level  ‘a’  is  evaluated  from  the  velocity  vectors  underneath  the  line  ‘a.’  On  the 
other  hand,  the  curve  of  level  ‘e’  is  evaluated  based  on  the  data  above  of  the  horizontal  line  ‘e.’ 


X  (mm) 

Fig.  6.  The  five  vertical  velocity  profiles  of  Fig-  The  five  horizontal  velocity  profiles 

granules  in  the  louvered  channel  of  °f  granules  in  the  louvered  channel 

Dorfan  Impingo  filter  of  Dorfan  Impingo  filter 

The  horizontal  velocity  distributions  shown  in  Fig.  7  are  fitted  by  the  third  order  polynomials  from  the  original 
data  extracted  from  Fig.  5.  The  error  bars  have  the  same  meaning  as  those  in  Fig.  6.  The  curves  in  Fig.  7  are 
horizontally  S  shaped.  This  shape  indicates  the  convergent/divergent  streamlines  of  the  filter  granules.  The  S 
shapes  are  diverging  flow  type  for  levels  ‘a’  and  ‘c.’  In  levels  ‘d’  and  ‘e,’  the  opposite  S  shaped  curves  indicate 
clearly  the  converging  flow.  The  horizontal  velocity  distribution  in  level  ‘b’  is  relatively  flat. 

6.  CONCLUSIONS 

The  typical  Dorfan  Impingo  louver  configuration  with  tapered  filter  channel  was  tested  in  this  study.  The  flow 
patterns  and  the  velocity  field  show  that  the  larger  quasi-stagnant  zones  exist  close  to  the  louvers.  Only  central 
stream  of  filter  granules  is  in  uniform  motion.  But  the  central  granular  stream  is  almost  isolated  from  the  coming 
flue  gas  by  the  quasi-stagnant  zones.  These  zones  between  the  louvers  and  the  central  flowing  core  look  similar 
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to  the  pockets  of  static  granules  or  dead  zones. 

From  the  point  of  view  of  the  mechanics  of  granular  flows,  this  Dorfan  Impingo  filter  has  a  too  large  louver 
angle  resulting  in  the  large  quasi-stagnant  zones.  The  very  low  velocity  of  filter  granules  in  the  quasi-stagnant 
zones  causes  the  accumulation  of  dust  coming  with  hot  flue  gases  along  the  free  surface  of  filter  granules.  When 
the  layer  of  dust  gathered  above  the  free  surface  in  the  gas  inlets  is  thick  enough,  the  plugging  will  increase  the 
pressure  drop  in  the  moving  bed  filter  and  the  process  of  the  filtration  has  to  be  stopped.  For  an  efficient  design 
of  filter  channel,  the  flow  properties  of  filter  granules,  the  wall  friction  and  the  louver  angle  are  important 
parameters.  In  a  real  design  of  moving  bed  filters  with  louvered  channel,  the  flow  properties  of  mixture  of  filter 
granules  with  dust  (fly  ash)  should  be  considered. 
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ABSTRACT.  Heat  transfer  in  a  porous  medium  subjected  to  the  effect  of  internal  heat  sources  is  considered. 
Macroscopic  equations  are  obtained  from  the  method  of  volume  averaging.  Both  local  equilibrium  and  non-local 
equilibrium  conditions  are  considered.  It  is  shown  that  homogeneous  sources  can  simply  be  taken  into  account 
by  introducing  averaged  values  in  the  macroscopic  equations.  The  heterogeneous  source  term  corresponding  to 
heat  sources  at  the  interface  between  the  two  phases  requires  a  different  treatment.  The  average  source  is 
distributed  in  the  two  macroscopic  equations  of  the  local  non-equilibrium  model  through  a  distribution 
coefficient,  which  is  given  by  a  local  “closure  problem”.  This  closure  problem  is  solved  numerically  for  different 
representative  unit  cells,  and  for  different  values  of  the  thermal  conductivity  ratio  and  Peclet  number.  Numerical 
experiments  are  performed  to  test  the  theory,  and  results  show  a  good  agreement  between  theoretical  and 
“experimental”  predictions. 


1.  INTRODUCTION 

In  this  paper,  heat  transfer  in  a  porous  medium,  or  a  two-phase  system,  is  considered  with  internal  homogeneous 
and  heterogeneous  sources.  The  system  under  consideration  is  illustrated  in  Fig.  1.  Fluid  and  solid  properties  are 
assumed  to  be  constant. 

The  pore-scale  governing  equations  are  the  following 


V  -  =  0  ,  in  the  /3  -  phase 

(1) 

(pcp)p  +  (pep  )p  vp  •  VTp  =  V  •  (kpVTp  )  in  the  /3  -  phase 

(2) 

B.C.l 

Tp  =  Ta,  at  ApCT 

(3) 

B.C.2 

n(3a  '  ^p^Tp  =  npa  ‘  kaVTa  +  £2,  at  Aga 

(4) 

(pcp)a-^  =  V-(kCTVT0)+<PCT  ,  inthec-phase 

(5) 
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B.C.3 


\ _ averaging 

volume ,  Q(/r 

Fig.  1.  Averaging  volume  in  a  porous  medium 

9vg  2 

pR-^  +  PpYp-V-vp  =-ypp  +  ppg  +  ppv  vp, in  the (3 -phase 
dt 

Vp  =  0,  at  Apa 


(6) 

(7) 


In  these  equations,  va  ,  Ta  ,  pa  ,  (pcp)a  ,  ka  are  the  velocity,  the  temperature,  the  pressure,  the  heat  capacity  and 
the  thermal  conductivity  of  the  a-phase  respectively.  The  homogeneous  source  term  is  <E>0,  and  the 
heterogeneous  source  term  is  characterized  by  £2.  No  source  term  is  included  in  the  P-phase,  but  this  would  not 
pose  any  additional  difficulties.  In  these  equations,  Ap0  represents  the  area  of  the  interface  between  the  two 
phases. 

The  momentum  equations  can  be  solved  independently,  and  this  would  lead  to  the  introduction  of  Darcy’s  law  at 
the  macroscopic  level  as  discussed  from  the  point  of  view  of  the  volume  averaging  technique  in  [1].  In  the  sequel 
of  the  paper,  vp  is  assumed  to  be  a  known  field.  The  problem  of  describing  macroscopically  heat  transfer  in  such 
systems  has  been  discussed  in  many  papers  [2, 3, 4 ,5 ,6].  Several  questions  have  been  addressed  comprehensively 
such  as  the  problem  of  local  and  non-local  equilibrium,  and  the  calculation  of  the  effective  properties  found  in 
the  macroscopic  equations. 

The  problem  of  the  impact  of  the  heat  source  terms  has  received  less  attention,  and  this  is  the  subject  of  this 
paper,  following  ideas  that  have  been  presented  in  [7].  First  we  review  the  introduction  of  macroscopic  equations 
from  the  point  of  view  of  the  method  of  volume  averaging.  Then,  we  show  how  the  heat  source  terms  are 
included  in  the  equations,  and  how  the  associated  effective  properties  can  be  calculated.  In  the  last  section,  we 
present  some  numerical  results  for  the  distribution  coefficient  that  appears  in  the  two-equation  model  associated 
with  the  heterogeneous  heat  sources. 


2.  AVERAGED  EQUATIONS 

In  this  paper,  we  adopt  the  point  of  view  of  the  method  of  volume  averaging,  and  averages  are  defined  according 
to 

(Vp)  =  ^  J  VpdV  =  JVpdV  =  ep(vp  f  (8) 

v  vp  v  VP  vp 

where  £p  is  the  (3-phase  volume  fraction. 

The  pore-scale  temperature  fields  are  obtained  by  introducing  the  following  decomposition 

Vp=(vp)P+¥p  W 

From  the  pore-scale  equations  we  obtain  after  some  mathematical  manipulations  the  two  averaged  equations  that 
are  given  below 


p(PCp)p^-  +  £p(pcp)p{vp)P -Vfrp)* 


accumulation 

f 


concection 


=  V 


'Pc 


(10) 


ePv(Tp)P+^r  JnpaVA  -(Pcp)pV'(^p)  +  ^r  Jnpa -kpVTpdA 


dispersion 


conduction 


interfacial  flux 


for  the  (3-phase,  and 


3<Ta>° 


£a(Pcp)a  0t 


accumulation 


=  V- 


£aV(Ta)°+^  JncpTadA 


conduction 


+  JnaP  ' ^a^^adA  +  Ea^a) 

V  A, 


'op 

interfacial  flux 


homogenous 
thermal  source 


(ID 


for  the  a-phase. 

From  these  equations  we  see  a  major  difference  between  the  two  types  of  heat  sources.  The  homogeneous  heat 
source  appears  as  a  simple  averaged  value,  while  the  heterogeneous  source  will  have  a  complicated  impact  on 
the  interfacial  fluxes.  While  the  amount  of  energy  produced  by  this  heterogeneous  source  is  also  a  simple 
averaged  value,  the  way  it  is  distributed  between  the  two  phases  is  the  problem  to  be  solved  if  one  wants  to 
obtain  macroscopic  equations. 

Since  the  temperature  deviations  appear  in  the  averaged  equations,  we  need  governing  equations  for  these  pore- 
scale  fields.  They  are  obtained  by  introducing  the  temperature  deviations  into  the  pore-scale  equations  and 
boundary  conditions.  We  do  not  list  the  whole  system  of  equations  (indications  on  how  to  deal  with  such 
problems  can  be  found  in  [7]).  To  illustrate  the  problem  to  be  solved,  we  give  the  equation  associated  with  the  o- 
phase 
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(12) 


(PCp)a^  =  V-[kaVT0]-V- 


V, 


PA, 


JnCTpfadA 


aP 


~  1  naP  '  kaVTadA  -  -j—  Jnap  •  kaV(Ta)adA  +  d>a 
VP  VP  Aog 


In  this  equation,  we  see  different  source  terms  involving  the  gradient  of  the  averaged  temperature,  the  deviation 
of  the  homogeneous  source  term.  This  last  term  is  zero  if  the  source  term  is  constant,  or  it  will  be  negligible  for 
sufficiently  small  non-linearities  within  the  averaging  volume.  Therefore,  the  closure  problem,  which  represents 
an  approximate  solution  of  the  coupled  equations  for  the  averaged  temperatures  and  deviations,  will  not  depend 
on  the  homogeneous  source  term.  The  induced  effective  properties  will  not  be  influenced  either.  The 
developments  presented  in  this  paper  will  show  that  the  treatment  of  the  heterogeneous  source  term  is  more 
complicated. 

One-equation  Model 

In  the  case  of  local  equilibrium,  i.e.,  (t^  =  (Tct)c  =  (t)  ,  an  approximate  solution  is  obtained  by  introducing 
the  following  mapping  relations 

Tp  =  bp-V(T),  Ta  =  b0-V(T)  (13) 

in  which  the  mapping  variables  are  given  by  a  “closure  problem”  which  can  be  found  in  [5].  The  averaged 
equations  can  be  added  to  obtain  the  following  local-equilibrium  one-equation  model 

<P>cP^p  ■ +  eB(pCp)f5<vp)f}  V(T)  =  V  •  (K*  •  V(T>)+  av(Q>So  +  (14) 

where  av  is  the  specific  area  and  (^)pa  is  the  area  averaged  value  of  the  heterogeneous  thermal  source.  Here  the 
heat  capacity  per  unit  volume  is  given  by 

(p)Cp  =  Ep(pcP^  +£0(pcp)0  (15) 


and  the  effective  thermal  diffusion  tensor  K*  is  given  explicitly  in  terms  of  the  mapping  variables  (see  [5]).  In 
the  local-equilibrium  model,  the  heterogeneous  source  is  included  in  a  simple  manner  as  an  average  value  in  the 
macroscopic  equation. 

Two -equation  model 

In  many  cases,  the  assumption  of  local  equilibrium  does  not  hold,  and  non-equilibrium  models  have  been 
proposed  under  the  form  of  two-equation  models.  In  [7]  we  present  a  formulation  of  the  two-equation  model  that 
incorporates  the  effect  of  heterogeneous  sources.  The  proposed  mapping  between  averaged  temperatures  and 
deviations  is  the  following 

Tp  =  bpp  •  v(Tp)P  +  bpo  •  V(Ta)°  -  sp^Tp)P  -  <Ta)a  j  +  rg£2  (16a) 

Tc  =  bop  •  v(Tp)P  +  baa  •  V(Ta)°  +  saj^(Ta)a  -  (Tp)Pj+  raQ  (16b) 

Several  closure  problems  are  available  that  defines  the  mapping  fields.  Using  these  representations,  the  averaged 
equation  for  the  (3-phase  becomes 
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(17) 


ep^c4“^r_+E^c4(vp)f5  -u3P  ■  v(tp)p  _u^  -v(To)a 

=  V  •  (%  ■  v{Tp)P  +  K*pCT  •  V(TC)°  j  -  avh(^(Tp)P  -  (T0)°  j  +  av^ 


while  the  equation  for  the  o-phase  is 


kl%^+u«P'v('u>f!-“o<>'vCr»>c 


(18) 


=  V 


K„ 


0p  •  v(Tp)P +  Koa -V(Ta)°  ]-avh(  (Ta)a -(Tpf  ]  +  eCT(a>a)° +  av(l-^)Q 


All  effective  properties  are  defined  in  terms  of  the  mapping  fields  found  in  Eqs.  16.  In  this  paper  we  focus  our 
attention  on  the  exchange  terms,  which  are  given  by 

avh  =  JnpCT  -kpVspdA  ;  av£  =  ^  Jnpa -kpVrpdA  (19) 

VApa  VAPcx 

The  first  one  describes  the  rate  of  exchange  of  heat  between  the  two  phases,  while  l,  called  the  distribution 
coefficient,  represents  the  way  the  heat  generated  on  the  surface  is  distributed  between  the  two  phases.  We  do 
not  list  all  the  closure  problems  that  have  been  proposed.  Given  the  scope  of  the  paper,  we  give  below  the  fourth 
closure  problem  for  the  mapping  scalar  fields  r^and  ra. 


(pCpjpVp  -Vrp  =kpV2rp  -avep^,  in  the 0- phase 

(20a) 

B.C.l 

nP<r  ’  =  npa  '  k<jVra  + 1,  at  Apa 

(20b) 

B.C.2 

ip  =rw,  atApa 

(20c) 

0  =  kcV2rCT  -ave”1(l-^)!  in  the  a -phase 

(20d) 

Periodicity: 

rp(r  +  ^i)  =  rp(r)  ro(r  +  ^i)  =  ra(r)>  i  =  1,2,3 

(20e) 

Average: 

(rp)P=0,  (ra)a=0 

(20f) 

Examples  of  solutions  of  this  closure  problem  are  given  in  the  next  section. 

3.  THE  DISTRIBUTION  COEFFICIENT 

The  closure  problem  introduced  in  the  previous  section  has  been  solved  numerically  for  different  periodic  unit 
cells  using  a  volume  element  technique.  Results  are  presented  in  Fig.  2  and  Fig.  3  in  terms  of  the  distribution 
coefficient  versus  the  cell  Peclet  number,  for  different  values  of  the  thermal  conductivity  ratio. 

The  cell  Peclet  number  is  defined  as 

Peceu  =  (pcp^(vp)%/kp  (21) 

where  lb  is  some  unit  cell  characteristic  length-scale. 


486 


The  results  show  that  the  distribution  coefficient  is  very  sensitive  to  the  thermal  conductivity  ratio,  and  less 
sensitive  to  the  Peclet  number  for  the  studied  geometry. 


Fig.  2.  Distribution  coefficient  for  two-dimensional  arrays  of  cylinders  (Ep  =  0.38) 


P  ^cell 


Fig.  3.  Distribution  coefficient  for  a  simple  cubic  packing  of  spheres  (£p  =  0.47) 


4.  NUMERICAL  EXPERIMENTS 

In  this  section  we  present  a  comparison  between  averaged  temperatures  computed  from  direct  solution  of  the 
pore-scale  equations  and  theoretical  predictions  based  on  the  solution  of  the  averaged  equations  with  the 
appropriate  effective  parameters  obtained  from  the  closure  problems  presented  above.  This  has  been  done  for  the 
simple  unit  cell  shown  in  Fig.  4.  The  initial  condition  corresponds  to  a  constant  temperature  taken  to  be  zero  in 
this  calculation.  The  system  is  infinite  in  all  directions  so  there  is  no  gradient  of  the  averaged  temperatures.  With 
the  above  conditions,  the  averaged  equations  simplify  to 


^<f,c4^r  ’  ■avh'(Tp}P  -  W’)+ ^  <22> 

= -av{<T»r  -  (ifc)p]+av(1  - «“  <23> 

For  the  unit  cell  under  consideration,  the  closure  problems  can  be  solved  analytically  to  obtain 


Fig.  4.  Unit  cell  for  the  stratified  system 

The  direct  solution  of  the  pore-scale  equations  has  been  obtained  numerically,  while  the  solution  of  the  averaged 
equations  was  obtained  analytically.  The  pore-scale  temperature  fields  have  been  averaged  to  provide 
“experimental”  values  that  can  be  compare  to  theoretical  predictions  obtained  from  the  averaged  equations. 

An  example  of  such  a  comparison  is  shown  in  Fig.  5,  for  which  the  values  of  the  different  parameters  were  taken 
to  be 

£2=500  W/m2  ;  lp=lcr=0.01  m  ;  (pcp)p=106  J/m3 K  ;  (pcp)o=104  J/m3K  ;  kp=100  W/m  K  ;  k^O.l  W/m  K 
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The  results  show  that,  even  for  this  chosen  important  contrast  of  properties,  the  agreement  between  theoretical 
predictions  and  actual  data  is  very  good.  This  confirms  that  the  proposed  solution  of  the  coupled  pore-scale  and 
averaged  equations  is  a  good  approximation  and  can  be  used  in  practical  applications. 


Fig.  5.  Comparison  between  theoretical  results  and  numerical  experiments. 

5.  CONCLUSION 

Based  on  the  theory  of  volume  averaging,  we  discussed  the  introduction  of  heat  sources  in  the  macroscopic 
equations  describing  heat  transfer  in  porous  media.  The  homogeneous  sources  are  taken  into  account  in  a  simple 
manner  in  both  the  two-equation  and  the  one-equation  models.  On  the  contrary,  the  heterogeneous  source 
requires  the  introduction  of  an  additional  closure  problem,  and  leads  to  terms  in  the  macroscopic  two-equation 
model  involving  a  distribution  coefficient.  This  coefficient  describes  how  the  heat  is  distributed  between  the  two 
phases. 

This  distribution  coefficient  has  been  calculated  numerically  for  2D/3D  simple  unit  cells.  Results  show  that  this 
parameter  is  very  sensitive  to  the  thermal  conductivity  ratio.  For  a  simple  unit  cell,  the  comparison  between 
theoretical  predictions  and  numerical  experiments  showed  a  good  agreement,  which  emphasizes  the  practical 
interest  of  the  proposed  theory. 
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ABSTRACT.  Experiments  were  conducted  on  the  fluid  flow  and  heat  transfer  for  packed  glass  beads  between 
plates  with  longitudinally  mini-channeled  surface.  The  measured  results  were  reported  for  different  configuration 
combinations.  Remarkable  improvement  in  performance  of  pressure  drop  and  heat  transfer  can  be  obtained. 
Optimum  aspect  ratio-channeled  configuration  would  exist,  which  was  found  to  be  varied  with  Reynolds 
number. 


I.  INTRODUCTION 

The  plate  heat  exchangers  are  widely  used  in  engineering,  such  as  for  papermaking  process,  chemical  unit 
operation  and  refrigeration,  due  to  its  higher  heat  transfer  coefficient.  Other  applications  can  be  found  in  food, 
pharmaceutical,  and  hygienic  industries  for  its  convenience  for  cleaning.  The  flow  maldistribution  should  be 
avoided,  the  cross-chevron  of  plates  gives  lattice  support  points  against  internal  pressure  and  a  complex  flow 
channel  shape  for  heat  transfer  enhancement.  Further  improvement  is  expected  for  reduction  of  volume  and 
material  cost  consideration  for  given  duty.  Many  forms  of  the  corrugated  surfaces  can  be  found  in  commercial 
plate  heat  exchangers  and  more  complex  plate  surfaces  are  emerging  in  practice^]. 

Many  passive  and  active  techniques  available  for  augumentation  of  heat  transfer  [2,3].  Insertion  of  some  voritce 
devices  is  one  of  the  simplest  agumentation  techniques,  which  can  intensify  heat  transfer  due  to  the  fluid  mixing 
induced  the  insertions.  The  micro  packed  beads  of  higher  thermal  conductivity  has  been  used  recently  in  micro¬ 
heat  exchangers  for  cooling  of  electronic  components,  beads  acting  also  as  the  extended  surface  for  heat  transfer. 
However,  the  micro-beads  packing  can  not  be  employed  for  the  conventional  heat  transfer  equipment  duo  to  its 
high  pumping-power  consumption.  Higher  porosity  insertions  are  introduced  for  the  tube  and  plate  heat 
exchangers  and  low  aspect  ratio  setting  is  desired  from  the  considerations  of  geometry  of  plate  heat  exchangers. 
This  practice  can  intensify  heat  transfer  of  the  plate  exchangers  and  also  ensure  the  mechanical  strength.  With 
consideration  of  high  degradation  of  metals  due  to  corrosion,  erosion  and  oxidation,  solid  matrix  such  as  glass 
and  nylon  may  be  used  for  packed  beads  as  usual.  In  such  situations,  the  local  thermal  equilibrium  between  solid 
and  fluid  is  usually  assumed  and  the  mechanical  dispersion  is  dominant  in  heat  transfer  enhancement"  due  to  the 
continuous  change  of  the  flow  direction  forced  by  the  packing.  Although  the  higher  porosity  in  the  wall  region 
leads  to  the  greater  velocity  than  in  the  central  region  and  tends  to  enhance  heat  transfer,  the  wall  effect  normally 
abate  the  fluid  mixing  and  hence  decrease  the  overall  performance  of  heat  exchanger.  A  new  technique  to 
decrease  the  wall  effect  was  proposed  here  in  which  mini-longitudinal  channels  are  provided  on  the  heated  plate 
surface.  This  can  reduce  the  flow  resistance  of  hot  water  and  meantime  to  intensify  heat  transfer.  Since  the 
pesuo-continumm  assumption  is  invalid  and  no  existing  model  can  be  applied  for  the  theoretical  analysis  for 
such  proposed  combination,  we  conduct  experimental  investigation  on  the  fluid  flow  and  heat  transfer  with 
glass-beads  packing  between  longitudinally  mini-channeled  surface  plates,  so  as  to  investigate  the  effect  of  mini¬ 
channel  bed  surface  on  the  pressure  drop  and  heat  transfer. 

In  this  article,  we  report  the  measured  results  of  the  pressure  drop  and  heat  transfer  with  flow  rate  for  different 
aspect  ratio  and  different  mini-longitudinal  channels  on  the  plate  surface.  The  remarkable  improvement  in 
performance  can  be  obtained  with  suitable  combination  of  channeled-surface  configuration. 

II.  EXPERIMENTAL  SETUP 

The  experiments  were  performed  in  an  experimental  facility  as  shown  in  Fig.l  schematically.  The  system  is 
mainly  composed  of  a  heating  fluid  loop,  a  cold  fluid  loop  and  the  test  section.  Water  was  taken  as  testing  fluids. 
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The  water  tank,  pump  and  connecting  tube  make  up  the  hot  water  loop.  The  regular  valves  control  the  flow  rate. 
The  heater  in  the  tank,  which  was  regulated  by  the  applied  electric  voltage,  maintains  the  temperature  of  water  at 
the  inlet  of  the  experimental  section.  Tap  water  serves  as  the  cool  fluid,  which  directly  drain  away  after  passing 
through  the  test  section. 

Figure  2  shows  the  structure  of  the  test  section  in  detail.  The  heat  exchange  element  is  an  aluminum  plate 
assembled  into  a  frame  with  sealing  washer.  The  distance  between  the  plate  and  the  frame  was  changed  by 
different  gasket.  A  120mmx300mm  rectangular  plate  for  heat  transfer  section  is  designed  to  ensure  heat  transfer 
to  be  one-dimensional  approximately.  At  both  ends  of  flow  passage,  headers  serve  also  static  mixers.  The  fluids 
flow  along  both  sides  of  the  plate  in  counter  direction.  Glass  beads  of  uniform  diameter,  dp ,  are  chosen  as 

packed  medium.  Stainless  steel  screen  with  a  flow  distributor  is  placed  in  each  static  mixer  to  hold  the  packed 
beads  in  place.  Special  opening  is  machined  on  the  frame  plates  for  convenience  of  packing.  The  lump  porosity 
of  the  packing  can  be  obtained  from  the  weight  of  the  packed  beads  and  the  packing  volume.  As  the  high  scatter 
of  the  bed  porosity  for  the  packed  channel  of  low  aspect-diameter  ratio,  the  bed  porosity  must  be  determined 
after  several  repackings. 

The  pressure  drop  across  the  test  section  was  measured  by  U  tube  mercury  manometer.  Two  rotameters  were 
used  to  indicate  the  approximate  flow  rate,  and  actual  flow  rate  were  measured  by  the  standard  weight  method. 
Teflon  coated  copper-constantan  thermocouples  were  used  to  measure  the  temperature  difference  between  the 
inlet  and  outlet  of  the  test  section.  The  measurement  generally  proceeds  by  maintaining  the  required  flow  rates  of 
both  hot  water  and  cold  water  and  the  input  power  of  heater.  The  steady  state  must  be  established  until  the  data 
of  the  flow  rates,  the  temperature  and  pressure  difference  between  the  inlet  and  outlet  of  the  channels  are 
recorded.  It  is  noted  that  the  pressure  difference  must  be  measured  twice  before  and  after  packing  in  order  to 
eliminate  the  effect  of  screens  and  the  distributors.  Fifteen  thermocouples  are  placed  at  equally  spaced  locations 
on  the  plate  in  order  to  obtain  the  averaged  mean  temperature,  which  were  calculated  as: 


here  tbi  is  the  measured  temperature  at  the  plate  and  n  is  the  number  of  thermocouples  for  the  plate.  If  the  bulk 

temperature  of  the  hot  fluid  in  the  test  section  is  taken  as  the  arithmetic  mean  temperature  at  the  inlet  and  the 
outlet,  the  averaged  mean  temperature  difference  between  the  plate  and  the  test  fluid  is 

Atm  =  tbm  (2) 

here  tl  and  f,  are  the  temperature  of  the  hot  fluid  at  the  inlet  and  outlet  of  the  channel.  The  quantity  of  heat 
transfer  from  the  hot  fluid  to  the  coolant  was  obtained  from  the  energy  balance  eqaution: 

Q  =  m,(h;-h;)=m1cp(T1'-T1')  (3) 

The  heat  transfer  coefficient  was  hence  evaluated  as: 


h  = 


Q 

FAtm 


(4) 


where  F  is  the  effective  heat  transfer  area  of  the  plate.  The  corresponding  Nusselt  number,  based  on  the  space 
between  plates,  5  ,  can  be  obtained  thereby: 


(5) 
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The  estimated  maximum  deviation  of  pressure  drop  is  less  than  4.0%,  While  the  relative  deviation  of  the  flow 
rate  is  less  than  0.5%.  The  thermal  balance  between  the  hot  and  cold  fluids  was  checked  by  the  temperature 
differences  and  the  flow  rates.  It  was  found  to  be  less  than  5%.  The  maximum  relative  deviation  of  the 
convective  heat  transfer  coefficient  is  13.1%  and  the  corresponding  standard  square-root  deviation  is  11.2%.  The 
main  sources  of  the  deviation  are  the  errors  of  the  heat  transfer  rate  between  the  hot  and  the  cold  fluids  and  the 
temperature  difference  between  the  inlet  and  outlet  of  the  fluids,  which  are  estimated  to  be  less  than  11%  and 
1.5%  respectively. 


III.  RESULTS  AND  DISCUSSIONS 

In  order  to  identify  the  effects  of  the  mini-longitudinal  channeled  plate  surface  on  flow  resistance  and  heat 
transfer,  different  channeled  plate  surfaces  have  been  investigated  experimentally.  The  configuration  of  the 
channeled  plate  surface  was  demonstrated  in  figure  3.  The  dimension  of  the  mini-channels  are  listed  below: 


Plate  A 

Plate  B 

Plate  C 

W(mm) 

0.5. 

0.5 

1.0 

E(mm) 

0.5 

0.5 

1.0 

B(mm) 

0.5 

1.0 

1.0 

Extended 
surface  ratio 

1.178 

1.356 

1.356 

(w+b)  really  represent  the  pitch  of  longitudinal  channels. 

Figure  4  shows  the  variation  of  Nusselt  number  with  Reynolds  number  for  different  plates  without  packing.  It  is 
seen  from  Fig.4,  the  mini-longitudinal  channels  on  the  plate  surface  almost  have  no  obvious  effects  on  heat 
transfer  in  these  situations.  This  may  be  explained  as  that,  the  fluid  will  bypass  the  mini-channels  and  flows 
through  main  passage  with  a  lower  flow  resistance,  the  resulting  low  flow  in  the  channeled  region  may  actually 
resulAn  no  change  in  heat  transfer  rate  on  the  plate.  This  is  similar  to  the  situation  studied  early  by  Kadle  and 
Sparrow[4]  for  the  effect  of  tip  to  shroud  clearance  on  the  resulting  heat  transfer.  It  can  be  deduced,  therefor, 
that  the  mini-longitudinal  channels  will  show  no  obvious  effect  on  the  pressure  drop. 

Figure  5  shows  the  typical  pressure  drops  of  hot  water  though  the  test  section  with  packed  beads  of  dp  =2. 0mm 
and  5.4mm  for  5  =  10.5mm.  The  corresponding  variation  of  friction  factor  with  Reynolds  number  was  given  in 
Fig.6.  It  demonstrates  that  the  pressure  drop  decreases  with  the  increase  in  the  dimension  of  the  mini-channel. 
Such  variations  of  the  pressure  drop  reflect  the  redistribution  of  flow  in  the  channels  and  packed  regions.  It  will 
bring  about  the  changes  in  heat  transfer. 

Figure  7  shows  the  measured  results  for  heat  transfer  with  different  packed  glass  beads  for  5=10.5mm.  It  is  clear 
that  the  mini-channels  on  the  plate  intensify  heat  transfer,  the  plate  A  and  B  show  almost  same  heat  transfer 
characteristics,  while  the  plate  C  enhances  heat  transfer  further  more.  The  enhancement  of  heat  transfer  depends 

on  the  Reynolds  number,  geometrical  configuraton  and  — .  It  would  be  clear  that,  in  addition  to  reduce  the 

pressure  drop,  the  mini-channeled  plate  surface  can  also  intensify  heat  transfer.  This  shows  potential  advantages 
over  the  packed  simply.  Figure  8  shows  similar  tendency  for  the  case  5  =  21.0mm  with  different  packing  beads. 
It  is  worthy  to  note  from  Fig.7©,  with  dp  =  5.45mm ,  the  mini-channels  have  almost  no  effect  on  heat  transfer 

for  both  the  plate  A  and  B,  and  get  augments  the  heat  transfer  very  prominently  for  plate  C.  This  reminds  us  of 
the  existence  of  optical  combination  of  bead  packing  and  the  longitudinal  mini-channels  on  the  plate  surface. 

It  makes  sure  that,  the  packing  in  parallel  plates  with  proper  diameter  ratio  can  provide  better  performance  than 
the  commerical  plate  heat  exchangers.  The  mini-channels  on  the  plate  surface  further  improved  performance  of 
plate  heat  exchanger  with  packed  beads,  as  shown  in  Fig.9.  With  suitable  configuration  combination,  the  rnini- 
longitudinal  channels  on  plate  surface  can  even  provide  better  performance  than  existing  heat  exchangers  of 
chervon  forms. 
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IV.  CONCLUDING  REMARKS 


Experiments  were  conducted  to  evaluate  the  pressure  drop  and  heat  transfer  for  the  plate  heat  transfer  element 
with  packed  beads  and  the  mini-longitudinal  channels  on  plate  surface.  The  improvement  in  reduced  flow 

resistance  and  enhanced  heat  transfer  was  obtained  with  such  combination.  An  optimum - channeled 

dr 

configuraton  exists,  which  varies  with  range  of  Reynolds  number  accordingly.  Since  flow  and  heat  transfer  in 
this  configuration  is  very  complicated,  many  underlying  fundamentals  are  still  poorly  understood.  Much 
experimental  works  should  continue  to  be  conducted  to  identify  the  key  factors  to  influencing  the  process.  Some 
theoretical  analysis  should  also  need  to  provide  guidance  for  the  experiments. 
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Fig.l.  Experimental  System  Fig.3  The  Geometry  of  the  Longitudinal 

1— test  section,  2 — hot  water  tank,  Mini-channels  on  the  Plate  Surface 

3 — pump,  4 — rotameter 


1 — aluminum  plate,  2 — frame  plate,  3 — header,  4 — seakubg  washer,  5— bolt 
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p(Pa) 


Fig.4  Nu  vs.  Re  for  different  configuration 
without  packing  (5=10.5mm) 


(a)  dp  =  2.01mm  (b)  dp  =  5.45mm 


Fig.5  The  pressure  drops  of  hot  water  through  the  test  section 
packed  with  glass  beads  for  8  =10.5mm. 


(a)  dp  =  2.01mm  (b)  dp  =  5.45mm 

Fig.6.  f  vs.  Re  for  different  aspect  ratios  with  packed  glass  beads  for  8  =10.5mm 
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Fig.7  Nu  vs.  Re  for  different  aspect  ratio 
with  packed  beads  for  8  =10.5mm 


Fig.8  Nu  vs.  Re  for  different  aspect  ratio 
with  packed  beads  for  5  =21.01mm 
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ABSTRACT.  In  this  paper,  experiments  have  been  conducted  to  study  the  heat  transfer  of  a  porous  channel 
heat  sink  subjected  to  oscillating  flow.  The  surface  temperature  distributions  for  both  steady  and  oscillating 
flows  were  measured.  The  local  and  length-averaged  Nusselt  numbers  were  measured  and  analyzed.  The 
experimental  results  revealed  that  the  surface  temperature  distribution  for  oscillating  flow  is  more  uniform  than 
that  for  steady  flow.  Due  to  the  reversing  flow  direction,  there  are  two  thermal  entrance  regions  for  oscillating 
flow.  The  length-averaged  Nusselt  number  for  oscillating  flow  is  much  higher  than  that  for  steady  flow.  The 
porous  channel  heat  sink  subjected  to  oscillating  flow  can  be  considered  as  an  effective  method  for  cooling 
high-speed  electronic  devices. 


1.  INTRODUCTION 

The  rapid  development  in  the  design  of  electronic  package  for  modem  high-speed  computers  has  led  to  the 
demand  for  new  and  reliable  methods  of  chip  cooling.  As  reported  by  Mahalingam  and  Berg  [1],  and  Burd  [2], 
the  averaged  dissipating  heat  flux  can  be  up  to  25  W/cm2  for  high-speed  electronic  components.  However,  the 
conventional  natural  or  forced  convection  cooling  methods  are  only  capable  of  removing  small  heat  fluxes  per 
unit  temperature  difference,  about  0.001  W/cm  .  C  by  natural  convection  to  air,  0.01  W/cm2.°C  by  forced 
convection  to  air,  and  0.1  W/cm2.°C  by  forced  convection  to  liquid  [3].  Therefore,  it  is  imperative  to  look  for 
new  methods  of  cooling  the  modem  high-speed  electronic  components.  One  of  these  methods  is  to  implement  a 
channel  filled  with  high  conductivity  porous  media. 

Extensive  investigations  have  been  conducted  on  the  flow  and  heat  transfer  of  a  channel  filled  with  porous 
media.  The  early  works  related  to  heat  dissipation  are  those  by  Cheng  et  al.  [4],  Kaviany  [5]  and  Hunt  and  Tien 
[6].  Cheng  at  al.  [4]  studied  the  forced  convection  in  a  packed  channel  with  asymmetric  heating.  Hunt  and  Tien 
[6]  studied  the  heat  transfer  augmentation  in  a  duct  filled  with  foam  material.  More  recently,  due  to  increased 
applications  in  electronic  cooling,  many  researchers  have  studied  the  heat  transfer  enhancement  of  a  channel 
filled  with  porous  media.  Tong  et  al.  [7],  Huang  and  Vafai  [8],  Hadim  and  Bethancourt  [9],  and  Sozen  [10] 
numerically  studied  the  heat  transfer  enhancement  of  a  channel  (or  duct)  filled  fully  or  partially  with  porous 
media  subjected  to  steady  flow.  Fedorov  and  Viskanta  [11]  studied  the  conjugate  heat  transfer  of  a  porous 
channel  with  discrete  heat  sources  numerically.  Relative  little  experimental  work  has  been  performed  on 
electronic  cooling  with  porous  channel  as  heat  sinks.  Hwang  and  Chao  [12]  studied  the  heat  transfer  of  sintered 
bronze  bead  channels  with  uniform  heat  flux  of  up  to  3.2  W/cm2.  Local  surface  temperature  distributions  and 
local  Nusselt  numbers  were  measured.  In  the  above  literature,  steady  flow  through  the  porous  channel  was 
investigated.  However,  as  observed  by  Hwang  and  Chao  [12],  the  local  temperature  of  the  substrate  surface  is 
more  important  than  the  averaged  surface  temperature  in  the  application  of  electronic  cooling.  A  temperature 
difference  of  more  than  50  °C  between  the  inlet  and  the  hottest  location  of  the  channel  was  measured  in  the  case 
of  q  =  3.2  W/cm2  in  their  experiments.  This  indicates  that  steady  flow  through  a  porous  channel  heat  sink  still 
yield  a  relative  high  local  surface  temperature.  In  the  present  investigation,  a  facility  was  set  up  to  study  the  heat 
transfer  of  a  porous  channel  subjected  to  both  steady  and  oscillating  flows.  Local  surface  temperature 
distributions  were  measured.  The  local  Nusselt  numbers  were  calculated.  The  surface  temperature  distribution 
and  heat  transfer  of  steady  and  oscillating  flows  were  compared. 

2.  EXPERIMENTAL  APPARATUS  AND  PROCEDURE 
2.1  Test  Section  and  Facility 

The  schematic  diagram  of  the  experimental  facility  is  depicted  in  Fig.  la.  The  facility  consists  of  an  oscillating 
flow  generator,  a  test  section,  two  unheated  sections,  and  four  coolers.  The  oscillating  flow  generator  is  a 
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mechanism  that  generates  a  sinusoidal  oscillating  flow.  The  mechanism  consists  of  a  compression  cylinder,  a 
piston  and  a  crankshaft  with  adjustable  stroke  lengths.  The  piston  was  connected  to  the  crankshaft.  The 
crankshaft  was  driven  by  a  motor  to  move  the  piston  forward  and  backward  sinusoidally.  By  adjusting  the  motor 
speed  and  the  stroke  length,  oscillating  flows  with  different  amplitudes  and  frequencies  were  generated.  A  1  mm 
copper  plate  was  attached  on  the  top.  This  copper  plate  was  cut  with  many  narrow  slots  to  reduce  the  heat 
conduction  along  the  flow  direction.  A  film  heater  was  firmly  mounted  on  the  surface  of  the  cooper  plate  to 
supply  a  constant  heat  flux.  By  adjusting  the  supply  voltage  to  the  heater,  the  power  input  can  be  adjusted.  The 
two  unheated  sections  were  the  same  porous  material  as  the  test  section  with  the  same  dimension.  They  were 
installed  adjacent  (but  separated)  to  the  two  ends  of  the  test  section.  The  two  unheated  sections  built  up  a 
uniform  velocity  profile  for  flow  through  the  test  section.  The  heat  carried  by  the  flow  is  also  transferred  to  the 
surface  of  coolers  through  the  unheated  porous  material.  The  four  coolers  are  channels  filled  with  porous  media. 
Cooling  water  was  forced  through  the  four  coolers  to  remove  the  heat  generated  by  the  film  heater.  As  shown  in 
figure,  the  test  section,  the  film  heater,  the  two  unheated  sections  and  the  four  coolers  were  tightly  fitted  in  a 
channel  made  by  teflon  material.  The  schematic  of  the  test  section  is  shown  in  Fig.  lb.  The  test  section  is  an 
aluminum  porous  foam  (ERG  foam  material,  40  PPI— pores  per  linear  inch)  with  a  dimension  of  50x50x10mm. 
The  bottom  wall  of  the  channel  is  adiabatic  while  the  upper  wall  is  subjected  to  a  constant  heat  flux. 


(a)  Constant  heat  flux 

Y 


X 

(b)  Adiabatic 


Figure  1.  The  schematic  of  test  section  and  experimental  facility 
(a)  Experimental  setup,  (b)  Test  section 

2.2  Instrumentation  and  Experimental  Procedure 

In  the  present  experiments,  the  pressure  drop  across  the  test  section,  the  temperature  along  the  axial  direction  as 
well  as  at  the  two  exits  of  the  test  section  and  the  velocity  through  the  test  section  were  measured.  A  differential 
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pressure  transducer  (Validyne  DP15)  was  connected  to  the  two  taps  along  the  test  section.  K  type  thermocouples 
of  45  pm  diameter  were  flushed  on  the  copper  plate  to  measure  the  surface  temperature  along  the  axial 
direction.  The  inlet  and  outlet  temperatures  were  measured  by  fixing  the  thermocouples  between  the  test  section 
and  the  unheated  sections.  The  velocity  was  measured  by  a  hot-wire  sensor  with  an  anemometer  (TSI  DFA  100 
and  TSI  1210-20w).  The  velocity  was  measured  in  a  velocity  measurement  section  which  was  installed  in  the 
loop.  All  the  signals  were  connected  to  a  data  acquisition  system  consisting  of  a  12  bit  A/D  card  (Keithley  Das 
1402),  a  computer  and  a  software  (TestPoint). 

The  oscillating  flow  facility  is  also  capable  of  performing  steady  flow  experiments.  By  leaving  one  end  of  the 
test  section  open  to  the  atmosphere,  steady  flow  and  heat  transfer  experiments  can  be  conducted  with  the  same 
test  section  configuration  and  sensors.  In  the  steady  flow  experiments,  the  main  compressed  air  line  was 
connected  to  the  facility.  A  valve  and  a  regulator  were  installed  to  adjust  the  flow  velocity  through  the  test 
section.  After  passing  the  test  section,  the  coolant  air  was  discharged  to  the  environment.  The  experiments  were 
performed  by  increasing  the  power  input  while  keeping  the  flow  velocity  constant.  By  looping  the  test  section  to 
the  oscillating  flow  regenerator,  heat  transfer  experiments  for  oscillating  flow  can  be  conducted.  Cooling  water 
was  passed  through  the  four  coolers  installed  at  the  two  ends  of  the  test  section  to  remove  the  dissipated  heat. 
The  frequency  of  oscillating  flow  was  adjusted  by  changing  the  motor  speed.  A  fixed  oscillation  amplitude  was 
tested  in  the  present  experiments.  The  experiments  were  proceeded  by  increasing  the  power  input  while  keeping 
the  oscillating  frequency  unchanged.  To  obtain  a  cyclic  steady  state,  the  oscillating  velocity,  pressure  drop,  and 
surface  temperature  were  monitored.  Over  80  cycles  of  data  for  each  case  were  recorded. 

3.  RESULTS  AND  DISCUSSIONS 
3.1  Heat  Transfer  Of  Steady  Flow  Through  A  Porous  Channel 

In  micro-electronics,  devices  can  be  damaged  by  excessively  high  local  temperatures  instead  of  the  averaged 
one.  Therefore,  the  temperature  distribution  along  the  flow  direction  of  the  test  section  is  of  practical  interest  in 
design.  Fig.  2  presents  the  local  surface  temperature  distribution  along  the  flow  direction  and  the  bulk  inlet  and 
outlet  temperature  with  the  effect  of  Reynolds  number  for  q  =  0.8,  1.6,  2.4  and  3.2  W/cm2. 


X/D#  X/D, 

Figure  2.  Surface  temperature  distribution  along  the  flow  direction  (steady  flow) 
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The  Reynolds  number  here  is  defined  based  on  the  ligament  diameter  of  the  porous  foam  as 


_  Ud, 
Re,  = — l- 

vi 


(1) 


where  U  is  the  Darcy  velocity  through  the  test  section,  d\  is  the  ligament  diameter  of  the  porous  foam  and  vf  is 
the  kinematic  viscosity  of  the  fluid. 

It  is  obvious  that  the  temperature  level  increases  with  the  increase  of  axial  position  X/De,  the  decrease  in 
Reynolds  number,  or  the  increase  in  power  input.  The  inlet  bulk  temperature  stays  between  25-30  °C.  The 
outlet  bulk  temperature  increases  with  the  increase  of  heat  flux  but  decreases  with  the  increase  of  Reynolds 
number.  From  Fig.2,  it  is  seen  that  the  surface  temperature  approaches  a  constant  value  when  the  flow 
approaches  the  thermally  fully  developed  region.  It  is  shown  that  higher  Reynolds  number  will  produce  a  more 
uniform  surface  temperature  distribution. 

Fig.  3  shows  the  local  Nusselt  number  versus  dimensionless  axial  position  for  power  inputs  q  =  0.8  to  3.2W/cm2 
and  the  40  PPI  aluminum  foam.  The  local  Nusselt  number  was  calculated  by: 

=5./fr. -r)  (2) 

Nu^hfijk, 


where  hx  is  the  local  heat  transfer  coefficient,  De  =  5H/3  is  the  hydraulic  diameter  of  the  flow  channel,  H  is 
the  height  of  the  channel,  and  Tw  and  T,  are  local  surface  temperature  and  the  inlet  bulk  temperature, 
respectively. 


Figure  3.  Effects  of  Reynolds  number  on  local  Nusselt  number  at  different  axial  locations  (steady  flow) 

In  Fig.  3,  it  is  seen  that  the  local  Nusselt  number  increases  with  the  increase  of  the  Reynolds  number.  In  the 
thermal  entrance  region,  the  local  Nusselt  number  is  higher.  With  the  increase  of  the  axial  distance,  the  Nusselt 
number  for  a  fixed  Reynolds  number  approaches  the  value  for  thermally  fully  developed  flow  (minimum 
constant  value).  For  lower  Reynolds  number,  the  variation  of  local  Nusselt  number  along  the  axial  direction  is 
much  smaller  than  that  of  larger  Reynolds  number.  This  means  that  the  thermal  entrance  length  is  shorter  for  a 
small  Reynolds  number  than  that  of  a  large  Reynolds  number.  The  input  heat  flux  has  no  effect  on  the  local 
Nusselt  number. 

3.2  Heat  Transfer  Of  Oscillating  Flow  Through  A  Porous  Channel 

Fig.  4  shows  the  cycle-averaged  local  surface  temperature  distribution  of  the  test  section  with  the  effect  of  the 
ligament  Reynolds  number  for  power  input  q  =  0.8,  1.6,  2.4  and  3.2  W/cm  .  In  the  present  experiments,  the 
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experimental  data  for  oscillating  flow  was  reduced  by  time-averaging  over  50  completed  cycles.  To  differentiate 
this  average  from  an  arbitrary  time-averaging  process,  we  call  this  kind  of  time-averaging  process  cycle¬ 
averaging.  Once  again,  we  observe  that  the  cycle-averaged  local  temperature  decreases  with  the  increase  of 
Reynolds  number  but  increases  with  the  increase  of  the  input  heat  flux.  Due  to  the  reversing  flow  direction, 
there  are  two  thermal  entrance  regions  in  the  test  section.  The  local  temperatures  near  the  both  entrances  are 
lower  than  that  at  the  centre  of  the  test  section.  The  maximum  temperature  point  appears  at  the  centre  of  the  test 
section.  The  distribution  curves  of  the  local  surface  temperature  are  convex  with  the  centre  of  the  test  section  as 
symmetric  point. 


Figure  4.  Cycle-averaged  surface  temperature  distribution  along  axial  direction  (oscillating  flow) 


Fig.  5  shows  the  cycle-averaged  local  Nusselt  number  versus  the  dimensionless  axial  distance  with  the  effect  of 
Reynolds  number  based  on  ligament  diameter  of  porous  foam  for  oscillating  flow.  The  definition  of  the  Nusselt 
number  is  given  in  Eq.  (3).  In  the  calculation,  Tw  is  the  cycle-averaged  surface  temperature  while  T,  is  the  cycle- 
averaged  air  temperature  at  left  (or  right)  exit.  More  than  50  cycles  of  experimental  data  were  used  in  the  cycle¬ 
averaging  process.  From  the  figure,  it  is  seen  that  the  cycle-averaged  local  Nusselt  number  increases  with  the 
increase  of  Reynolds  number.  It  is  obvious  to  see  that  there  are  two  thermal  entrance  regions  in  the  test  section. 
In  the  thermal  entrance  region,  the  cycle-averaged  local  Nusselt  number  is  higher.  The  cycle-averaged  Nusselt 
number  decreases  as  XIDC  approaches  the  centre  of  the  test  section.  As  a  consequence,  the  distribution  curves  of 
the  cycle-averaged  local  Nusselt  number  are  concave  with  the  centre  of  the  test  section  as  symmetric  point. 


501 


600 


500  H 


400  - 

X 

3 

Z 

300  - 


200  H 


100 

0.0  0.5  1.0  1.5  2.0  2.5  3.0 

X/De 

Figure  5.  Effects  of  Reynolds  number  on  local  Nusselt  number 
at  different  axial  locations  (oscillating  flow) 

3.3  Comparison  Of  Heat  Transfer  Of  Steady  And  Oscillating  Flow  Through  A  Porous  Channel 

The  local  temperature  distribution  depends  on  the  Reynolds  number  and  power  input.  For  steady  flow,  the 
surface  temperature  increases  along  the  flow  direction  as  seen  in  Fig.  2.  The  surface  temperature  approaches  a 
constant  value  when  the  flow  approaches  the  thermally  fully  developed  region.  However,  for  oscillating  flow, 
there  are  two  thermal  entrance  regions.  The  surface  temperature  distribution  curves  are  of  convex  shape  curve  as 
seen  in  Fig.  4.  In  electronic  cooling,  the  micro-electronic  devices  may  fail  due  to  a  local  excess  high  surface 
temperature  instead  of  the  averaged  one.  Therefore,  it  is  important  to  compare  the  surface  temperature  lift  for 
steady  and  oscillating  flows.  From  the  figures,  it  is  observed  that  the  temperature  lift  for  steady  flow  is  1. 5-3.5 
times  higher  than  that  for  oscillating  flow.  For  example,  for  the  case  of  q  -  2.4  W/cm2,  Rej  =  76,  the  surface 
temperature  lift  for  oscillating  flow  is  about  8  °C,  but  for  the  case  of  q  =  2.4  W/cm  ,  Rei  —  81,  the  surface 
temperature  lift  for  steady  flow  is  about  30  °C.  This  indicates  that  the  surface  temperature  distribution  for 
oscillating  flow  is  more  uniform  than  that  for  steady  flow. 

As  seen  in  Fig.  3,  the  local  Nusselt  number  decreases  along  the  flow  direction  for  steady  flow.  As  the 
dimensionless  axial  increases,  the  local  Nusselt  number  approaches  a  minimum  constant  value  (the  thermally 
fully  developed  region).  For  oscillating  flow,  as  shown  in  Fig.  5,  the  local  Nusselt  number  does  not  decrease 
monotonically.  The  local  Nusselt  number  decreases  first  and  then  increases  after  the  centre  point  of  the  test 
section. 

To  evaluate  the  total  heat  dissipation  rate  from  the  electronic  devices  by  the  porous  channel  heat  sink  subjected 
to  steady  or  oscillating  flow,  it  is  necessary  to  calculate  the  averaging  Nusselt  number  for  the  whole  length  of 
the  test  section.  A  Length-averaged  Nusselt  number  is  used.  It  is  defined  as  the  averaged  value  of  local  Nusselt 
number  along  the  axial  direction.  Fig.  6  shows  the  length-averaged  Nusselt  number  for  steady  and  oscillating 
flows  with  Reynolds  number  based  on  ligament  diameter  of  the  porous  foam.  It  is  clear  that  the  length-averaged 
Nusselt  number  for  oscillating  flow  is  much  higher  than  that  for  steady  flow.  The  larger  the  Reynolds  number, 
the  larger  the  difference  between  the  length-averaged  Nusselt  number  of  oscillating  flow  and  steady  flow.  In  the 
present  experiments,  for  example,  the  length-averaged  Nusselt  number  for  oscillating  flow  is  1.4  times  that  of 
steady  flow  for  Rei=114.  The  higher  length-averaged  Nusselt  number  is  due  to  the  higher  local  Nusselt  number 
in  the  thermal  entrance  region.  There  are  two  thermal  entrance  regions  for  oscillating  flow.  This  leads  to  the 
higher  length-averaged  Nusselt  number  for  oscillating  flow. 
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Figure  6.  Comparison  of  averaged  Nusselt  number  of  steady  and  oscillating  flow 

4.  CONCLUSIONS 

In  this  study,  experiments  were  conducted  to  study  the  heat  transfer  of  a  porous  channel  subjected  both  steady 
and  oscillating  flows.  The  velocity  through  the  porous  channel,  the  pressure-drop  across  the  test  section  and  the 
temperatures  along  the  hot  surface  were  measured.  Based  on  the  experimental  results,  the  following  conclusions 
can  be  drawn: 

1.  For  steady  flow,  the  local  surface  temperature  increases  monotonically  as  the  dimensionless  axial  direction 
increases.  The  local  surface  temperature  distribution  for  oscillating  flow  is  a  convex  shape  with  a  maximum 
point  at  the  centre  of  the  test  section.  The  surface  temperature  distribution  for  oscillating  flow  is  more 
uniform  than  that  for  steady  flow. 

2.  For  steady  flow,  the  local  Nusselt  number  decreases  along  the  flow  direction  and  approaches  the  thermally 
fully  developed  value.  The  cycle-averaged  local  Nusselt  number  for  oscillating  flow,  however,  decreases 
first  and  then  increases  after  the  centre  point  of  the  test  section.  There  are  two  thermal  entrance  regions  for 
oscillating  flow  through  a  porous  channel.  Both  the  local  and  length-averaged  Nusselt  numbers  increase 
with  an  increase  in  ligament  Reynolds  number  for  steady  and  oscillating  flow. 

3.  The  length-averaged  Nusselt  number  for  oscillating  flow  is  much  higher  than  that  for  steady  flow.  The 
higher  length-averaged  Nusselt  number  indicates  that  the  porous  channel  heat  sink  subjected  to  oscillating 
flow  has  a  higher  heat  dissipation  rate  compared  to  steady  flow. 

4.  The  results  obtained  in  the  present  experiments  and  the  analysis  demonstrate  that  a  channel  filled  with  high 
conductivity  porous  material  subjected  to  oscillating  flow  is  a  new  and  effective  method  for  cooling 
electronic  devices. 
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ABSTRACT.  A  unit  cell  model  was  used  to  determine  the  effective  thermal  conductivity  of  bi-dispersed 
porous  media  based  on  the  lumped-parameter  method.  Based  on  this  model,  the  effective  thermal 
conductivities  of  these  media  in  the  range  of  solid/fluid  conductivity  ratio  between  0.01  to  105  with  different 
micro-  and  macro-  porosities  were  predicted.  Measurements  of  effective  thermal  conductivities  of  two 
samples  of  bi-dispersed  porous  media  (with  micro-pore  diameter  of  80  pm  and  macro-pore  diameters  of  200 
pm  and  400  pm)  saturated  with  three  different  fluids  (air,  FC-72  and  water)  respectively  were  conducted.  For 
comparison,  the  effective  thermal  conductivity  of  a  mono-dispersed  medium  with  pore  diameter  of  800  pm 
saturated  with  the  same  fluid  was  measured.  The  measured  data  are  shown  to  be  in  agreement  with  those 
based  on  theoretical  predictions.  The  results  indicated  that  the  effective  thermal  conductivity  of  a  bi-dispersed 
porous  medium  is  smaller  than  that  of  the  mono-dispersed  porous  medium  saturated  with  the  same  fluid 
because  of  the  contact  resistance  at  micro-scale  and  higher  porosity  for  bi-dispersed  porous  media  in 
comparison  with  the  mono-dispersed  porous  media. 

1.  INTRODUCTION 

Recently,  Hsu  et  al  [1,2]  obtained  algebraic  expressions  for  effective  thermal  conductivities  of  a  number  of 
porous  media  by  applying  the  so-called  lumped  parameter  method  which  is  based  on  an  electric  resistance 
analog.  This  method  consists  of  choosing  a  unit  cell,  dividing  the  geometry  under  consideration  into  solid, 
fluid,  or  composite  layers  (consisting  of  both  fluid  and  solid),  and  assuming  one-dimensional  conduction  in 
the  direction  of  temperature  gradient  in  the  unit  cell.  The  thermal  resistance  of  the  medium  was  obtained  by 
assuming  these  layers  were  in  parallel  with  one  another  while  the  thermal  resistance  of  the  composite  layers 
was  obtained  by  assuming  the  layers  were  in  series.  For  the  case  of  a  porous  medium  consisting  of  packed 
spheres,  Hsu  et  al  [1,2]  used  a  2-dimensional  model  of  touching  square  cylinders  and  a  3-dimensional  model 
of  touching  cubes  for  the  prediction  of  its  effective  thermal  conductivity.  They  found  that  the  results  based  on 
the  3-dimensional  model  are  in  better  agreement  with  the  experimental  data  of  Nozad,  et  al.[3]  than  that  of  a 
2-dimensional  one.  In  many  applications,  such  as  bi-dispersed  adsorbent,  bi-dispersed  capillary  wicks  in  the 
heat  pipe,  there  are  micro-  as  well  as  macro-  pores.  The  bi-dispersed  porous  structure,  as  shown  in  Fig.  1,  is 
composed  of  clusters  of  large  particles,  which  are  agglomerated  by  small  particles.  There  are  micro  pores  and 
macro  pores  within  and  between  the  clusters  of  large  particles  respectively.  Since  the  bi-dispersed  wick 
structure  significantly  increases  the  area  available  for  liquid  film  evaporation,  so  it  has  been  proposed  to  be 
used  in  the  evaporators  of  heat  pipes. 


(a)  Sketch  of  a  bi-dispersed  porous  medium  (b)  X-Ray  photograph  of  sintered  bi-dispersed  powders 

Fig.  1  Schematic  of  the  porous  media  with  bi-dispersed  structure 
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In  a  most  recent  paper,  Cheng  and  Hsu  [4]  applied  the  lumped  parameter  method  to  determine  the  effective 
stagnant  thermal  conductivity  of  a  2-dimensional  bi-dispersed  porous  medium.  In  this  paper,  we  will  use  a  3- 
dimensional  model  of  touching  cubes  for  predicting  the  effective  stagnant  thermal  conductivity  of  bi-dispersed 
porous  media.  Thermal  conductivity  measurements  on  sintered  bi-dispersed  porous  materials,  saturated  with 
air,  FC-72  and  water  respectively,  were  also  carried  out.  The  experimental  data  is  compared  with  theoretical 
predictions. 


2.  MODEL  ANALYSIS 

2.1  Effective  Thermal  Conductivity  of  Bi-dispersed  Porous  Media 

We  shall  approximate  the  bi-dispersed  medium  made  of  small  spheres  by  touching  cubes  as  illustrated  in 
Fig.2,  where  cu  a, and  lj  are  the  contact  length,  the  length  of  the  cubes  and  the  length  of  the  unit  cell  at  the 
micro-scale,  while  C2,  a2  and  12  are  the  corresponding  lengths  at  the  macro-scale. 


Fig.  2  In-line  touching  cubes  and  their  unit  cell  of  bi-dispersed  porous  medium 

It  is  assumed  that  the  structure  of  the  sintered  metal  porous  material  that  forms  the  porous  cubes  is 
geometrically  similar  to  the  periodic  structure  of  the  cubes  forming  the  media.  Therefore,  the  sintered 
materials  are  denoted  at  the  micro-scale  and  the  porous  cubes  are  at  meso-scale.  To  apply  the  lumped 
parameter  method  [2],  we  first  consider  the  micro-  structure  of  the  solid  materials  at  the  left-hand  side  of 
Fig.2.  According  to  Hsu,  et  al  [2],  the  effective  stagnant  thermal  conductivity  of  the  porous  cubes  in  the 
micro-scale  is  given  by 


~  =  (1  -  Y.,2  -  2Yc,Ya,  +  2yclyal2)  + 

K 


2  2 
Yc,  Yai 

a. 


,  Ya.'-Ya.V  |  2(ye,yal-yc,yal2) 

1-Yal+YA  1-Yc.Yal+YdYa.k. 


CD 


where  \  =  kf/ks  is  the  fluid/solid  thermal  conductivity  ratio,  y,i=aiA  and  Yci=ci/ai  represent  the 
geometric  length  scale  ratio  and  contact  length  scale  ratio  at  the  micro-scale,  respectively.  The  porosity  within 
the  micro  porous  cubes  can  be  obtained  by 
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(2) 


4),  =l-(l-3yCI2)Yal3-3yclV 


The  effective  stagnant  thermal  conductivity  of  the  porous  media  consisting  of  spatially  periods  porous  cubes 
at  meso-scale  is  obtained  by  applying  the  lumped  parameter  method  [2]  once  again  to  yield 


“  -  (l  ~  ya2  -  2ycya  +  2ycya2 )  + 

kr 


+ 


2  2  2 
Ya  -Y,  Yc 

1-Ya  +  Ya^ 


,  2(ycya  -  ycya2) 
1-YcYa+YcY^ 


(3) 


where,  X  =  kf/kcl  is  conductivity  ratio,  ya  =  a2/l2  and  yc  =  c2/a 2  are  the  geometric  length  scale  ratio  and 
contact  length  scale  ratio  at  the  meso-scale,  respectively.  Under  these  conditions,  the  total  porosity  of  the  bi- 
dispersed  porous  media  is  then  given  by 


^  =  1 — E(1 — 3yc  2  )ya  3  +3yc2ya2](l-<t>1  )  (4) 

2.2  Effect  of  Contact  Resistance  and  Porosity 

The  value  of  the  effective  thermal  conductivity  of  a  porous  medium  depends  not  only  on  the  porosity,  the 
thermal  conductivity  of  the  solid  and  the  fluid  phases,  but  also  on  whether  the  particles  are  in  good  contact, 
point  contact  or  no  contact.  The  effective  thermal  conductivity  for  bi-dispersed  porous  media  can  be 
computed  using  the  3-dimensional  model  given  by  Eq.(l)-(4).  Fig.  3  shows  the  calculated  results  for  (j)  =  0.4, 

Y„i  =  Y0  .  Yc  =0.2  and  ycl  from  0.1  to  0.5. 


Fig.  3  Effect  of  touching  parameter  on  the  effective  thermal  conductivity  of  present  model  with  the 
contact  parameter  fixed  at  =  0.2  and  4>  =  0.4 

Fig.  3  shows  that  the  effective  thermal  conductivity  increases  with  the  increasing  of  micro-scale  contact 
parameter  ycl ,  especially  when  the  difference  of  thermal  conductivity  of  solid/fluid  is  large.  For  comparison, 
the  results  of  mono-dispersed  media  with  the  same  porosity  and  contact  area  are  calculated  from  Eqs.  (l)-(2). 
The  comparison  shows  that  the  effective  thermal  conductivity  of  the  media  of  the  bi-dispersed  porous 
structure  is  almost  the  same  as  that  of  mono-dispersed  structure  in  the  range  when  the  solid/fluid  conductivity 
ratio  is  between  1  to  100.  This  indicates  that  the  effective  stagnant  thermal  conductivity  in  this  conductivity 
ratio  is  dominated  by  the  total  porosity  and  the  effects  of  the  contact  resistance  in  the  bi-dispersed  porous 
medium  are  small.  When  the  solid/fluid  thermal  conductivity  ratio  is  higher  than  100,  the  effects  of  the  contact 
resistance  in  the  bi-dispersed  porous  medium  become  very  large. 
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Fig.  4  Effect  of  porosity  on  the  effective  thermal  conductivity  of  present  model  when  yal  =  ya , 

ycl=yc=0.2 


Fig.  5  Comparison  of  the  effective  thermal  conductivity  in  different  ratio  of  porosity  within  the  porous 
cubes  and  the  overall  porosity  when  <)>  =  0.4,  ycl  =  yc  =  0.2 

Effect  of  porosity  on  the  effective  thermal  conductivity  of  bi-dispersed  porous  medium  is  showed  in  Fig.  4.  To 
a  fixed  contact  area,  ycl  =  yc  =0.2  and  the  same  structure  of  micro-/macro-  particles,  yal  =  yo,  the  effective 
thermal  conductivity  is  affected  seriously  by  the  porosity.  Fig.  5  shows  the  effective  thermal  conductivity  of 
bi-dispersed  porous  material  with  the  contact  area  ycl  =  yc  =0.2  and  porosity  <|>  =  0.4  when  the  porosity  ratio 
within  the  porous  cubes  and  the  overall  porosity  <}>,/<}>  of  the  bi-dispersed  porous  media  ranging  from  0.25  to 
0.9.  The  effective  thermal  conductivity  is  not  affected  by  porosity  ratio  (j>,  /<(>  when  the  ratio  of  solid/fluid 
thermal  conductivity  is  less  than  100.  But  when  the  ratio  of  solid/fluid  thermal  conductivity  is  more  than  100, 
the  difference  of  effective  thermal  conductivity  affected  by  porosity  ratio  is  large.  The  reason  is  that  the 
structures  and  shapes  of  micro-  and  macro-  particles  changed  to  different  porosity  ratio,  so  the  contact 
resistance  is  also  changed.  In  summary,  the  effective  thermal  conductivity  of  a  porous  medium  is  affected  by 
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the  microstructure  of  solid,  porosity  and  the  conductivity  of  the  two  constituents.  This  is  the  same  as  the 
mono-dispersed  porous  media  analyzed  by  Hsu,  et  al  [2]. 

3.  EXPERIMENTAL  INVESTIGATION 


3.1  Experimental  Apparatus 

The  steady-state  method  was  employed  to  measure  the  effective  thermal  conductivity  of  sintered  bi-dispersed 
porous  media  in  this  study.  The  experimental  apparatus  used  in  this  investigation  is  shown  in  Fig.  6.  The  top 
and  bottom  faces  of  the  test  section  were  bounded  by  two  copper  plates.  In  order  to  eliminate  the  effects  of 
natural  convection,  the  heating  plate  was  placed  on  the  top  while  the  cooling  plate  at  the  bottom.  On  the  up 
side  of  the  top,  there  were  two  stainless  steel  thermofoil  heaters  of  about  6  Q  which  were  cemented  to  provide 
the  heat  input  to  the  system  and  compensate  heat  loss  respectively.  A  thick  insulation  polystyrene  was  applied 
to  the  test  apparatus  all  around  for  insulation.  The  bottom  cooling  copper  plate  was  attached  to  a  thick 
plexiglass  plate  with  channels  slotted  into  it  for  cooling  water  flow.  The  chiller  was  used  to  supply  cooling 
water  at  a  constant  temperature  to  obtain  an  isothermal  cold  surface.  Three  and  five  thermocouples  were 
implanted  at  different  position  in  the  cold  plate  and  heat  plate  respectively  to  measure  the  temperature 
variation  on  the  heated  and  cooled  surfaces.  Several  thermocouples  were  also  mounted  on  both  sides  of  top 
thick  copper  plate.  By  measuring  the  mean  temperature  difference  of  the  both  sides  of  the  top  thick  copper 
plate,  we  can  estimate  the  heat  loss. 


Cooling  Water  Out  Cooling  Water  In 

1  —  Heating  copper  plate  2  —  Thick  copper  plate  3  —  Teflon  plate 
4  —  Cooling  copper  plate  5  —  Insulation  layer  y  — Thermocouple 

—  Thermofoil  heater 

Fig.  6  Schematic  of  the  experimental  apparatus 
3.2  Experimental  Procedure 

Thermal  conductivity  measurements  were  performed  for  various  combination  of  sintered  copper  powders  and 
saturated  fluids.  The  porosity  of  sample  was  measured  using  the  density  method  [5].  The  results  of  these 
porosity  measurements  along  with  the  other  important  parameters  for  each  of  the  test  specimens  are  listed  in 
Table  1.  In  order  to  eliminate  the  effects  of  any  deposits  that  might  remain  after  the  saturated  tests,  the 
samples  were  washed  by  distilled  water.  For  the  test  with  air,  the  porous  sample  was  dried  out  in  the  drying 
box.  While  for  the  test  with  FC-72  and  water,  the  sample  was  soaked  in  FC-72  and  water  respectively  to 
ensure  that  it  was  fully  wetted.  Test  to  determine  the  effective  thermal  conductivity  of  porous  sample  in  3 
readings  of  the  temperature  difference  between  heat  plate  and  cold  plate,  varying  from  10  °C  to  30°C.  The 
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mean  temperature  range  of  heat  plate  and  cold  plate  was  from  15°C  to  60  °C.  To  ensure  that  a  steady-state 
condition  had  been  achieved,  data  were  taken  when  the  temperature  did  not  vary  for  more  than  0.3  °C  over  a 
45-min  interval.  This  steady-state  procedure  took  approximately  6-8  hours  for  each  measurement.  All  data  of 
the  temperature  and  heat  flux  were  acquired  by  a  high  precision  Solartron  Data  acquisition  system. 


Table  1  Wick  samples,  fluids  and  their  properties 


Wick  material 

or 

Fluid 

Solid/  fluid  thermal 
conductivity  (20°C) 
(W/m2  K) 

Micro-pore 

diameter 

(tun) 

Macro-  pore 
diameter 
(4m) 

Porosity 

Cu  (sample  1) 

391  ‘ 

80 

200 

52% 

Cu  (sample  2) 

391  * 

80 

400 

54% 

Cu  (sample  3) 

391  * 

(mono-dispersed) 

800 

49% 

Water 

0.59900 

FC-72 

0.05643 

Air 

0.02590 

‘Data  provided  by  Thermacore  Inc. 


3.3  Experiment  Data  and  Comparison  with  the  Model 

Experiments  were  conducted  with  each  of  the  test  specimens  to  determine  effective  thermal  conductivity.  The 
three  samples  for  tests  were  one  sintered  mono-dispersed  copper  powder  porous  media  with  pore  diameter  of 
800  |im  and  two  bi-dispersed  copper  powder  with  the  micro-  /macro-  pore  diameters  of  80  p.m/200  Jim,  and 
80  pm  MOO  pm.  Fig.  7  shows  the  results  of  these  tests  for  one  sintered  copper  mono-dispersed  porous  sample 
and  the  two  sintered  copper  bi-dispersed  porous  samples,  respectively.  It  can  be  seen  that  the  effective  thermal 
conductivity  for  three  types  of  material  increases  slightly  with  a  corresponding  increase  in  the  average 
specimen  temperature.  This  is  due  to  the  increase  of  thermal  conductivity  of  water  and  air  with  the  increase  of 
temperature.  When  the  ratio  of  solid/fluid  thermal  conductivity  is  more  than  100,  the  effective  thermal 
conductivity  of  a  mono-dispersed  porous  medium  is  much  larger  than  of  bi-dispersed  porous  medium  due  to 
the  contact  resistance  at  micro-scale  because  of  the  presence  of  the  fluid  in  the  bi-dispersed  porous  medium. 
So  the  effective  thermal  conductivity  of  bi-dispersed  porous  medium  saturated  with  water  and  air  is  smaller 
than  that  of  mono-dispersed  porous  medium  saturated  with  the  same  fluid. 


Tfc) 

Fig.  7  Effect  of  temperature  on  the  effective  thermal  conductivity 

For  sintered  porous  materials,  the  particles  are  in  good  contact,  so  contact  areas  of  particles  are  very  large, 
especially  for  micro-  particles.  This  can  be  seen  from  Fig.  1.  A  comparison  of  experimental  results  of  two  bi- 
dispersed  samples  saturated  by  air,  FC-72  and  water,  with  several  of  the  model  predicted  are  shown  in  Fig.8. 
With  the  best  fit,  the  experimental  data  are  close  to  the  present  3-dimensional  model  predicted  with  ycl  =0.53, 
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y.  =0.37  and  <(>,/<(>  =0.342.  To  2-dimensional  cylinders  model  [4],  the  magnitude  of  effective  stagnant  thermal 
conductivity  of  cylinders  for  touching  parameter  yc  is  almost  the  same  as  the  effective  stagnant  thermal 
conductivity  of  cubes  with  a  touching  parameter  of  y ] .  This  is  because  the  touching  area  ratio  for  cubes  is 
equal  to  y2  while  that  for  the  square  cylinders  is  equal  to  yc  [2],  So  the  experimental  data  are  also  close  to  2- 
dimensional  model  [4]  predicted  when  the  contact  ratios  of  micro-,  mecro-  contact  areas  ycl ,  yc  and  porosity 
ratio  <}>, /<j)  are  0.281,0.137  and  0.342  respectively.  But  results  of  the  3-dimensional  model  are  closer  to  the 
experimental  data.  So  the  3-dimensional  model  for  bi-dispersed  porous  media  can  be  used  to  estimate  the 
effective  thermal  conductivity  of  sintered  porous  materials. 


Fig.  8  Comparison  of  effective  thermal  conductivity  of  model  ( <j>,  /  <|>  =0.342)  with  experimental  date 

4.  CONCLUSION 

A  unit  cell  model  was  used  to  determine  effective  thermal  conductivity  of  bi-dispersed  porous  media  based  on 
the  lumped  parameter  method  [2].  Based  on  the  presented  model,  algebraic  expressions  for  the  thermal 
conductivity  of  touching  porous  cubes  were  obtained.  The  steady-state  method  was  used  to  determine  the 
effective  thermal  conductivity  of  sintered  bi-dispersed  porous  materials  saturated  with  different  fluids.  The 
results  of  the  experimental  program  were  compared  with  the  existing  model  and  present  model.  It  was  found 
that  the  stagnant  thermal  conductivity  based  on  present  model  with  micro-  and  mecro-  contact  area  ratio  of 
0.53  and  0.367  is  close  to  the  experimental  data  of  sintered  bi-dispersed  copper  porous  materials.  When  the 
ratio  of  solid/fluid  thermal  conductivity  is  more  than  100,  the  effective  thermal  conductivity  of  a  mono- 
dispersed  porous  medium  is  larger  than  of  bi-dispersed  porous  medium  because  of  the  contact  resistance  at 
micro-scale  and  higher  porosity  for  bi-dispersed  porous  medium. 
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ABSTRACT.  Application  of  porous  coatings  on  the  steam  generating  surfaces  is  one  of  the  most  reliable  way 
of  heat  transfer  and  thermal  stability  enhancement  of  steam  generation  process.  Based  on  the  latest  progress  of 
the  experimental  investigations  of  the  problem  by  Laboratory  for  Intensification  of  Thermal  Processes  IVTAN, 
the  method  dealing  with  the  use  of  optimized  porous  coatings  is  proposed,  for  example  for  horizontal  steam 
generating  tubes  of  parabolic  trough  collectors  of  solar  thermal  plants  working  at  direct  steam  generation  mode. 
The  basic  phenomena  produced  by  the  porous  coating  for  pool  boiling  and  steam  generation  in  horizontal  tubes 
are  presented  and  discussed.  The  results  of  applied  investigations  of  power  thyristors  and  composed 
superconductors  thermal  stabilization  with  the  help  of  optimized  porous  coatings  are  given  as  an  example  of  the 
perspectiveness  of  the  use  of  porous  coatings. 

l.INTRODUCTION 

The  boiling  surfaces  activation  technique  with  porous  coatings  is  of  considerable  current  use  in  refrigeration  and 
chemical  industries  to  heat  transfer  intensification  at  pool  boiling  [1-3).  In  [4-7]  some  pecularities  of  physics  of 
boiling  on  porous  surface  were  established  experimentally.  These  pecularities  are  determined  by  two-phase 
filtrarion  process  in  porous  space  of  the  coating.  First  of  all,  it  is  the  presence  of  two  instead  of  one  regimes  of 
nucleate  pool  boiling  for  relatively  thick  and  non-conductive  coating,  presence  of  maximums  in  the  dependence 
of  the  critical  heat  flux  qc!  on  the  thickness  of  the  coating,  sharp  increase  of  relaxation  periods  of  wall 
temperature  Tw  approaching  to  the  transition  points  from  one  regime  to  the  other,  higher  values  of  qci,  compared 
to  smooth  surfaces.  Heat  transfer  and  hydraulic  resistance  at  two-phase  flow  in  vertical  channels  with  inside 
porous  coatings  were  the  subject  of  experimental  investigations  [8,9],  which  also  showed  increase  of  critical 
heat  flux  and  the  possibility  to  reduce  or  avoid  dry-out.  The  task  of  investigations  of  rewetting  phenomena  in 
horizontal  channels  with  porous  coatings  originated  from  the  problems  of  solar  power  plants  with  parabolic 
trough  collectors  working  according  to  Direct  Steam  Generation  principle  [10].  The  most  important 
peculiarities  of  steam  generation  processes  in  Direct  Steam  Generation-DSG  technology  are: 


•  big  length  (L  >  10  m)  and  diameters  (40-120  mm)  of  horizontal  or  slightly  inclined  steam  generating  tubes; 

•  non-uniform  through  perimeter  and  in  time  heating  of  the  tubes  (20-100  kW/m  ); 

•  low  mass  flow  rates  (<  500  kg/m2  s); 

•  the  necessity  to  reach  high  steam  fractions  on  the  outlet  of  the  steam  generating  channels  at  pressures  up  to 
10-16  MPa  (x~  1). 

Under  these  conditions  the  stratified  and  intermittent  regimes  of  two-phase  flows  are  possible,  which  inevitably 
lead  to  substantial  non-uniformity  of  wall  temperature  over  perimeter  and  length  of  the  steam  generating 
channels  and  probably  to  dry-out  phenomena  [10,11].  The  possible  way  of  solving  these  problems  is  the  use  of 
inside  porous  coatings  of  steam  generation  tubes  [12,13].  This  possibility  and  the  expected  new  effects  are 
investigated  at  pool  boiling  modelling  experiments,  described  below.  The  interest  to  experimental  investigations 
of  stabilization  of  electric  equipment,  such  as  power  thyristors,  is  explained  by  the  necessity  to  reach  high  heat 
load  removal  in  a  wide  range  of  ambient  temperatures.  Another  important  task  in  the  electric  device  field  is 
cryostabilization  of  superconductors  at  boiling  of  liquid  helium.  The  results  of  these  experiments  together  with 
the  results  of  basic  investigations  of  peculiarities  of  liquid  helium  pool  boiling  on  the  surfaces  with  porous 
coatings  are  also  presented  below. 
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2.RE WETTING  PHENOMENA  AT  STEAM  GENERATION  IN  HORIZONTAL  CHANNELS 


The  stratified  and  intermittent  flows  in  horizontal  and  inclined  pipes  occur  at  low  mass  velocities  of  two-phase 
flows  in  horizontal  channels.  The  porous  coatings  produce  new  effects,  which  can  lead  to  decreasing  the  wall 
temperature  non-uniformity  in  horizontal  steam  generating  tubes. 

Coating  Friction  Effect. 

In  homogenous  model  of  the  flow  the  critical  velocity  Wc  below  which  the  stratified  and  intermittent  flows 
modes  occur  is  in  inverse  proportion  to  1/2  degree  of  friction  factor  £,  .  In  Teitel/Duckler/Bamea  model  [12]  the 
mentioned  velocities  of  gas  and  liquid  phases  that  correspond  to  the  stratified  and  intermittent  modes  start  are 
determined  by  the  law  of  conservation  of  momentum  and  decrease  substantially  with  the  growth  of  friction 
factor  for  liquid  and  gas  phases  and  E,G.  As  the  results  of  our  measurements  in  vertical  tubes  with  inside 
porous  coating  show,  ,  £G  and  £  increase  3.5+4  times  compared  to  smooth  tubes  and  that  leads  to  1.5+2 
times  decrease  of  Wc  according  to  homogenous  model  [14].  Within  the  Teitel/Duckler/Bamea  model  with 
increase  of  i;L  and  kc  the  area  of  stratified  and  stratified  wave  modes  pattern  existence  shifts  to  lower  superficial 
liquid  and  gas  velocities.  Thus,  it  is  possible  to  expect  that  at  porous  coatings  presence  the  danger  of  stratified 
and  intermittent  flows  can  be  substantially  reduced. 


Asimutal  Heat-Pipe  Effect 

All  cappillary  effects  at  boiling  on  the  surfaces  with  porous  coatings  are  defined  by  percolation  radius  rp  which 
corresponds  to  the  appearance  of  the  connectedness  of  pores  occupied  by  steam  [5].  The  percolation  radius  of 
the  vapour-filled  pores  can  be  predicted,  given  the  size  distribution  of  pores  and  the  pore  lattice  geometry,  by 
methods  of  percolation  theory.  At  partial  dry-out  of  channel  walls  with  porous  coatings  the  cappillary  pressure 

difference  Ap  ~  —  which  makes  liquids  to  run  over  from  the  full  wetted  area  to  the  area  of  partial  dry-out 

rP 

along  the  perimeter  in  asimutal  direction.  This  process  is  a  full  analogue  to  that  observed  in  heat-pipes  and 
makes  the  device  completely  isothermic.  In  our  case  the  opportunity  for  wetting  the  coatings  due  to  asimutal 
heat-pipe  effect  is  limitted  by  cappillary  pressure  and  maximal  way  length  from  the  lower  generatrix  to  the 
upper  is  equal  to  the  pipe  diameter  d  .  Assuming  the  pressure  in  gas  phase  over  the  cross  section  of  the  pipe 
equal  we  can  receive  the  following  estimation  for  the  limiting  perimeter-mean  heat  flux 


2  k  „  , , 
*^q>max  ~  2  2  P^  '  P 

71  d  p 


r2a  a 
- pgd 


(1) 


here  h  and  k  -  thickness  and  permeability  of  the  coating,  p  ,  p  ,  H,  o  -  density,  viscosity,  evaporation  heat  and 
surface  tension  of  water,  rp  -  percolation  radius.  Taking  for  estimations  rp  -10' ,  h  -  10"4  m,  k  ~10'u  m  ,  d  -  10' 
1  m  it  is  possible  to  receive  for  water  at  p  =  10  MPa  and  t  =  300°C  the  estimation:  <q>max  ~  (104  +105)  W/m2  . 
Thus,  at  not  big  thicknesses  of  porous  coatings  h  ~  10'4  m  with  permeability  k  ~  ( 1  O' 1 1  +10'10)  m2  andrp 
~10'5  m  asimutal  heat-pipe  effect  can  provide  thermal  stabilization  of  walls  of  steam  generating  channels  at  heat 
loads  corresponding  with  DSG  processes.  Actually  taking  into  account  heat  transfer  due  to  thermal  conductivity 
of  the  skeleton  and  convection  the  thermal  stabilization  due  to  porous  coating  is  even  more  efficient. 


Figure  1.  Mechanisms  of  rewetting  in  horizontal  channel:  a)  asimutal  heat  pipe  effect;  b)  drops  wetting 
effect;  c)  wave  rewetting 
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Drops-Wetting  Effect. 

One  of  the  most  important  results  of  our  experiments  in  vertical  tubes  with  inside  porous  coatings  is  the  increase 
of  thermal  stability  of  steam  generating  channels  near  the  flow  parameters  that  correspond  to  high  steam 
fractions  and  thin  liquid  films  of  the  channel  walls,  and  also  in  post  dry-out  area  due  to  increase  of  rewetting 
effects  [9]..  Also,  there  a  new  hypothesis  was  offered  about  the  changes  in  distributions  of  drops  generated  on 
the  heated  surface  at  the  presence  of  porous  coatings  (the  flow  of  high  speed  drops  with  dimensions  a  -  rp  ).  The 
estimations  of  “shooting  through” drops  velocities  give  the  values  of  up  to  10  m/s  order.  It  is  clear  that  these 
drops  will  reach  the  opposite  points  on  perimeter  of  the  channel  on  the  short  distances  from  the  generating 
points  along  the  axle.  It  means  that  efficient  wetting  of  the  whole  perimeter  by  drops  will  occur.  In  the  area  of 
high  pressures  the  role  of  drops  wetting  effect,  certainly  decreases  because  the  steam  density  increase  and  liquid 
density  decrease.  However,  in  this  area  the  wall  temperature  non-uniformity  in  horizontal  channels  decrease 
substantially  and  the  role  of  coating  friction  effect  in  the  ensuring  the  channel  perimeter  wetting  grows.  Thus, 
even  if  the  stratified  and  intemittent  modes  occur  this  effect  provides  additional  wetting  of  the  channel  perimeter 
and  decrease  of  temperature  non-uniformity.  The  considerable  influence  of  the  drops  wetting  effect  is  indirectly 
confirmed  by  our  experimental  results  in  the  area  of  pressure  up  to  16  MPa.  However,  the  detailed  experimental 
investigation  and  confirmation  are  needed. 

Wave  Rewetting  Effect. 

This  wetting  mechanism  is  essential  for  intermittent  flow  (  Fig.l.).  The  main  peculiarity  of  the  process  is 
proximate  to  the  process  of  rewetting  at  pool  boiling  in  second  crisis  of  boiling.  Due  to  this  fact  it  is  possible  to 
investigate  this  mechanism  in  a  modelling  experiment  at  pool  boiling. 

Experimental  Investigations  of  Rewetting. 

For  the  experimental  investigations  of  boiling  on  porous  coatings  a  high  pressure  stainless  steel  chamber  with 
optical  windows  was  used  [6].  Experimental  technique  combined  direct  visual  observation  of  elementary 
processes  with  integral  estimation  of  drops  wetting  effect  by  means  of  thermogram  method.  The  task  of 
modelling  the  processes  in  horizontal  steam  generating  channel  led  to  the  construction  of  test  part  shown  on 
Fig.2.  Flat  30x8  mm  NiCr  test  sample  with  thermocouples  along  the  axle  is  heated  by  direct  current 
transmission.  The  water  level  is  regulated  as  well  as  the  height  of  NiCr  heat  wire  put  in  the  gas  area  and  also 
heated  by  electric  current.  The  bubbles  generated  by  porous  coating  knock  out  the  secondary  drops  which  partly 


1 - porous  coating 

2- NiCr  plate 

3-  thermal  insulation  layer 

4- contacts 

5- 11-  thermocouples 


Figure  2.  Test  section  scheme 

reach  the  wire  and  create  additional  cooling  of  the  wire.  The  temperature  difference  between  the  states  of  the 
wire  with  and  without  cooling  by  drops  is  the  criterion  of  drops  wetting  efficiency.  The  experiment  provides 
the  data  sufficient  for  calculating  the  heat  flux  evacuated  from  the  wire  by  drops.  Wave  rewetting  experiments 
were  held  on  liquid  nitrogen,  which  demands  substantially  lower  critical  heat  fluxes  do  not  leading  to  bum  out 
of  the  test  piece.  The  parameters  of  the  porous  test  pieces  were  the  same  as  in  the  water  experiments. 

Experimental  Results  on  Drops  Generation  and  Capturing. 

The  photograph  analysis  of  the  secondary  drops  did  not  show  any  evident  correlation  between  the  sample  heat 
load  and  size  and  velocity  of  a  drop.  The  collection  of  the  observed  types  of  drops  (  fast  and  small,  bigger  and 
more  slow  drops)  seemed  to  be  constant  except  the  growth  of  the  fast  drops  part  with  the  heat  load  increase. 
The  trace  of  the  drop  gives  information  on  the  velocity  and  size  of  each  drop.  The  highest  drop  velocity  value 
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observed  in  the  tests  at  0.3  MPa  was  about  6  m/s  ,  the  most  of  the  drops  had  velocity  about  1  m/s  and  size  0,14 
mm. 


a)  b) 

Figure  3.  Comparative  thermograms  of  drops  rewetting  effect  for  smooth  1)  and  porous  2)  test  pieces:  a) 
L=15mm,  q=  374  kW/m,  <5=3  mm;  b)  L=30  mm,  q-  880  kW/m,  <5=6  mm 

Thermogram  method  as  applied  to  investigations  of  drops  rewetting  phenomena  gives  representative  picture  of 
the  effect  of  the  porous  coating  presence  on  intensification  of  rewetting.  On  Fig.3.  two  comparative 
thermograms  are  given  demonstating  the  difference  of  the  final  temperature  (after  drops  generation  start)  in 
cases  of  smooth  and  porous  coated  heaters.  The  wire  in  both  cases  is  preheated  up  to  the  same  temperature  and 
cooling  occurs  only  due  to  the  drops  generated  by  the  sample.  Fig.4.  shows  the  experimental  dependence  of 
temperature  difference  61-62  on  the  sample  heat  flux.  q.  The  calculation  method  for  the  heat  flux  evacuated  by 
drops  is  based  on  the  assumption  that  convective  heat  transfer  coefficient  is  constant  during  the  process.  In  this 
case  it  is  possible  to  figure  out  the  part  qd  of  the  heat  flux  for  which  the  drops  wetting  is  responsible  .  The 
dependence  of  qdon  the  sample  heat  flux  is  shown  on  Fig.5. 
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Figure  4.  Difference  between  starting  and  final  wire  temperature  as  a  function  of  sample  heat  flux.  1) 
porous  sample  L=15mm,  8=3mm;  2)  porous  sample  L=15,  5=6mm;  3)  smooth  sample  L=15  mm 
,  5=6  mm;4)  smooth  sample  L=15,  5=3  mm 

Comparison  of  porous  and  smooth  surfaces  concerning  the  phenomena  that  can  reduce  the  unfavorable  effect  of 
stratification  in  horizontal  steam  generating  channels  showed  the  advantages  of  porous  coatings.  First  of  all,  it  is 
true  for  drops  wetting  effect  that  is  at  least  up  to  1,5  times  more  efficient  at  presence  of  the  porous  coating  on 
the  heater  than  for  the  case  of  the  smooth  wall  heater.The  influence  of  this  effect  can  be  more  considerable  in 
case  of  drops  inpact  on  the  surface  that  is  also  porous.  The  interaction  of  a  secondary  drop  and  porous  surface 
was  a  subject  of  separate  investigations.  Vertical  tube  experiments  together  with  the  data  on  dry  out  in  annular 
channel  display  the  importance  of  the  presence  of  porous  coating  on  the  wetted  surface  for  stabilization  of  the 
heated  wall  temperature.  That  is  the  case  when  the  highest  increase  of  critical  heat  flux  can  be  obtained.  In 
order  to  test  the  influence  of  the  porous  coating  presence  on  the  wetted  surface  the  following  qualitative 
experiment  was  conducted.  The  receiver  wire  in  drops  generation  test  was  removed  by  NiCr  plate  30x8  mm  also 
heated  up  to  a  initial  temperature  and  power  was  kept  constant  during  the  test.  Due  to  negligible  temperature 
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coefficient  of  resistance  of  NiCr  in  the  conditions  of  constant  voltage  the  heat  load  on  the  plate  was  also  fixed. 
The  more  efficient  drops  capturing  at  porous  coating  presence  (Fig. 6.).  follows  from  higher  decrease  of 
temperature  at  equal  heat  loads  on  drops  generating  test  sample. 

The  wave  rewetting  can  be  of  great  importance  for  intermittent  flow  mode  due  to  the  percolation  mechanism  of 
wetting  coming  into  force  with  increase  of  temperature  relaxation  periods 
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Figure  5.  Dependence  of  the  wire  heat  flux  evacuated  by  drops  on  the  sample  heat  flux  L=  15  mm 
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Figure  6.  Comparative  thermogram  of  drops  wetting  for  smooth  1)  and  porous  2)  wetted  test  samples; 
heat  flux  on  drops  generating  surface  g=1500  kW/m2 

3.NEW  TYPE  COOLER  USING  POROUS  COATING  FOR  POWER  THYRISTORS 

Power  semiconductor  devices  are  of  great  use  at  present  in  power  generation  and  in  electric  transport  systems. 
Constant  increase  of  their  unit  power  demand  new  approach  to  the  problems  of  thermal  stability  of  such  kind  of 
equipment.  Based  on  the  experience  in  using  porous  coatings  for  heat  transfer  enhancement  and  thermal 
stabilization  at  boiling,  a  new  type  of  cooler  for  power  thyristors  for  use  in  electric  transport  was  developed  and 
tested  recently  by  LITP  IVTAN.  The  design  of  the  cooler  allowed  to  dissipate  by  natural  air  convection  up  to 
1.6  kW  of  heat  load.  The  cooler  is  designed  according  to  thermal  syphon  principle.  The  heat  removal  from  the 
heater  surface  is  carried  out  by  boiling  of  refrigerant  on  the  evaporator  with  further  condensation  in  air  cooled 
condenser.  For  keeping  the  level  of  cooling  agent  in  the  pressure  range  1-10  bar,  a  compensation  volume  is 
provided.  Finned  heated  surface  is  covered  with  optimized  porous  coating.  The  device  was  tested  on  a  specially 
constructed  test  bench  together  with  the  similar  cooler  without  porous  coating  on  the  finned  heater  surface.  NiCr 
heater  was  used  for  simulation  of  heating  and  water  cooled  condenser  was  used  for  cooling. 
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At  experimental  investigations  of  the  cooler  performance  the  value  of  88  °C  was  taken  as  the  limitting 
temperature  of  the  thyristor  body.  Fig.7.  gives  comparison  of  test  results  of  the  both  types  of  coolers,  with  and 
without  porous  coatings. 


Figure  7.  The  results  of  tests  on  heat  load  removal  by  cooler  (1-  without  porous  coating,  2-  porous 
coated)  depending  on  the  condenser  saturation  (ambient)  temperature 

Resulting  from  the  experimental  data  a  resume  was  made  on  the  advisability  of  using  porous  coatings  for  the 
thermaql  stabilization  of  power  semiconductor  devices.  The  new  type  cooler  showed  good  performance  in  a 
wide  range  of  ambient  temperatures  (-35...+45)°C,  considerably  exceeding  the  performance  of  the  similar  non- 
coated  cooler. 


4.COMPOSED  SUPERCONDUCTORS  WITH  POROUS  COATINGS 

In  most  cases  for  cooling  cryostatically  stabilized  composite  superconductors  liquid  helium  boilng  on 
superconductor  surface  is  used.  Intensification  of  heat  transfer  rises  the  level  of  cryostatic  stability  of  the 
superconductor.  As  the  result,  the  design  current  density  can  be  increaesed  both  by  reducing  the  percentage  of 
normal  stabilizing  material  or  by  decrease  of  the  area  required  for  cooling.  In  order  to  investigate  the 
peculiarities  of  heat  transfer  to  helium  at  pool  boiling  on  surfaces  with  porous  coatings  a  detailed  experiment 
was  conducted  [7].  Zinc  was  used  as  a  material  for  porous  coating,  which  was  applied  by  electrochemical 
plating  method.  Porosity  of  the  coating  was  less  than  20%,  while  equivalent  diameter  of  pores  ranged  from  3  to 
30p.m.  Coatings  were  applied  on  the  end  face  of  copper  rod.  Coating  thickness  of  the  test  sample  was  10pm, 
25pm  and  50pm.  A  regular  procedure  was  followed  in  heat  transfer  investigations.  Copper  cylinder  insulated  by 
vacuum  jacket  with  one  free  end  surface  was  used  as  a  test  zone.  Heat  flux  was  generated  by  a  heater  on  the 
opposite  side  of  the  rod.  Temperature  calculation  of  the  base  underlying  the  porous  coating  was  done  on  the 
basis  of  readings  taken  by  three  copper/iron  -copper  thermocouples  embedded  in  the  rod  body.  Heat  load  was 
changed  stepwise.  After  each  change  of  q  the  surface  superheat  Q=TW  -  Tb  was  measured  as  a  value 
corresponding  to  stedy-state  conditions.  Experiments  were  carried  out  both  for  rising  and  lowering  of  q,  using 
porous  coated  samples  and  controls  without  coatings.  Curves  of  pool  boiling  on  horizontal  surfaces  facing 
upwards,  both  uncoated  and  with  porous  coatings,  obtained  in  the  experiments  at  increase  and  decrease  of  heat 
load  are  presented  in  Fig.8.  As  in  the  case  of  water  [  4,5],  for  helium  pool  boiling  a  bubble  mechanism  of  vapour 
evacuation  is  associated  with  two  modes  of  heat  transfer.  Transition  from  one  mode  to  the  other  occurs  at 
threshold  values  of  heat  flux  q=q ’  characteristic  of  each  coating.  The  heat  transfer  law  q~Qn  at  nucleate  boiling 
mode  I  is  characterized  by  n=  1.95-2,  which  is  close  to  pool  boiling  characteristics  of  uncoated  surfaces.  Near 
q-q  an  abrupt  decline  to  n=0.7-fl  is  seen.  The  nucleate  boiling  with  stabilized  vapour  film  inside  the  coating 
(mode  II)  is  characterized  by  n  which  is  close  to  film  boiling  regime  at  smooth  surface,  but  it  corresponds  to 
much  lower  values  of  superheat  0  ,  i.e.  higher  heat  transfer  coefficient.  Crisis  of  boiling  occurs  at  heat  loads  far 
exceeding  critical  heat  loads  on  smooth  surfaces  and  at  0cl  exceeding  the  temperature  difference  at  smooth 
surfaces  by  more  than  an  order  of  magnitude  (Fig.8).  These  findings  show  that  application  of  porous  coatings 
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leads  to  significant  intensification  in  heat  transfer  during  helium  boiling  over  the  entire  superheat  range  of 
heating  surface  up  to  Q=TC-Tb  (Tc  -  the  critical  temperature  of  the  superconductor).  Whenever  such  coatings  are 
adopted  for  increasing  cryostatic  stability  of  superconductors  the  maximum  effect  can  be  reached  by  choosing 
the  most  suitable  properties  of  the  coatings,  such  as  porosity,  permeability,  thickness,  partcles  package  pattern, 
particle  size,etc. 

Fig.9,10.  give  simple  theoretical  approach  to  understanding  the  new  effects  brought  by  the  porous  coating  for 
the  superconductor  stability  improvement.  The  normal  zone  evolution  [7],  as  it  follows  from  heat  balance  , 
depends  on  the  relation  between  heat  generation  and  heat  transfer.  Curves  q(T)  and  W(T)  can  have  several 
crossing  points  (equilibrium  states),  where  W(I,T)=q(I,T). 


e  (K> 


Figure  8.  q( 6)  in  the  conditions  of  rising  and 
dropping  heat  flux  for  various 
surfaces:  smooth  surface;  with  porous 
coating  /z=25pm;  coating  is  stripped 
off;  -  q  decreasing;  -  q  increasing. 


Figure  9.  General  view  of  functions  #(T)  and 
W(I,T):  -  -  q,-W. 


Figure  10.  View  of  functions  q(T)  and  W(I,T)  for 
porous  coated  conductor:  q,  —  W. 


Figure  11.  Porous  coating  effect  on  the  velocity 
of  normal  zone:  B=4T;  1Ji=Q; 
2,/!=50pm;  —  calculations. 
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Figure  12.  Porous  coating  effect  on  the 
magnitude  of  thermal  pulse  energy 
required  for  transfer  of  the 
conductor  to  the  normal  state. 
B=4T;  /i=0pm;  h=30|im;  fc=100jim. 
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Figure  13.  Comparison  of  experimental  and 

calculated  data  of  IP(B):  -  , 

calculated  by  the  theorem  of  equal 
areas;  1,  h  =  30  |Xm,  experiment;  2,  h 
=  30  pm,  calculation;  3,  h  =  0  pm, 
experiment. 


If  the  conductor  is  in  a  homogeneous  state  with  a  constant  temeperature  over  its  length,  the  equilibrium  will  be 
stable  at 


— (q-W)>0  (2) 

3T 

and  unstable  when  the  inequality  sign  changes.  As  it  is  shown  in  Fig.9.  the  number  of  stable  states  of  a 
conductor  depends  on  the  current.  At  I  Im  (Im  -  full  recovery  current)  q(T)  W(I,T),  and  the  only  stable  state  will 
be  the  state  of  superconductivity.  It  means  that  at  any  initial  temperature  of  the  conductor,  its  final  temperature 
will  be  equal  to  Tb.  At  Im<  I  Iqi  and  Iq2 1  f  (Ic  -  the  critical  current)  the  superconducting  and  normal  states  will 
be  stable.  At  Iql<I<Iq2  there  are  three  stable  states.  Superconductors  with  porous  coatings  have  substantially 
different  characteristics  of  boiling  curves  (Fig.  10.).  It  means  that  the  conditions  of  the  thermal  equilibrium  can 
be  met  at  different  boiling  modes  occuring  on  the  same  conductor  surface.  For  current  Ipl  the  state  of  thermal 
equilibrium  is  realized  at  the  film  boiling  (point  D),  and  for  current  Ip2  at  the  nucleate  boiling  mode  II  (point  A), 
where  vapour  film  is  stabilized  in  its  thickness.  Fig.  1 1.  shows  the  normal  zone  propagation  velocity  versus  the 
current  I.  In  the  region  of  currents  Iqi<I<Iq2  v(I)  is  not  of  a  singled  valued  nature  due  to  availability  of  two 
equilibrium  temperatures  Tsl  and  Ts2.  Based  on  the  experimental  study  of  heat  transfer  to  pool  boiling  helium 
and  promising  theoretical  results  on  superconductor  stability  at  use  of  porous  coatings,  experimental  tests  of 
Nb-Ti  semiconductors  with  porous  coatings  were  carried  out  [7].  The  conductors  were  provided  with  the 
coatings  similar  to  those  which  were  used  in  the  test  pieces  involved  in  heat  transfer  experiments.  The  coating 
thickness  varied  within  the  range  of  20  -f-  300  pm.  Test  conductors  were  1.5m  long  and  were  positioned  in 
homogeneous  magnetic  field  normal  to  the  sample  central  line.  Experimental  setup  provided  the  possibility  of 
thermal  disturbance  initiation  in  pulse  and  steady  state  regimes.  The  experiments  were  determining  minimum 
propagating  current  Ip,  full  recovery  current  Ir,  normal  zone  propagation  velocity  and  minimum  thermal  pulse 
energy  required  for  a  stable  normal  zone  Em.  The  influence  of  the  porous  coating  presence  and  thickness  on  the 
value  of  thermal  pulse  energy  required  for  transfer  of  the  superconductor  to  the  normal  state,  received 
experimentally  is  given  on  Fig.  12.  as  an  example  of  the  expected  higher  efficiency  of  the  porous  coated 
superconductor,  compared  to  smooth.  Fig.  13.  gives  propagation  current  dependencies  upon  the  magnetic  field 
induction.  Resulting  from  the  experimental  investigations  it  is  possible  to  conclude  that  porous  coatings  ensure 
intensification  of  heat  transfer  and  posses  high  effective  specific  heat.  Their  application  promotes  a  better 
stability  level  of  composed  superconductors.  It  has  been  proved  that  the  use  of  porous  coatings  makes  it  possible 
to  increase  significantly  the  minimum  thermal  disturbance  energy  required  for  transferring  the  superconductor  to 
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the  normal  state,  to  rise  the  minimum  propagation  current  and  full  recovery  current,  and  to  reduce  the  normal 
zone  propagation  velocity  as  compared  to  superconductors  with  smooth  surface. 

4.CON  CLUSION 

The  task  of  heat  transfer  enhancement  and  thermal  stabilization  can  be  successfully  solved  with  the  help  of 
porous  coatings.  This  resume  was  proved  for  pool  boiling  of  refrigerant  in  power  thyristor  cooling  system  and 
for  thermal  stabilization  of  composed  superconductors  at  boiling  of  liquid  helium.  This  is  possible  due  to 
substantially  higher  qcl  and  higher  heat  transfer  coefficient  on  some  regimes  of  pool  boiling.  In  case  of  forced 
convection  in  channels,  porous  coatings  produce  some  new  effects,  where  drops  generation  and  drops  capturing 
are  the  main,  creating  new  moisture  exchange  pattern,  especially  in  case  of  horizontal  channels.  Modelling 
experiments  showed  more  than  2  times  higher  efficiency  of  these  effects  compared  to  smooth  surfaces. 
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ABSTRACT.  A  numerical  procedure  for  analyzing  two-phase  flow  and  heat  transfer  in  porous  media  was 
presented.  Formulation  was  based  on  the  two-phase  mixture  model,  originally  developed  by  Wang  and 
Beckermann,  in  conjunction  with  a  finite  element  method  (FEM).  An  extended  Forchheimer  -  Darcy  law  was 
employed  to  accommodate  the  procedure  to  a  wide  range  of  Reynolds  number.  The  conservation  equations  were 
discretized  by  FEM  on  quadrilateral  elements  using  an  equal-order  interpolation.  To  validate  the  proposed 
algorithm,  boiling  in  a  square,  two-dimensional  porous  enclosure  heated  from  below  was  simulated.  Numerical 
results  agreed  well  with  those  by  Wang  and  Beckermann  and  experimental  data  by  Sondergeld  and  Turcotte. 
Then  free  convection  boiling  from  a  horizontal  cylinder  embedded  in  porous  medium  and  heated  at  uniform  heat 
flux  was  analyzed.  Numerical  results  include  the  variations  in  isotherm  and  iso-liquid  saturation,  and  the  flow 
fields  as  a  function  of  heat  flux  and  temperature  of  top  surface.  The  present  algorithm  is  adaptable  to  a  variety 
of  geometric  configurations,  thermal  and  hydrodynamic  boundary  conditions,  and  a  wide  range  of  flow  velocity, 
thus  applicable  in  tackling  any  types  of  problems  of  practical  importance. 

1.  INTRODUCTION 

Heat  transfer  and  fluid  flow  associated  with  phase  change  from  liquid  to  vapor  in  porous  media  are  very 
important  in  a  wide  range  of  engineering  applications;  for  example,  nuclear  reactor  safety  analysis,  oil  reservoir 
engineering,  thermal  energy  storage  and  recovery,  and  porous  heat  pipe.  Many  experimental  and  numerical 
studies  have  been  devoted  to  the  two-phase  flow  in  porous  media  in  the  last  two  decades  [l]-[6].  Most  numerical 
analyses  are  based  on  the  separate  flow  model  and  using  a  finite  difference  method  (FDM),  and  usually 
neglecting  the  capillary  force  term  to  simplify  the  numerical  implementation,  which  limits  their  possibility  of 
general  use.  Tung  and  Dhir[3]  presented  a  scheme  based  on  a  hydrodynamic  model  in  which  pressure  and  void 
fraction  are  selected  as  independent  variables  instead  of  velocities  in  the  governing  equations.  Their  scheme  can 
easily  handle  the  problem  with  an  arbitrary  porous  domain  and  allow  for  variable  permeability  and  boundary 
conditions  because  a  finite  element  method  (FEM)  is  employed.  In  the  calculation,  however,  void  fraction  must 
be  calculated  ahead  and  the  capillary  force  term  is  neglected,  which  restrain  wider  applications  of  the  scheme. 

Recently,  Wang  et  al.  [7][8]  presented  a  two-phase  mixture  model  in  which  two  phases  of  liquid-gas  or  liquid- 
vapor  are  regarded  as  constituents  for  a  two-component  binary  mixture.  Considering  the  two-phase  mixture  as  a 
single  fluid,  they  formulated  conservation  equations  for  mass,  momentum  and  energy.  Thus  the  conservation 
equations  are  reduced  by  a  half  when  compared  to  the  conventional  separate  flow  model.  Unfortunately,  the 
numerical  procedure  in  conjunction  with  FDM  is  based  on  the  Darcy  law  which  is  valid  only  at  low  velocity  for 
Re  <  0.2  where  Re  is  Reynolds  number  defined  using  the  square  root  of  permeability  as  a  characteristic  length. 
Practical  problems  of  porous  media  are  wide-ranging  in  permeability,  porous  material  and  fluid  filling  it,  system 
geometry,  and  thermal  and  hydrodynamic  boundary  conditions.  To  accommodate  in  a  more  unified  form  to 
wide-ranging  problems,  a  robust  numerical  algorithm  with  FEM  is  presented  in  this  paper.  Formulation  is  based 
on  the  two-phase  mixture  model  of  Wang  and  Beckermann  [7]  and  an  extended  Forchheimer-Darcy  law  is  used. 
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As  the  result  the  algorithm  is  adaptable  to  a  wide  range  of  Reynolds  number,  geometry,  and  thermal  and 
hydrodynamic  boundary  conditions.  Numerical  results  are  presented  for  two-phase  flow  and  heat  transfer 
around  a  heated  horizontal  tube  embedded  in  a  porous  rectangular  enclosure. 

2.GOVERNING  EQUATIONS  AND  SUPPLEMENTAL  RELATIONS 

Governing  Equations 

The  present  numerical  formulation  is  based  on  the  two-phase  mixture  model  of  Wang  and  Beckermann  [7]. 
Darcy  law  is  used  in  their  original  formulation,  while  an  extended  Forchheimer-Darcy  law  is  employed  here  to 
expand  the  developed  algorithm  to  a  wide  range  of  flow  velocity.  Only  the  final  form  of  the  governing 
equations,  mixture  properties,  supplemental  and  constitutive  relations  are  listed  in  Table  1.  Refer  to  Ref  [7]  for  a 
rigorous  derivation  of  these  equations  and  the  underlying  assumptions. 

When  the  Ergun  constant  C  is  set  to  zero,  the  formulation  in  Table  1  is  consistent  with  that  of  Wang  and 
Beckermann  [8]  because  an  extended  Forchheimer-Darcy  law  comes  to  the  Darcy  law  they  employed.  Note  that 
the  variables  for  two-phase  mixture  appearing  in  the  equations  in  Table  1  have  no  subscript,  while  the  subscripts 
l  and  v  denote  the  intrinsic  properties  or  variables  in  liquid  and  vapor  phase,  respectively.  The  conservation 
equations  are  usable  irrespective  of  the  single-  and  two-phase  zones,  while  thermodynamic  variables  vary  in 
three  zones  as  shown  in  Table  2. 


Numerical  Procedure 

Substitution  of  the  momentum  equation  in  Table  1  into  the  mass  conservation  equation  gives  the  following 
Poisson-type  pressure  equation.  After  solving  the  pressure  equation,  flow  field  is  calculated  from  the  momentum 
equation. 


K 


v  + 


Vkc|g 


-Vp 


=  £— +  V 

at 


K 


v  + 


Vice  i 


pkg 


(i) 


Equations  in  Table  1,  derived  on  the  basis  of  the  two-phase  mixture  model  and  an  extended  Fochheimer-Darcy 
law,  compose  a  set  of  quasi-transient  equations  because  of  no  unsteady  term  included  in  the  momentum 
equation.  Their  solutions  are  found  in  following  the  steps  shown  in  Fig.  1.  When  the  relative  errors  in  the 
mixture  enthalpy  and  velocity  fields  are  less  than  10'5  between  two  consecutive  iterations,  convergence  is 
considered  to  be  achieved.  The  results  obtained  from  the  quasi-transient  calculation  are  regarded  as  the  solutions 
under  the  steady  state  conditions. 


1 .  Set  up  the  initial  data  for  FEM  calculation 

2.  Calculate  the  mixture  enthalpy  H 

3.  Calculate  the  liquid  saturation  s  and  the  mixture  properties 

4.  Calculate  the  mixture  pressure  p 

5.  Calculate  the  mixture  velocity  u 

6.  Calculate  the  single  phase  velocities  u;,  u„ 

7.  Check  the  convergence  criterions 

i  No  m=m+i 
Yes  ' 


Fig.  1.  Flow  chart  of  the  present  algorithm 
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Table  1.  Governing  Equations  and  Supplemental  Relations 


Governing  equation: 

Mass 

Momentum 

(Forchheimeer-Darcy  Law) 
Energy 


e-^  +  V  •  (pu)  =  0 
at 


pu  =  — 


K 


v  + 


VKClu 


—  (vP-Pkl) 


^h^-  +  V-(YhuH)  =  V-(rhVH)  +  V 


KAp  . 

f(s) - hfgg 

v„ 


Mixture  properties: 

Density 

Velocity 

Enthalpy 

Pressure 

Kinematic  viscosity 
Kinetic  density 

Effective  heat  capacitance  ratio 
Effective  diffusion  coefficient 
Advection  correction  coefficient 
Capillary  diffusion  coefficient 
Hidrance  function 

Relative  mobilities 


p  =  spj  +  (l-s)py 
u  =  (piu,  +pvuv)/p 

H  =  p(h-hvsat)  where  ph  =  sp^  +  (1  -  s)pvhv 

psA.,p,  +  Xvpv 

= _ 1 _ 

~  (kri/v,)+(krv/vv) 

Pk  =^lPl  +^vPv 

^  a  \dT 

Qh  =  E  +  psCs(l-Ej— 
dH 

r..M+k  " 


Yh  = 


Pi  dH 

h  P 


A.]  +  Xv  P]S 


D(s)  = 

f(s)  = 


K 


1AV 


v  +  VKC|u|  A,+Xv 

A,[X.V  Vy 


dPc 

ds 


X,  +  A,y  V  +  VKC  |  U  | 

X,  s  krl  v  +  ^C[Ur[- ,  Xv£kr 


V!  +  ^KkrlC  |  u 


v  +  Vice  1  u  I 

Vy  +  ^KknC  |  Uy  | 


Supplemental  relations: 

Diffusive  mass  flux 

Phase  velocities 


j  =-D(s)-Vs  +  f(s)  — (p!  -pv)g 

vv 


pjU,  = 


X,  +  X, 


-pU+j,  PyUy  = 


Xj  +  Xy 


-pu-  J 


Constitutive  relations: 
Relative  permeabilities 

Capillary  pressure 

Effective  thermal  conductivity 


krf=sn,  kjy  =  (1  —  s)n  where  n  =  l 


Pc  =  Pv  ~  Pi  - 


(  c  Y 


1/2 


oJ(s) 


where  J(s)  - 1.417(1  -  s)  -  2.120(1  -  s)2  + 1.263(1  -  s)3 
ke  =  (1  -  £)ks  +  Eskj  +  e(1  -  s)kv 


3.  FINITE  ELEMENT  FORMULATION 

The  conservation  equations  in  Table  1  are  spatially  discretized  by  a  standard  Galerkin  method.  An  equal-order 
approximation  is  used  for  the  mixture  enthalpy,  pressure,  velocity,  and  the  single -phase  velocities. 
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Table  2.  Variables  in  Different  Phases 


liquid  phase 
(H  <  -pjhfg) 

two-phase 

(“Pjhfg  ^  H  <  0) 

vapor  phase 
(H  >  0) 

T 

(H  +  PihVMt)/(p,c,) 

Tsat 

Tsat  +  H/(pvcv) 

s 

1 

-H/(p,hfg) 

0 

Qh 

e  +  (l-e)pscs  /(p,cj) 

£ 

e  +  (l-£)pscs  /(pvcv) 

rh 

ke  /(P1C1) 

D(s)/Pi 

ke/(PiCi) 

Yh 

1 

pX,/[sp,(X,  +XV)J 

PvVv/(PlV]) 

With  consideration  of  the  boundary  conditions  as  described  later,  the  finite  element  formulations  are  expressed 
in  the  non-dimensional  form  as  follows. 


H*Q™Hm+IdQ  =  Jfih  H*(QhH)Td£2  -  AtJQ[H*v(yhuH)n  +  VH^VH^JdQ 


+  At(l  -  pv  )V!Ra2p  Jn  VH*f  (s)m  eydQ 


+AtJrfl  H 


rh|i-(l-pv)v1Ra2pf(S)m5y 

dn 


df 


Jq^P 


1  e  »  ,  *(Ra2DX1-RaX,0  +pvRa2pXv)ey 

Ivpm+1  dQ  =  -f  Jsp  (Pm+I  -pm)dQ-jQvp  -  — — 14a 

v  At  v 


+  /r  — 

s  v 


dp 


■m+l 


■  +  (Ra2pX]  —  RaXj0  +  pvRa2pXv)ey) 


dn 


d r 


Jfi u’um+1dQ  =  -Ja|=:(vpm+1  +  Ra2pXj  -  RaX,0m+1  +  PvRa2pXv)dQ 


j£2u;sr1d£2=jf 


f  I  ^-1  --m+l  1  XjXv 


Xj  +  X, 


-pu  -  —  • 


v  X]  +  Xv 


dpc 

ds 


Vs  +  (1  -  pv)Ra2p 


dQ 


(2) 


(3) 

(4) 

(5) 


Jnuv5r  dQ  =  Jn=- 


vi 


pGm+1  +I—^v_ 
pv  I  Xj  +XV  v  X]  +XV 


d£c 

ds 


Vs  +  (1  -  pv)Ra2p 


dQ 


(6) 


Here  variables  with  a  superscript  “-’’are  dimensionless.  Their  definitions  are  omitted  here  for  lack  of  space.  H*, 
p\  u,  ui,  and  uj  are  the  weight  functions  for  the  mixture  enthalpy,  pressure,  velocity,  and  the  single-phase 
velocities,  respectively.  The  superscripts,  m  and  m+l,  denote  the  previous  and  present  iteration  levels.  The  last 
term  of  Eq.  (2)  accounts  for  the  boundary  condition  in  terms  of  dimensionless  heat  flux  and  the  last  term  of  Eq. 
(3)  accounts  for  the  boundary  conditions  expressed  by  dimensionless  velocity.  The  direction  of  partial  derivative 
of  n  in  these  two  boundary  condition  terms  is  the  outward  normal  on  the  boundaries. 


4.  CODE  VALIDATION 


To  ensure  the  validation  of  the  present  numerical  algorithm,  numerical  calculations  were  performed  for  the 
similar  system  as  Wang  et  al.  [8]  numerically  simulated  and  Sondergeld  and  Turcotte  [1]  experimented.  Figure  2 
shows  the  geometry  and  boundary  conditions  of  this  system  in  which  subcooled  water  fills  the  porous  media  at 
atmospheric  pressure  and  is  heated  below.  In  the  present  calculation  the  initial  and  boundary  conditions  and 
other  parameters  related  to  porous  structures  were  set  identical  to  those  by  Wang  et  al.  [8].  Porous  enclosure  size 
is  Ly  =  L*  =  0.1984  [m]  and  absolute  permeability  is  K=7*10'n  [m2].  The  total  square  domain  is  divided  into  a 
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mesh  of  961  nodes  and  900  elements.  For  various  heat  fluxes,  the  calculated  temperature  and  liquid  saturation 
distributions  and  fluid  flow  patterns  are  in  accordance  with  the  numerical  results  by  Wang  et  al.  [8]  who 
employed  Darcy  law.  For  the  Ergun  constant  set  as  0.0  and  0.68,  differences  in  all  variables  are  very  slight  even 
at  a  highest  heat  flux  of  Qw  =  10  in  the  present  calculation.  This  is  because  convection  velocity  is  too  low  under 
the  given  conditions. 


Constant  temperature  T=  Tb 
and  pressure  p  =  const. 


Fig.2.  Schematic  of  the  geometry  and  boundary 
conditions 


Fig.3.  Comparison  of  the  predicted  and 
measured  vapor  fractions 


Sondergeld  and  Turcotte  [1]  defined  the  volumetric  fraction  of  vapor  in  the  entire  porous  enclosure  as  a  measure 
of  the  extent  of  two-phase  zone  and  a  measurable  quantity  in  experiments.  It  runs 

ev=7^-J0Lx  JoLy  (l-s)dxdy 

Lxi^y 

Figure  3  compares  the  calculated  vapor  fractions  using  the  present  numerical  method  with  those  of  Wang  et  al. 
[8]  and  the  measured  data  by  Sondergeld  and  Turcotte  [1],  Very  good  agreement  between  two  predictions  and 
measurements  can  be  confirmed  until  a  certain  level  of  heat  flux. 

5.  A  HEATED  TUBE  IN  POROUS  MEDIA 

Problems  of  flow  and  heat  transfer  around  a  heated  pipeline  buried  in  the  ground  are  widely  found  in  petroleum 
or  gas  transport  engineering.  Although  some  experimental  and  numerical  researches  on  this  type  of  problems 
have  been  carried  out  for  cases  of  single  phase  fluid,  published  works  involving  phase  change  are  very  few 
because  of  complexity  of  related  phenomena  or  irregularity  of  the  domains  of  interest.  In  this  section,  flow  and 
heat  transfer  with  phase  change  around  a  heated  tube  embedded  in  porous  media  is  numerically  simulated  using 
the  algorithm  developed  in  the  forgoing  sections,  and  the  effects  of  heat  flux  and  top  surface  temperature  on  the 
temperature  and  liquid  saturation  distributions,  flow  fields  and  the  extent  of  two-phase  zone  will  be  discussed. 

Figure  4  shows  the  geometry  and  boundary  conditions  of  the  system  treated  in  the  present  analysis.  A  tube  of  D 
=  40  [mm]  is  embedded  in  a  rectangular  porous  enclosure  of  uniform  porosity  and  permeability  and  heated  at 
uniform  heat  flux.  The  porous  enclosure  is  filled  with  water  at  atmospheric  pressure.  Top  surface  is  isothermal, 
maintained  at  a  constant  temperature  of  T0  .  The  other  surfaces  of  the  enclosure  are  adiabatic  and  subject  to  the 
no-slip  boundary  condition.  Thus  the  initial  and  boundary  conditions  are  written  as  follows. 

Initial  Conditions: 


at  t  =  0 : 


H  =  H0  =  p,(c,T0  -  hvsat  )/<p,hf  )  and  5  =  0 


525 


Boundary  Conditions: 

at  the  top  surface: 

at  the  tube  surface: 


H  =  H0  =  pj  (c,T0  -  hvsat  )/(pjhfg  )  p  =  0  and  3v  /  dy  =  0 
qwDC[  /(kehfg)  =  -rh9H/9y  +  f  (s)(l  -  pv)vvRa2p  and  G  =  0 


at  other  boundaries: 


3H  /  3x  =  0  and  u  =  0 


:  Const,  and T  =To 


Gravity  direction 
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Fig.4.  Schematic  of  the  geometry,  boundary  conditions  and  mesh  distribution  in  the  present  analysis 

The  parameters  of  the  porous  media  are  fixed  as  the  porosity  of  £  =0.35  and  the  absolute  permeability  of  K=  1 .0 
*10‘10  [m2].  The  other  parameters  are  the  same  as  used  in  the  foregoing  code  validation  section.  The  parameters 
of  interest  in  the  present  analysis  are  the  tube  heat  flux  qw  and  the  top  surface  temperature  T0.  The  numerical 
results  for  three  different  combinations  of  these  two  parameters  are  shown  in  Fig.5  (a),  (b)  and  (c),  where  the 
dimensionless  stream  functions  iff  are  on  the  left  figure  and  the  dimensionless  isotherms  0  and  the  iso¬ 
saturation  lines  s  are  on  the  right  figure.  An  increment  between  two  adjoin  contour  lines  is  Ayr  =  0.5  or  0.05, 
A0  =  0.2,  and  As  =  0.01.  In  a  non-dimensionalizing  process  of  the  governing  equations  the  next  three 
dimensionless  parameters  are  formally  obtained. 

Qw  -  qwD/[ke(Tsat  -T0)] 

Ra  =  KDgp^j  (Tsat  —  T0)/(V]ke) 

Ra2p  =  KDgpjC,  /(Vjkg) 

The  values  of  these  parameters  are  given  for  reference  in  each  figure.  The  two-phase  Rayleigh  number  is 
common  at  Ra2p  =  395  in  three  cases,  while  the  dimensionless  heat  flux  Qw  and  the  liquid  Rayleigh  number  Ra 
are  different  in  each  figure.  When  T0  is  changed  for  a  fixed  heat  flux  qw,  then  Qw  and  Ra  vary  simultaneously.  If 
qw  is  changed  in  proportion  to  (Tsat-To),  then  Qw  is  unchanged  while  Ra  varies.  Thus  the  independent  variations 
in  qw  and  T0  result  in  simultaneous  variations  of  Qw  and  Ra.  Note  that  these  two  dimensionless  parameters  are 
unable  to  change  independently.  In  consideration  of  such  a  state  of  things  the  values  of  qw  and  T0  are  given  in 
Fig.5  along  with  values  of  Qw  and  Ra. 

The  dotted  line  in  Fig.  5  corresponds  to  the  liquid  saturation  of  s=l  and  the  dimensionless  temperature  of  0  =1. 
This  line  divides  the  domain  into  the  subcooled  liquid  zone  and  the  two-phase  liquid  and  vapor  zone.  Two 
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symmetrical  convection  cells  with  an  opposite  rotating  direction  are  seen  in  the  figures  of  stream  function. 
Isotherms  in  the  subcooled  liquid  zone  are  elongated  in  the  vertical  direction  due  to  the  cell  motion  as  seen  in 
Fig.5  (a)  and  (b).  In  a  comparison  of  Fig.5  (a)  and  (b)  where  the  top  surface  temperature  is  kept  constant  and 
only  the  heat  flux  is  changed,  an  increase  in  heat  flux  enforces  the  rotation  of  the  cells  and  extends  the  fluid 
circulation  area.  It  also  makes  the  two-phase  zone  expand  in  the  vertical  direction.  In  Fig.5  (b)  and  (c)  the  heat 


(a)  Qw=4.0,  Ra=16.5,  Ra2p=395  (b)  Qw=6.0,  Ra  =16.5,  Ra2p=395 


(c)  Qw=9.6,  Ra=10.3,  Ra2p=395 


(a)  effect  of  To  (b)  effect  of  qw 


Fig.5.  Contours  of  stream  function,  temperature  Fig.6.  Effects  of  T0  and  qw  on  dimensionless 

and  saturation  enthalpy  H  =  H/(p,hfg) 

flux  is  identical  while  the  top  surface  temperature  is  different.  A  reduction  of  liquid  subcooling  at  the  top  surface 
from  80  K  in  Fig.5  (b)  to  50  K  in  Fig.5  (c)  causes  a  drastic  change  in  flow  and  temperature  fields,  thus  in  the 
separation  of  liquid  and  two-phase  zones.  In  Fig.5  (c)  the  two-phase  zone  extends  to  reach  the  side  walls, 
resulting  in  the  separation  of  the  liquid  zone  into  the  upper  and  lower  two  regions.  As  the  temperature  gradient 
in  the  vertical  direction  is  reduced  in  the  lower  liquid  zone,  the  cell  motion  is  retarded  and  its  centers  are  shifted 
to  a  lower  position  under  a  heated  tube.  In  the  upper  liquid  zone  the  isotherms  run  horizontally,  thus  heat  is 
dissipated  to  the  top  surface  by  conduction.  The  liquid  zone  lies  above  the  two-phase  zone  but  no  instability 
occurs  in  the  numerical  analysis.  Figure  6  plots  the  dimensionless  enthalpy  H  along  the  vertical  centerline  to 
discriminate  the  two-phase  zone  at  H  >  -1  and  the  liquid  zone  at  H  <  -1  The  effects  of  T0  and  qw  on  the 
vertical  extent  of  the  two-phase  zone  are  seen  in  the  figure. 

In  the  case  of  Fig.5  (b),  the  volumetric  vapor  fraction  is  calculated  as  Ev  =  4.7648  *10'3  for  the  Ergun  constant 
of  C=0,  and  Ev  =  4.8063  *10'3  for  C=0.68.  This  difference  is  so  small  that  the  Darcy  model  may  be  enough  in 
use  for  numerical  simulations  of  free  convection  in  porous  medium  if  the  values  of  absolute  permeability  are 
moderate. 
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6.  CONCLUSIONS 


A  numerical  algorithm  with  finite  element  method  to  analyze  two-phase  flow  and  heat  transfer  in  porous  media 
was  presented  on  the  base  of  the  two-phase  mixture  model  coupled  with  an  extended  Forchheimer-Darcy  law. 
The  present  numerical  results  were  compared  with  those  by  Wang  et  al.  and  experimental  data  by  Sondergeld 
and  Turcotte,  and  confirmed  the  accuracy  of  the  new  algorithm.  The  effectiveness  of  the  algorithm  was  shown 
for  boiling  on  a  heated  tube  in  porous  media.  The  new  algorithm  is  a  robust  tool  for  two-phase  flow  in  porous 
media  with  the  following  advantages:  (1)  Variety  of  permeabilities  and  other  physical  properties  in  each  element 
of  the  calculated  domain  is  allowable  for  FEM  method.  (2)  Any  configuration  of  the  domain  can  be  easily 
accommodated  along  with  the  different  combinations  of  boundary  conditions.  (3)  Problems  with  a  relatively 
wide  range  of  velocity  can  be  applied  for. 


NOMENCLATURE 


c  specific  heat 

C  Ergun  constant 

D(s)  capillary  diffusion  coefficient 

ey  1  in  y-direction  and  0  in  x-direction 

f(s)  hindrance  function 

g  gravitational  acceleration 

h  enthalpy 

hfg  latent  heat  of  heat 

H  volumetric  mixture  enthalpy 

j  diffusive  mass  flux 

J(s)  capillary  pressure  function 

kj  effective  thermal  conductivity 

K  absolute  permeability 

L  characteristic  length,  Ly  or  D 

p  pressure 

pc  capillary  pressure 

qw  heat  flux  on  the  wall 

q  y.  I  ' 

Qw  dimensionless  heat  flux;  = - —— 

ke(Tsat-T0) 

Ra  Rayleigh  number  in  the  liquid  region; 

=  KLgp1p1(Tsat-T0)c,/(v1ke) 

Ra2p  Rayleigh  number  in  the  two-phase  region 

=  KLgp,c,/(v1ke) 
s  liquid  saturation 

t  time 

T  temperature 


u  superficial  velocity  vector 

u  dimensionless  velocity;  upjCjL  /  ke 

p  dimensionless  pressure;  pc,K/(kev) 

P  thermal  expansion  coefficient 

e  porosity  or  volumetric  vapor  fraction 

0  dimensionless  temperature 

(T-ToMT^-To) 
yh  advection  correction  coefficient 

Th  effective  diffusion  coefficient 

X  relative  mobility 

v  kinetic  viscosity 

v  dimensionless  kinetic  viscosity; 

=  (v  +  Vkc  |  a  |)/v, 

p  density 

p  dimensionless  density;  =p/p] 

a  surface  tension 

Qh  effective  heat  capacitance  ratio 

Subscripts 

0  initial  condition 

1  liquid  phase 

v  vapor  phase 

k  “kinetic”  property 
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ABSTRACT.  Forced  convection  and  flow  boiling  in  channels  packed  with  sintered  copper  bi-dispersed 
porous  media  (with  micro-pores  diameter  of  80  |J.m  and  macro-pore  diameters  of  200/400/800  p.m)  were 
investigated  in  this  paper.  For  comparison,  the  same  channels  were  packed  with  sintered  copper  mono- 
dispersed  porous  media  with  pore  diameters  of  80/800  pm.  The  experiments  were  conducted  using  distilled 
water  as  the  working  fluid.  The  absolute  permeabilities  of  the  porous  channels  packed  by  the  sintered  copper 
mono-  and  bi-dispersed  media  were  first  determined  by  measuring  pressure  drops  at  different  inlet  velocities  of 
the  isothermal  flow  of  subcooled  water.  Experiments  were  then  performed  for  forced  convection  in  the  porous 
channels  heated  from  below  with  constant  heat  flux.  It  was  found  that  the  convection  heat  transfer  coefficients 
of  fluid  flow  through  bi-dispersed  porous  media  are  smaller  than  those  of  the  same  fluid  flow  through  mono- 
dispersed  porous  media  (with  the  same  pore  diameter  as  the  micro-pore  of  the  bi-dispersed  media)  at  the  same 
inlet  fluid  velocity.  As  the  heat  flux  is  increased  further  and  boiling  begins  to  occur,  the  pressure  drop  of  the 
two-phase  flow  and  characteristic  curve  of  boiling  were  determined.  It  is  found  that  the  boiling  phenomena 
inside  the  mono-  and  bi-dispersed  porous  media  begins  at  very  low  wall  superheats  because  of  the  increase  of 
the  specific  heat  transfer  surface  area  and  nucleation  sites.  The  results  indicated  that  the  porous  material  is  a 
highly  effective  two-phase  heat  sink,  especially  for  bi-dispersed  porous  materials  which  have  a  lower  flow 
resistance  than  that  of  the  mono-dispersed  porous  materials  having  the  same  pore  diameter  as  the  micro-pore 
diameter  of  the  bi-dispersed  porous  material. 

1.  INTRODUCTION 

It  is  anticipated  that  the  chip  heat  flux  levels  will  be  as  high  as  100  W/cm2  or  more  in  mainframe  computers  by 
the  year  2000  [1],  Thus,  conventional  heat  transfer  techniques  utilizing  natural  or  forced  convection  will  not  be 
adequate  to  meet  the  future  heat  dissipation  requirements  of  these  chips.  For  this  reason,  considerable  research 
on  new  cooling  technologies  for  electronic  equipment  is  currently  underway  [2],  For  example,  Koh  et  al  [3,4] 
studied  the  problem  of  forced  convection  in  a  porous  channel  based  on  Darcy  law  model.  Because  of  thermal 
dispersion  effects,  it  has  been  found  that  the  use  of  channels  packed  with  high-conductivity  porous  material  is 
an  effective  alternative  method  for  enhancing  single-phase  forced  convective  cooling  systems  [5-7].  Typically, 
wall  temperature  would  increase  with  the  increase  of  heat  loads  for  single-phase  forced  convective  cooling 
systems.  However,  more  uniform  wall  temperature  distribution  can  be  achieved  through  boiling  and 
evaporation  resulting  in  surfaces  temperatures  only  a  few  degrees  higher  than  the  fluid  saturation  temperature. 
In  addition,  the  latent  heat  exchange  provides  the  capability  of  high  heat  flux  removal  at  a  low  velocity. 

Few  experimental  studies  on  flow  boiling  in  porous  media  have  been  carried  out  despite  their  practical  interest. 
Most  previous  studies  focused  primarily  on  boiling  in  a  porous  medium  saturated  with  a  stagnant  liquid.  In 
1982,  Naik  and  Dhir  [8]  investigated  the  temperature  and  pressure  evolutions  of  a  coolant  that  evaporates  as  it 
flows  through  a  bed  of  steel  spheres  volumically  heated  by  induction.  A  theoretical  model  was  then  developed 
for  the  temperature  profile  in  the  two-phase  liquid  zone.  Recently,  a  mixture  model  for  single-component 
multiphase  flow  in  porous  media  was  developed  by  Wang  and  Beckermann  [9]  and  was  later  extended  to  multi- 
component  multiphase  flow  by  Wang  and  Cheng  [10].  An  experimental  study  on  convective  boiling  in  a  porous 
media  was  recently  conducted  by  Topin,  et  al  [11],  who  analyzed  the  temperature  field  of  three-phase  zones, 
i.e.  liquid,  liquid-vapor  and  superheat  vapor  zones.  Misceic,  et  al  [12]  studied  the  heat  transfer  of  n-pentane 
flowing  through  a  rigid,  mono-dispersed  fiber’  porous  media  with  and  without  phase  change.  The  experimental 
study  of  two-phase  heat  dissipation  in  high-conductivity  sintered  porous  channel  heat  sinks  was  investigated  by 
Peterson  et  al  [13],  and  their  experimental  results  were  verified  by  a  numerical  model.  All  of  the  existing 
literatures  are  for  convection  and  boiling  heat  transfer  in  mono-dispersed  porous  media.  Very  few  studies  have 
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been  carried  out  for  boiling  heat  transfer  in  bi-dispersed  porous  media  which  are  used  for  heat  pipes 
applications. 

The  aim  of  this  paper  is  to  study  the  flow  and  heat  transfer  characteristics  in  sintered  copper  bi-dispersed 
porous  media.  For  comparison,  experiments  were  conducted  for  mono-dispersed  porous  media  with  the  same 
pore  diameters  as  the  micro-pores  of  the  bi-dispersed  media  at  the  same  flow  conditions.  The  experimental 
work  was  first  conducted  to  obtain  the  pressure  drop  of  water  at  isothermal  temperature  in  both  the  mono- 
dispersed  and  bi-dispersed  porous  media.  A  study  was  also  carried  out  for  forced  convection  and  flow  boiling 
of  fluid  through  mono-  and  bi-  dispersed  porous  channels  with  heating  from  below.  The  data  of  heat  flux  versus 
wall  superheats  for  mono-  and  bi-  dispersed  porous  media  were  plotted  to  produce  the  characteristic-boiling 
curve. 


2.  EXPERIMENTAL  APPARATUS  AND  PROCEDURE 
2.1  Experimental  Apparatus 

The  experimental  apparatus  for  measuring  the  fluid  flow  and  heat  transfer  characteristics  in  channels  packed 
with  small  sintered  copper  spheres  is  shown  in  Fig.  1.  The  experimental  apparatus  was  composed  of  a  testing 
section,  a  cooling  system,  a  heating  system,  a  liquid  vessel,  a  pump,  two  flow  rate  meters  and  an  adjusting 
valve,  etc.  Distilled  water  was  pumped  from  the  liquid  vessel  and  through  the  filter,  flow  rate  meter,  and  was 
heated  to  the  desired  temperature  at  the  inlet  of  the  test  section  by  an  electrical  resistance  heater  which  was 
controlled  by  a  HP  PID  controller.  Exiting  from  the  test  section,  the  fluid  passed  through  the  condenser  and  into 
a  liquid  vessel  which  was  used  not  only  to  mix  the  liquid,  but  also  to  control  and  stabilize  the  liquid  pressure  at 
the  outlet  of  test  section. 


Liquid  Vessel 


Fig.  1  Schematic  of  experimental  system 

The  test  section,  as  shown  in  Fig.  2,  consisted  of  a  porous  channel,  an  inlet  flow  channel  and  an  outlet  flow 
channel.  The  channel  was  30  mm  in  width,  10  mm  in  height,  and  was  50  mm  in  length  packed  with  mono-  and 
bi-dispersed  porous  media.  The  inlet  and  outlet  flow  channels  were  each  45-mm  long  and  were  made  of  Teflon, 
with  the  same  inside  cross  sectional  area  as  that  of  the  test  section.  The  test  section  was  covered  by  polystyrene 
for  insulation.  In  order  to  measure  the  absolute  pressure  in  the  inlet  and  outlet  of  the  test  section,  two  absolute 
transducers  were  installed  in  the  inlet  and  outlet  of  the  test  section  respectively.  As  shown  in  Fig.  2,  a 
differential  pressure  meter  was  installed  in  the  test  section  with  five  connected  holes  to  the  porous  channel  to 
test  the  relative  pressure  along  the  porous  channel.  Seven  T-type  thermocouples  were  inserted  in  the  bottom  of 
the  porous  channel  to  measure  the  heated  wall  temperature  distribution.  To  enhance  the  thermal  contact 
between  the  heated  wall  and  the  heater,  a  layer  of  epoxy  adhesive  of  high  thermal  conductivity  was  used  to 
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bond  the  heated  wall  and  the  heater.  The  output  signals  of  the  pressure  transducers,  temperature  readings  of  the 
thermocouples,  flow  meter,  the  AC  voltage  across  the  film  heater  and  the  current  through  it  were  transmitted  to 
a  Solartron  Data  acquisition  system.  The  electrical  power  to  the  electric  heater  was  adjusted  to  the  desired  level 
using  a  transformer,  while  the  flow  rate,  inlet  temperature,  and  outlet  pressure  of  water  were  simultaneously 
maintained  at  the  desired  conditions. 


Differential  Pressure  Meter 


Fig.  2  Schematic  of  test  section 


2.2  Porous  Samples 

In  these  experiments,  two  types  of  mono-dispersed  copper  porous  samples  with  pore  diameters  of  80  pm  and 
800  pm,  and  three  types  of  bi-dispersed  porous  samples  with  micro-/macro-  pore  diameters  of  80  pm/200  pm, 
80pm/400pm  and80pm/800pm  were  used.  Table  1  lists  the  physical  parameters  and  dimensions  of  test 
samples.  The  porosity  of  the  five  samples  was  measured  using  the  density  method  [14]  and  is  also  listed  in 
Table  1. 


Table  1  Physical  parameters  of  porous  channels 


Test 

Mean  Pore  Diameters 

Porosity 

Permeability 

Samples 

d  (pm) 

£  (%) 

KxlO10  (m2) 

1 

80 

46 

0.267 

2 

800 

49 

6.035 

3 

80/200 

52 

2.235 

4 

80/400 

54 

3.078 

5 

80/800 

57 

5.642 

3.  FORCED  CONVECTION 


3.1  Permeability 

The  pressure  drop  of  the  subcooled  water  along  the  porous  channel  was  measured  by  the  differential  pressure 
transducers  in  the  porous  channels  at  different  flow  rates.  The  relationship  between  the  pressure  drop  along  the 
porous  channel  and  inlet  velocity  is  shown  in  Fig.  3.  In  the  velocity  range  from  0  to  2.5  cm/s,  the  inlet  velocity 
is  nearly  linearly  proportional  to  the  pressure  gradient  along  the  porous  channel.  The  permeability  can  then  be 
calculated  according  to  the  Darcy  law.  The  permeabilities  of  five  types  of  porous  samples  are  also  listed  in 
Table  1.  It  is  found  that  the  permeability  of  the  bi-dispersed  porous  medium  is  much  larger  than  that  of  the 
mono-  porous  medium  when  the  micro-  pore  diameters  of  bi-dispersed  porous  medium  is  the  same  as  the  pore 
diameters  of  mono-dispersed  porous  medium.  Furthermore,  the  permeability  of  the  bi-dispersed  porous 
medium  is  found  to  be  very  close  to  the  mono-dispersed  porous  medium  when  the  macro-  pore  diameter  of  the 
bi-dispersed  porous  medium  is  the  same  as  the  pore  diameter  of  the  mono-dispersed  porous  medium. 
Therefore,  the  permeability  of  a  bi-dispersed  porous  medium  can  be  estimated  as  the  permeability  of  the  mono- 
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dispersed  porous  medium  having  the  pore  diameter  the  same  as  macro-pore  diameter  of  the  bi-dispersed  porous 
medium. 
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Fig.  3  Pressure  drop  vs.  inlet  velocity  of  fluid 


Fig.  4  Wall  temperature  in  mono-dispersed  porous  channel  of  pore  diameter 
800  jim  with  single-phase  flow  (q=10  w/cm2) 


3.2  Temperature  Distribution 

For  a  porous  channel  heated  from  below  with  a  constant  heat  flux,  the  wall  temperature  distributions  along  the 
flow  direction  in  the  channels  packed  with  mono-  and  bi-dispersed  porous  samples  are  showed  in  Fig.  4  and 
Fig.  5  respectively.  The  bulk  mean  temperature  of  the  fluid  at  the  inlet  and  outlet  of  the  channels  are  also 
marked  as  Tin  and  Tout  in  these  figures.  It  is  shown  that  the  wall. temperature  is  decreased  with  the  increase  of 
the  inlet  velocity.  In  comparison  of  Fig.  4  and  Fig.  5,  it  is  shown  that  the  wall  temperature  in  the  bi-dispersed 
porous  channel  is  higher  than  that  in  the  mono-dispersed  porous  channel  at  the  same  inlet  water  temperature 
(36°C),  heat  flux  (10  W/cm2)  and  inlet  velocity  (0.469  cm/s  for  mono-dispersed  channel  and  0.476  cm/s  for  bi- 
dispersed  porous  channel).  It  can  be  concluded  that  the  forced  convection  heat  transfer  in  the  bi-dispersed 
porous  channel  is  lower  than  that  in  the  mono-dispersed  porous  channel  (with  the  same  pore  diameter  as  the 
micro-pore  diameter  of  the  bi-dispersed  media)  when  they  are  at  the  same  boundary  conditions. 
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Fig.  5  Wall  temperature  in  bi-dispersed  porous  channel  of  micro-/macro- 
pore  diameters  80  pm/200  pm  with  single-phase  flow  (q=10  w/cm2) 


0 

80  M.m 

7 

800  urn 

□ 

■ 

80  um/200  iim 
80  M-m/400  nm 

■ 

• 

80  (im/800  Pm 

0  0  0 
o 
o 

o  ° 

O 

7  V 

7  V 

7  v 

7  m  □  □  n  - 

u  v  V 
„  □ 
?]  o  ■ 


•  •  •  • 


0.5  1.0  1.5  2.0  2.5 

up  (cm/s) 


Fig.  6  Mean  heat  transfer  coefficients  vs.  inlet  velocity  UP  in  forced  convection 


3.3  Mean  Heat  Transfer  Coefficients 

The  mean  heat  transfer  coefficient  for  single-phase  convection  in  the  porous  channel  is  defined  as  [12] 


h  =  q/(Tw  -Tf )  (1) 

where  q  is  heat  flux  density,  Tf  is  the  mean  fluid  temperature  ,  and  Tw  is  the  mean  wall  temperature  calculated 

7 

from  the  formula  (X  Ax , )  /  L  with  L  being  the  length  of  porous  channel.  The  mean  heat  transfer 

i=l 

coefficients  in  mono-  and  bi-disperse  porous  channel  computed  according  to  Eq.(l)  are  illustrated  in  the  Fig.  6. 
It  is  shown  that  the  convection  heat  transfer  coefficients  in  porous  channel  is  very  high  because  the  porous 
medium  has  a  high  effective  thermal  conductivity  and  also  because  of  the  thermal  dispersion  effects.  The  heat 
transfer  coefficients  in  bi-dispersed  porous  channel  are  smaller  than  in  mono-dispersed  porous  channel.  For  a 
mono-dispersed  porous  medium,  because  its  effective  thermal  conductivity  and  specific  surface  area  are  higher 
than  the  bi-dispersed  porous  medium  when  the  pore  diameter  of  mono-dispersed  porous  medium  is  the  same  as 
the  micro-  pore  diameter  of  bi-dispersed  porous  medium.  So  the  heat  transfer  coefficient  in  this  mono-dispersed 
porous  channel  is  higher  than  in  the  bi-dispersed  porous  channel  subject  to  the  same  hydrodynamic  and  thermal 
boundary  conditions. 
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When  the  pore  diameter  of  a  mono-dispersed  porous  medium  is  the  same  as  the  macro-  pore  diameter  of  bi- 
dispersed  porous  medium,  the  specific  surface  of  mono-dispersed  porous  medium  is  smaller  than  that  of  the  bi- 
dispersed  porous  medium.  But  the  effective  thermal  conductivity  of  this  mono-dispersed  porous  medium  is 
higher  than  that  of  bi-dispersed  porous  medium.  Meanwhile,  the  fluid  through  micro-  pore  of  bi-dispersed 
porous  channel  is  very  slow  because  of  its  large  flow  resistance  compared  to  macro-  pore  at  the  low  inlet 
velocity,  so  the  effect  of  convection  heat  transfer  in  micro-  pores  is  very  small.  In  addition,  the  heat  conduction 
predominant  at  low  inlet  velocity.  So  the  convection  heat  transfer  coefficients  in  mono-dispersed  porous 
channel  is  higher  than  in  bi-dispersed  channel  subjected  to  the  same  boundary  conditions  when  the  pore 
diameter  of  mono-dispersed  porous  medium  is  the  same  as  the  macro-  pore  diameter  of  bi-dispersed  porous 
medium. 


4.  TWO-PHASE  FLOW  AND  BOILING  Heat  Transfer 
4.1  Temperature  Distribution 

When  boiling  happens,  the  wall  temperature  distributions  along  the  flow  direction  in  the  channel  packed  with 


Fig.  7  Wall  temperature  in  bi-dispersed  porous  channel  with  micro-/macro-pore 
diameters  of  80  pm/200  pm  (inlet  velocity  at  0.5  cm/s) 
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Fig.  8  Wall  temperature  in  mono-dispersed  porous  channel  with  pore 
Diameter  of  800  pm  (inlet  velocity  at  0.5  cm/s) 
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bi-  and  mono-dispersed  porous  samples  are  showed  in  Fig.  7  and  Fig.  8  respectively.  The  bulk  mean 
temperature  of  the  fluids  at  the  inlet  and  outlet  of  the  channels  are  also  marked  as  Tin  and  Tom  in  these  figures. 

As  shown,  the  wall  temperature  gradients  along  the  porous  channel  are  very  small  compared  with  single-phase 
flow  because  heat  is  removed  from  the  wall  by  latent  heat  of  vaporization.  The  influence  of  the  heat  fluxes  on 
the  wall  temperature  distributions  for  porous  channel  is  also  shown  in  Fig.  7  and  Fig.  8  respectively.  As  shown, 
the  wall  temperature  increases  with  increasing  heat  flux.  The  fluid  outlet  temperature  corresponds  closely  to 
the  saturation  temperature  at  the  outlet  pressure  of  the  porous  channel  at  each  run. 

4.2  Pressure  Drop 

Fig.  9  shows  the  pressure  variations  along  the  channel  packed  with  bi-dispersed  porous  media  with  micro- 
/macro-diameters  of  80  pm/200  pm  at  inlet  velocity  of  0.5  cm/s  when  the  boiling  happens.  As  shown,  the 
pressure  drop  increases  with  increasing  heat  flux.  This  is  because  boiling  is  enhanced  with  the  increase  of 
heat  flux,  and  the  vapor  saturation  increases  in  the  porous  channel,  so  the  flow  resistance  increases  with  the 
increase  of  heat  flux. 


Fig.  9  Pressure  variation  in  bi-dispersed  porous  channel  of  micro-/macro- 
diameters  80  pm/200  pm  (inlet  velocity  0.5  cm/s) 


X  (mm) 

Fig.  10  Pressure  variation  in  different  porous  channels  with 
the  heat  flux  of  10  w/cm2  and  inlet  velocity  0.5  cm/s 


535 


When  boiling  occurs,  the  pressure  drop  along  the  mono-  and  bi-  dispersed  porous  channel  with  the  heat  flux  of 
10  w/cm2  and  inlet  velocity  of  0.5  cm/s  is  shown  in  Fig.  10.  As  shown,  when  fluid  flow  through  mono- 
dispersed  porous  channel  with  pore  diameter  of  80  p.m,  the  pressure  drop  is  very  high  because  of  its  low 
permeability.  The  pressure  drop  along  the  bi-dispersed  porous  channel  is  much  lower  than  in  the  mono- 
dispersed  porous  channel  when  the  micro-pore  diameter  (80  pm)  of  bi-dispersed  porous  sample  is  the  same  as 
the  pore  diameter  of  mono-dispersed  porous  sample. 

4.3  Boiling  Curve 

When  boiling  occurred  in  the  porous  channel,  a  characteristic  boiling  curve  can  be  presented  in  terms  of  the 
wall  superheats  (ATsat=Tw  -  Tal)  versus  the  heat  flux  at  the  wall.  Fig.  1 1  shows  the  characteristic  boiling  curve 
[q  =  f  (ATsa,)]  obtained  experimentally  for  sintered  porous  channels. 


Fig.  11  Characteristic  boiling  curve  for  inlet  velocity  of  0.5  cm/s 

The  samples  were  two  mono-dispersed  porous  media  with  pore  diameters  of  80  pm  and  800  pm,  and  two  bi- 
dispersed  porous  media  with  micro-/macro-  pore  diameters  of  80  pm/200  pm  and  80  pm/800  pm.  The  inlet 
velocity  of  fluid  was  0.5  cm/s.  As  shown,  boiling  occurs  with  low  superheats  at  the  wall.  This  is  due  to  the 
increase  in  the  heat  transfer  specific  surface  and  the  larger  nucleation  site.  For  the  subcooled  flow  boiling  in 
porous  channel,  the  mean  heat  transfer  coefficient  is  very  large  for  each  channel  tested  at  the  same  inlet 
temperature  and  velocity. 

For  a  mono-dispersed  porous  sample,  the  heat  transfer  coefficient  in  porous  channel  with  small  pore  diameter  is 
higher  than  that  in  porous  channel  with  large  pore  diameter.  This  is  because  the  heat  transfer  specific  area  and 
nucleation  sites  in  small  pore  diameter  porous  sample  are  higher  than  in  large  diameter  porous  sample.  Fig.  1 1 
shows  the  boiling  curve  for  mono-  dispersed  porous  samples  with  pore  diameters  of  80  pm  and  800  pm.  As 
shown,  the  heat  transfer  coefficient  in  porous  channel  with  pore  diameter  of  80  pm  is  higher  than  that  in  porous 
channel  with  pore  diameter  of  800  pm. 

When  the  fluid  temperature  exceeded  the  saturation  temperature  of  fluid,  boiling  occurred  in  the  pores  if  it 
satisfied  the  nucleating  conditions.  With  the  increase  of  heat  flux,  boiling  enhanced  and  two-phase  zone 
extended.  When  the  boiling  happened  at  the  micro-  pore  at  high  heat  flux,  the  vapor  pressure  in  micro-pore  will 
increase  quickly,  forcing  the  vapor  immigrated  to  the  macro-  pores  and  the  liquid  entered  the  micro-  pore  in  the 
mean  time,  the  liquid- vapor  exchange  happened  between  macro-  and  micro-  pore  paths.  Boiling  in  the  micro¬ 
pores  can  enhance  the  heat  transfer  of  bi-dispersed  porous  media,  not  only  because  of  the  increase  in  heat 
transfer  specific  area,  but  also  the  increase  of  nucleation  sites.  So,  boiling  heat  transfer  coefficients  in  bi- 
dispersed  porous  medium  is  higher  than  in  the  mono-dispersed  porous  medium  having  the  same  pore  diameter 
as  the  macro-pore  diameters  of  bi-dispersed  porous  media.  As  shown  in  Fig.  11,  at  the  high  superheat  ATsat, 
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heat  flux  in  bi-dispersed  porous  channels  with  micro-/macro-pore  diameter  of  80  (im/200  |im  and  80  p.m/800 
(im  are  higher  than  in  mono-dispersed  porous  channel  with  pore  diameter  of  800  pm. 

When  the  pore  diameter  in  the  mono-dispersed  porous  channel  is  the  same  as  the  micro-pore  diameter  of  bi- 
dispersed  porous  channel,  the  boiling  heat  transfer  coefficient  in  the  mono-dispersed  porous  channel  is  higher 
than  in  the  bi-dispersed  porous  channel.  This  is  because  the  heat  transfer  specific  surface  area  in  mono- 
dispersed  porous  channel  is  higher  than  in  bi-dispersed  porous  channel.  As  shown  in  Fig.  11,  the  heat  transfer 
coefficients  in  bi-dispersed  porous  channels  with  micro-/macro-pore  diameter  of  80  pm/200  pm  and  80  pm/800 
pm  is  smaller  than  in  mono-dispersed  porous  channel  with  pore  diameter  of  80pm.  But  as  the  ratio  of  macro- 
/micro-  pore  diameters  is  not  large,  the  heat  transfer  coefficients  in  bi-dispersed  porous  channels  are  close  to 
those  in  mono-dispersed  porous  channel  with  the  same  size  of  pore  diameter  in  mono-dispersed  porous 
channels  and  micro-  pore  diameters  in  bi-dispersed  porous  channel. 

5.  CONCLUSIONS 

The  permeability  of  the  bi-dispersed  porous  medium  is  much  larger  than  that  of  the  mono-  porous  medium 
when  the  micro-  pore  diameter  of  bi-dispersed  porous  medium  is  the  same  as  the  pore  diameter  of  mono- 
dispersed  porous  medium.  The  permeability  of  the  bi-dispersed  porous  medium  is  almost  the  same  as  the 
mono-dispersed  porous  medium  when  the  macro-  pore  diameter  of  the  bi-dispersed  porous  medium  is  the  same 
as  the  pore  diameter  of  the  mono-dispersed  porous  medium.  So  the  permeability  of  a  bi-dispersed  porous 
medium  can  be  estimated  as  the  permeability  of  the  mono-dispersed  porous  medium  having  its  pore  diameter 
the  same  as  macro-pore  diameter  of  the  bi-dispersed  porous  medium.  The  mean  convection  heat  transfer 
coefficients  of  bi-dispersed  porous  channels  are  smaller  than  of  mono-dispersed  channels  at  the  same  inlet 
water  temperature,  heat  flux  and  inlet  velocity. 

Boiling  in  porous  media  appears  with  low  superheats  at  the  wall  because  of  the  increase  of  the  heat  transfer 
surface  area  and  the  number  of  nucleation  sites.  The  heat  transfer  coefficients  in  mono-dispersed  and  bi- 
dispersed  porous  channels  are  very  high  when  boiling  happened.  The  boiling  heat  transfer  coefficients  of  bi- 
dispersed  porous  media  are  smaller  than  and  close  to  those  of  mono-dispersed  porous  media  when  the  pore 
diameter  of  mono-dispersed  is  the  same  as  the  micro-pore  diameter  of  bi-dispersed  media.  In  the  mean  time, 
the  boiling  heat  transfer  coefficients  of  bi-dispersed  porous  media  are  higher  than  of  mono-dispersed  porous 
media  at  high  heat  flux  when  the  pore  diameter  of  mono-dispersed  is  the  same  as  the  macro-pore  diameter  of 
bi-dispersed.  So  the  bi-dispersed  porous  material  is  very  useful  for  flow  boiling  at  high  heat  flux  with  low  flow 
resistance  compared  with  the  mono-dispersed  porous  material  when  the  pore  diameter  is  the  same  as  micro¬ 
pore  diameter  of  bi-dispersed  porous  material. 
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ABSTRACT.  Passive  closed  two-phase  heat  transfer  elements  as  wicked  heat  pipes,  wickless  two-phase  closed 
tubular  and  looped  thermosyphons  and  wickless  pulsating  heat  pipes  represents  a  promising  solution  for 
dissipating  and  spreading  heat  from  electronic  equipment  to  an  external  coolant.  The  paper  presents  results  and 
practical  experience  from  the  research  of  various  designs  of  thermosyphons  and  pulsating  heat  pipes  for  thermal 
control  of  electronic  equipment. 


1.  INTRODUCTION 

Cooling  systems  based  on  the  principle  of  two-phase  change  (evaporation/boiling  <-+  condensation)  of  a  heat 
transfer  medium  in  a  closed  space  are  progressively  eroding  the  use  of  standard  air  and  liquid  (one-phase) 
coolers  in  the  thermal  control  of  electronic  equipment.  These  two-phase  heat  transfer  elements  fall  into  two 
families: 

Pumped  Liquid  Coolers 

Where  a  pump  supplies  an  evaporator  with  the  liquid.  They  usually  feature  either  forced  liquid  evaporation  or 
boiling  in  their  evaporator  part.  Such  coolers  can  be  further  designed  as: 

1.  indirect  coolers,  when  the  electronic  equipment  is  attached  to  the  outer  surface  of  the  evaporator  part 
(usually  called  cold  plates). 

2.  immersion  coolers,  when  the  electronic  equipment  is  directly  submerged  in  the  liquid  in  the  evaporator 
part. 

Passive  Coolers  (without  any  forced  pumping  action) 

With  film  evaporation  or  pool  boiling  of  the  liquid  in  the  evaporator  part.  These  passive  two-phase  heat  transfer 
sealed  elements  are  divided  into  three  groups  according  to  the  return  of  the  liquid  from  the  cooled  part 
(condenser)  to  the  evaporator  [18]: 

1.  wicked  heat  pipes,  where  a  wick  on  the  inner  wall  of  the  cooler  serves  as  a  capillary  pump  (Fig.  1). 

2.  wickless  pulsating  (oscillating)  heat  pipes  (Fig.  2  -  schema),  in  which  the  working  fluid  does  not  circulate 
between  the  evaporator  and  the  condenser  in  the  form  of  counter  current  liquid-vapor  flow,  but  rather 
axially  oscillates  in  the  bundle  of  turns  of  capillary  tubes.  This  oscillation  movement  of  the  working  fluid  is 
created  by  the  bubble-boiling  phenomenon  in  the  evaporator  zone  [18]. 

3.  wickless  two-phase  closed  thermosyphons  (in  the  further  text  just  “thermosyphons”),  in  which  gravity  is 
used  for  returning  the  liquid  from  the  condenser  to  the  evaporator. 

Thermosyphon  coolers  can  be  designed  as: 

-  tubular  thermosyphon  coolers  (Fig.3),  or  rectangular  vapor  chamber  heat  spreaders  (Fig.  4),  both  with 
counter-current  flow  of  the  liquid  and  the  vapor,  or  as 
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-  thermosyphon  loops,  where  the  evaporator  is  connected  to  the  condenser  by  a  couple  of  individual 
channels,  one  for  the  liquid  flow  and  the  other  for  the  vapor  flow. 


Fig.l  -  Schema  of  a  Wicked  Tubular  Heat  Pipe 


Axial  Oscillation 


Fig.  2  -  Schema  of  a  Wickless  Pulsating  Heat  Pipe 


Fig.  3.  Schema  of  a  Wickless  Tubular  Thermosypbon 


Fig.  4  -  Vapor  Chamber  Thermosyphon  used  as  a 
Heat  Spreader. 
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Thermosyphon  loops,  but  in  general  all  passive  coolers  (heat  pipes  and  thermosyphons),  can  be  constructed  as: 

-  indirect  coolers,  when  the  electronic  equipment  is  attached  to  the  outer  surface  of  the  evaporator  part 
(Fig.5)  or  as 

-  immersion  coolers,  where  the  electronic  equipment  is  submerged  directly  in  the  liquid  in  the  evaporator 
part  (Fig.6). 


Fig.  5.  Schema  of  an  Indirect  Thermosyphon 
Loop 


Fig.  6.  Schema  of  an  Immersion  Thermosyphon 
Loop 


This  paper  presents  the  results  of  our  research  program  on: 

-  indirect  tubular  thermosyphon  coolers, 

-  rectangular  vapor  chamber  heat  spreaders, 

-  indirect  thermosyphon  loops, 

-  immersion  thermosyphon  loops 

-  with  regards  to  thermal  control  of  electronic  equipment. 

2.  BASIC  DESIGN  OF  THERMOSYPHON  COOLERS 

We  have  designed,  manufactured  and  tested  a  number  of  prototypes  of  the  following  thermosyphon  coolers, 
some  of  which  have  been  now  serially  manufactured  and  applied  in  the  thermal  control  of  electronic  equipment 
[7][  17][  1 8]  [  19][23] . 


Indirect  Tubular  Thermosyphon  Coolers 

A  typical  indirect  thermosyphon  cooler  for  power  semiconductor  elements  is  shown  in  Fig.  7.  It  is  composed  of 
several  parallel  tubular  thermosyphons  in  one  or  two  rows,  whose  evaporator  parts  are  pressed  into  a  copper  or 
aluminium  input  pad  (block).  A  series  of  lamellar  fins  is  attached  to  the  condenser  parts. 

The  heat  transferred  from  the  outer  surface  of  the  input  pad  through  one  thermosyphon  to  the  cooling  air  is 
defined  as 


„  tpp-tB,l 

1  Rt 

where  tn>  is  the  surface  input  pad  temperature,  in  electronics  usually  about  80°C 
tB.i  is  the  inlet  cooling  air  temperature  (up  to  40°C) 

Rt  is  the  total  thermal  resistance  of  one  thermosyphon 

The  total  thermal  resistance  of  a  thermosyphon  is  calculated  as  a  series  resistance  network  (Fig.  8). 


(1) 


Ri  =  (Rn>)t  +  Rw.e  +  Re  +  Rc  +  Rw.c  +  rf 


(2) 
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Fig.  7.  Indirect  Tubular  Thermosyphon  Assembly  for  Power 
Semiconductors 

The  dissipated  heat  is  transferred  by  conduction  from  the  input  pad  outer  surface  to  the  evaporator  outer  surface 
(thermal  resistance  Rp),  further  by  conduction  through  the  evaporator  wall  to  the  inner  evaporator  surface 
(thermal  resistance  RWiE).  The  thermal  resistance  due  to  falling  film  evaporation  or  bubble  boiling  at  the  pool  is 
marked  as  RE.  Similar  phase  change  transport  phenomena  at  condensation  of  the  vapor  on  the  inner  wall  of  the 
condenser  part  is  marked  as  Rc-  From  the  inner  wall  the  heat  is  transferred  by  conduction  through  the  condenser 
wall  (thermal  resistance  Rw,c)  and  finally  by  natural  or  forced  air  convection  from  fins  to  the  cooling  air  (thermal 
resistance  RF).  The  thermal  resistance  of  vapor  flow  from  the  evaporator  to  the  condenser  part  is  neglectable. 

While  the  thermal  resistances  Rw,e  and  Rw,c  are  usually  small,  the  thermal  resistances  Rn>,  RE,  Rc  and  Rf 
influence  basically  the  total  thermal  resistance  Rt  and  therefore  it  is  necessary  to  determinate  them  correctly. 
Determination  of  the  thermal  resistance  of  fins  RF  is  a  standard  procedure  for  the  free  and  forced  air  convection 
through  fins. 

The  inner  thermal  resistance  of  a  thermosyphon  is  therefore  simplified  to 

R;  =  RE  +  Rc  (2a) 


Fig.  8.  Thermal  resistance  network  of  a  tubular  thermosyphon  for  electronics  applications 
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Basic  individual  thermal  resistances  of  a  thermosyphon 

a)_Thermal  resistance  of  an  input  pad,  Rp 

The  exact  calculation  of  the  heat  transfer  through  an  input  pad  requires  the  solution  of  three  dimensional  heat 
conduction  equations.  We  have  verified  that  the  following  simplified  method  is  accurate  enough  for  most 
electronics  applications.  In  the  case  of  a  uniform  heat  flux ,  the  outer  surface  temperature  of  the  input  pad  tn>  is 

uniform  and  the  thermal  resistance  RIP  is  determined  by  the  thermal  conductivity  and  by  the  dimensions  of  the 
input  pad,  which  are  induced  in  the  so  called  conduction  shape  factor  Fff  [21].  Equations  for  calculation  of  the 
thermal  resistance  of  an  input  pad  are  given  in  the  Table  1.  In  the  case  of  a  non-uniform  heat  flux ,  the  outer 
surface  temperature  of  the  input  pad  tff  is  not  uniform  and  the  total  thermal  resistance  of  the  input  pad  Rp  is: 

Rip  —  R  [t>  +Rip 

where 

Rip  is  the  same  as  in  the  case  of  uniform  heat  flux  (Table  I  -  eq.  4) 

jfl  is  the  spreading  thermal  resistance  calculated  according  to  the  equation  by  S.  Lee  [8] 

,P  (Table  I  -  eq.  6) 

Table  1.  Heat  Transfer  in  an  Input  Pad 


R[P  -  RIP  +  RIP 


total  thermal  resistance  of  an  input  pad 


a)  Rip  -  — — 7r~ 
eip  Rip 


uniform  heating  of  input  pad 


JiiL  sJUlL 


single  side  heating  of  input  pad 


2  ?  <5  Hip 

In] — -  sink  - 

dde  2  s. 


double  side  heating  of  input  pad 


b)  Rjp  =  C 


a  ^-ffSffRip  +  tanh  a 
Xjpyjn  S,pSs  _  l  +  a  ^.jpSjpRjp  tanhfa-^- 


non-uniform  heating  of  input  pad  (6) 


where  C  =  0 


C=  1.41 


uniform  heating 

non-uniform  heating;  electronics  in  the  center  of  the  input  pad 
non-uniform  heating;  electronics  along  the  edge  of  the  input  pad 
non-uniform  heating;  electronics  at  a  comer  of  the  input  pad 


a  =—r=  +  - 


b)  Thermal  resistance  due  to  the  phase  change  of  the  working  fluid  inside  the  evaporator  part,  RE 
Re  is  the  most  important  thermal  resistance  for  the  majority  of  electronic  applications.  It  is  determined  by  the 
heat  transfer  coefficient  in  the  falling  liquid  film  hE  f  and  by  the  heat  transfer  coefficient  in  the  liquid  pool  hElP 
according  to  the  equation 

Re  =  Le.,  hE;._+LE.,hE.,  (7) 

7tdjL  e h E , i  hE p 
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where 


(8) 


Le  =  Le,  p +  LEif 

Owing  to  the  small  diameter  of  the  pools  in  the  thermosyphons  (usually  <30mm),  to  bubbles  nucleation  and 
sliding  of  vapor  bubbles  along  the  inside  wall  as  well  as  to  the  vigorous  agitation  and  mixing  in  the  pool  due  to 
rising°large  bubbles  and  vapor  slugs,  boiling  heat  transfer  is  greatly  enhanced.  As  a  result,  nucleate  boiling  heat 
transfer  coefficients  in  the  liquid  pool  of  thermosyphons  is  significantly  higher  than  the  one  predicted  by 
nucleate  boiling  correlations  for  conventional  boiling  in  large,  open  pools  [2],  Similarly,  nucleate  boiling  heat 
transfer  coefficients  in  the  liquid  film  in  thermosyphons  are  higher  than  those  for  conventional  boiling,  partially 
due  to  the  dispersion  of  liquid  mist  in  the  vapor  flow  by  bursting  bubbles  at  the  liquid-vapor  interface,  and  also 
to  the  mixing  induced  in  the  liquid  film  by  sliding  bubbles.  For  these  reasons  standard  heat  transfer  coefficient 
correlations  for  pool  boiling  and  inverse  Nusselt  correlation  for  falling  film  evaporation  lead  to  quite  inaccurate 
results  [3].  Table  2  shows  correlations  by  EL-GENK  [2] [3]  for  the  evaporation  and  bubble  boiling  in  a  falling 
liquid  film  and  for  free  liquid  convection  and  bubble  boiling  in  a  liquid  pool  of  the  evaporator  part. 


Table  2.  Heat  Transfer  in  the  Evaporator  Part  of  a  Tubular  Thermosyphon 


c)  Thermal  resistance  due  to  the  phase  change  of  the  working  fluid  inside  the  condenser  part,  Rc 

The  thermal  resistance  due  to  the  phase  change  of  working  fluids  inside  the  condenser  part  depends  on  the  inner 

surface  of  the  thermosyphon  S;,c  and  on  the  heat  transfer  coefficient  hc. 


The  calculation  of  heat  transfer  coefficient  hc  is  much  easier  than  it  was  in  the  case  of  hE  because  practically  only 
two  regimes  of  heat  transfer  exist  at  the  condensation  of  vapor  on  the  falling  film.  These  regimes  can  be 
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described  by  means  of  the  standard  Nusselt's  correlation  for  laminar  falling  film  [15]  and  Uehara’s  correlation 
for  turbulent  falling  film  [22],  and  both  correlations  must  be  modified  with  regard  to  the  shear  stress  effects  due 
to  vapor  flow  at  high  heat  flows  and  to  the  effect  of  tube  inclination  [6]  as  it  is  shown  in  Table  3. 

For  most  electronic  applications  the  falling  liquid  film  is  laminar,  the  vapor  pressure  is  py  <  0.3  and  the  shear 
stress  is  low.  Therefore,  the  equations  (24)  and  (25)  can  be  substituted  by  the  simpler  equation  (32). 


Table  3.  Heat  Transfer  in  the  Condenser  Part  of  a  Tubular  Thermosyphon 


Rc=  1 
hC  St,C 

(23) 

Nuc 

hr  — 

h 

(24) 

(  2VU4 

NUc=  1  +  4 

\fp  NUlam}  +  Nulrb\ 

(25) 

Nulam=^~  =0.925Rel!e/3 
al 

(26) 

Nuturb=^~~  =  0.044 PrL2/5  Re'/j 

(27) 

fP =1 

for  py  <0.3,  py  =-&¥- 

Per 

(28a) 

f  =  1 

JP  ,3.3 

1-0.63  pfr 

for  py  >0.3 

(28b) 

The  dimensionless  shear  stress  t[v  is  given  in  [6]. 

ReL  = - ^ - 

n  di  pL  r 

(29) 

Re  LB  =  fe  Pei 

(30) 

fe=  1 

for  0  <  6  <  10°  (vertical  or  quasi-vertical  position) 

(31a) 

2.87  4, 
l^sinB 

for  0  >  10°  (inclined  position) 

(31b) 

hC  lf  0.925 
Nuc  =  „  =  ... 

Re  LQ 

(simplified  correlation  suitable  for  most  electronics  applications) 

(32) 

d)  Thermal  resistances  due  to  the  selected  manufacturing  procedures 

Besides  these  basic  thermal  resitances,  which  can  be  estimated  by  means  of  equations  as  they  originate  from 
physical  phenomena,  two  further  thermal  resistances  must  be  taken  into  account  for  any  tubular  thermosyphon 
cooler.  They  are  connected  with: 

the  contact  between  the  inner  surface  of  the  holes  in  the  input  pad  and  the  external  surface  of  the  evaporator 
tube  (the  so-called  hole  thermal  resistance)'. 
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the  contact  between  the  fin  collar  and  the  external  surface  of  the  condenser  tube  (the  so-called  collar 
thermal  resistance). 

Both  these  thermal  resistances  depend  on  the  manufacturing  procedures  that  single  manufacturers  adopt  for  the 
construction,  and  must  be  determined  by  manufacturers  themselves  through  actual  measurements.  They  are 
usually  presented  as  constants  for  a  given  manufacturing  procedure. 

Limits  to  the  thermal  performance  of  a  tubular  thermosyphon 

Thermosyphons  generally  operate  in  a  wide  range  of  temperatures,  and  the  heat  transfer  regimes  they  are 
sometimes  subjected  to  can  reach  up  to  their  thermal  performance  limits.  Among  the  known  limits  -  sonic, 
boiling,  interaction  and  vapor  flow  -  mainly  the  interaction  limit  and  the  boiling  limit  (Table  4)  must  be 
considered  in  the  calculation  of  any  tubular  thermosyphon  cooler  for  electronic  applications. 


Table  4.  Thermal  performance  limits  of  a  tubular  thermosyphon 


a)  Boiling  Limit 

Kutateladze  equation  for  pool  boiling 

l<?g(Pi-Pv) 

4b,E -Q  lfiPv  r  f  2 

\  Pv 

(33) 

qb,E  (W/cm2) 

W 

Water 

forking  Fluid  (tv  =  60°( 

Methanol 

:) 

Fluorinert®  FC72 

Calculated  -  eqn  (33) 
d;=14.88  mm;  L£=150  mm 

69.55 

57.99 

17.84 

Exper.  -  Sintered  fibres 

128.6 

85.8 

68.4 

Exper.  -  Parallel  grooves 

88.7 

65.4 

37.4 

Exper.  -  Cross  grooves 

106.8 

79.4 

55.7 

b)  Inte 

Qtj  =  - 

raction  Limit 

2  -A  .  »  T" 

(35) 

(prU4+Pv-U4J  I**  1 

[g[pL-Pv)j 

Qt,i(  W) 

Calculated  -  eqn  (34) 

W 

Water 

orking  Fluid  (tv  =  60°C 

Methanol 

) 

Fluorinert®  FC72 

di  -  14.88  mm 

1772 

977 

206 

di  =  4  mm 

67 

= 

=== 

di  =  3  mm 

52 

=== 

===== 

d\  =  2  mm 

20 

= 

=== 

The  boiling  limit  (also  dry-out  limit ,  burn-out  limit)  of  a  thermosyphon  relates  to  a  certain  critical  radial  heat 
flux  at  which  individual  vapor  bubbles  in  the  liquid  pool  of  the  evaporator  part  aggregate  to  each  other  to  form  a 
vapor  film  at  the  wall.  This  vapor  film  is  insulating  the  inner  evaporator  surface  from  the  evaporating  liquid  and, 
owing  to  the  poor  thermal  conductivity  of  the  vapor,  only  part  of  the  heat  input  to  the  wall  can  be  transferred  and 
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a  sudden  increase  in  the  evaporator  wall  temperature  occurs.  The  boiling  limit  is  calculated  by  means  of  the 
modified  Kutateladze’s  correlation  [10]. 

The  interaction  limit  (also  flooding  limit ,  entrainment  limit)  of  a  thermosyphon  occurs  at  high  axial  heat  flows 
which  cause  relatively  high  velocities  between  the  counter-flowing  vapor  and  liquid,  and  consequently  increase 
the  shear  stresses  at  the  vapor/liquid  interface.  This  can  lead  to  an  entrainment  of  liquid,  which  in  its  turn  causes 
an  insufficient  liquid  supply  to  the  evaporator  with  consequent  local  dry-outs  of  the  evaporator.  The  correlation 
by  Faghri  [5]  can  be  used  for  calculating  the  entrainment  limit. 

Equations  of  the  boiling  and  interaction  limits  are  given  in  Table  IV  together  with  some  calculated  values  of  both 
limits  in  a  tubular  thermosyphon  (inner  diameter  14.88mm;  evaporator  length  150mm)  for  water,  methanol, 
ethanol  and  FC72  as  working  fluids. 

Straight  Rectangular  Thermosvphon  Coolers  -  Heat  Spreaders 

Standard  aluminium  finned  heat  sinks  are  effective  when  the  heat  source  to  heat  sink  contact  area  is  similar  to 
the  total  baseplate  area  of  the  heat  sink  -  that  is,  with  uniform  heat  flux.  However,  power  concentration  and 
small  footprint  areas  are  typical  features  in  today  electronic  devices,  so  that  local  overheating  areas  and  hot  spots 
are  always  possible.  For  the  calculation  of  such  non-uniform  heat  flux  cases,  the  spreading  resistance  of  the  heat 
sink  base  must  be  taken  into  account  -  see  equation  (6).  Sometimes,  despite  thick  heat  sink  bases,  the  spreading 
effect  is  still  unable  to  feed  the  peripheral  fms  with  adequate  thermal  energy. 

To  enhance  the  spreading  effect  of  the  heat  sink  base,  we  drilled  cross-holes  to  create  a  two-phase  thermosyphon 
in  the  form  of  a  vapor  chamber  inside  the  heat  sink  base  (Fig.  4).  Such  finned  heat  sinks  with  thermosyphons  in 
the  base  are  applied  for  cooling  IGBT  modules  in  traction  drives.  Non-uniform  heat  dissipation  from  IGBT 
modules  is  effectively  spread  to  heat  sink  fins,  as  thermosyphon  bases  serve  as  heat  spreaders.  The  working  fluid 
inside  the  thermosyphon  wall  in  contact  with  the  electronic  equipment  vaporizes  and  the  vapor  flows  to  fill  the 
inner  space  of  the  thermosyphon.  Given  that  the  vapor  temperature  in  the  inner  space  of  the  thermosyphon  is 
practically  the  same,  the  thermal  resistance  associated  with  vapor  spreading  is  negligible  and  the  thermosyphon 
acts  as  an  effective  heat  spreader  from  a  concentrate  heat  source  to  a  larger  surface. 


Thermosvphon  Loops 

In  a  two-phase  thermosyphon  loop,  the  evaporator  and  the 
condenser  parts  are  connected  by  small  diameter  tubing  for 
vapor  flow  up  and  liquid  flow  down.  From  the  point  of 
view  of  the  thermal  control  of  electronic  elements,  this 
enables  positioning  the  evaporator  part  directly  in  contact 
with  the  electronic  equipment  and  the  condenser  part 
elsewhere  (e.q.  chassis  of  the  system),  but  always  at  a 
higher  level  than  the  evaporator  part.  This  is  the  basic 
advantage  as  compared  to  the  tubular  thermosyphon 
cooler,  as  well  as  the  elimination  of  the  entrainment 
thermal  performance  limit.  The  driving  force  in  a 
thermosyphon  loop  is  the  pressure  due  to  the  difference  in 
liquid  height  in  the  two  tubings  of  the  thermosyphon  loop. 

This  driving  force  must  be  greater  than  the  sum  of  the 
pressure  losses  due  to  the  wall  friction  that  both  vapor  and 
liquid  meet  in  the  loop  and  to  other  local  losses  in  tube 
curves,  fittings  etc. 

A  higher  demand  in  thermal  performance  increases  the 
vapor  flow  rate  and  therefore  the  pressure  drop.  When  the 
total  pressure  loss  equals  the  maximum  available  driving 
force,  the  so-called  pressure  loss  limit  is  reached  [16]  and 

a  further  increase  in  thermal  performance  will  lead  to  dry-out  of  the  evaporator  surface. 
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Another  limit  to  the  thermal  performance  of  a  thermosyphon  loop  is  the  boiling  limit,  which  is  defined  in  the 
same  way  as  for  tubular  thermosyphons.  There  are  three  basic  possibilities  as  how  to  design  the  evaporator  part 
of  the  thermosyphon  loop: 


indirect  evaporator,  consisting  of  a  smooth  tube  fixed  into  a  metal  input  pad  (Fig.  8).  The  electronic 
equipment  is  attached  to  the  outer  surface  of  the  input  pad  and  the  thermal  resistance  of  the  indirect 
thermosyphon  loop  has  two  parts.  The  first  part  is  due  to  the  heat  conduction  from  the  surface  through  the 
input  pad  to  the  evaporator  tube,  and  its  calculation  depends  on  uniform  or  non-uniform  heat  flux  from  the 
electronic  equipment  to  the  input  pad.  This  calculation  is  similar  as  in  the  case  of  the  tubular  thermosyphon. 
The  second  part  is  related  to  the  boiling 
of  the  working  fluid  in  the  evaporator 
part  and  it  depends  on  the  operational 
regime  of  the  thermosyphon  loop.  At  low 
thermal  performances  we  can  use 
correlations  for  free  convection  and 
bubble  boiling  in  a  liquid  pool  (Table  II) 
while  at  higher  thermal  performance 
levels  we  should  use  correlations  for  flow 
boiling. 


2.  indirect  evaporator  as  a  rectangular 
chamber  -  cold  plate  (Fig.  9),  which  has 
very  low  inner  thermal  resistance  at  the 
phase  change  liquid-vapor  due  to  the 
special  arrangement  of  the  inner  surface 
in  the  form  of  fine  parallel  channels  or 
grooves,  porous  inserts  etc.  The 
electronic  equipment  is  attached  to  the 
outer  surface  of  the  cold  plate.  The 
thermal  resistance  of  a  thin  cold  plate 
wall  is  very  low  and  practically  the  total 

thermal  resistance  of  the  evaporator  part  is  generated  by  the  boiling  thermal  resistance  in  the  liquid  pool 
from  the  extended  or  enhanced  inner  surface  of  the  evaporator  part. 


Fig 


9.  Thermosyphon  Loop  with  Indirect  Evaporator 
(Cold  Plate) 


3.  immersion  evaporator  (Fig.  6),  when  the  electronic  equipment  is  submerged  directly  into  the  liquid  pool  in 
the  evaporator  part.  The  advantage  of  immersion  thermosyphon  loops  is  the  elimination  of  the  contact 
thermal  resistance  between  the  electronic  package  and  the  evaporator  part.  But  there  are  several 
disadvantages,  as: 

the  necessity  to  use  only  dielectric  liquids  that  usually  show  poor  thermal  properties,  low  critical  heat 
flux  at  pool  boiling  and  large  temperature  overshoot  at  boiling  incipience, 

higher  production  costs  with  regards  to  large  pressure-proof  containers  with  electric  feed-through  and 
lid. 


maintenance  problems. 


3.  CHOICE  OF  WORKING  FLUIDS  AND  OPTIMUM  FILLING 

To  cool  present  micro-  and  power  electronic  equipment,  the  surface  temperature  of  the  electronic  package  in 
contact  with  an  indirect  thermosyphon  cooler  usually  ranges  around  80°C,  and  the  vapor  temperature  inside  a 
thermosyphon  is  usually  between  50°C  and  70°C  depending  on  geometrical  parameters  and  other  factors.  In  the 
temperature  range  from  50°C  to  70°C  water  is  the  most  convenient  working  fluid.  Liquids  like  the  FC  family 
(FC72  or  FC87)  are  most  suitable  for  immersion  coolers  and  for  indirect  electrically  insulated  coolers  where  an 
electrically  insulated  ceramic  part  in  located  between  the  metallic  evaporator  and  the  metallic  condenser  parts.  In 
cold  regions,  where  working  temperatures  lower  than  0°C  can  occur,  indirect  thermosyphon  coolers  must  use 
methanol,  ethanol  or  water-ethylenglycol  mixtures  instead  of  pure  water.  From  the  point  of  view  a  compatibility 
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between  the  working  fluid  and  the  containing  materials,  water,  methanol,  ethanol  and  water-ethylenglycol 
mixtures  may  be  used  only  with  copper. 

The  optimum  initial  filling  ratio  of  the  working  fluid  in  the  evaporator  part  of  a  tubular  thermosyphon  influences 
the  maximum  thermal  performance.  The  initial  filling  ratio  should  have  an  appropriate  value  to  avoid  any  dry¬ 
out  of  the  liquid  film.  The  optimum  initial  filling  ratio  depends  mainly  on  thermosyphon  dimensions,  on  the  type 
and  vapor  temperature  of  the  working  fluid  and  on  the  required  thermal  performance.  EL-GENK  [4]  developed  a 
calculation  procedure  to  determine  the  optimum  filling  ratio.  However,  the  thermal  control  of  electronics  often 
demands  the  vapor  temperature  and  the  thermal  performance  to  change  rapidly  and  frequently,  and  therefore 
some  compromise  on  initial  filling  ratio  should  be  considered.  The  initial  filling  ratio  has  basic  influence  on  heat 
transfer  in  the  evaporator  part  and  little  influence  on  heat  transfer  in  the  condenser  part. 

Table  5  shows  a  comparison  of  the  experimental  values  of  the  inner  thermal  resistances  of  a  tubular  copper 
thermosyphon  having  inner  diameter  d;  =  14.88  mm,  length  of  the  evaporator  part  LE  =  150  mm,  length  of  the 
condenser  part  Lc  =  300  mm.  The  working  fluids  considered  are  water,  methanol,  ethanol  and  FC  72,  the  vapor 
temperature  ty  is  60°C  and  the  managed  thermal  power  Q  amounts  to  280  W.  The  comparison  is  made  for  two 
initial  filling  ratios:  VL/VE  =  0.25  and  VE/VE  =  0.75. 

Table  5.  Comparison  between  calculated  and  experimental  values  of  the  inner 
thermal  resistance  of  a  tubular  thermosyphon 


Inner  Thermal  Resistance 

Working  Fluid  (tv  =  60°C) 

Ri  =  RE+Rc(  K/kW) 

Water 

Methanol 

Ethanol 

Fluorinert® 

FC  72 

Q  =  280W;  di  =  14.88  mm; 
Le  =  150  mm;  Lc  =  300  mm 

1)  Calculated 

a)  Filling  0.25 

14.24 

38.0 

55.5 

Q  =  280W  is 

b)  Filling  0.75 

24.05 

51.4 

73.8 

above  the  inte¬ 
raction  limit 

2)  Experimental 

{Qt,i=  206  W) 

a)  Filling  0.25 

18.02 

43.5 

58.3 

Q  =  HOW;  di  =  14.88  mm; 
Le  =  150  mm;  Lc  -  300  mm 

1)  Calculated 

a)  Filling  0.25 

327.0 

b)  Filling  0.75 

554.2 

2)  Experimental 

a)  Filling  0.25 

338.2 

The  comparison  clearly  shows  that  the  inner  thermal  resistance  of  the  tubular  thermosyphon  is  more  than  50% 
higher  in  the  case  of  larger  initial  filling  ratio.  For  electronic  applications,  an  initial  filling  ratio  of  25%  of  the 
volume  of  the  evaporator  part  is  usually  adopted. 
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For  electronic  applications  of  indirect  thermosyphon  loops  the  total  inner  volume  of  the  evaporator  part  should 
be  filled  up  by  the  liquid  while  in  the  case  of  immersed  thermosyphon  loops  the  total  surface  of  electronic 
equipment  should  be  submerged  by  the  liquid. 

4.  ENHANCEMENT  OF  HEAT  TRANSFER  IN  THE  EVAPORATOR 
PART  OF  THERMOSYPHONS 

The  critical  point  in  most  applications  of  thermosyphons  in  electronics  is  the  evaporator  part,  due  to  increasing 
heat  fluxes  -  which  are  usually  non-uniform  and  unsteady  -  from  electronic  equipment  to  the  cooler.  In  the 
evaporator  part,  three  main  characteristics  of  heat  transfer  can  be  pointed  out: 

a)  heat  transfer  coefficient  at  evaporation  or  boiling, 

b)  critical  heat  flux, 

c)  temperature  overshoot  at  boiling  incipience  of  highly  wetting  liquids,  mainly  FC  type. 

While  the  heat  transfer  coefficient  at  evaporation  and  boiling  in  the  falling  liquid  films  is  high  enough,  it  is 
usually  important  to  enhance  the  heat  transfer  coefficient  at  free  liquid  convection  and  bubble  boiling  in  a  liquid 
pool.  This  is  especially  true  for  methanol,  ethanol  and  FC  liquids.  Several  enhanced  and  extended  surfaces  in  the 
form  of  grooves,  screen  mesh,  sintered  powders  or  fibres,  porous  layer  of  alumina  particles,  porous  studs  etc 
have  been  successfully  tested  [1][7][11][13][14][20].  The  calculated  critical  heat  fluxes  at  pool  boiling  in  the 
evaporator  part  of  the  tubular  thermosyphon  (see  Table  IV)  go  from  17.84  W/cm  for  FC  72  to  about  70  W/cm 
for  pure  water.  Some  present  and  most  future  electronic  equipment  have  heat  fluxes  in  the  range  from  20  up  to 
200  W/cm2,  so  that  only  certain  liquids  are  able  to  meet  their 
demanding  requirements.  Upgrading  the  critical  heat  flux  by  means 
of  the  above  mentioned  enhanced  and  extended  surfaces  is  the 
today  main  task  for  many  R  &  D  engineers:  for  example,  the  critical 
heat  flux  at  pool  boiling  of  FC  liquids  is  only  from  10  to  20  W/cm  . 

We  tested  two  extended  surfaces: 

a)  Parallel  and  cross  rectangular  capillary  grooves  (width  of  the 
grooves  0.4mm:  depth  of  the  grooves  0.5mm)  directly  cut  into 
the  inner  copper  wall  of  the  evaporator  part  (Fig.  10); 

b)  Porous  surfaces  made  from  sintered  copper  fibres  (diameter  of 
fibres  30  -  50  pm,  length  of  fibres  3-4  mm;  thickness  of 
sintered  fibre  layer  1.5  mm;  porosity  0.7  -  0.8).  Copper  fibres 
were  sintered  directly  onto  the  inner  wall  of  the  evaporator  part 
(Fig.  11). 

Experimental  results  for  water,  methanol  and  FC72  as  working 
fluids  are  presented  in  Table  IV.  From  the  comparison  of  the 
calculated  results  for  critical  heat  fluxes  on  smooth  surfaces 
(equation  33)  and  the  experimental  results  from  the  two 
extended  surfaces  it  is  clear  that  sintered  copper  fibres  increase 
the  critical  heat  fluxes  more  than  three  times  in  the  case  of  FC 
72. 

However,  the  Kutateladze  correlation  in  its  usual  form  might 
originate  inaccurate  results  if  straightforwardly  applied  to  the 
study  of  pool  boiling  in  strictly  confined  spaces,  like  the  inside 
of  an  evaporator.  A  modified,  tuned  up  version  of  the  above 
mentioned  correlation  is  currently  being  developed. 

5.  PULSATING  HEAT  PIPES 
Operational  Principle  of  a  Pulsating  Heat  Pipe  (PHP) 


Fig.  10.  Crossed  Grooves  Surface 


Fig.  11  -  Sintered  Copper  Fibres 
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Contrary  to  the  conventional  heat  pipe,  where  the  working  fluid  inside  a  tube  circulates  continuously  between  the 
heat  source  and  the  heat  sink  in  the  form  of  counter  current  two  phase  flow,  the  working  fluid  in  a  PHP  oscillates 
in  its  axial  direction  periodically  (see  Figure  2  at  page  2).  For  a  successful  operation  of  a  PHP,  liquid  plugs  and 
vapor  bubbles  must  coexist  inside  the  capillary  tube  along  its  length.  This  can  be  achieved  by  vacuuming  the 
tube  and  then  partially  filling  it  with  a  working  fluid.  Liquid  plugs  and  vapor  bubbles  can  coexist  only  when  the 
inner  diameter  of  the  capillary  tube  is  small  enough  (from  0.5  to  3  mm).  Another  very  important  condition  for  a 
successful  operation  of  a  PHP  is  the  connection  in  series  of  a  bundle  of  parallel  capillary  tubes  into  a  single 
undulating  turned  tube  (Figure  12).  When  one  end  of  the  bundle  of  turns  of  the  undulating  capillary  tube  is 
subjected  to  high  temperature,  the  working  fluid  inside  evaporates  and  increases  the  vapor  pressure,  which 
causes  the  bubbles  in  the  evaporator  zone  to  grow.  This  pushes  the  liquid  column  toward  the  low  temperature 
end  (condenser).  The  condensation  at  the  low  temperature  end  will  further  increase  the  pressure  difference 
between  the  two  ends.  Because  of  the  interconnection  of  the  tube,  the  motion  of  liquid  slugs  and  vapor  bubbles 
at  one  section  of  the  tube  toward  the  condenser  also  leads  to  the  motion  of  slugs  and  bubbles  in  the  next  section 
toward  the  high  temperature  end  (evaporator).  This  works  as  the  restoring  force.  The  inter-play  between  the 
driving  force  and  the  restoring  force  leads  to  the  oscillation  of  vapor  bubbles  and  liquid  slugs  in  the  axial 
direction.  The  frequency  and  the  amplitude  of  the  oscillation  are  expected  to  be  dependent  on  heat  flow  and 
mass  fraction  of  the  liquid  in  the  tube.  Through  these  oscillations,  heat  is  supplied  by  the  heat  source  at  the 
evaporator  end  and  is  then  carried  to  the  condenser  the  heat  is  removed  by  a  heat  exchanger.  Because  many 
capillary  tubes  are  connected  to  the  evaporator  part  and  because  the  size  and  location  of  vapor  bubbles  and 
liquid  slugs  are  quite  random,  both  pressure  waves  and  bubble  oscillations  are  generated  randomly  with  different 
phases.  During  oscillation,  bubbles  can  also  coagulate. 

Basic  Design  of  Pulsating  Heat  Pipe  Coolers  for  Electronics 

The  company  Actronics  has  been  manufacturing  the  following  basic  designs  of  pulsating  heat  pipe  coolers: 

A.  Kenzan  Fin 

The  PHP  is  practically  a  bundle  of  turns  of  capillary  smooth  tubes.  This  bundle  is  usually  created  by  bending  a 
long  continuous  capillary  tube,  as  it  is  shown  in  fig.  12,  where  one  part  of  tube  turns  (evaporator)  is  soldered  to 
an  input  pad  and  another  part  (condenser)  of  tube  turns  serves  as  heat  sinking  pins  (fms).  Electronic  components 
are  attached  to  the  input  pad  surface,  while  the  heat  sinking  fms  are  cooled  by  either  natural  or  forced  air 
convection.  This  design  is  called  Kenzan  Fin  [9][12]. 

Two  Kenzan  Fin  PHP  coolers  for  IGBT  modules  were 
developed  and  tested.  One  for  natural  air  convection  was 
composed  by  1,500  turns  of  a  copper  capillary  tube  (external 
diameter  2.8  mm,  internal  diameter  2.2  mm).  The  length  of  the 
radiating  (condenser)  turns  is  250  mm.  the  dimensions  of  the 
input  pad  are  500  (L)  x  200  (W)  x  50  (H)  mm.  The  thermal 
resistance  of  this  cooler  is  R  =  0.0089  K/W  at  Q  =  4,500  W. 

The  cooler  for  forced  convection  was  composed  by  424  turns  of 
the  same  copper  capillary  tube.  Length  and  width  of  the 


Fig.  12.  Kenzan  Fin  PHP 


Figure  13.  Schema  of  a  flat  plate  pulsating  heat  pipe 
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radiating  turns  are  200  x  150  mm  respectively,  and  the  inpu  pad  is  1 10  x  190  mm.  The  thermal  resistance  of  this 
cooler  is  R  =  0.022  K/W  at  Q  =  1800W  and  with  a  face  air  velocity  v  =  3  m/s.  The  performances  of  both  coolers 
are  practically  independent  from  the  inclination  of  the  device. 

B.  Heat  Lane 

A  new  design  of  PHP,  named  Heat  Lane  [24],  has  been  now  developed.  In  this  design,  the  bending  of  a  long 
continuous  extruded  metallic  flat  plate  with  capillary  channels  inside  (fig.  13)  creates  a  bundle  of  turns.  At  both 
ends  of  the  extruded  plate  the  capillary  channels  are  repeatedly  turned  in  a  way  to  form  a  serpentine  tunnel.  Both 
ends  of  the  plate  are  then  pressed  and  hermetically  sealed  by  welding.  Like  in  the  Kenzan  Fin  design,  one  part  of 
the  bundle  plate  turns  (evaporator)  is  soldered  to  an  input  pad  and  another  part  (condenser)  of  the  bundle  plate 
serves  as  radiation  fins.  Very  effective  louvered  fins  can  also  be  soldered  between  two  plates  (Fig.  14)  to 
generate  a  compact,  light  and  high  efficiency  heat  exchanger. 


[  -ANV 


Figure  14.  Pulsating  heat  pipe  “heat  lane”  [12] 

Applications  of  Heat  Pipes  in  Computers 

Heat  pipes  are  used  in  notebooks,  desktops  and  industrial  PCs  to  transfer  the  dissipated  heat  from  heat  sources 
(usually  CPUs  only)  to  a  location  where  cooling  conditions  are  more  favourable.  For  these  reasons,  such  cooling 
systems  are  often  called  Remote  Heat  Exchangers  (RHE).  Their  configuration  is  different  according  to 
application,  power  to  be  dissipated,  ambient  conditions  (Fig.  15). 

Both  passive  cooling  (natural  convection)  and  forced  air  cooling  systems  are  available  on  the  market. 

Notebook  applications  of  heat  pipes 

There  are  two  basic  designs  to  dissipate  the  heat  generated  by  notebook  CPUs  by  means  of  heat  pipes: 
a)  Passive  Cooling  Design  by  Standard  Wicked  Heat  Pipes 

These  designs  use  heat  pipes  to  enhance  the  heat  transfer  from  the  CPU  to  the  notebook  case.  At  their  side 
opposite  to  the  CPU,  heat  pipes  are  usually  attached  to  an  aluminium  plate  that  transfers  the  heat  to  the  chassis  or 
dissipates  it  under  the  keyboard.  Many  current  notebooks  are  actually  equipped  with  this  kind  of  heat  removing 
system:  however,  this  design  is  limited  to  a  thermal  performance  in  the  range  of  8  W,  mainly  because  the  surface 
temperature  of  a  notebook  case  cannot  exceed  15°C  over  ambient  for  ergonomic  reasons.  To  a  certain  extent,  the 
thermal  performance  of  such  designs  can  be  increased  by  using  the  so  called  Heat  Pipe  Hinge  Systems,  by  means 
of  which  the  heat  is  moved  away  from  CPU,  passes  through  an  articulated  joint  and  is  then  transferred  to  an 
aluminium  plate  located  on  the  back  of  the  display.  Heat  pipes  for  passive  cooling  of  notebooks  are  usually 
miniature  size,  with  outer  diameter  from  2  to  4  mm  (circular  shape)  or  thickness  from  2  to  4  mm  (flat  sub- 
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Figure  15.  Remote  heat  exchangers  (RHEs)  for  computer  applications 

rectangular  shape).  Copper  tube  and  water  filling  is  the  best  material  combination  as  far  as  both  compatibility 
and  thermophysical  properties.  Heat  pipes  must  also  have  an  effective  internal  capillary  structure,  in  the  form  of 
axial  grooves,  screen,  sintered  copper  powder  or  bundle  of  fine  wires.  The  thermal  performance  of  these 
miniature  heat  pipes  ranges  from  5  to  20  W,  depending  on  their  diameter,  vapor  temperature  and  -  mainly  - 
wick  type. 

b) .  Passive  Cooling  by  Pulsating  Heat  Pipes  (PHPs) 

New  generations  of  microprocessors  are  continuously  developed  at  faster  and  faster  pace,  and  CPUs  dissipating 
25  to  35  W  will  soon  equip  every  kind  of  PCs,  including  notebooks.  Hence,  none  of  the  above  mentioned 
completely  passive  cooling  designs  will  be  applicable  any  longer,  as  they  would  result  in  skin  temperatures 
exceeding  ergonomic  limits.  However,  a  passive  cooling  design  is  still  acceptable  at  35  W  dissipated  and  90°C 
maximum  CPU  temperature  providing  the  heat  is  transferred  from  the  CPU  to  a  finned  heat  sink  via  a  flat 
pulsating  heat  pipe.  The  heat  sink  temperature  will  rise  up  to  around  60°C,  but  all  the  other  parts  of  the  notebook 
case  will  be  kept  within  the  temperature  ergonomic  limits.  For  the  heat  transfer  from  the  CPU  to  a  finned  heat 
sink  a  U  shaped,  flat  PHP  has  been  developed  by  the  company  Actronics.  The  PHP  body  consists  of  a  flat 
aluminium  extrusion  whose  external  rectangular  shape  incorporates  many  parallel  capillary  channels  inside  (fig. 
14).  A  2  mm  thick,  50  mm  wide  and  250  mm  long  flat  PHP  with  a  very  compact  finned  surface  soldered  to  its 
cooled  (condenser)  part  can  transport  up  to  50  W  with  very  small  temperature  drop. 

c)  Forced  Air  Convection  with  Heat  Pipes 
This  kind  of  RHE  (fig.  16)  is  widely 
employed  in  notebooks  for  its  extreme 
compactness,  light  weight  and  design 
flexibility.  It  features  a  miniature  heat 
exchanger  cooled  by  a  micro  fan  at  the 
cooled  end  of  the  heat  pipe.  This  carries  the 
heat  away  from  the  CPU  through  the  usual 
input  pad.  Sometimes  a  wider  aluminium 
sheet  is  used  instead  of  the  input  pad  to 
gather  the  heat  dissipated  by  other 
electronic  devices,  like  video  chipsets, 
memories  and  the  like.  The  obvious  choice 
for  locating  the  micro  fan  (size  20  to  30  mm 
square)  is  the  back  panel  of  the  notebook. 

Usual  dimensions  for  the  miniature  heat 
exchanger  are:  20-30  mm  width,  10-20  mm  height,  40-60  mm  length.  The  highest  thermal  performance  that  can 
be  expected  by  such  cooling  systems  is  around  12  W. 


Figure  16.  Forced  Air  Cooling  System  for  Notebooks 
(Micro  Fan  is  not  shown) 
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Desktop  applications  of  heat  pipes 

The  typical  cooling  system  adopted  for  today  desktop  computers  features  an  electrically  driven  fan  and  a  finned 
heat  sink  directly  attached  onto  the  processor.  Almost  all  latest  Pentium®  processors  are  cooled  this  way.  The 
finned  heat  sink  can  be  machined  from  a  standard  aluminium  extrusion  or  a  die  casted  unit.  Nevertheless,  at 
present  desktop  computer  manufacturers  are  actively  studying  the  possibility  of  switching  over  a  fully  passive, 
fan-less  solution,  to  increase  reliability,  reduce  costs  and  eliminate  the  noise.  This  means  that  the  CPU  and  other 
smaller  heat  sources  must  be  put  in  condition  to  dissipate  together  from  30  to  50  W  only  by  natural  convection 
and  radiation.  A  possible  way  to  solve  the  problem  is  to  use  a  heat  pipe  to  remove  the  heat  from  the  electronic 
components  and  carry  it  very  effectively  (with  a  minimum  temperature  drop)  to  a  location  close  to  the  computer 
case,  or,  if  possible,  to  the  chassis  itself  or  part  of  it  acting  as  an  external  heat  exchanger.  Solutions  of  this  kind 
are  already  in  production  for  top-end  PCs,  industrial  PCs  and  servers  (Fig.  17).  Particularly  suitable  for  this  job, 
systems  using  a  flat  pulsating  heat  pipe  as  the  medium  to  thermally  connect  the  input  pad  attached  to  the 
electronics  with  the  remote  dissipating  unit  are  now  under  investigation  as  potential  highest  performers,  like  it 
was  described  for  notebook  cooling. 


Figure  17.  Telecom  computer  heat  pipe  passive  cooling  system 


6.  CONCLUSIONS 

Results  and  practical  experience  from  the  R  &  D  of  various  designs  of  two-phase  thermosyphons  and  pulsating 
heat  pipes  for  thermal  control  of  electronic  equipment  were  presented.  These  passive  two-phase  heat  transfer 
elements  are  promising  for  dissipating  and  spreading  heat  from  electronic  equipment  to  an  external  coolant. 
Present  thermosyphon  designs  are  able  to  dissipated  heat  fluxes  from  electronic  equipment  up  to  a  maximum 
value  of  70  W/cm2,  depending  mainly  on  the  choice  of  the  working  fluid.  Future  electronic  applications  will 
require  dissipating  heat  fluxes  up  to  200  W/cm2  and  suitable  extended  and  enhanced  inner  surfaces  for  the 
evaporator  part  will  have  to  be  developed. 

Passive  cooling  of  high  power  notebook  and  desktop  in  the  range  of  30  to  50W  dissipated  can  be  realised  by 
means  of  a  flat  pulsating  heat  pipe  cooling  system  connecting  the  CPU  and  the  other  electronic  components  that 
need  cooling  to  a  finned  heat  sink,  or  to  some  metallic  part  of  the  computer  case  acting  as  an  integrated  radiating 
unit. 
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7.  NOMENCLATURE 


Latin 

Greek 

A 

cross-sectional  area 

[m2] 

3 

thermal  expansion  coefficient 

[K-1] 

1  cp 

specific  heat  at  contant  pressure 

[J/kgK] 

5 

thickness 

[m] 

d 

diameter 

[m] 

A 

difference 

D 

diameter 

[m] 

X 

thermal  conductivity 

[W/m  K] 

fP 

pressure 

factor 

P 

dynamic  viscosity 

[Ns/m2] 

fe 

inclination  factor 

V 

kinematic  viscosity 

[m2/s] 

F 

conduction  shape  factor 

[m] 

P 

density 

[kg/m3] 

8 

gravitational  acceleration 

[m/s2] 

a 

surface  tension 

[N/m] 

h 

heat  transfer  coefficient 

[W/m2  K] 

Tlv 

shear  stress 

[N/m2] 

H 

spreadin 

g  resistance  factor 

ZLV 

dimensionless  shear  stress 

l 

characteristic  length 

[m] 

CO 

parameter 

h 

bubble  length  scale 

[m] 

0 

inclination  angle  from  vertical 

[°] 

b 

film  thickness  scale 

[m] 

Subscripts 

L 

length 

[m] 

AD 

adiabatic 

j  N 

velocity  number 

b 

bubble 

PX-P/ 

B 

air 

/  P 

cr 

pressure  ratio 

cr 

critical  state 

P 

pressure 

[Pa] 

C 

condenser,  condensation 

q 

heat  flux 

[W/m2] 

e 

external 

Q 

heat  flow 

[W] 

E 

evaporator,  evaporation 

r 

latent  heat  of  evaporation 

[J/kg] 

f 

film 

R 

thermal  resistance 

[K/W] 

F 

fin 

s 

pitch 

[m] 

i 

inner 

t 

temperature 

[°C] 

i 

interaction 

V 

velocity 

[m/s] 

ip 

input  pad 

< 

X 

II 

/ 

KU 

Kutateladze  number 

/vE 

volume  ratio  of  working  fluid 

lam 

laminar 

i  Dimensionless  numbers 

L 

liquid 

• 

■ 

-1/2 

N 

evaporation  from  film 

Bo  =  l 

Bond  number 

NB 

nucleous  boiling 

[Pl-Pv)  8j 

NC 

natural  convection 

h  l 

P 

pool 

Nu  =  —— 

A 

Nusselt  number 

t 

tube 

A*  c  p 

turb 

turbulent 

Pr 

Prandtl  number 

V 

A 

vapor 

6  ?  Ai  Po2 

w 

wall 

Ra  = 

— 

H  A 

—  Rayleigh  number 

e 

inclination 

Re 

p  v  l 

P 

Reynolds  number 

1 

2 

inlet 

outlet 
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ABSTRACT.  The  purpose  of  this  work  is  to  understand  the  thermal-hydraulic  characteristics  of  the  closed  two- 
phase  thermosiphon  loop.  To  do  this,  the  experimental  apparatus  has  been  designed  and  constructed.  It  consists 
of  evaporator  part,  condenser  part,  gas  line,  liquid  line  and  recirculation  line,  and  each  part  is  made  of  copper 
tube  with  17  mm  ID  and  19.05  mm  OD.  The  length  of  Evaporator  and  condenser  is  200  cm.  Especially,  the 
evaporator  and  the  condenser  parts  are  annular  tubes  whose  inner  tubes  are  heated  or  cooled  by  water  flowing 
through  annular  passages.  In  this  experiment,  water  is  used  as  the  working  fluid  in  thermosiphon  loop.  We  have 
observed  the  typical  temperature  and  heat  flux  data.  And  we  have  also  observed  flow  instabilities.  Flow 
instabilities  are  presented  by  transient  temperature,  pressure,  main  flow  rate  data.  There  have  been  two  kinds  of 
instability  -  density  wave  oscillation  and  flow  excursion.  Local  heat  fluxes  and  wall  temperatures  along  the 
evaporator  and  the  condenser  have  been  measured  using  the  RdF  micro  foil  heat  flux  sensors. 

1.  INTRODUCTION 

In  spite  of  the  good  safety  record  achieved  by  the  nuclear  power  industry,  several  major  accidents  have  added  to 
the  public’s  skepticism  of  nuclear  power  as  an  acceptable  opinion  for  electrical  generation.  In  particular  two 
serious  accidents  -  at  Three  Mile  Island  and  Chernobyl  -  were  crucial  in  this  respect.  Both  showed  that  safety 
devices  were  vulnerable  to  human  error,  especially  if  the  system  is  of  a  complicated  character. 

Consequently,  new  design  options  are  currently  being  pursued  to  improve  the  safety  of  the  new  generation  of 
nuclear  power  plants.  One  emphasis  is  on  simpler  or  easier  to  operate  units  with  passive  or  intrinsic 
characteristics  which  would  provide  not  only  inherent  stability  of  the  chain  reaction  but  also  ensure  continual 
cooling  of  fuel  and  its  containment  system  under  major  accidents.  These  features  enable  the  plant  to  survive 
under  severe  potential  accidents  without  human  intervention. 

As  a  result  of  such  efforts,  several  concepts  for  passive  safety  devices  have  been  developed  [1-3].  Main  purpose 
of  these  devices  is  to  provide  assured  removal  of  decay  heat  to  an  ultimate  heat  sink.  In  this  paper,  a  closed  two- 
phase  thermosiphon  loop  as  a  passive  safety  device  is  concerned  and  especially  its  thermal-hydraulic 
phenomena  are  investigated,  using  the  experimental  apparatus  constructed.  Closed  two-phase  thermosiphon  loop 
is  a  separate  type  heat  pipe  whose  evaporator  and  condenser  are  not  in  contact  with  each  other.  It  is  suitable  for 
large-scale  heat  transfer  between  the  distant  cooling  and  heating  mediums.  Therefore  it  can  be  applied  in  nuclear 
power  plants  as  a  safety  device.  But  it  may  produce  flow  instabilities.  Previous  researchers  have  studied  flow 
instabilities  [4-7]  and  they  have  classified  flow  instabilities  into  two  groups  -  static  and  dynamic  instabilities. 
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2.  WORKING  PRINCIPLE 


A  closed  two-phase  thermosiphon  loop  is  shown  in  Fig.  1.  When  the  evaporator  and  the  condenser  are  exposed 
to  two  different  temperature  fields,  the  working  fluid  reaches  a  boiling  temperature  in  the  evaporator  which  is 
higher  than  the  condensing  temperature  in  the  condenser.  Since  a  liquid-vapor  interface  exists  always  in  these 
two  regions,  the  saturation  pressure  difference  is  produced  and  causes  the  working  fluid  to  flow  from  the 
evaporator  to  the  condenser.  On  the  other  hand,  the  liquid  collecting  at  the  condenser  bottom  or  vertical  section 
of  the  liquid  line  sets  up  a  corresponding  hydrostatic  head  difference  which  results  in  a  net  flow  of  the  liquid 
from  the  condenser  to  the  evaporator. 

Under  steady  loop  operation,  the  working  fluid  enters  the  base  of  the  evaporator  as  a  subcooled  liquid,  where 
heat  is  added  by  means  of  single-phase  forced  convection.  This  causes  the  bulk  fluid  temperature  to  rise  with 
decreasing  the  pressure  of  bulk  fluid  and  then  makes  subcooled  boiling.  After  that,  a  marked  improvement  in 
heat  transfer  coefficient  -  bulk  boiling  -is  observed  and  more  and  more  vapor  is  generated.  Vapor  bubbles 
reduce  the  flow  area  with  increasing  the  buoyant  effect.  As  a  result  the  pressure  drop  term  will  now  include  an 
additional  loss  due  to  momentum  change.  Under  some  condition,  it  is  possible  that  all  the  liquid  change  to  the 
vapor  phase  before  it  exits  the  evaporator. 

If  the  perfect  vaporization  is  not  occurred  at  the  end  of  evaporator,  liquid  is  returned  to  the  bottom  of  the 
evaporator  and  vapor  flows  along  the  gas  line  by  the  separator.  The  vapor  reached  the  condenser  inlet  exchanges 
its  latent  heat  with  cooling  water  and  the  fluid  flows  in  the  annular  pattern  with  vapor  core.  Hence  the  pressure 
drop  will  be  very  small.  However  if  all  vapor  condense  in  the  condenser  or  if  liquid  and  vapor  are  stratified  in 
vertical  section  of  liquid  line,  the  pressure  will  change  significantly  especially  because  of  the  hydrostatic  head 
gain.  Under  the  influence  of  gravity  the  condensate  then  flows  through  the  liquid  line  to  the  bottom  of  the 
evaporator. 

From  the  above  description  it  is  apparent  that  the  fluid  does  not  require  any  pumping.  There  are  only  two 
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Fig.l  A  closed  two-phase  thermosiphon  loop 

driving  force,  saturation  pressure  difference  and  gravity  force,  without  any  active  force  by  pump. 

3.  EXPERIMENTAL  APPARATUS 

The  schematic  diagram  of  the  experimental  apparatus  is  shown  in  Fig.  2.  The  loop  was  made  of  copper  tube 
with  17  mm  ID  and  19.05  mm  OD  except  vertical  part  of  liquid  line  and  recirculation  line,  which  were  made  of 
polypropylene  tube  to  measure  liquid  level.  Evaporator  and  condenser  are  annular  tubes  whose  length  is  200  cm, 
outer  tube  diameter  is  10  cm.  Their  cutting  plane  is  shown  in  Fig.  3.  Evaporator  was  installed  vertically  and 
condenser  was  inclined  at  30  degree  from  the  horizontal  plane.  Heating  and  cooling  water  flow  through  their 
outer  space  and  working  fluid  (water)  flows  through  their  inner  tubes.  Micro  foil  heat  flux  sensors  are  attached 
at  outer  wall  of  inner  tube.  They  can  measure  heat  flux  and  wall  temperature.  Eleven  heat  flux  sensors  were 
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installed  along  evaporator  and  ten  (5  at  upper  wall,  5  at  lower  wall)  along  condenser.  The  arrangement  of 
thermocouples  is  shown  in  Fig.  2.  At  inlet  and  outlet  of  evaporator  and  condenser,  the  temperatures  of  working 
fluid  and  heating  or  cooling  water  were  measured.  Pressures  were  also  measured  at  inlet  and  outlet  of  evaporator 
and  condenser.  Main  flow  and  recirculation  flow  rates  were  measured  by  comer  tap  orifice  flow  meters,  which 
were  symmetric  for  measuring  bi-directional  flow.  All  the  tubes  were  insulated  to  prevent  heat  loss  to 
atmosphere.  Vacuum  pump  was  installed  at  gas  line. 


Fig.  2  The  schematic  diagram  of  the  experimental  apparatus 
4.  EXPERIMENTAL  RESULTS 

The  working  fluid  was  poured  into  the  tank  and  loop,  and  then  the  loop  was  evacuated  by  vacuum  pump.  After 
that,  heat  was  supplied  to  evaporator  by  heating  water  and  eliminated  at  condenser  by  cooling  water.  When  the 
temperature  and  pressure  at  all  points  achieved  a  steady  state,  the  data  were  taken.  Examples  of  temperature  are 
shown  in  Fig.  3  and  4  and  heat  flux  in  Fig.  5  and  6.  For  all  the  cases,  all  values  were  averaged  and  static  charge, 
which  was  defined  by  flooded  evaporator  length  over  total  evaporator  length  was  40  %.  Fig.  3  and  5  shows  that 
single-phase  forced  convection  region  ranged  from  0  to  50  cm  of  evaporator  length  and  nucleate  boiling  region 
started  around  50  cm  position  and  change  into  two-phase  forced  convection  region  and  dry-out  occurred  about 
130  cm  position.  Fig.  4  and  6  shows  that  flow  pattern  in  condenser  is  stratified  flow  and  all  the  vapor  were 
totally  condensed  before  100  cm  position. 

Transient  behaviors  of  thermal-hydraulic  values  are  shown  from  Fig.  7  to  Fig.  9.  For  all  the  cases,  static  charge 
was  10  %.  Around  10  %  of  static  charge,  flow  instabilities  occurred  strongly.  Fig.  7  shows  temperature  variation 
at  each  position.  Temperature  fluctuations  are  apparent  at  evaporator  inlet  and  outlet,  but  not  at  condenser  inlet 
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and  outlet.  Pressure  or  pressure  drop  variations  are  shown  at  Fig.  8.  Violent  flow  instabilities  were  observed. 
There  are  two  kinds  of  fluctuation.  One  is  high  frequency  oscillation  and  the  other  is  low  frequency  oscillation. 
Fig.  9  shows  flow  rate  that  was  measured  by  turbine  flow  meter  at  gas  line.  It  also  shows  two  kinds  of 
instability.  It  is  supposed  that  high  frequency  oscillation  may  be  density  wave  oscillation  and  low  frequency 
oscillation  may  be  flow  excursion. 
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Fig.  4  Temperature  distribution  along  condenser 
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Fig.  5  Heat  flux  distribution  along  evaporator 
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Fig.  6  Heat  flux  distribution  along  condenser 
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Fig.  7  Transient  behavior  of  temperatures 
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Fig.  8  Transient  behavior  of  pressures 
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Fig.  9  Transient  behavior  main  flow  rate 
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5.  CONCLUSIONS 


The  purpose  of  this  work  is  to  understand  the  thermal-hydraulic  characteristics  of  the  closed  two-phase 
thermosiphon  loop.  To  do  this,  experimental  apparatus  was  constructed.  From  this  study,  typical  temperature 
and  heat  flux  data  were  presented  and  transient  temperature,  pressure  and  flow  rate  data  were  shown.  By 
transient  data,  two  kinds  of  instability  were  observed.  It  is  supposed  that  high  frequency  oscillation  may  be 
density  wave  oscillation  and  low  frequency  oscillation  may  be  flow  excursion. 
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ABSTRACT.  The  two  phase  closed  thermosyphon  are  highly  efficient  heat  transfer  element.  At 
present, however, actual  applications  are  mostly  limited  for  thermosyphon  using  smooth  tube  as  its  container.  In 
the  present  work,  a  corrugate  tube  was  used  as  its  container  and  distilled  was  used  as  the  working  fluid.  The 
corrugated  container  is  flexible  and  it  has  several  features  to  allow  the  thermosyphon  to  be  used  in  a  wide  range 
of  application.  In  the  first  step  of  our  study  ,  the  influence  of  inclination  angle  and  fluid  charge  ratio  on  the  heat 
transfer  performance  were  studied.  A  useful  formula  to  calcurate  the  heat  transfer  coefficient  in  the  evaporator 
accounting  for  the  effect  of  the  liquid  charge  and  inclination  angle  has  been  derived.  In  the  second  step,  the 
condensation  heat  transfer  coefficient  is  proposed  as  a  function  of  the  modified  Nusselt  theory  by  three 
parameters:  the  Lockhart-Martinelli  parameter,  inclination  angle  of  the  thermosyphon  and  fill  ratio  of  the 
working  fluid. 


1.  INTRODUCTION 

A  two  phase  closed  thermosyphon  is  refereed  to  as  an  "gwickless  heat  pipe"  which  utilizes  gravitation  as  a 
driving  force  for  returning  the  fluid  to  the  evaporator.  Similar  to  a  heat  pipe  equipped  with  a  wick,  the 
thermosyphon  utilize  the  heat-transfer  based  on  the  latent  heat  of  the  working  fluid  from  its  evaporator  to 
condenser.  Therefor  a  thermosyphon  can  transport  a  large  quantity  of  heat  at  a  small  temperature  difference 
between  its  high  and  low  temperature  zones.  In  addition  to  this,  the  tbermosyphon  compared  to  a  wick-type 
heat  pipe  is  featured  by  its  simple  structure,  ease  of  manufacture,  low  cost  and  small  thermal  resistance.  As 
presented  in  detail  in  [1],  the  two-  phase  closed  thermosyphon  has  found  wide  possible  application,  which 
extends  from  a  simple  heat  transporting  element  to  a  large  waste  heat  recovery  equipment  in  the  industrial 
factories.  Therefore,  its  further  research  and  development  are  of  current  interest. 

The  research  on  the  two-phase  closed  thermosyphon  dates  back  to  when  Cohen  and  Bayley  [2]  conducted  a 
basic  study  for  its  use  in  the  cooling  gas  turbine  blades  and  followed  by  many  scholar  in  the  world.  In  Japan, 
Imura  et  al.  [3]  studied  a  two  phase  closed  thermosyphon  and  established  an  empirical  formulas  for  the  heat- 
transfer  coefficients  in  the  evaporation  and  condensation  sections,  although  the  formulas  can  only  be  applied  to 
the  case  where  it  is  smooth  tube  and  installed  vertically.  The  present  research  covers  a  study  of  a  tow-phase 
closed  thermosyphon  using  a  corrugated  tube.  Generally  the  heat-transfer  characteristics  of  a  thermosyphon  are 
closely  related  to  the  flow  behavior  of  the  working  fluid  in  its  container.  This  means  that  the  use  of  a  corrugated 
tube  will  affects  the  heat-transfer  characteristics.  Therefore  the  heat  transfer  coefficient  formula  developed  for 
smooth  tube  thermosyphon  can  not  be  applied  to  that  of  the  corrugated  tube  thermosyphon  in  its  present  form. 
This  paper  describes  the  characteristics  of  its  heat  transfer-performance. 

2.  EXPERIMENTAL  APPARATUS  AND  METHOD 

A  schematic  of  the  experimental  apparatus  used  in  this  investigation  is  shown  in  Fig  1.  The  thermosyphon  ®  is 
made  of  a  copper  corrugated  tube  of  1310  mm  long(average  diameter, 24. 4mm,  wave  height,1.8mm,  pitch, 
5.6mm,  wall  thickness,  0.5mm).  The  lower  half  of  the  thermosyphon,  510mm  in  long,  constitutes  the 
evaporator,  while  its  upper  half  of  510mm  long,  constitutes  a  condenser. 
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The  evaporator  is  made  up  of  three  sections,  each 
consisting  of  a  170mm  sheathed  heater  ©,  which 
are  connected  in  parallel  to  the  electric  source 
through  regulators  . 

Condenser  has  a  water  jacket  ©  to  which  cooling 
water  ,  ©  controlled  at  a  given  temperature  by  a 
chiller,  is  fed  (for  its  cooling)  in  three  separate 
parts  to  make  the  temperature  distribution  of  the 
condenser  as  uniform  as  possible.  Therefore,  the 
heat-transfer  rate  of  the  thermosyphone  can  be 
calculated  on  the  basis  of  the  water  temperature 
differences  between  the  water  jacket  outlet  and 
inlet  and  the  water  flow  is  measured  by  the  flow¬ 
meter  (D.  The  present  sturdy  was  conducted  on  a 
thermosyphon  system  with  distilled  water  used  as 
its  working  fluid  ©.  The  temperature  distribution 
of  the  syphon  was  measured  by  eleven  T-type 
thermocouple  ©  brazed  on  the  outer  surface  of  the 
container  along  its  axial  direction.  The 
thermosyphon  was  provided  with  windows  at  both 
ends  ®  and  ® 


Fig.  1  Experimental  apparatus  of 
thermosyphon 


3.  HEAT  TRANSFER  RATE 


3.1  Influence  of  Inclination  Angle 

An  example  of  the  change  in  the  heat-transfer  rate  Q  of  the  closed  thermosyphon  with  regard  to  its  inclination 
angle  is  given  in  Fig.  2,  which  shows  the  relationship  between  the  magnitude  of  Q  and  the  difference  between 

the  average  temperature  of  the  evaporator  Te  and  the  average  temperature  of  the  condenser  Tc;  (Te  — Tc). 
Fig  2  shows  the  results  obtained  with  the  fluid  charge  ratio  (the  ratio  of  the  charge  of  working  fluid  into 
thermosyphon  to  the  volume  of  its  evaporator)  V+=40%.  The  heat-transfer  rate  of  the  thermosyphons  largest  at 
its  inclination  angle  0=3Odeg  compared  to  that  at  0=  60deg  and  90deg  (corresponding  to  the  vertical  state)when 
the  comparison  is  made  for  the  same  temperature  dfifference. 


Fig.2  Evaporator-condenser  temperature 

difference  and  heat  transport  (V+  =  40%) 


x  10'3 


Fig.  3  Thermal  registans  (V+  =  40%,  Q=2kW) 


The  fact  that  the  thermosyphon  provides  the  largest  heat  transfer  rate  near  an  inclination  angle  of  30deg  is 
closely  related  to  the  flow  pattern  of  the  working  fluid  stirred  by  its  boiling.  Specifically  when  a  fluid  pool  is 
boiling  , which  results  in  a  sharp  expansion  of  the  boiling  bubbles  produced  in  the  pool,  the  liquid  above  the 
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bubbles  is  blown  up  into  the  condenser  and  the  liquid  can  reach  the  deepest  portion  of  the  condenser  if  the 
thermosyphon  is  inclined  at  an  angle  of  approximately  30deg.  The  phenomena  mentioned  above  can  be 
represented  by  one  of  the  characteristic  values  of  a  heat  pipe,  the  thermal  resistance  [1]  R=(Te-Tc)/Q,  which  is 
illustrated  in  Fig.3.  This  graph  shows  that  the  thermal  resistance  becomes  lowest  at  an  inclination  angle  of 
about  30deg  suggesting  that  this  inclination  angle  provides  the  highest  heat-transport  performance. 


3.2  Influence  of  Fluid  Charge 

In  a  corrugated  tube  thermosyphon  ,  compared  to  a 
smooth  tube,  a  large  amount  of  fluid  collect  in  the 
concave  portions  of  the  tube  walls  in  the 
condensing  and  adiabatic  sections.  This  results  in  a 
shortage  of  fluid  in  the  evaporator,  as  confirmed  by 
the  observation  through  the  windows  ®  and 
The  observation  of  fluid  behavior  in  the 
thermosyphon  reveals  that  the  cyclic  washing  out 
of  the  condenser  by  the  fluid  blown  up  due  to 
boiling  is  effective  in  activating  the  condensation, 
but  its  constant  stagnancy  in  the  condenser  wall  has 
an  adverse  effect  on  the  heat  transfer  performance. 
Fig.4  shows  the  thermal  resistance  as  a  function  of 
the  fluid  charge  at  the  optimum  inclination  angle 
0=3Odeg.  It  indicates  the  existence  of  the 
minimum  thermal-resistance,  namely,  the  optimum 
fluid  charge  in  the  vicinity  of  V+  =  40  percent. 
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Fig.  4  Thermal  registans  (0=30°,  Q=2kW) 


4.  EVAPORATION  HEAT  TRANSFER  COEFFICIENT 


The  heat  transport  of  a  corrugated  tube  thermosyphon  studied  in  the  present  investigation,  can  be  expressed  by 
the  following. 

Q  =  heAe(Te  -  Tv)  (1) 

where  h^  is  heat  transfer  coefficient  at  the  evaporator,  A<,  is  heat  transfer  area  of  the  evaporator  (larger  than  the 
area  of  the  inner  surface  of  a  cylinder,  having  the  same  diameter  by  37  percent  due  to  the  wavy  shape  of  the 
inner  surface),  Te  is  the  average  temperature  of  the  evaporator  and  Tv  is  vapor  temperature.  The  major  purpose 
of  the  present  study  was  to  obtain  a  correction  for  the  evaporation  heat-transfer  coefficient  he  defined  by  Eq.(l). 
To  achieve  this,  the  results  of  the  present  experiment  are  first  compared  with  the  results  obtained  by  Imura  et  al 
[3]  for  a  smooth-tube  thermosyphon  installed  in  a  vertical  position.  They  presented  the  following  relation  for 
the  evaporation  heat  -transfer  coefficient 
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Fig.5  shows  a  comparison  between  the  results  of  the  present  measurements  and  Eq.(2)  established  by  Imura  et 
al.  It  shows  that,  if  the  thermosyphon  is  installed  in  a  vertical  position  (0=9Odeg)  and  is  used  at  a  large  fluid 
charge  ratio  of  V+=80  percent  the  evaporation  heat-transfer  coefficient  lies  close  to  the  Eq  (2  ). 

However,  it  is  difficult  to  apply  the  measurements  inclined  to  the  case  at  the  optimum  inclination  angle  of  30deg 
or  at  the  optimum  fluid  charge  ratio  of  V+=40percent.  Fig  5  also  reveals  that,  in  the  left-side  zone  of  the  figure 
where  the  heat  flux  is  small,  the  heat-transfer  coefficient  of  a  corrugated-tube  thermosyphon  is  larger  than  that 
of  smooth-tube  thermosyphon.  In  the  present  study,  a  new  correlation  was  derived  for  the  heat-transfer 
coefficient,  accounting  for  the  effects  of  the  inclination  angle  and  fluid  charge  ratio,  as  described  below. 
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Fig.  5  Heat-transfer  coefficient 

First,  dimensional  analysis  suggests  that  the  Nusselt  number  Nu  can  be  represented  by  the  following  expression: 
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where  the  dimensionless  numbers  are  respectively  represented  by  the  following. 


A,[  LpuPj  Aj 


Fr* 


LPuVga  Lpu  V  ° 


The  dimensionless  numbers  marked  by  *  are  dimensionless  numbers  defined  with  an  equivalent  vapor  velocity 
[4]  (q  h  /L  p  v).  The  values  of  indexes  nl  to  n6  in  Eq.  (3)  were  obtained  by  applying  the  least  squares  method  to 
the  experimental  data.  Then,  the  Nusselt  number  was  finally  expressed  as  Eq.(4). 
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for  3xl03  <Re*  <4xl04,  0.1<Fr*<l,  10"2  <  We*  cKT1 

Rewriting  this  with  respect  to  heat  transfer  coefficient  he  yields  the  following  expression: 

he=yX'  (5) 


where 

Vf  -  6.40  x  10”2  (sin  9)~°'52 
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In  Fig.  6,  the  heat-transfer  coefficient  he  is  plotted  against  the  parameter  X  defined  by  Eq.  (7).  It  is  observed  in 
the  figure  that  the  experimental  data  lies  close  to  each  parallel  line  as  shown  in  Fig.6  which  correspond  to  those 
for  different  inclination  angle  0. 
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Fig.  6  Heat-transfer  coefficient  (  O:  V+=40%;  A:V+=80%) 

It  should  be  noted  that  the  inclination  angle  9  is  included  in  the  coefficient  t|i  as  a  function  of  (sin  0)given  by  Eq 
(6).  This  is  shown  in  Fig.7. 


5.1  Comparison  With  Nusselt  Theory 

The  results  of  the  present  experiment,  in  which  the  condensation  heat-transfer  coefficients  obtained  were 
compared  to  that  of  Nusselt  theory.  It  should  be  noted  that  the  condensation  heat-transfer  coefficient  is  defined 
as  Eq  (8) 

hc= - Q-=-  (8) 

AC(TV  -Tc 

where,  the  heat-transfer  surface  of  the  condenser  is  approximately  37  percent  increased  compare  with  that  of  the 
straight  cylinder  as  in  the  case  of  evapoirator  .  The  vapor  temperature  is  represented  by  the  adiabatic  section 
temperature,  as  it  is  often  done  in  the  analysis  of  heat  pipe  [5,6]. 

Then  the  condensation  heat-transfer  coefficient  defined  as  described  above  is  compared  with  Nusselts  film 
condensation  heat-transfer  coefficient  expressed  by  the  following  equation  with  the  influence  of  the 
thermosyphon  inclination  taken  into  consideration: 
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Fig.  8  Comparison  of  condensation  heat-transfer  coefficient  to  Nusselt  Theory 

Fig. 8  (a)-(b)shows  the  comparisons  between  the  result  of  the  present  experiment  and  Eq.(9).  Fig.8  (a)  shows  the 
comparison  for  the  vertical  state-thermosyphon  with  the  fluid  charge  ratio  at  different  levels,  while  Fig.8 
(b)shows  the  case  at  an  angle  of  30deg.  The  experimental  values  include  those  well  represented  by  Eq.(9)  and 
those  showing  a  tendency  quite  opposite  to  the  equation.  These  affect  are  discussed  in  following  Sect  5.2. 

5.2  Derivation  of  a  Practical  Formula  for  Condensation  Heat-Transfer  Coefficient 

The  fact  in  Sect  5.1  suggest  that  the  condensation  heat-  transfer  coefficient  in  the  thermosyphon  is  influenced  by 
the  following  three  factors  which  is  not  included  in  the  Nusselt  film  condensation. 

(1)  Vapor-liquid  two  phase  flow  [Lockhart  -Martinelli  Parameter] 

(2)  Inclination  angle 

(3)  Working  fluid  charge  ratio 

In  the  present  research,  therefore,  we  studied  the  condensation  heat-transfer  coefficient  from  a  new  perspective 
by  incorporating  the  effect  of  the  above  three  points  as  described  below. 

5.2.1  Coefficient  of  vapor  flow  The  effect  of  the  vapor  flow  is  available  through  the  Lockhart-Martinelli 
parameter  [7],  which  is  used  in  discussing  shear  stress  produced  at  the  interface  of  vapor-liquid  two  phase  flow 
in  the  high  quality  region,  and  is  represented  by  the  following  equation: 


The  flow  pattern  in  the  condenser  is  an  annular  two-phase  flow,  which  justifies  the  incorporation  of  the  above 
parameter  into  the  heat-transfer  coefficient.  The  quality  is  considered  to  be  x=0.5,  because  the  thermosyphon 
condenser  maintains  an  equilibrium  between  its  vapor  and  liquid  mass  flows  over  its  cross  section  at  any  point. 
Accordingly  the  Lockhart-Martinneli  parameter  for  the  present  research  can  be  represented  by  the  following 
expression. 
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5.2.2  Effect  of  the  inclination  angle  The 

influence  of  the  inclination  angle  on  the 
condensation  heat-transfer  coefficient  can  be 
typically  represented  by  Fig.  9  which  assumes  a 
maximum  value  in  the  vicinity  of  inclination  angl 
6=30deg-i.e  sin  6=0.5.  Accordingly,  the 
experimental  data  were  represented  by  a  quadratic 
least-squares  curves  as  indicated  by  the  solid  line  in 
Fig  9.  Thus,  specifying  the  inclination  angle  which 
gives  maximum  condensation  heat-transfer 
coefficient  as  0opt,the  inclination  angle  effect  can  be 
represented  by  the  following  Eq  (12). 

Aeff  (0)=-1.46(sinO  =  sin0Opt)2  +1.0  (12) 


5.2.3  Effect  of  the  working  fluid  charge  ratio 

The  influence  of  the  working-fluid  charge  ratio  on 
the  heat-transfer  coefficient  can  be  typically 
represented  by  Fig  10, which  indicates  that  the  heat 
transfer  coefficient  tend  to  decreases  in  the  region 
where  fluid  charge  ratio  is  larger  than  a  certain 
value  (approx.  0.3),  and  stays  at  a  constant  level 
when  it  is  below  this  value.  Accordingly,  the 
experimental  data  were  processed  by  making  the 
portions  of  linear  and  quadratic  equations 
continuous  at  their  maximum  values.  Thus, 
specifying  the  fluid  charge  ratio  at  the  point, where 
the  quadratic  equation  and  the  linear  line  are  joined 
as  V+opt  (V+opt  obtained  in  the  pre  present  research 
is  0.322).  Then  the  effect  of  the  fluid  charge  ratio 
can  be  represented  as  follows. 
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Fig.  9  Change  in  condensation  heat-transfer 
coefficient  by  fluid  charge  ratio 
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Fig.  10  Change  in  condensation  heat-transfer 
coefficient  by  inclination  angle 


(v* 

)=  -2.38(v+  -V+opt  )2  +1.0 

(v+  >  V+opt ) 

(v*; 

1=1.0 

(v+<V+opt) 

(13) 


5.2.4.  Correlation  with  Lockhart-Martinelli  parameter  According  to  the  above  proceeding,  dimensionless 
number  of  the  condensation  heat-transfer  coefficient  which  incorporate  these  two  coefficients  Aeff,  Veff:  can  be 
represented  as  follows. 


he 

Xe^AeffVeff 

x  _  /-i3p|2Lg 


(14) 


Thus,  the  relationship  between  this  dimensionless  number  and  the  Lockhart-Martinelli  parameter  Xtt  was 
determined  and  shown  in  Fig.  1 1 . 
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Fig.ll  Correlation  between  condensation  heat-transfer  coefficient  and  Lockhart-Martinelli  Parameter 

5.2.5  Final  equation  for  the  condensation  heat-transfer  coefficient  The  results  of  the  present  research 
allow  the  condensation  heat  transfer  coefficinet  of  a  conrrugated  tube  thermosyphon  to  be  processed  into  the 
following  expression: 

he  =82.4Xc'  (15) 

where 
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Then, a  comparison  between  experimental  values  for  the  condensation  heat-transfer  coefficient  and  the  value 
given  by  Eq.(15)  is  shown  in  Fig.  12  (a)  to  (c).  The  figures  shows  that  the  Eq.(15)  provides  for  proper 
processing  of  the  experimental  values. 
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Fig.  12  Arrangement  of  condensation  heat-transfer  coefficient  by  Eq.  (15) 


571 


6.  CONCLUSION 


The  results  obtained  in  the  present  study  ,using  a  corrugated-tube  as  its  container  and  distilled  water  as  its 

working  fluid,  can  be  summerized  as  follows. 

1.  The  highest  heat-transfer  performans  can  be  attained  when  the  fluid  charge  ratio  is  40percent  (of  evaporator 
volume)  and  30  deg  of  inclination  angle(of  thermosyphon) 

2.  A  corrugated  tube  thermosyphon  container,  compared  to  its  smooth  tube  .provide  a  much  higher 
evaporation  heat  transfer  coefficient  when  operated  at  a  low  heat  flux. 

3.  The  evaporator  heat  transfer  coefficient  accounting  for  the  effects  of  the  liquid  charge  ratio  and  inclination 
angle  is  expressed  by  Eq  (5). 

4.  The  condensation  heat  transfer  coefficient  of  the  thermosyphon  were  successfully  represented  by  Eq.(15). 
This  equation  was  derived  by  modifying  the  Nusselt  theory  of  condensation  by  the  Lockhart-Martinnelli 
parameter  in  order  to  take  into  account  the  influence  of  the  vapor  flow  on  the  condensing  surface. 

5.  The  coefficient  on  the  inclination  angle  and  the  fluid  charge  ratio  were  successfully  determined  by 
processing  the  experimental  data  by  the  method  of  least  square  to  represent  them  in  terms  of  a  quadratic 
equation  and  a  coconbination  of  linear  and  quadratic  equation,respectively. 

NOMENCLATURE 


A  :  heating  area  [m2] 

Aeff:  Coefficient  on  inclination  angle 
a  :  characteristic  value  of  corrugated  tube  [m] 
Cp  :  specific  heat  [J/(kg-K)] 

Fr  :  Froude  number 
g  :  acceleration  by  gravity  [m/s2] 
h  :  heat  transfer  coefficient  [W/(m2-K)] 

L  :  latent  heat  [kJ/kg] 

1  :  length  [m] 

Nu  :  Nusselt  Number 
n  :  index[Eq.(3)] 

Pa  :  atmospheric  pressure[Pa] 

Pr  :  Prandtl  number 
Q  :  Heat  transferfW] 
qh  :  Fheat  flux  [W/m2] 

R  :  Thermal  resistance  [K/W] 

Re  :  Reynolds  number 
T  :  Temperature  [K] 

V+  :  Fluid  charge  ratio  [%] 

Veff  :  coefficient  on  fluid  charge  ratio 


We  :  Weber  number 

X'  :  parameter  formula  [Eq.(15)]  [(W/m2-K)] 

Xc  :  parameter  [Eq.(14)][(  W/m2-K)]3 

Xtt  :  Lockhart  Martinelli  parameter 

x  :  quality 

0  :  inclination  angle 

A.  :  thermal  conductivity  [W/(m.K)] 

p.  :  viscosity  [  Pa-s] 

p  :  Density  [kg/nr  j 

a  :  Surface  tension  [N/m] 

\j/  :  coefficient]  Formula(5)] 

SUBSCRIPTS 
E  :  Evaporator 
1  :  liquid 

v,  g  :  vapor 
a  :  adiabatic  section 
c  :  condensing  section 
opt  :  optimum  value 
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ABSTRACT.  This  paper  discusses  two  advanced  heat  pipe  mechanisms  that  have  the  potential  of  achieving  heat 
flux  capabilities  over  300W/cm2.  The  mechanisms  include  Combined  Pulsating  and  Capillary  Transport  (CPCT)  and 
Graded  Wick  Transport  (GWT)  mechanisms.  Theoretical  models  were  developed  to  predict  the  performance  of  the 
advanced  heat  pipe  mechanisms.  Prototype  heat  pipes  were  tested  to  verify  the  heat  flux  capability  of  the 
mechanisms  and  the  accuracy  of  the  theoretical  models.  The  advanced  heat  pipe  mechanisms  are  feasible 
approaches  to  removing  increasing  heat  dissipation  densities  in  electronic  equipment. 

INTRODUCTION 

Computer,  telecommunications,  and  consumer  and  military  electronics  industries  are  reporting  board-level  heat 
dissipation  that  a  couple  years  ago  was  seen  only  at  the  system  level  [1],  This  problem  is  further  compounded  by  the 
miniaturization  of  electronics.  The  result  is  increasing  heat  fluxes  in  electronics.  New  generation  microprocessors 
such  as  Intel  Pentium  II  and  Digital  Alpha  AV6  generate  heat  fluxes  from  15  to  20W/cm2.  Hewlett  Packard  chip 
packages  generate  heat  fluxes  of  80W/cm2.  Intel  projects  a  heat  flux  level  of  100W/cm2  for  its  next  generation  chips 
[2],  Metal  oxide  semiconductor-controlled  thyristors  generate  heat  fluxes  from  100  to  200W/cm2  [3].  High  voltage 
power  electronics  may  generate  heat  fluxes  of  300W/cm2  [4],  Some  laser  diode  applications  require  removal  of 
500W/cm2  [5].  Metal  extrusion  heat  sinks  rely  on  heat  conduction  to  spread  heat  and  become  inadequate  at  these 
high  heat  fluxes.  Accordingly,  more  effective  cooling  approaches  are  needed. 

Heat  pipe  cooling  of  electronics  is  becoming  increasingly  popular  because  of  its  advantages  over  extrusion  heat 
sinks.  Compared  to  extrusion  heat  sinks  that  rely  on  heat  conduction  to  extend  heat  dissipation  surfaces,  a  heat  pipe 
cooler  uses  highly  effective  evaporation  and  condensation  cycles  to  extend  surface  areas.  In  addition,  heat  pipes 
provide  more  packaging  flexibility  than  extrusion  heat  sinks.  Compared  to  other  cooling  techniques,  such  as  forced 
single  and  two-phase  flow  cooling  and  direct  immersion  cooling,  heat  pipe  cooling  does  not  require  mechanical 
pumps,  valves  or  consume  any  power  and  consequently  is  quieter  and  more  reliable. 

The  heat  flux  capability  of  a  heat  pipe  is  determined  by  what  is  normally  called  the  boiling  limit  in  the  heat  pipe 
evaporator.  Axial  grooves,  mesh  screens  and  sintered  powder  wicks  are  commonly  used  wicking  structures, 
providing  capillary  pumping  to  return  liquid  to  the  evaporator.  The  evaporator  wick  also  serves  as  extended  surfaces 
for  evaporation  or  boiling  heat  transfer  enhancement.  Previous  studies  reported  that  flat  miniature  heat  pipes  with 
axial  grooves  were  capable  of  sustaining  heat  fluxes  on  the  order  of  40W/cm2  [6,  7],  Heat  pipes  with  sintered 
powder  wicks  can  tolerate  concentrated  heat  fluxes  of  up  to  80W/cm2  [8]  without  any  sign  of  evaporator  dry  out.  A 
common  feature  of  these  wicks  is  that  they  serve  two  functions:  liquid  return  channels  and  heat  transfer  surfaces.  At 
high  heat  fluxes,  boiling  occurs  inside  the  wick  and  the  resulting  intensive  liquid-vapor  interactions  could  impede 
the  returning  liquid  flow,  leading  to  evaporator  dry-out. 

An  alternative  wick  design,  the  inverted  meniscus  scheme,  has  been  proposed  and  studied  by  many  researchers  [7,  9, 
10,  11,  12],  The  inverted  meniscus  design  reduces  the  disruption  to  the  returning  liquid  flow  caused  by  boiling 
inside  the  wick.  By  doing  so,  the  heat  pipe’s  heat  flux  capability  can  be  improved  to  200W/cm2  [13].  However, 
inverted  meniscus  heat  pipes  exhibit  thermal  resistances  that  are  several  times  higher  than  those  of  conventional  heat 
pipes,  due  to  the  poor  thermal  contact  between  the  grooves  and  the  porous  plate.  At  high  heat  fluxes,  a  vapor  blanket 
appears  inside  the  wick  adjacent  to  the  heated  groove  surface,  which  not  only  causes  large  vapor  pressure  drop  but 
also  large  AT  across  the  vapor  blanket.  Khrustalev  and  Faghri  [13]  tested  a  flat  miniature  heat  pipe  with  inverted 
meniscus  wicks  and  found  the  evaporator  thermal  resistance  to  be  1  °C-cm2/W  at  200W/cm2. 

Another  evaporator  enhancement  technique  is  using  internal  solid  posts  (covered  by  porous  wick  layers)  to  extend 
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evaporating  surfaces.  Rosenfeld  et  al.  [14]  demonstrated  200W/cm2  heat  flux  capability  with  a  copper/water  heat 
pipe  with  internal  copper  posts  in  the  evaporator  (each  post  was  fed  with  liquid  through  a  cable  artery).  The 
evaporator  thermal  resistance  was  measured  at  approximately  0.1°C-cm2/W  at  200W/cm  . 

Above  discussions  indicate  that  the  best  performing  high  heat  flux  evaporator  design  is  the  wick-covered  internal 
post  design.  This  is  still  far  below  the  300  to  500W/cm2  heat  dissipation  characteristics  of  high  power  electronics 
and  laser  diodes.  Therefore,  more  advanced  fluid  transport  and  heat  transfer  mechanisms  will  be  required  to  meet  the 
electronics  industry’s  continuous  demands  for  higher  heat  flux  capability  and  lower  junction  temperature. 

CPCT  MECHANISM  -  THEORETICAL  MODELING  AND  PROTOTYPE  TESTING 


Operating  Principles  of  CPCT  Mechanism 

Figure  1  illustrates  a  thermally  driven  pulsating  flow  in  an  interconnected  flow  channel  that  forms  a  closed, 
serpentine  loop.  The  channel  is  filled  with  a  saturated  liquid- vapor  mixture.  The  channel’s  cross-sectional  diameter 
is  sufficiently  small  to  allow  the  formation  of  liquid  and  vapor  slugs  by  surface  tension.  As  heating  and  cooling  are 
applied  to  the  two  ends,  vapor  is  generated  in  the  heating  section  and  condenses  into  liquid  in  the  cooling  section. 
The  volume  expansion  due  to  the  vaporization  and  contraction  due  to  the  condensation  cause  an  oscillating  motion 
of  the  fluid  that  sends  vapor  to  the  condenser  and  returns  liquid  to  the  evaporator.  The  oscillatory  motion  of  the 
liquid  and  vapor  slugs  is  self  sustaining  as  long  as  the  heating  and  cooling  conditions  are  maintained. 

Akachi  [15]  first  used  the  thermally  driven  pulsating  flow  mechanism  in  heat  pipes.  The  main  advantages  of  a 
pulsating  heat  pipe  include  simple  construction  and  low  manufacturing  cost.  However,  there  are  two  shortcomings 
according  to  Akachi  and  Polasek  [16]: 


(1)  Low  heat  flux  capability.  The  heat  flux  capability  of  a  pulsating  heat  pipe  made  of  2mm  diameter  copper 
tubes  was  4W/cm2.  This  is  due  to  the  limited  surfaces  available  for  boiling  in  tubes  with  smooth  walls. 

(2)  Limited  capability  of  working  against  gravity.  The  small  flow  channel  can  cause  large  pressure  drop  to  the 
pulsating  flow  and  thus  limits  the  heat  pipe’s  heat  transport  distance. 


Figure  2  illustrates  a  CPCT  mechanism  that  utilizes  pulsating  fluid  motion  and  capillary  pumping  effect  to  supply 
liquid  to  high  heat  flux  regions.  This  design  may  look  similar  to  an  inverted  meniscus  design  but  has  a  different 
operating  principle:  The  grooves  in  a  CPCT  heat  pipe  serve  as  channels  for  the  pulsating  two-phase  flow  whereas 
the  grooves  in  an  inverted  meniscus  heat  pipe  are  pure  vapor  passages.  The  sintered  powder  wicks  provide  capillary 
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Figure  1.  Thermally  driven  pulsating  flow 


Figure  2.  CPCT  mechanism 
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pumping  against  gravity  during  startup  and  uniformly  distribute  liquid  to  eliminate  hot  spots.  More  importantly,  the 
wicks  provide  extended  surfaces  and  extra  nucleation  sites  for  boiling.  The  interconnected  channel  formed  by  the 
grooves  accommodates  the  pulsating  motion  of  the  fluid  that  supplies  bulk  liquid  to  wet  high  heat  flux  regions. 

Theoretical  Model  of  CPCT  Heat  Pipe 

The  CPCT  model  consists  of  two  portions:  a  capillary  wick  model  and  a  pulsating  flow  model.  The  capillary  wick 
model  is  described  by  the  well-known  Laplace-Young  equation.  The  pulsating  flow  model  determines  the  flow 
channel  dimensions  and  the  pulsating  flow  dynamics. 


The  flow  channel  cross-section  hydraulic  diameter  must  satisfy:  dgrtmve  <  2 -yja I ptg  ,  which  was  established  by 

Akachi  and  Polasek  [16].  This  equation  provides  an  upper  limit  for  the  channel  diameter.  The  channel  design  should 
also  consider  the  dynamics  of  the  pulsating  flow.  The  governing  equation  of  the  pulsating  flow  has  been  derived  as: 


d2x 
dt 2  ' 


8/i/P0  o 
Pi  DA 


dx 

It' 


2  A2RTsa, 


(LAPl<p0l(L/2)Apl{\-<p0)/  pv] 


(l/ 2)Api  (l  -  <t>0)+-~-t 


x  =  0 


(1) 


where  x,  P,  D,  A,  L,  <p0,  R,  Tsa„  and  Qe  are  the 
working  fluid  displacement,  the  flow  channel 
cross-sectional  perimeter,  diameter  and  area,  the 
axial  channel  length,  the  gas  constant  of  the  vapor, 
and  the  heat  pipe  operating  temperature  and  heat 
transfer  rate,  respectively. 

Equation  (1)  is  quite  similar  to  the 
governing  equation  for  mechanical  „/r 

....  .  ■uXmax 

vibrations  with  viscous  damping,  except 
for  the  last  term  that  is  not  only  a  function  of  x  but 
also  a  function  of  f.  There  is  no  closed-form 
analytical  solution  to  Equation  (2).  Figure  3  shows 
the  working  fluid  oscillation  that  was  numerically 
solved  using  MathCAD  based  on  the  following 
conditions: 

•  Operating  temperature  Tsa,  =  100°C. 


t  (sec) 


•  Heat  input  Qe  30  W.  Figure  3.  Fluid  oscillation  in  a  pulsating  heat  pipe 

•  Channel  length  L  =  5.25". 

•  Channel  diameter  D  -  2  mm. 

•  Fluid  fill  ratio  <p0  =  0. 73,  0. 75,  0.80. 


The  xmux  in  Figure  3  is  the  fluid  displacement  due  to  initial  disturbances  (which  can  come  from  unstable  boiling  or 
heat  input  fluctuations).  It  was  found  that,  with  the  given  geometric  and  thermal  conditions,  the  amplitude-to- 
displacement  ratio  ( xjxmm )  is  always  around  0.75,  regardless  of  the  magnitude  of  the  initial  disturbance  ( xmax ). 


As  shown  in  Figure  3,  the  fluid  oscillation  is  sensitive  to  the  fluid  fill  ratio.  The  oscillation  gets  amplified  if  the  heat 
pipe  is  under-charged.  This  is  due  to  the  smaller  damping  effect  resulting  from  the  less  liquid  content.  If  the  heat 
pipe  is  over-charged,  the  damping  effect  will  dominate  and  the  working  fluid  oscillation  will  die  down.  With  the 
right  amount  of  working  fluid  (<p0  =  0.75  in  this  case),  steady  state  oscillation  and  consequently  steady  state 
performance  is  achieved. 


CPCT  Heat  Pipe  Test  Results 

Figure  4  shows  the  measured  thermal  performance  of  CPCT  heat  pipes  with  different  fill  ratios.  The  heat  pipe 
performance  was  measured  in  terms  of  the  wall-to-wall  temperature  difference  of  the  heat  pipe.  According  to  the 
model  (Figure  3),  the  proper  fill  ratio  is  75%.  This  is  closely  matched  by  the  test  results  as  shown  in  Figure  4. 
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Figure  4.  Measured  thermal  performance  of  CPCT  heat  pipes  with  various  fill  ratios 


GWT  MECHANISM  -  THEORETICAL  MODELING  AND  PROTOTYPE  TESTING 


Operating  Principles  of  GWT  Mechanism 
Figure  5  illustrates  the  GWT  mechanism  that 
utilizes  fine  powder  wicks  for  capillary  pumping 
and  coarse  powder  wicks  for  liquid  transport.  Figure 
5(a)  illustrates  that  fine  powder  wicks  are  used  in 
high  heat  flux  regions  and  coarse  powder  wicks 
cover  the  rest  of  the  surface.  The  small  pore  radius 
of  the  fine  powder  provides  large  capillary 
pumping,  while  the  high  permeability  of  the  coarse 
powder  reduces  liquid  flow  resistance. 

Figure  5(b)  illustrates  a  variation  of  the  GWT 


(a) 


(b) 


576 


mechanism  where  two  wick  layers  with  different  pore  radius  and  permeability  are  used.  Fine  powders  are  used  in  the 
outer  layer  and  coarse  powders  are  used  in  the  inner  layer.  The  advantage  of  this  design,  compared  to  the  design 
shown  in  Figure  5(a)  is  that  the  heat  flux  locations  are  not  restricted  and  fabrication  of  this  type  of  heat  pipes  is 
likely  to  be  easier.  But  large  vapor  bubbles  growing  inside  the  coarse  wick  layer  may  not  be  able  to  pass  easily  into 
the  vapor  space  through  the  fine  outer  layer.  Therefore,  size  combination  of  the  outer  and  inner  wick  layers  becomes 
critical  for  this  type  of  design. 


Theoretical  Model  of  GWT  Mechanism 

In  a  flat  heat  pipe,  the  liquid  flow  in  the  graded  wick  structure  is  two- 
dimensional.  The  two-dimensional  GWT  model  calculates  the  liquid 
flow  pressure  distribution  inside  the  wick  structure  that  is  critical  to 
determining  the  capillary  limit.  The  model  is  based  on  two 
assumptions:  (1)  the  liquid  is  incompressible;  and  (2)  the  liquid  is 
saturated  and  its  properties  can  be  determined  based  on  the  vapor 
temperature.  Figure  6  illustrates  the  coordinates  that  are  used  to 
describe  the  model. 

The  2D  liquid  flow  in  the  wick  structure  can  be  described  by  Darcy’s 
law: 

du  dv  1  / 

t+t-  = — : — ■= — (.-<?)  (2) 

dx  dy  p,hfl;8wick 


dp_ 

dx 


V-l 

xs 

1  wick 


u  =  0 


(3)  Figure  6.  Coordinates  of  2D  GWT  model 
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where  q”  is  the  input  heat  flux  distribution  on  the  flat  heat  pipe  surface.  It  is  positive  at  the  heat  input  regions, 
negative  at  the  heat  output  (cooling)  regions,  and  zero  at  the  insulated  regions. 

Equations  (2)  -  (4)  can  be  combined  into: 

d2P  ,  d2 P  _  Hi _ 1 

dx  dy~  K wick  Plhfgdwick 

where  Kwick  is  the  wick  permeability  that  changes  with  location  for  a  graded  wick  structure.  Equation  (6)  can  be 
solved  for  the  liquid  flow  pressure  distribution  in  the  wick  structure.  The  boundary  conditions  are: 

=  0. 

v=Lv 

Once  the  liquid  pressure  (p)  is  determined,  it  is  compared  with  the  vapor  pressure  (p„)  to  determine  whether  the 
capillary  limit  is  reached,  using  the  following  criterion: 


dy 


=  PiS  sin(?  ,  p\ 


and 


x=0,Lx 


dp_ 

dx 


q  - 


LrU 


(5) 


rc.  wick 


(6) 


If  Equation  (6)  is  not  satisfied,  the  wick  will  not  be  able  to  provide  sufficient  capillary  pumping  force  to  overcome 
the  liquid  flow  resistance.  Both  the  liquid  flow  pressure  (p)  and  the  wick  properties  (Kw,ck  and  rwkk)  are  two- 
dimensional  functions  of  locations  (x  and  y).  For  sintered  powder  wicks,  the  permeability  (Kwick)  and  the  pore  radius 
(rmdt)  can  be  related  as:  Kwick  =  0. 1 25rt2'207  . 
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There  is  no  closed-form  analytical  solution  to  Equation  (5).  Numerical  methods  are  required  to  solve  for  the  liquid 
pressure  distribution.  Figure  8  shows  the  dimensionless  liquid  pressure  distribution  within  a  graded  wick  structure. 
The  calculations  in  Figure  8  were  based  on  the  following  conditions: 

•  Heat  pipe  dimensions:  1  "x5"x0.2"  (thick). 

•  Two,  200W/cm2  heat  sources  attached  to 
the  heat  pipe  (as  shown  in  Figure  7). 

•  Fine  wicks  (pore  radius:  2.4x1  O'5  m)  in 
heating  regions.  Coarse  wicks  (pore  radius: 

6.1xl0'5  m)  in  non-heating  regions. 

•  Horizontal  orientation. 

In  Figure  8,  the  dimensionless  liquid  pressure  is 
defined  as: 


P0  = 


P~Pv 
2  a 

rc,wick 


(7) 


where  p,  pv,  and  rcwick  are  the  liquid 
pressure,  vapor  pressure  and  wick  pore 
radius,  respectively.  The  wick  capillary 
limit  is  reached  when  P0  is  below  -1. 

According  to  Figure  8,  the  smallest  P0  is  - 

0.53,  indicating  that  this  specific  graded  wick  structure  is  capable  of  dissipating  the  specified  heat  fluxes  without 


Figure  8.  Dimensionless  liquid  pressure  in  a  graded  wick 


reaching  the  capillary  limitation. 


GWT  Heat  Pipe  Test  Results 

Figure  9  shows  the  comparison  of  thermal  performance  of  a  conventional  and  a  GWT  heat  pipe.  The  conventional 
heat  pipe  has  a  0.050"  thick  uniform  powder  wick.  As  shown,  this  heat  pipe  has  a  thermal  resistance  less  than 
0.05°C/W/cm2  for  heat  fluxes  less  than  100W/cm2.  At  higher  heat  fluxes,  the  heat  pipe  evaporator  started  to  dry  out. 
At  around  125W/cm2,  the  evaporator  was  significantly  dried  out  and  the  temperature  difference  dramatically 
increased.  At  175W/cm2,  the  heat  pipe  thermal  resistance  reached  0.2°CAV/cm2.  The  GWT  heat  pipe  has  a  0.030" 
thick  coarse  powder  wick  covered  by  a  0.020"  thick  fine  powder  wick.  By  using  a  graded  wick  structure,  the  sharp 
increase  in  temperature  difference  as  seen  in  the  conventional  heat  pipe  is  smoothened.  The  maximum  thermal 
resistance  is  also  reduced  from  0.2°C/W  to  0. 17°CAV. 
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Figure  9.  Comparison  of  conventional  and  GWT  heat  pipe  performance 


578 


CONCLUSIONS 


CPCT  heat  pipes  can  dissipate  200W/cm2  without  showing  signs  of  evaporator  dry-out.  Their  performance  is 

sensitive  to  the  fluid  fill  ratio.  The  theoretical  model  is  capable  of  accurately  predicting  the  proper  fill  ratio.  GWT 

heat  pipes  showed  slight  improvements  over  conventional  heat  pipes  with  uniform  wicks.  However,  it  is  believed 

that  with  optimization  of  pore  size  and  wick  thickness,  GWT  heat  pipes  are  capable  of  dissipating  higher  heat  fluxes. 
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ABSTRACT.  The  paper  deals  with  the  optimization  of  the  convective  annular  fins  with  consideration  of  the 
base  wall  thermal  resistance.  In  practice,  the  surface  temperature  at  the  fin  base  is  usually  unknown.  The  general 
solution  for  annular  fins  of  arbitrary  profiles  with  the  thermal  resistance  boundary  is  obtained  analytically  in 
terms  of  Bessel  function.  Consequently,  the  optimum  heat  transfer  rate  from  the  fin  and  the  optimum  fin 
dimensions  are  computed.  The  numerical  results  of  the  optimum  design  charts  are  presented  in  terms  of  fin 
characteristic  number,  profile  number,  and  overall  wall  thermal  resistance. 

1.  INTRODUCTION 

The  design  technique  of  enhancing  the  performance  of  a  heat  conducting  body  by  attaching  fins  as  extended 
surfaces  is  well  known  in  industry.  Annular  or  circular  fins  are  one  of  such  heat  exchanging  devices  that  are 
used  extensively  to  increase  heat  transfer  rates,  e.g.,  in  compact  heat  exchangers  for  the  aerospace  industry. 
Since  the  weight  and  cost  of  the  fin  is  an  important  consideration  in  the  design,  the  optimum  annular  fin  design 
has  received  considerable  attention  in  the  past.  Brown  [1]  first  investigated  the  optimum  dimensions  of  annular 
fins  of  a  rectangular  profile.  Mikk  [2]  considered  convective  circular  fin  of  a  triangular  profile.  Razelos  and 
Imre  [3]  studied  the  optimization  of  annular  fins  with  three  profiles.  Ullman  and  Kalman  [4]  performed  optimal 
analysis  for  circular  fins  with  four  profiles,  namely  rectangular,  triangular,  hyperbolic,  and  parabolic  shapes  of 
the  circular  fins.  Recently,  Zubair  et  al.  [5]  studied  the  optimum  circular  fin  with  a  variable  profile  and  a 
temperature-dependent  thermal  conductivity.  The  aforementioned  analyses  for  the  optimization  of  convective 
fins  were  based  on  the  assumption  of  known  fin  base  temperature.  However,  in  practice,  the  base  temperature  is 
not  known  a  priori.  It  depends  on  the  temperature  inside  the  tube,  the  heat  transfer  coefficient  between  the  inner 
surface  of  the  tube  and  the  flowing  fluid,  and  the  contact  resistance  at  the  base  of  the  annular  fin.  The  effect  of 
these  thermal  resistances  was  taken  into  account  by  Aziz  [6].  However,  his  analysis  was  retricted  to  the 
longitudinal  fin  of  two  specific  profiles.  His  work  was  recently  extended  by  Chung  et  al.  [7]  to  include  an 
arbitrary  profile  of  longitudinal  fins.  To  the  best  knowledge  of  the  present  authors,  the  wall  thermal  resistance 
effect  has  not  been  previously  considered  for  the  annular  or  circular  fins,  which  are  widely  used  in  compact  heat 
exchangers  and  nuclear  reactors.  The  purpose  of  this  work  is  to  present  a  comprehensive  study  on  the  optimum 
dimensions  and  heat  transfer  characteristics  of  convective  annular  fins  by  considering  convective  heat  transfer 
resistance  at  the  inner  surface  of  the  pipe,  the  tube  wall  resistance  and  the  contact  resistance  between  the 
primary  and  extended  surfaces.  In  this  work,  the  temperature  distributions  and  heat  transfer  from  the  annular 
fins  of  an  arbitrary  profile  are  solved  analytically.  The  optimum  dimensions  and  the  associated  maximum  heat 
transfer  are  determined  numerically  using  the  Golden  Search  method.  The  optimum  dimensions  for  both 
rectangular  and  hyperbolic  optimal  annular  fins  are  presented  graphically  in  terms  of  fin  characteristic  number 
and  overall  thermal  resistance. 


2.  MATHEMATICAL  ANALYSIS 

The  following  assumptions  are  used  in  the  heat  transfer  analysis: 

1 .  The  heat  conduction  in  the  fin  is  steady  and  one-dimensional. 

2.  The  fin  material  is  homogeneous  and  isotropic. 

3.  There  is  no  heat  generation  inside  the  fin. 
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4.  The  heat  transfer  coefficient  is  constant  over  the  surface 
of  the  fin,  and  the  heat  flow  through  the  fin  tip  is 
negligible  small. 

5.  The  temperature  of  the  ambient  fluid  is  uniform,  and  fluid 
temperature  at  the  tube  side  of  the  base  wall  is  constant. 

6.  Curvature  effect  of  the  fin  is  neglected. 

7.  No  radiation  effect  is  considered. 

Temperature  Profile 

Considering  an  annular  fin  shown  in  Fig.  1,  the  profile 

function  of  radius,  y( r),  is  expressed  as 


ro 
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y 

/ 


(1) 


Figure  1.  Schematic  of  annualar  fm  with 
an  arbitrary 


where  n  is  given  and  is  referred  to  as  profile  number.  The  cases  n=0  and  n=l  represent  the  popular  annular 
rectangular  fm  and  annular  hyperbolic  fin  respectively.  The  inside  of  the  tube  is  supplied  with  a  fluid  at  constant 
temperature  Tf  and  convective  heat  transfer  coefficient  between  the  fluid  and  fin  base,  hf  is  given.  From  the  heat 
balance,  at  the  steady  state  the  energy  equation  for  an  annular  fin  is 
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The  boundary  condition  at  the  base  wall  including  the  wall  thermal  resistance  is 
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where  RK  is  contact  resistance  between  the  primary  and  extended  surfaces  and  Tb  is  the  base  temperature  which 
remains  to  be  determined.  The  fin  tip  is  assumed  to  be  insulated,  i.e., 


@  r  =  rt 


Substituting  the  following  non-dimensional  variable  and  parameters 


Y 


r 

r0 


2h 

k5 


2 

rQ 


P 


_r^ 

r0 


into  Eqs.  (2)-(4),  a  non-dimensional  differential  equation  is  obtained 


i-nde 

dy 


NaY0 


1<Y<  p 


The  associated  dimensionless  boundary  conditions  are: 


d9  _ _ _ 

dy  k  [  kln(r0/n)  |  R.ck 

hf  r  i  kw  To 


@  y  =  l 


(4) 


(5) 


(6) 


(7) 
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@  y  =  p 


(8) 


dy 


Solving  Eqs.  (6)-(8)  yields  the  following  temperature  distribution  in  terms  of  the  modified  Bessel  functions  and 
profile  number. 


0  =  AiY2 1— 

2+n 


(  2  Na  Hz'] 

n 

f  2Na  Hi) 

- Y  2 

1+ A2Y2  KJL. 

- Y  2 

^2  +  n  j 

1  2+n  1 

[2  +  n  J 

(9) 


where  I  and  K  are  the  modified  Bessel  functions  of  the  first  and  the  second  kind,  respectively.  After  substitution 
of  the  above  boundary  conditions  into  Eq.  (9),  we  arrive  at  the  following  expressions  for  coefficients  Ai  and  A2 


Ai  =  - 


K--2- 

2+n 


2Na  2t» 

- P  2 

2  +  n 


D(p) 


A2  — 


U- 

f  2  Na  Hz) 

^  P  2 

2+n 

^  2  +  n  _ 

D(p) 


where 


(10) 


D(p)  =  K  — 

2+n 


f  2Na  Hi) 
v2+nM  ) 


1-Z. 

2+n 


2  Na 
2  +  n 


K  — 

2+n 


2  Na 
2  +  n 


2+n  ^ 

P  2 


I-— 

2+n 


f2Na] 

2  Na  3^^ 

k  kln(r0/n)  ,  kRt 

+  K— 

I-  2 

- 0  2 

-Na 

- + - + - 

2+n  1 

l 2  +  n  J 

1  2+n  l 

2  +  n  j 

^  hf  Ti  kw  To  j 

(  2Na  ) 

f  2Na  Hz.) 

f  2  Na  Y 

l-L— I 

- — p  2 

k--2- 

,2+n2 

|  2+n  1 

2  +  n 

I  2+n  1 

k  2  +  nl 

(ID 


Therefore  the  temperature  profile  given  by  Eq.  (9)  is  expressed  analytically  in  terms  of  fin  radial  ratio,  profile 
number,  fin  characteristic  number,  and  overall  wall  thermal  resistance. 


Heat  Dissipation  and  the  Optimum  Condition 

To  determine  the  optimal  dimensions  of  the  annular  fin,  we  maximize  the  heat  dissipation  for  a  given  amount  of 
annular  fin  volume  which  is  given  by 


V  =  frr‘  2n  r  •  y(r)lr 


(12) 


With  y(r)  defined  by  Eq.  (1),  the  dimensionless  annular  fin  volume  can  be  in  terms  of  n  and  p 
r028  (2~n) 


From  the  definition  given  in  Eq.  (5),  N^  can  be  rewritten  as 
N-“  kV(2-n)  ‘  (2-n) 

where  Z,  is  the  fin  characteristic  number  which  is  similar  to  Biot  number  of  a  longitudinal  fin 


Za  = 


rchro 

kV 


(13) 


(14) 


(15) 


The  thermal  resistance  term  in  Eq.(l  1)  is  rewritten  into 


583 


(16) 


k  |  kln(r0/ri)  ( 

hf  Ti  kw  To 


^  p2  D  -  1 

N„  =  2Ra,  - 

2-n 


where 


Ra  = 


k  |  kln(r0/n)  }  kRtc 

hf  Ti  kw  To 


VzT 


(17) 


We  now  define  the  non-dimensional  rate  of  heat  transfer  from  the  fin  in  the  form  of 


Qa  = 


qb 

-MhV  (Tf-Tj 


(18) 


where  qb  is  the  dimensional  heat  transfer  from  the  base.  After  substitution  of  d0/dy  (y=l)  into  Eq.  (18)  for  qb 
with  the  aid  of  Eqs.  (7)  and  (9),  the  dimensionless  heat  dissipation  can  be  expressed  by: 


Qa  =  2. 


2-n 


Vp2 


A]1 _ 2_ 

2+n 


2  +  n 


2+n  V 


(19) 


where  Na  is  defined  by  Eq.  (14)  and  A,  and  A2  are  given  by  Eq.  (10).  Note  that  using  L’Hopital’s  rule,  the 
expression  (p2_D-l)/(2-n)  in  Eqs.  (13)-(14),  (16),  and  (19)  approaches  lnp  for  n=2.  It  is  seen  that  the  heat  transfer 
is  a  function  of  radius  ratio,  p,  profile  number,  fin  characteristic  number,  and  thermal  resistance.  Note  that  from 
Eqs.  (10)-(12),  both  A]  and  A2  are  complicated  functions  of  p  because  of  the  involvement  of  the  denominator 
D(p)  shown  in  Eq.  (11).  The  derivative  under  the  optimum  condition,  dQa/dp  =  0,  is  extremely  tedious  to  be 
evaluated  analytically  although  it  is  not  impossible.  Therefore,  in  this  work  a  numerical  scheme  with  the  aid  of 
the  Golden  Search  method  is  used  to  determine  the  maximum  heat  transfer  and  the  optimum  radius  ratio  for 
specified  profile  numbers  annular  fin  character  numbers  and  thermal  resistances.  Once  the  optimal  radius  ratio, 
p*,  is  known,  the  optimum  fin  width,  8*,  can  be  obtained  from  Eq.  (13). 

3.  RESULTS  AND  DISCUSSIONS 


R. 

Figure  2.  Maximum  heat  dissipation  vs.  wall 
resistance  for  annular  rectangular 
fin  with  various  Za 


R. 

Figure  3.  Maximum  heat  dissipation  vs.  wall 
resistance  for  annular  hyperbolic  fin 
with  various  Za 
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Figs.  2  and  3  present  the  variation  of  the  optimum  heat  transfer  with  the  overall  thermal  resistance  for  two  types 
of  annular  fins  commonly  used.  Fig.  2  is  for  the  rectangular  profile  while  Fig.  3  represents  the  hyperbolic  profile 
with  the  same  parameters.  Similar  to  the  longitudinal  fins  presented  by  Chung  et  al.  [7],  the  optimum  heat 
transfer  decreases  sharply  with  the  increase  of  overall  thermal  resistance.  From  these  two  figures,  it  can  be  seen 
that  for  both  types  of  annular  fins,  at  Ra  =0.75,  the  non-dimensional  heat  dissipation  reduces  to  about  one  half  of 
the  value  at  Ra  =0,  regardless  the  value  of  Za.  When  Ra  is  larger  than  3,  the  curves  of  optimum  heat  transfer 
practically  become  flat  and  its  value  is  just  25%  of  that  at  zero  wall  resistance.  This  implies  that  the  influence  of 
wall  resistance  on  optimal  heat  transfer  reaches  saturation.  It  is  seen  that  the  wall  thermal  resistance  causes  a 
significant  decrease  in  the  heat  flow  through  the  fin.  The  previous  analyses  by  neglecting  the  wall  thermal 
resistance  could  lead  to  a  significant  error  in  prediction  of  maximum  heat  transfer  rate  from  the  annular  fin. 

The  influence  of  thermal  resistance  to  the  optimum  radius  ratio  can  be  seen  from  Figs.  4  and  5.  The  optimum 
dimensionless  fin  height  decreases  with  the  increase  of  the  wall  resistance.  When  the  fin  characteristic  number 
increases,  the  optimum  fin  becomes  shorter  and  fatter.  When  the  wall  resistance  is  greater  than  3,  the  optimum 
fin  height  becomes  insensitive  to  the  wall  resistance  for  both  profiles. 


R. 

Figure  4.  Optimum  radius  ratio  vs  wall  resistance 
for  annular  rectangular  fin  with  various 
Za 


R. 

Figure  5.  Optimum  radius  ratio  vs  wall  resistance  for 
annular  hyperbola  fin  with  various  Za 


Fig.  6  shows  the  variation  of  the  non-dimensional  heat  dissipation  with  the  profile  number  for  zero  thermal 
resistance  (i.e.,  Tb=Tf ).  This  figure  reveals  that  for  a  lower  fin  characteristic  number,  (e.g.,  Za=0.05  or  0.10), 
optimum  heat  transfer  increases  with  n  first,  after  reaching  a  maximum  value,  then  starts  to  decrease.  For 
example,  at  Za=0.05  and  Za=0.1,  the  maximum  value  of  Q*  occurs  at  n=3.0  and  n=  3.2  respectively.  When 
Za>0.3,  the  maximum  heat  transfer  occurs  at  a  very  large  value  of  n  beyond  this  figure.  The  optimum  profile 
number  increases  with  the  increase  of  fin  characteristic  number.  Therefore  with  the  increase  of  Z^,  the  optimum 
annular  fin  profile  becomes  more  curved  and  sharper.  This  suggests  that  with  a  large  Za,  a  fin  with  a  more 
curved  profile  will  enhance  the  heat  dissipation. 

The  relation  between  the  maximum  non-dimensional  heat  dissipation  and  fin  characteristic  number  for  different 
annular  fin  profiles  with  zero  wall  resistance  is  illustrated  in  Fig.  7.  In  this  figure,  the  curve  with  n=2  intersects 
with  that  of  n=3  at  Za=0.0138.  This  implies  that  at  Za=0.0138,  there  exists  an  optimum  profile  number  between 
2  and  3.  Fig.  8  depicts  the  variation  of  optimum  annular  fin  height  with  Za  at  zero  wall  thermal  resistance.  The 
optimum  fin  height  decreases  rapidly  with  the  increase  of  fin  characteristic  number.  For  given  values  of  k,  h  and 
r0,  the  increase  of  Za  means  a  reduction  of  the  fin  volume,  and  the  decrease  of  p*  leads  to  a  smaller  rt. 
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Figure  6.  Variation  of  maximum  heat 

dissipation  vs.  profile  number  with 
fin  characteristic  number  as  a 
parameter 


Figure  7.  Relationship  between  the  maximum 

heat  dissipation  and  fin  characteristic 
number  for  different  profiles  of 
annular  Fin 


Note  that  Figs.  7  and  8  represent  the  same  problem  treated  by 
Ullmann  and  Kalman  [4],  where  the  wall  thermal  resistance 
was  neglected  and  the  solution  was  given  in  a  parametric  form. 

The  numerical  results  of  two  studies  are  in  good  agreement. 

However,  for  a  known  fin  volume,  the  method  proposed  by 
Ullmann  and  Kalman  [4]  requires  a  trial  and  error  procedure  to 
obtain  the  optimum  dimensions  and  the  corresponding 
maximum  heat  dissipation.  In  the  present  work,  the  P 
dimensionless  parameters  are  derived  rigorously  from  the 
governing  equations  and  optimum  dimensions  can  be  obtained 
directly  from  Fig.  8  without  any  iteration.  In  practice.  Figs.  7 
and  8  appear  to  be  more  useful  and  convenient  for  the  thermal 
designers  to  obtain  the  optimal  fin  design. 

It  should  be  pointed  out  that  the  results  presented  in  the  above 
figures  can  be  used  in  the  entire  range  of  practical  applications 
for  the  design  purposes,  since  they  cover  the  realistic  ranges  of 
parameters,  0.003  <  Za<  0.12  and  0  <  Ra54- 

Figure  8.  Relationship  between  the  optimum 
radius  ratio  and  fin  characteristic  number  for 
different  profiles  of  annular  fin 


4.  CONCLUSIONS 


In  this  work,  the  generalized  heat  transfer  equation  for  an  arbitrary  annular  fin  profile  is  solved  analytically  in 
terms  of  the  modified  Bessel  functions.  The  optimum  radius  ratio  and  its  corresponding  maximum  heat 
dissipation  are  determined  by  the  Golden  Search  Method.  Design  charts  including  the  thermal  resistance  effect 
are  presented  for  both  the  rectangular  and  hyperbolic  annular  fins  in  terms  of  two  important  parameters,  the 
annular  fin  character  number  and  overall  wall  thermal  resistance.  It  is  found  that  with  the  increase  of  the  thermal 
resistance,  both  the  maximum  heat  dissipation  from  the  fin  and  the  optimum  annular  fin  height  decrease  rapidly. 
For  given  base  pipe,  fin  and  ambient  conditions,  the  inclusion  of  thermal  resistance  leads  to  a  shorter  and  fatter 
annular  fin,  in  order  to  achieve  the  maximum  heat  transfer.  It  is  further  noticed  that  for  a  fixed  Ra  the  optimum 
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fin  profile  number  is  a  function  of  Za  only,  and  it  increases  with  the  increase  of  Za.  When  Za  increases,  the 
optimum  annular  fin  profile  yields  a  more  curved  and  sharper  shape. 
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NOMENCLATURE 


h  heat  transfer  coefficient  of  ambient  fluid 
surrounding  the  fin,  W/m2-  K 
hf  heat  transfer  coefficient  of  source  fluid  at 
the  tube  side  of  the  wall,  W/m2'  K 
k  conductivity  of  fin,  W/m-K 

kw  conductivity  of  pipe  wall,  W/m-K 

n  fin  profile  number,  dimensionless 

Na  =  2  hr2  /k5 ,  annular  fin  parameter, 
dimensionless 

qb  local  heat  transfer  rate  of  the  annular  fin, 
W 

Qa  =  qb  /V  7tkhV  (Tf  -  T~)  ,  non-dimensional 

heat  transfer,  dimensionless 
r  radial  coordinate  for  annular  fin,  m 

Tj  the  inner  radius  of  the  annular  fin  base 

pipe,  m 

r0  the  outer  radius  of  the  annular  fin  base 
pipe,  m 

rt  the  radius  of  the  annular  fin  tip,  m 

Ra  =  [k/  hf  ri  +  kln(r0/ n )/ kw  +  kRtt/ rJVzT , 
overall  thermal  resistance  for  annular  fin, 
dimensionless 

Rtc  thermal  contact  resistance  between 

primary  and  extended  surfaces,  m2  -K/w 
T  local  temperature  of  fin,  K 

V  fin  volume,  m3 


w  base  wall  thickness,  m 
Za  -7th  r'/kV  ,  character  number  for 
annular  fin,  dimensionless 
Greek  Symbol 
8  fin  thickness,  m 

P  =  rt  /  r0  >  the  radius  ratio  of  annular  fin, 

dimensionless 

0  =  (T  -  T~)/(Tf  -  T~)  ,  dimensionless 

temperature 

Y  =  r/  r0 ,  dimensionless  radial  distance 

Subscript 
b  fin  base 

f  source  fluid  at  the  rear  of  the  wall 

°°  ambient  fluid  at  the  fin  side 

Superscript 
*  optimum  value 
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MODELING  OF  VISCOSITY  AND  THERMAL  CONDUCTIVITY  OF 
HYDROCARBONS  BASED  ON  EQUATION  OF  STATE 
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High  Pressure  Fluid  Phase  Behavior  &  Property  Research  Laboratory, 

University  of  Petroleum,  P.O.  Box  902,  Beijing  100083,  P.R.  China 

Keywords:  viscosity,  thermal  conductivity,  equation  of  state,  hydrocarbons,  mixtures 

ABSTRACT.  Based  on  the  geometric  similarity  of  P-V-T,  T-p-P  and  T-L-P  diagrams,  viscosity  (p)  and  thermal 
conductivity  (k)  models  can  be  derived  from  an  equation  of  state  (EOS).  The  advantages  of  an  EOS-based 
viscosity  /  thermal  conductivity  model  are  simple  in  form,  applicable  to  both  gas  /  liquid,  high-pressure  /  low- 
pressure,  and  smooth  phase  transition  of  p  /  k  in  the  near-critical  region  could  be  achieved.  In  this  work,  a 
modified  version  of  the  viscosity  model  based  on  Peng-Robinson  (PR)  EOS,  and  a  newly  established  thermal 
conductivity  model  based  on  PR  EOS  were  developed.  Simple  mixing  rules  were  used  for  extension  to  mixtures. 
Extensive  tests  have  been  performed  on  pure  hydrocarbons,  carbon  dioxide  and  nitrogen,  hydrocarbon  mixtures 
containing  defined  components  as  well  as  complex  reservoir  fluids.  The  comparison  with  those  typical  viscosity  / 
thermal  conductivity  correlations  currently  adapted  in  the  petroleum  industry  shows  the  superiority  of  the 
proposed  models. 


1.  INTRODUCTION 

Hydrocarbon  viscosity  (p)  and  thermal  conductivity  (k)  are  important  transport  properties  in  the  petroleum  / 
natural  gas  production  and  processing.  Although  numerous  empirical  /  semi-empirical  fluid  viscosity  /  thermal 
conductivity  correlations  are  available  in  the  literature,  however,  separate  correlations  are  generally  required  for 
gas  /  liquid,  high-pressure  /  low-pressure  systems  and  poor  results  are  usually  obtained  for  the  complex  reservoir 
fluid  mixtures.  In  addition,  fluid  density  is  often  involved  in  the  viscosity  /  thermal  conductivity  correlations, 
hence,  the  selection  of  density  correlation  will  affect  the  calculation  results. 


The  attracting  features  of  an  EOS-based  viscosity  /  thermal  conductivity  model  are  simple  in  form,  applicable  to 
both  gas  /  liquid,  high-pressure  /  low-pressure  systems,  density  calculation  is  not  involved,  and  smooth  transition 
of  gas  /  liquid  properties  in  the  near-critical  region  could  be  achieved.  Furthermore,  as  a  single  EOS  can  be  used 
in  a  chemical  process  /  reservoir  simulator  for  performing  PVT,  VLE  (vapor-liquid  equilibrium)  and  transport 
property  calculations,  the  theoretical  consistency  is  improved.  In  an  earlier  paper  [1]  we  have  proposed  two 
viscosity  models  based  on  PR-EOS  [2]  and  PT-EOS  [3],  respectively.  The  proposed  models  are  capable  of 
describing  the  viscosity  of  pure  hydrocarbons  and  defined  hydrocarbon  mixtures  satisfactorily,  but  rather  poor 
results  were  obtained  for  the  complex  reservoir  fluids.  In  this  work,  the  original  PR-viscosity  model  has  been 
modified  aiming  at  improving  the  viscosity  prediction  accuracy  for  reservoir  fluid  mixtures,  including  the  highly 
asymmetric  C02-injected  enhanced  oil  recovery  systems.  In  the  second  part  of  this  work,  following  the  similar 
approach,  a  new  fluid  thermal  conductivity  model  was  developed  based  on  PR-EOS.  No  previous  work  in  this 
direction  was  reported  in  literature. 


2.  VISCOSITY  SECTION 


The  Modified  PR-Viscositv  Model 

The  technique  of  developing  a  viscosity  (p)  model  from  an  EOS  based  on  the  geometric  similarity  of  P-V-T  and 
T-p-P  relationships  and  the  previous  work  done  in  this  area  have  been  discussed  in  detail  in  an  earlier  article  by 
Guo  et  al.  [1].  The  modified  PR  (MPR)  viscosity  model  proposed  in  this  work  is  straightly  given  below: 


T  = 


rP 

p-b' 


a _ 

p(p  +  b)  +  b(p  -  b) 


(1) 


where 


r  2P  2 
a  =  0.45724  c  c 

Tc 

(2) 

b  =  0.07780— 

Tc 

(3) 

r  =  rcx(Tr,Pf) 

(4) 

c "  pczc 

(5) 

pc  =  7.7Tc"1/6Mi/2Pc2/3 

(6) 

x(Tr,  Pr)  =  [1  +  Qi((PrTr)0'5  -  l)]'2 

(7) 

b'  =  b<f>(Tr,Pr) 

(8) 

<l>(Tr ,  Pr )  =  exp[Q2  (Vt7 -1)]  +  Q3(VpT-1)2 

(9) 

where  subscripts  c  and  r  denote  the  critical  property  and  the  reduced  property,  respectively.  For  hydrocarbons, 

carbon  dioxide  and  nitrogen,  the  three  parameters,  Qi,  Q2  and  Q3,  were  generalized 
as  follows. 

in  terms  of  acentric  factor  m 

When  CO  <  0.3: 

Q,  =0.829599  +  0.350857(0  -  0.7476800)2 

(10) 

Q2  =1.94546- 3.19777(0  + 2.80193C02 

(11) 

Q3  =  0.299757  +  2.20855(0  -  6.64959(02 

(12) 

When  (0  >  0.3: 

Q,  =  0.956763  +  0. 192829(0  -  0.303 189(02 

(13) 

Q2  =-0.258789-37.1071(0  + 20.5510m2 

(14) 

Q3  =5.16307- 12.8207m  +  11.0109m2 

(15) 

It  is  to  be  noted  that  the  functional  forms  of  <j>(Tr,  Pr),  Qb  Q2  and  Q3  are  modified  as  compared  with  the  original 
PR  viscosity  model. 

Extension  to  Mixtures 

For  a  mixture,  Eq.  (1)  is  rewritten  as: 

j  _  fm^ _ _ 

ltm0im+bm)  +  bm(pm-bm)  3 
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where  subscript  m  denotes  mixture,  and  the  mixing  rules  adapted  for  parameters  am,  bm,  b  m  and  rm  are  as 
follows: 


am  =Sxiai 
i 


(16) 


bm  =Sxibi 

i 

b,m=SSxixjA/bvTT;(l-kij) 

i  j 


(17) 

(18) 


rm=Z¥:  (19) 

i 

Again,  it  is  to  be  noted  that  the  binary  interaction  coefficient,  kjj,  is  introduced  to  parameter  b  m  in  the  MPR 
model,  instead  of  am. 

Selection  of  Correct  Viscosity  Root 

Equation  (1)  is  cubic  in  p,  standard  subroutine  can  be  used  to  solve  the  viscosity  root.  For  a  pure  substance,  if 
three  viscosity  roots  were  obtained  at  the  specified  temperature  and  pressure,  the  correct  viscosity  root  is  chosen 
as  follows: 

(1)  In  the  liquid  region  (when  the  pressure  is  greater  than  the  saturated  vapor  pressure  at  prevailing  temperature), 
choose  the  maximum  real  root. 

(2)  In  the  sub-critical  gas  region  (when  the  pressure  is  lower  than  the  saturated  vapor  pressure  at  prevailing 
temperature),  choose  the  smallest  real  root  greater  than  b\  as  b’  represents  the  asymptotic  value  of  ideal  gas 
viscosity  at  infinite  temperature. 

(3)  In  the  supercritical  region  (T  >  Tc),  choose  the  maximum  real  root. 

The  saturated  vapor  pressures  (Ps)  of  pure  substances  were  calculated  using  the  Antoine  equation  for  Ps  <  1500 
mm  Hg,  and  the  Lee-Kesler  equation  [4]  for  Ps  >  1500  mm  Hg.  For  a  mixture,  if  the  phase  status  is  not  known,  it 
should  be  determined  by  using  an  equation  of  state. 

Characterization  of  the  C-r-Fraction  in  Reservoir  Fluids 

In  performing  the  PVT  and  VLE  calculations  of  reservoir  fluids,  for  improving  the  calculation  accuracy,  the 
undefined  C7+-ffaction  is,  in  general,  divided  into  a  number  of  pseudo-components.  However,  in  viscosity 
calculations  it  was  found  that  the  calculation  results  are  not  sensitive  to  the  subdivision  of  C7+-fraction,  hence  a 
single  pseudo-component  was  used  to  represent  the  C7+-fraction  in  this  work. 

On  the  other  hand,  the  selection  of  empirical  correlation  for  evaluating  the  critical  temperature  (Tc),  critical 
pressure  (Pc)  and  acentric  factor  (co)  of  pseudo-components  has  significant  influence  on  the  viscosity  calculation 
results.  In  this  work,  the  Tc-,  Pc-  correlations  proposed  by  Twu  [5]  and  the  co-correlation  developed  by  Kesler 
and  Lee  [6]  were  chosen. 

Test  Results  on  the  MPR  Viscosity  Model  for  Reservoir  Fluid  Mixtures 

As  mentioned  in  the  Introduction,  the  MPR  viscosity  model  is  targeted  at  reservoir  fluids,  the  comparisons  of  the 
calculation  results  with  original  PR  viscosity  model  for  pure  substances  and  binary  mixtures  are  omitted  in  this 
paper.  In  the  following  tables,  the  absolute  average  deviation  (AAD)  is  defined  as: 


AAD(%)  = 


N„ 


Heal  "He; 


He 


xlOO 


(20) 


Natural  gas  mixtures.  Due  to  the  lack  of  experimental  viscosity  data  for  the  binary  pairs  involved  in  a  natural 
gas  mixture,  all  kys  were  set  to  zero.  Since  no  adjustable  parameter  was  involved  in  the  viscosity  calculations  for 
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reservoir  fluid  mixtures,  hence  the  calculation  results  reported  in  the  following  sections  are  entirely  predictive  in 
nature. 

The  comparison  of  the  viscosity  prediction  results  for  nine  natural  gas  mixtures  (the  C7+-fraction  content  ranges 
from  0.4  to  7.9  mol%)  based  on  six  viscosity  models  (MPR,  PR,  Lohrenz  [7],  Lawal  [8],  Little  [9]  and  PT  [1]) 
are  presented  in  Table  1.  The  superiority  of  MPR  model  for  natural  gas  mixtures  is  clearly  indicated. 

Table  1.  Comparison  of  Viscosity  Prediction  Results  of 
Nine  Natural  Gas  Mixtures  based  onVarious  Models* 


Gas  sample 

T(K) 

P  (MPa) 

MPR 
AAD  (%) 

PR 

AAD  (%) 

Lohrenz 
AAD  (%) 

Little 
AAD  (%) 

Lawal 
AAD  (%) 

pT# 

AAD  (%) 

1 

390.93 

36.98 

12.43 

4.28 

102 

166 

16 

22.3 

2 

365.93 

31.43 

10.39 

8.61 

96.1 

285 

28.9 

0.28 

3 

373.71 

31.42 

3.34 

2.67 

209 

485 

19 

9.7 

4 

325.93 

24.93 

11.91 

21.67 

409 

650 

6.7 

691 

5 

400.93 

33.98 

1.47 

11.96 

453 

288 

23.9 

35.6 

6 

335.37 

17.96 

2.62 

5.56 

555 

522 

0.83 

18 

7 

316.48 

13.78 

24.22 

31.63 

13032 

294 

28.2  , 

24.3 

8 

398.71 

39.62 

20.45 

33.91 

448 

645 

6.9 

18.7 

9 

375.93 

30.42 

1.45 

- 

339 

146 

3.8 

12 

Overall  AAD  (%) 

9.8 

15 

1738 

386.8 

14.91 

17.61** 

*  Data  source:  Lawal  [8]. 

**  Sample  4  excluded. 

#  Viscosity  model  based  on  PT  EOS  developed  by  Guo  et  al.  [1]. 


Reservoir  oil  systems  without  CO?-iniection.  Table  2  shows  the  comparison  of  the  viscosity  prediction 
results  of  twenty  two  reservoir  oils  (a  total  of  126  data  points)  based  on  six  viscosity  models  (MPR,  Pedersen 
and  Fredenslund  [10],  Lohrenz  [7],  Lawal  [8],  Little  [9]  and  PT  [1]).  The  original  PR  model  failed  to  describe 
most  of  the  data  tested,  however,  the  MPR  model  proposed  in  this  work  produced  the  best  results.  The 
calculation  accuracy  could  be  further  improved  if  suitable  ky  values  were  introduced. 

CCL-iniected  systems.  Miscible  flooding  achieved  by  C02-injection  is  one  of  the  major  enhanced  oil 
recovery  (EOR)  techniques,  and  the  reduction  of  oil  phase  viscosity  plays  a  critical  role  in  such  processes.  Due 
to  the  highly  asymmetric  nature  of  the  C02-injected  reservoir  oil  systems,  the  accurate  prediction  of  their 
viscosity  is  a  challenging  task  and  little  has  been  reported  in  the  open  literature. 

The  proposed  MPR  model  was  firstly  tested  on  an  asymmetric  binary  system  (C02-n-decane),  containing  C02  up 
to  85mol%.  The  overall  AAD  of  the  70  data  points  tested  is  7.2  %  (with  ky  =  0),  which  is  quite  encouraging. 

The  MPR  model  has  been  applied  to  predict  the  viscosity  of  two  COz-injected  reservoir  oil  systems,  the 
viscosity  data  (a  total  of  123  data  points)  were  measured  in  this  laboratory.  The  overall  AAD  is  12.6  %,  which  is 
reasonable  for  such  highly  asymmetric  complex  mixtures. 

For  illustration,  the  comparison  of  the  performance  of  four  viscosity-models  [MPR,  Pedersen  [10],  Lohrenz  [7], 
and  Du  and  Guo  [11]  on  the  prediction  of  the  viscosity  of  an  C02-injected  reservoir  oil  system  under  saturation 
pressures  corresponding  to  various  C02-concentrations  is  given  in  Table  3.  The  overall  AAD  of  MPR  model  is 
7.98  %,  far  better  than  the  other  three  models  tested. 

The  MPR  viscosity  model  presented  in  this  paper  has  been  successfully  implemented  into  UTCOM4 — a 
reservoir  simulation  software  developed  by  the  University  of  Texas  at  Austin,  and  applied  to  Chinese  oil  fields. 
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Table  2.  Comparison  of  the  Predicted  Results  of  the  Viscosity  of  Reservoir  Oils  based  on  Various  Models 


AAD  (%) 

Oil  No. 

NP 

T(K) 

P-range  (MPa) 

MPR 

Pedersen 

Lohrenz 

Little 

Lawal 

PT 

1 

13 

338.2 

17.37-34.58 

7.84 

11.69 

5.89 

1 

9 

348.2 

17.99-38.71 

8.21 

11.50 

4.60 

1 

13 

360.2 

11.82-41.47 

7.41 

11.40 

4.38 

1 

10 

377.2 

20.03-44.23 

6.80 

11.84 

3.40 

2 

11 

359.2 

5.24-38.02 

21.41 

2 

10 

373.2 

5.48-38.02 

7.60 

3 

1 

336.5 

8.01 

5.16 

94.54 

57.05 

24.29 

4 

1 

307.6 

4.80 

12.49 

24.30 

254.33 

24.43 

29.45 

2.19 

5 

1 

303.2 

8.79 

22.14 

27.00 

149.51 

2.65 

17.94 

15.39 

6 

1 

342.0 

11.38 

5.48 

92.48 

27.94 

28.77 

7 

1 

412.0 

59.23 

46.02 

98.55 

216.27 

114.64 

40.91 

67.79 

8 

1 

376.5 

27.85 

2.31 

6.32 

208.49 

21.79 

5.94 

9.47 

9 

1 

394.3 

0.55 

20.52 

15.89 

102.35 

55.11 

15476.3 

10.24 

10 

1 

317.6 

2.31 

10.44 

12.62 

139.75 

67.80 

1.71 

3.67 

11 

1 

295.4 

2.41 

5.61 

89.61 

99.98 

7.72 

12 

1 

380.9 

4.27 

39.22 

36.49 

3583.5 

82.93 

13 

1 

316.5 

6.20 

17.37 

13.57 

183.57 

72.58 

21.10 

9.05 

14 

1 

346.5 

6.52 

13.14 

15.76 

103.31 

43.29 

3.32 

5.08 

15 

1 

363.2 

7.52 

43.58 

38.10 

86.12 

60.17 

85.52 

30.12 

16 

1 

407.6 

15.03 

18.29 

5.36 

118.61 

50.25 

44.18 

3.5 

17 

1 

379.3 

25.27 

8.58 

78.31 

544.73 

63.13 

28.38 

58.61 

18 

1 

335.9 

8.94 

2.93 

3.44 

94.48 

33.44 

19.38 

19 

5 

335.9 

15.89-34.57 

5.31 

20 

7 

371.0 

20.35-40.19 

5.45 

21 

6 

366.5 

27.45-38.98 

2.84 

22 

7 

303.2 

4.87-44.02 

10.98 

22 

6 

323.2 

5.32-44.02 

12.20 

22 

7 

353.2 

6.93-44.02 

14.52 

22 

m 

374.8 

8.00-44.02 

22.87 

Overall  AAD  (%) 

13.99 

25.48 

191.55 

50.03 

28.04 

23.32 

*  Data  sources:  Oil  No.:  l-2:Du  [1 1],  3-18:Lawal  [8],  19-21:Pedersen  et  al.  [12,  13],  22:— Ahrabi  et  al.  [14]. 


Table  3,  Comparison  of  Viscosity  Prediction  Results  of  C02-injected  Reservoir  Oil  Systems  at  Saturation 

Pressures  based  on  Various  Models* _ 


C02/OiI(mol/mol) 

T(K) 

ps(MPa) 

pexp(cp) 

MPR 

AAD(%) 

Du 

AAD(%) 

Pedersen 

AAD(%) 

Lohrenz 

AAD(%) 

0.0000 

359.15 

5.238 

2.2974 

8.76 

2.33 

33.88 

633.83 

0.0000 

373.15 

5.479 

1.5916 

10.47 

22.67 

40.95 

720.88 

0.3158 

359.15 

9.099 

1.5833 

12.03 

30.17 

26.94 

688.40 

0.3158 

373.15 

10.099 

1.2597 

5.65 

33.30 

27.07 

682.36 

0.7065 

359.15 

12.684 

1.2298 

21.06 

25.28 

27.00 

619.43 

0.7065 

373.15 

13.891 

0.8938 

6.00 

29.18 

48.67 

712.81 

0.8585 

359.15 

14.408 

0.9494 

8.36 

17.38 

52.28 

711.72 

0.8585 

373.15 

16.097 

0.7554 

0.35 

20.10 

63.17 

720.55 

1.0535 

359.15 

17.200 

0.7246 

6.43 

16.27 

83.33 

789.58 

1.0535 

373.15 

18.786 

0.6804 

0.74 

17.15 

69.33 

669.12 

Overall  AAD  (%) 

7.98 

21.38 

47.26 

694.87 

*  Data  source:  Du  and  Guo  [15]. 
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3.  THERMAL  CONDUCTIVITY  SECTION 


The  Development  of  Thermal  Conductivity  Models  Based  on  PR-EOS 

A  typical  T-A-P  diagram  for  propane  is  shown  in  Fig.  1.  From  Fig.  1,  it  can  be  noted  that  geometric  similarity  is 
also  observed  between  the  P-V-T  and  T-A-P  diagrams.  By  reasoning,  the  technique  adapted  for  establishing  a 
viscosity  model  from  an  EOS  should  be  also  applicable  to  fluid  thermal  conductivity.  The  selection  of  EOS  is 
rather  arbitrary,  for  in  consistency  with  the  viscosity  modeling,  the  popular  PR  and  PT  cubic  EOS  were  chosen 
in  this  work  (for  saving  space  the  mathematical  description  of  PT-model  is  omitted  in  this  paper). 


Temperature  (  K) 

Figure  1.  Typical  T-A-P  diagram  of  propane 

The  thermal  conductivity  model  developed  from  PR-EOS  is  as  follows: 


RT _ a(T) 

v  -  b  v(v  +  b)  +  b(v  -  b) 


(21) 


By  substituting  T  for  P,  A  for  v,  and  r  for  R,  the  following  PR-thermal  conductivity  equation  is  obtained: 


T  = 


rP 

A  -  b' 


_ a _ 

A(A  +  b)  +  b(A  -  b) 


(22) 


The  corresponding  parameters  are  evaluated  as  follows: 


r  P 

a  =0.45724  c  c 

Tc 

(23) 

b  =  0.07780  TcPc 

Tc 

(24) 

r  =  rcx(Pr ) 

(25) 

_  *cTc 

C  PCZC 

(26) 
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xc  =  tc"1/6M~1/2Pc2/3  /  21 

(27) 

b'=b<j>(Tr,Pr) 

(28) 

T(Pr)  =  [l-Qix(l-Pra5)]-2 

(29) 

<j)(Tr,Pr)  =  l  +  Q2|l-Tr|°'012S  +Q3jl-Tr|1'75  +Q4[Pr025  -l]2 

(30) 

The  regressed  Qj  values  for  22  pure  substances  are  listed  in  Table  4. 


Table  4.  Coefficients  O1-Q4  in  Eq.  (29)  and  Eq.  (30) 


Substance 

0, 

Q2 

Qb 

Q4 

Methane 

0.970190 

0.776883 

0.347756 

-0.138073 

Ethane 

0.958134 

0.642968 

0.960562 

-0.002961 

Propane 

0.927366 

1.915883 

1.879568 

0.025987 

n-Butane 

0.922081 

2.108735 

-1.608329 

0.239525 

n-Pentane 

0.881556 

2.284456 

-10.540047 

1.600419 

n-Hexane 

0.819612 

2.184340 

-1.156281 

2.615769 

n-Heptane 

0.922903 

4.652677 

33.646595 

2.977537 

n-Octane 

0.752467 

0.675726 

2.671826 

5.743277 

n-Nonane 

0.999120 

4.636064 

2.465917 

10.371459 

n-Decane 

0.845231 

-1.284717 

21.458351 

5.962502 

n-Undecane 

1.000995 

3.408888 

6.331457 

14.841777 

n-Dodecane 

0.999195 

4.580865 

7.825347 

18.978289 

n-Tridecane 

1.008009 

5.599662 

6.216670 

21.776913 

n-Tetradecane 

1.007128 

4.212692 

14.642992 

22.331921 

n-Pentadecane 

0.988286 

4.203979 

14.540983 

24.893528 

n-Hexadecane 

0.990758 

4.609309 

18.952227 

28.157578 

n-Heptadecane 

1.271984 

5.307981 

32.092571 

35.029812 

n-Octadecane 

0.991402 

4.556245 

24.449326 

36.619545 

i-Butane 

0.994041 

2.538210 

3.873491 

0.864157 

i-Octane 

0.974758 

-6.349264 

12.524574 

3.054645 

Nitrogen 

0.923247 

0.648666 

0.125623 

-0.138456 

Carbon  dioxide 

0.929163 

0.012330 

0.433261 

-0.054170 

Rules  for  Choosing  Correct  X-Root 

The  PR-  thermal  conductivity  equation,  Eq.  (22),  is  cubic  in  X.  The  rules  for  selecting  correct  X-root  for  vapor, 
liquid  and  supercritical  gas,  are  similar  to  the  rules  adapted  for  viscosity  calculations  described  in  the  previous 
section. 


Extension  to  Mixtures 

The  PR-thermal  conductivity  model  for  mixtures  is  expressed  as  follows: 


T  = 


rmP 


^m-bm  +bm)  +  bm(^m  -bm) 


(31) 


The  mixing  rules  adapted  for  the  EOS  parameters  in  Eq.  (42)  and  Eq.  (43),  am,  bm,  cm,  b’m  and  rm  ,  are  as 
follows: 


am 

i 


(32) 
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t>»  =SxibI 

i 

b'm  =  bm(f.m 

4>m  =ESxiXjA/^”(l-kij) 
»  j 

rm=Sxiri 

i 


(33) 

(34) 

(35) 

(36) 


where  x,  is  the  mole  fraction  of  component  i,  and  ky  denotes  the  binary  interaction  parameter  to  be  determined 
from  experimental  thermal  conductivity  data. 

Test  Results  for  Pure  Substances 

The  thermal  conductivity  of  twenty  two  pure  substances  including  hydrocarbons,  carbon  dioxide  and  nitrogen 
have  been  calculated  based  on  the  proposed  PR-model  and  PT-model  over  wide  temperature  and  pressure 
ranges.  The  calculation  results  are  shown  in  Table  5.  The  overall  absolute  average  deviations  (a  total  of  3273 
data  points)  are  8.28%  (PR-model)  and  8.24%  (PT-model),  respectively.  For  comparison  with  existing  thermal 
conductivity  models,  the  calculated  results  based  on  the  corresponding  states  theory  (Pedersen  et  al.  [12,13],  the 
API  method  [16],  and  Stiel  and  Thodos  [17]  correlation  are  also  listed  in  Table  5. 

Test  Results  for  Defined  Mixtures 

The  thermal  conductivity  prediction  results  for  eleven  binary  mixtures  (a  total  of  277  data  points)  are  presented 
in  Table  6.  The  overall  absolute  average  deviations  are  14.39%  (PR-model)  and  13.29%  (PT-model), 
respectively.  For  comparison,  the  calculated  results  based  on  the  corresponding  states  theory  (Pedersen  et  al. 
[12,13])  are  also  given  in  Table  6,  the  overall  absolute  average  deviation  of  21.25%  is  significantly  higher  than 
PR  /  PT  model. 

Test  Results  for  Reservoir  Oils 

The  thermal  conductivity  data  of  reservoir  fluids  are  extremely  scarce  in  the  literature.  Using  the  characterization 
method  for  C7+-fraction  proposed  by  Twu  [5],  the  developed  thermal  conductivity  models  have  been  applied  to 
predict  the  thermal  conductivity  data  of  three  reservoir  oils  reported  by  Baltatu  et  al.  [18].  The  prediction  results 
are  listed  in  Table  7.  From  Table  7  it  can  be  seen  that  both  PR  and  PT  models  are  capable  of  giving  reasonable 
thermal  conductivity  predictions  for  the  complex  reservoir  oils  tested. 


Table  5.  Comparison  of  the  Calculated  Results  on  the  Thermal  Conductivity  of  Pure  Substances  based  on 

Various  Models  _ 


Substance* 

T(K) 

P(MPa) 

Status 

NP 

PR 

AAD(%) 

PT 

AAD(%) 

API 

AAD(%) 

Pedersen* 

AAD(%) 

StielA 

AAD(%) 

Data 

source 

Methane 

277-478 

0.1-34.5 

g 

98 

2.89 

3.57 

8.21 

3.45 

6.39 

[19,20] 

Ethane 

277-445 

0.1-34.5 

g 

70 

6.48 

8.08 

20.89 

13.88 

7.3 

[21] 

Propane 

323-413 

0.1-30.0 

g,l 

78 

8.96 

8.19 

15.11 

11.2 

[22] 

Butane 

277-478 

0.1-34.5 

g>l 

104 

9.78 

9.67 

16.3 

14.58 

mmm 

Pentane 

298-473 

0.1-220.5 

g>l 

79 

3.47 

3.38 

12.28 

9.56 

[24] 

Hexane 

273-633 

0.1-50.0 

g>l 

162 

12.24 

12.26 

11.64 

13.56 

[22] 

Heptane 

273-633 

0.1-50.0 

g.I 

162 

15.81 

15.44 

11.29 

12 

[22] 

Octane 

273-633 

0.1-50.0 

g,  1 

162 

13.67 

13.71 

13.78 

9.53 

[22] 

Nonane 

233-573 

0.1-49.0 

1 

63 

1.58 

1.91 

10.56 

14.18 

[24] 

Decane 

277-478 

0.1-34.0 

g>l 

97 

9.37 

9.38 

14.06 

13.94 

[22] 

Undecane 

253-453 

0.1-350.0 

1 

20 

1.01 

0.95 

11.79 

14.77 

[24] 

Dodecane 

273-453 

0.1-196.0 

1 

62 

0.98 

0.95 

7.73 

23.54 

[24] 

Tridecane 

273-677 

0.1-49.0 

1 

96 

1.63 

3.08 

8.76 

15.99 

[24] 

Tetradecane 

293-463 

0.1-49.0 

1 

41 

2.04 

1.99 

8.33 

19.57 

[24] 
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Pentadecane 

303-463 

0.1-49.0 

1 

30 

0.95 

0.91 

15.24 

22.53 

[24] 

Hexadecane 

303-463 

0.1-49.0 

1 

30 

0.92 

0.87 

19.67 

28.86 

[24] 

Heptadecane 

308-458 

0.1-49.0 

1 

48 

0.45 

0.42 

30.23 

36.66 

[24] 

Octadecane 

326-460 

9.8-49.0 

1 

49 

0.48 

0.39 

33.96 

43.15 

[24] 

i-Butane 

193-384 

0.1-50.0 

g.l 

44 

1.31 

1.32 

13.9 

17.07 

[22] 

i-Octane 

290-580 

0. 1-4.0 

g.1 

220 

9.48 

9.83 

26.45 

40.87 

[22] 

N2 

80-1400 

0.1-60.0 

g.I 

610 

9.13 

8.06 

4.73 

[24] 

C02 

220-1400 

0.1-60.0 

g.l 

948 

8.92 

9.19 

10.05 

[24] 

Overall 

3273 

8.28 

8.24 

15.5 

18.45 

7.85 

*  Hydrocarbons  are  normal  alkanes  if  not  otherwise  specified. 

#  Corresponding  states  method  (Pedersen  et  al.  [12,13]). 

A  Stiel  and  Thodos  [17]. 


Table  6.  Comparison  of  Thermal  Conductivity  Prediction  Results  of  Mixtures  based  on  Various  Models 


Mixture 

T  (K) 

P  (MPa) 

X2  (mole 
frac.) 

NP 

PR 

AAD(%) 

PT 

AAD(%) 

Pedersen 

AAD(%) 

Data 

source 

CH4(1)-C3H8(2) 

366-371 

0.1 

0.0- 1.0 

26 

14.04 

13.97 

12.67 

[25] 

CH4(  1  )-n-C4H  10(2) 

278-444 

0.1-34.48 

0.606 

53 

7.58 

7.5 

34 

[26] 

CH4(1)-C02(2) 

371 

17.48 

0.245 

1 

12.87 

12.67 

4.09 

[25] 

C02(1)-C3H8(2) 

369 

0.1 

0.0- 1.0 

El 

20.08 

14.8 

24.34 

[27] 

N2(l)-C02(2) 

273-1047 

0.1 

0.0-1.0 

EZ3 

27.83 

23.94 

23.32* 

[25] 

n-C7H16(l)-i-C8H18(2) 

308-337 

1.5-44.0 

0.26-0.51 

EE 

11.19 

11.3 

22.79 

[28] 

n-C7H16(l)-n-CllH24(2) 

288-345 

0.1 

0.18-0.66 

EH 

6.94 

7.44 

5.63 

[29] 

n-C7H16(l  )-n-C  1 6H34(2) 

290-344 

0.1 

0.13-0.57 

EH 

7.52 

10.41 

13.47 

[29] 

i-C8H  1 8(  l)-n-C  1 4H30(2) 

303-370 

0.1 

0.0- 1.0 

EH 

15.65 

14.49 

26.18 

[30] 

n-Cl  lH24(l)-n-C16H34(2) 

295-343 

0.1 

0.19-0.67 

EH 

1.52 

2.08 

21.24 

[29] 

n-C7H16(l)-n-Cl  lH24(2)-n- 
C16H34(3) 

294-344 

0.1 

18 

4.95 

6.73 

8.22 

[29] 

Overall 

14.39 

13.29 

21.25 

Table  7.  Comparison  of  Thermal  Conductivity  Prediction  Results  of  Three  Reservoir  Oils  based  on  PR 

and  PT-models* _ _ _ 


Oil  No. 

T-range  (K) 

P-range  (MPa) 

NP 

PR  AAD  (%) 

PT  AAD  (%) 

1 

303-494 

3.45-13.8 

12 

7.51 

7.23 

2 

334-494 

1.38-10.3 

8 

9.42 

9.48 

3 

298.81 

1.52-5.07 

2 

11.3 

11.49 

*  Data  source:  Baltatu  et  al.  [18]. 


4.  CONCLUSIONS 


1.  The  original  PR-viscosity  model  has  been  modified  and  successfully  extended  its  application  to  reservoir 
fluid  systems  with  /  without  C02-injection  through  re-correlation  of  the  function  <j>(Tr,  Pr)  and  Qj  - 
coefficients. 

2.  Extensive  test  results  indicate  the  superiority  of  MPR-viscosity  model  over  those  empirical  /  semi-empirical 
viscosity  correlations  currently  used  in  the  petroleum  industry.  For  mixtures,  the  calculation  accuracy  could 
be  further  improved  if  suitable  values  of  binary  interaction  parameter  ky  were  introduced. 

3.  EOS-based  fluid  thermal  conductivity  models  have  been  developed,  which  were  not  reported  previously. 
The  proposed  PR-  and  PT-thermal  conductivity  models  are  simple  in  form  and  capable  of  representing  the 
thermal  conductivity  data  satisfactorily  for  pure  non-polar  substances  (hydrocarbons,  C02  and  N2), 
hydrocarbon  mixtures  containing  defined  components,  and  complex  reservoir  fluids  with  /  without  C02- 
injection. 
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ABSTRACT.  The  laser-induced  thermal  grating  technique  (LTG)  has  proved  to  be  suitable  for  the  accurate 
measurement  of  the  thermal  diffusivity  of  pure  liquids,  liquid  mixtures  and  aqueous  solutions  of  inorganic 
substances  in  a  wide  range  of  temperatures.  Compared  with  conventional  measurement  methods,  this  optical 
technique  has  the  advantage  that  no  sensors  need  to  be  inserted  in  the  sample,  especially  when  measurements 
have  to  be  made  on  electrically  conducting  and  corrosive  liquids  such  as  aqueous  solutions  of  salts.  Due  to  the 
tiny  temperature  rise  in  the  sample  during  measurements,  the  short  measuring  time,  and  the  very  small  sample 
volume,  the  influence  of  free  convection  in  the  sample  on  the  measurement  is  negligible.  In  this  paper,  the  laser- 
induced  thermal  grating  technique  (LTG)  and  the  experimental  facility  are  described.  Experimental  results  for 
aqueous  solutions  of  inorganic  salts,  e.g.  sodium  chloride  and  magnesium  chloride  etc.,  are  presented  which  are 
of  importance  for  understanding  a  variety  of  chemical  processes  in  engineering,  including  desalination  processes 
and  corrosion  in  heat  exchangers. 


1.  INTRODUCTION 

Transport  properties  of  liquids  are  of  high  importance  for  engineering  and  scientific  research.  Experimental 
investigations  of  transport  properties  such  as  the  thermal  conductivity  and  thermal  diffusivity  of  liquids  involve 
a  number  of  difficulties  not  encountered  in  experimental  thermostatics.  For  instance,  the  conventional 
measurement  techniques  determine  the  thermal  conductivity  and  thermal  diffusivity  under  thermal  non¬ 
equilibrium  conditions  with  macroscopic  temperature  gradients  in  the  sample.  In  order  to  obtain  the  thermal 
conductivity  and  thermal  diffusivity  with  the  highest  accuracy,  the  temperature  gradients  have  to  be  large 
enough  to  be  measured  with  sufficient  accuracy.  This  usually  leads  to  errors  in  measurement,  e.g.  by  free 
convection  and  radiation  in  the  sample.  In  addition,  the  conventional  measurement  techniques  cannot  be  used  to 
determine  the  thermal  conductivity  and  thermal  diffusivity  of  electrically  conducting  and  corrosive  liquids 
including  polar  liquids  and  electrolyte  solutions  etc.  unless  specially  designed  sensors  are  applied  for  the  desired 
electrical  insulation  and  corrosion  protection. 

The  laser-induced  thermal  grating  technique  (LTG)  has  proved  to  be  suitable  for  the  accurate  measurement  of 
the  thermal  diffusivity  of  pure  liquids,  liquid  mixtures  and  aqueous  solutions  of  inorganic  substances  in  a  wide 
range  of  temperatures.  Two  pulsed  laser  beams  of  identical  intensity  intersect  each  other  in  a  slightly  absorbing 
liquid  sample  and  produce  a  spatially  periodic  intensity  distribution,  which  results  in  a  corresponding 
temperature  distribution,  i.e.  the  thermal  grating  in  the  interference  region.  By  investigating  the  relaxation 
behaviour  of  the  light  diffraction  at  the  grating,  the  thermal  diffusivity  of  the  sample  is  determined.  Compared 
with  conventional  measurement  methods,  this  optical  technique  has  the  advantage  that  no  sensors  need  to  be 
inserted  in  the  sample,  especially  when  measurements  have  to  be  made  on  electrically  conducting  and  corrosive 
liquids  such  as  aqueous  solutions  of  salt.  Due  to  the  tiny  temperature  rise  in  the  sample  during  measurements 
(less  than  0.1  K),  the  short  measuring  time  (a  few  milliseconds),  and  the  very  small  sample  volume  (less  than 
0.1  millilitre),  the  influence  of  free  convection  in  the  sample  on  the  measurement  is  negligible. 

In  this  paper,  the  laser-induced  thermal  grating  technique  (LTG)  and  the  experimental  facility  are  described. 
Experimental  results  for  aqueous  solutions  of  inorganic  salts,  e.g.  sodium  chloride  and  magnesium  chloride  etc., 
are  presented  which  are  of  importance  for  understanding  a  variety  of  chemical  processes  in  engineering, 
including  desalination  processes  and  corrosion  in  heat  exchangers. 
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2.  MEASUREMENT  TECHNIQUE 


In  the  laser-induced  thermal  grating  technique  (LTG),  the  thermal  diffusivity  of  a  liquid  sample  is  determined  by 
measuring  the  decay  time  of  a  diffracted  laser  beam  from  a  periodically  heated  region  (thermal  grating)  which  is 
produced  by  the  interference  of  two  high-intensity  laser  beams.  Figure  1  shows  schematically  the  principle  of  this 
measurement  technique.  Two  pulsed  laser  beams  of  equal  wavelength  (Xh  =  488  nm)  and  intensity  from  an  Ar+ 
laser  intersect  each  other  in  an  absorbing  liquid  sample  at  an  angle  6.  As  a  result  of  interference,  a  spatially  periodic 
intensity  distribution  (optical  interference  fringe  pattern)  is  produced  during  a  light  pulse  (0<t<th).  By 
absorbing  the  light  intensity,  a  spatially  periodic,  time-dependent  temperature  distribution  (i.e.,  a  transient  thermal 
grating)  corresponding  to  the  interference  fringe  pattern  is  induced  in  the  ^-direction  of  the  sample. 


If  the  assumption  of  one-dimensional  heat  conduction  in  the  modulation  direction  of  temperature  x  is 
permissible,  the  thermal  grating  decays  as 

6T(x,t)  =  AT(t)cosqx  =  AT(th)exp[- (t  -  th)/x]cosqx  (1) 


after  the  heating  light  pulse  ( t  >  t  h  )  due  to  heat  conduction  in  the  heated  region.  Here,  5T(x,  t)  represents  the 
temperature  fluctuation,  AT(t)  the  maximum  amplitude  of  the  transient  periodic  temperature  distribution, 
AT(th)  the  value  of  AT(t)  at  t  =  t  h  ,  T  the  relaxation  time  of  AT(t) ,  and  q  the  modulus  of  the  grating  vector 

q  -  2ti/A  (2) 


The  grating  constant  A  can  be  determined  by  the  equation 


A  = 


2  sin  (0/2) 


e 


(0  ~  0) 


(3) 


A  is  typically  around  50  pm,  which  corresponds  to  an  intersection  angle  0  of  about  0.55°.  The  time  constant 
x  characterising  the  relaxation  of  the  thermal  grating  is 

x  =  l/aq2  (4) 

where  a  is  the  thermal  diffusivity  of  the  liquid  sample. 


599 


Due  to  the  volume  thermal  expansion  of  the  sample,  the  spatially  periodic  temperature  distribution  produces  a 
corresponding  modulation  of  refractive  index  An(t)  =  (dn/dT)AT(t),  which  acts  as  an  optical  grating.  A  He-Ne 
laser  (Ap =632.8  nm)  serves  as  the  probing  laser  for  detecting  the  grating.  According  to  diffraction  theory  [1-3], 
the  intensity  of  the  first-order  diffracted  beam  at  a  sufficiently  thin  sample  of  thickness  d  is  proportional  to  the 
square  of  the  maximum  phase  variation  of  the  grating,  0m(t),  which  is  written  as 


<Ut) 


2ndAn(t) 


2nd 


dn 

dT 


AT(t) 


(5) 


The  time  dependence  of  the  diffracted  intensity  Ii(t)  after  the  heating  pulse  is  therefore 


ii(t)~4>«(tr 


2nd 


dn 


2 


AT(t) 


oc  e 


-2t/t 


t  >  t. 


(6) 


Time  t,  ms 

Fig.  2  Decay  data  for  the  diffracted  signal  for  an  aqueous  solution  of  sodium  chloride  with  a  weight  fraction 
of  10%  NaCl  at  293.09  K  (only  133  of  the  4000  registered  data  points  are  plotted  here  for  clarity) 

The  time  constant  r/2  can  subsequently  be  evaluated  with  which  the  diffracted  intensity  decays  exponentially. 
The  thermal  diffusivity  a  of  the  sample  is  then  determined  as 

a  =  l/xq2  (?) 

In  the  present  measurement,  the  modulus  q  of  the  grating  vector  is  determined  by  measuring  the  diffraction 
angle  0i  instead  of  the  intersection  angle  8  of  the  two  heating  laser  beams 

q  =  sin  0j  (8) 

The  accuracy  of  the  determination  of  0i  and  q  is  estimated  to  be  better  than  ±0.55%  [4], 

The  intensity  of  the  first-order  diffracted  beam  is  measured  in  the  homodyne  scheme  with  a  photomultiplier  tube 
(PMT)  exactly  at  the  measured  diffraction  angle  0i.  The  output  signal  v(t)  from  the  PMT  is  then  amplified  and 
recorded  by  a  transient  recorder.  The  relaxation  time  x  can  thus  be  determined  by  fitting  the  acquired  data  for 
v(t)  to  Eq.  (6)  with  the  least-squares  method. 

In  the  measurements  of  aqueous  salt  solutions,  the  time  dependence  v(f)  of  the  diffracted  signal  seems  to  decay 
exponentially  as  in  the  case  of  pure  liquids  (see  Fig.  2);  however,  it  cannot  be  analysed  with  Eq.  (6)  to  determine 
the  relaxation  time  r.  Due  to  the  Soret  effect,  the  laser-induced  periodic  distribution  of  temperature  leads  to  the 
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phenomenon  of  phase  separation,  i.e.  a  concentration  grating,  which  is  superposed  upon  the  thermal  grating  and 
decays  far  more  slowly  compared  with  the  thermal  grating.  In  this  case,  the  maximum  phase  variation  <j)m(t)  of 
the  optical  grating  in  Eq.  (6)  has  to  be  modified  as  the  sum  of  two  terms  [5] 

=  0  thermal  (0  "b  0  concen.  (0 

Here,  0  thermal  (t)  denotes  the  phase  variation  of  the  thermal  grating  and  decays  exponentially  with  the  relaxation 
time  x.  0  concm  (t)  is  the  phase  variation  of  the  concentration  grating  and  has  a  life  time  of  one  to  two  orders  of 
magnitude  longer  than  the  thermal  grating.  The  diffracted  signal  can  thus  be  modified  and  reduced  to 

v(t)  cc  ij  (t)  oc  0*  (t)  =  [0^^  (t)  +  <t>concen.(t)] 2  =  (Ae~t/T  +  B  t  +  c)r  (10) 

To  determine  the  relaxation  time  x ,  we  first  take  the  square  root  of  the  measured  data  for  v(t)  and  fit  the 
acquired  data  to 

Vv(t)  06  Ae“‘A  +Bt  +  C  (11) 

with  the  standard  non-linear  least-squares  method  of  Marquardt  and  Levenberg  [5,  6].  The  accuracy  of  the 
relaxation-time  evaluation  is  estimated  to  be  3%  [5]. 

3.  MEASUREMENT  RESULTS  AND  DISCUSSION 

Using  the  laser-induced  thermal  grating  technique,  the  thermal  diffusivity  of  aqueous  solutions  of  inorganic 
salts,  such  as  sodium  chloride  and  magnesium  chloride,  has  been  measured  at  atmospheric  pressure  and  in  an 
extended  range  of  temperature,  293  -  373  K.  The  aqueous  solutions  had  weight  fractions  of  5,  10,  15,  and  20% 
salts. 

Note  that  the  intensity  I](t)  of  the  first-order  diffraction  is  inversely  proportional  to  the  square  of  the  thermal 
conductivity  X  of  the  liquid  sample  [1].  In  consequence,  it  is  usually  difficult  to  obtain  an  adequate  signal-to- 
noise  ratio  for  the  determination  of  the  relaxation  time  x,  when  measurements  are  taken  on  a  liquid  sample  of 
relatively  high  thermal  conductivity,  e.g.,  water  or  aqueous  solutions  of  salts.  To  intensify  the  diffracted  signal,  it 
is  necessary  to  increase  the  heating  pulse  duration  time  th  properly,  e.g.,  to  around  1000  ps  in  this  work. 
However,  an  excessive  increase  in  th  will  lead  to  a  high  initial  temperature  amplitude  AT  (th)  of  the  thermal 
grating,  which  will  in  turn  cause  a  large  value  of  the  maximum  phase  variation  0m(t)  of  the  optical  grating  [1]. 
Consequently,  the  basic  theory  of  the  thermal  grating  is  no  longer  valid,  and  a  distortion  of  the  ideal  experiment 
will  arise  and  thereby  lead  to  an  error.  Therefore,  the  heating  pulse  duration  time  must  be  controlled  in 
experiments  to  obtain  a  small  0m(t)  and  in  the  meantime  a  sufficiently  strong  diffracted  signal. 

The  experimental  results  for  the  thermal  diffusivity  of  aqueous  solutions  of  sodium  chloride  and  magnesium 
chloride  are  presented  in  Figures  3  and  4,  respectively.  The  values  for  the  thermal  diffusivity  a  in  Figures  3  and 
4  are  averages  obtained  from  10  independent  measurements,  the  reproducibility  of  which  is  better  than  3%.  A 
comparison  between  the  experimental  results  in  this  work  and  the  thermal-diffusivity  values  found  in  [7]  is  also 
shown  in  the  two  figures.  The  thermal-diffusivity  values  for  aqueous  NaCl  at  293  K  and  aqueous  MgCl2  at  294 
K  reported  in  [7]  agree  with  the  corresponding  experimental  results  in  this  work  within  3%. 

As  there  have  been  few  experimental  data  on  the  thermal  diffusivity  of  aqueous  NaCl  and  MgCT  reported  up  to 
now,  we  found  the  density  p  and  the  specific  heat  capacity  cp  data  for  both  aqueous  solutions  available  in  [8,  9] 
and  derived  the  thermal  conductivity  of  aqueous  NaCl  and  MgCl2  using  the  measured  thermal  diffusivity  values 
in  this  work 

A  =  apcp  (12) 
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Weight  fraction  of  NaCl  w,  % 

Fig.  3.  Thermal  diffusivity  a  of  aqueous  solutions  of  NaCl  at  293  K  and  373  K  as  a  function  of  weight 
fraction  w  of  the  solute. 


Weight  fraction  of  MgCl2  w,  % 

Fig.  4.  Thermal  diffusivity  a  of  aqueous  solutions  of  MgCl2  at  294  K  and  370  K  as  a  function  of  weight 
fraction  w  of  the  solute. 


Fig.  5.  Thermal  conductivity  A  of  aqueous  solutions  of  NaCl  at  293  K  and  318  K  as  a  function  of  weight 
fraction  w  of  the  solute. 
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Figures  5  and  6  depict  the  thermal  conductivity  A  of  other  investigators  for  aqueous  solutions  of  sodium  chloride 
and  Magnesium  chloride  and  the  calculated  thermal-conductivity  values.  As  shown  in  Figures  5  and  6,  the 
thermal-conductivity  data  from  Refs.  [7,  8,  10  and  11]  agree  with  the  calculated  values  within  3%. 


Weight  fraction  of  MgCl2  w,  % 

Fig.  6.  Thermal  conductivity  A  of  aqueous  solutions  of  MgCh  at  293  K  as  a  function  of  weight  fraction  w 
of  the  solute. 
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ABSTRACT,  This  paper  aims  to  clarify  thermal  radiation  reflection  characteristics  of  rough  surfaces  and  to 
establish  a  technique  for  determining  the  parameters  for  heat  transfer  computation  of  radiation  energy  exchange 
among  surfaces.  Directional  distribution  of  bidirectional  reflectance  p  of  metallic  surfaces  of  root- mean-square 
roughness  E=0.1~l  to  the  irradiation  of  a  visible  laser  of  wavelength  X=0.6328  pm  and  to  that  of  an  infrared 
laser  of  A.=3.39  pm  is  investigated  experimentally.  The  optical  roughness  (EM,)  ranges  from  0.028  to  1.27.  A 
measure  of  specular  reflection  is  presented.  A  model  for  describing  the  p  -distribution  is  presented,  and  the 
experimental  results  of  the  p  -distribution  are  analyzed  to  drive  the  values  of  input  parameters  for  heat  transfer 
computation  quantitatively  and  systematically. 

1.  INTRODUCTION 

Figure  1  explains  a  subject  of  thermal  engineering  for  dealing  with  radiation  energy  exchange  among  surfaces. 
There  are  a  number  of  surfaces,  each  of  which  emits  radiation  and  reflects  or  absorbs  radiation  incident  on  the 
surface.  Radiation  emitted  or  reflected  on  a  surface  turns  to  incident  radiation  onto  other  surfaces.  Knowledge 
of  directional  characteristics  of  reflection  of  surfaces  is  important  for  such  a  problem.  Real  surfaces  in  industrial 
and  natural  environments  reflect  the  incident  radiation  more  or  less  diffusely.  The  reflected  energy  distributes 
directionally  as  shown  by  a  “•*  curve  in  Figure  1.  In  the  traditional  heat  transfer  computation  such  reflection 
had  been  dealt  most  crudely  with  an  assumption  of  perfect-diffuse  reflection,  which  is  illustrated  by  a  dash  line 
circle  in  Figure  1,  to  manage  the  reflection  with  configuration  factors.  With  a  backup  of  recent  advance  in 
computer  technology,  directional  characteristics  of  reflection  have  become  to  be  considered  in  a  minimum  size 
[2]  by  the  summation  of  the  specular  reflection  component  Rs  and  the  prefect-diffuse  reflection  component  R<j 
which  are  represented  by  an  arrow  and  by  a  solid  line  circle,  respectively,  in  Figure  1.  However,  a  good 
technique  had  not  been  presented  for  evaluating  the  values  of  Rs  and  Rd  of  individual  real  surfaces.  Recently  the 

authors  [3]  investigated  directional  distribution  of  bidirectional  reflectance  p  of  rough  metallic  surfaces 
experimentally  and  presented  a  technique  for  evaluating  Rs  and  Rd  on  the  basis  of  the  experimental  results  of  p  - 

distribution.  The  authors  [4]  also  presented  a  technique  for  analyzing  the  results  of  a  simplified  p  -measurement 
to  determine  the  values  of  Rs  and  Rd  within  an  allowable  order  of  inaccuracy.  But,  the  rough  surfaces  in  the 
previous  works  [3,4]  were  not  strongly  specular  ones.  It  means  first  that  the  specimen  surfaces  were  rough 
geometrically  compared  with  slightly  rough  surfaces  which  appear  in  current  in  thermal  engineering 
applications.  It  means  second  that  the  wavelength  of  incident  radiation  in  the  previous  study  was  a  visible  one 


Figure  1.  Radiation  energy  exchange  among  surfaces 
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while  the  rough  surface  with  the  same  geometrical  roughness  behaves  more  specularly  to  the  radiation  of  a 
longer  wavelength  in  the  infrared  region,  which  is  more  important  in  thermal  engineering. 

In  the  present  paper  we  extend  the  previous  study  to  more  specular-reflecting  surface  wards.  First,  directional 
distribution  of  bidirectional  reflectance  p  is  investigated  experimentally  to  clarify  the  reflection  characteristics. 
Second,  a  modelling  technique  is  established  to  interpret  the  characteristics  to  a  form  of  input  parameters  Rs  and 
Rd  of  heat  transfer  computation  of  radiation  energy  exchange  among  the  surfaces.  Since  real  surfaces  are  more 
or  less  diffuse  and  more  or  less  specular,  we  adopt,  in  this  paper,  adjective  terms  of  'perfect-specular'  and 
'perfect-diffuse'  for  ideally  specular  and  ideally  diffuse  characteristics,  respectively. 

2.  EXPERIMENTAL  PROCEDURE 


2.1  Rough  Surface 

Rough  surface  specimens  are  prepared  of  JIS-SUS304  austenite  stainless  steel  plates.  The  plates  are  ground  and 
polished  to  realize  optically  smooth  surfaces  of  a  maximum  roughness  less  than  30  nm.  The  smooth  surfaces  are 
hand-ground  by  a  wet-grinding  technique  with  grinding  powders  of  JlS-meshes  240, 400,  800,  1500  and  3000  so 
that  the  surfaces  can  have  isotropic  microgeometry.  Microprofiles  of  the  rough  surfaces  are  measured  by  a 
stylus  technique  to  know  the  root-mean-square  roughness  X  and  the  self-correlation  length  t0  of  the  rough 
surface.  Figure  2  shows  the  results  of  the  measurement.  A  strong  lst-order  correlation  of  X  and  x0  is  noticed  in 
this  figure.  The  correlation  coefficient  is  0.96.  Such  strong  correlation  has  been  emphasized  in  the  previous 
study  [3].  It  suggests  us  a  direction  for  choosing  representative  specimens  of  rough  surfaces  for  radiation 
characteristics  investigation.  We  can  put  rough  surfaces  in  order  by  considering  either  X  or  x0.  In  the  present 
experiment  for  radiation  characteristics,  we  choose  three  specimens  of  the  rough  surfaces  in  Figure  2.  The  three 
surfaces  are  those  ground  with  grinding  powders  of  JlS-meshes  240,  400  and  3000.  Aluminum  of  99.99  %  in 
purity  is  vacuum-deposited  thickly  on  the  surfaces  so  that  the  film  can  trace  the  microgeometry  of  the  substrate. 
Table  1  shows  the  values  of  parameters  X  and  x0  for  microgeometry  of  the  three  rough  surface  specimens. 


2.2  Energy  Distribution  of  Reflected  Radiation 

In  the  radiation  reflection  experiment  we  measure  the  directional  distribution  of  reflected  energy  for  incidence  of 
a  helium-neon  laser  whose  wavelength  X  of  radiation  in  vacuum  is  0.6328  pm  in  the  visible  (vis)  region,  and  that 
for  incidence  of  another  helium-neon  laser  whose  wavelength  is  3.39  pm  in  the  infrared  (ir)  region.  The  visible 
laser  emits  linearly  polarized  radiation  and  the  output  instability  is  less  than  ±0.5  %.  On  the  other  hand,  the 
infrared  laser  emits  randomly  polarized  radiation  and  the  output  instability  is  of  an  order  of  ±5  %.  Therefore,  in 
the  visible  measurement,  reflection  for  s-polarized  radiation  incidence  and  that  for  p-polarized  radiation 
incidence  are  measured  to  be  averaged.  In  the  infrared  measurement,  the  output  of  the  laser  is  monitored 
throughout  the  radiation  measurement  course  to  correct  the  measured  data.  Structure  of  the  experimental  set-up 
is  the  same  in  principle  as  that  for  the  previous  study  [3].  The  zenithal  angle  0i  of  incidence  is  set  at  0,  20,  40 


and  60°.  The  azimuthal  angle  0,  of  incidence  is  defined  as  0,  =0°,  since  the  specimens  are  isotropic  in  the 


surface  microgeometry.  The  reflection  measurement,  except  for  the  case  of  0j  =0°,  is  made  at  77-85  directions 
of  reflection  on  each  specimen  and  each  0j. 
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Figure  2.  Parameters  X  and  x0  for  microgeome  - 


Table  1.  Parameters  for  Microgeometry  of  Rough 
Surfaces 


specimen 

No. 

X 

pm 

pm 

x/x 

l(vis) 

0.802 

5.80 

1.27 

2  (vis) 

0.513 

4.05 

0.811 

3(vis) 

0.0954 

2.15 

0.151 

l(ir) 

0.802 

5.80 

0.237 

2(ir) 

0.513 

4.05 

0.151 

3(ir) 

0.0954 

2.15 

0.0281 

try  of  rough  surfaces 
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The  directions  are  designated  by  the  zenithal  angle  6r  and  azimuthal  angle  <J>R  of  reflection.  The  measurement 
points  (directions)  are  distributed  densely  in  the  vicinity  of  the  specular  reflection  direction.  The  measurement  is 
abbreviated  in  the  symmetrically  equivalent  directions  for  the  present  surfaces  with  isotropical  microgeometry. 
In  the  case  of  0i  =0°the  number  of  measurement  points  is  9  on  the  incidence  plane  of  0!  =0°.  ^Reflection  for  0j 
=0R  =0°  can  not  be  measured  by  the  present  experimental  set-up,  and  that  for  0!  =0R  =5°  is  measured  to 
substitute  the  datum  to  that  for  0]  =0R  =0°. 

Radiation  scattering  on  rough  surfaces  is  characterized  by  the  surface  microgeometry  and  the  wavelength  X  of 
radiation  which  is  interfered  by  the  surface  microgeometry.  The  microgeometry  is  represented  by  the  roughness 
X  as  mentioned  in  section  2.1.  Accordingly,  the  optical  length  (X/X)  can  be  a  measure  for  the  radiation 
characteristics  of  rough  surfaces  [5,6].  Table  1  shows  the  values  of  (2/X)  and  names  the  specimens  such  as 
Specimen  l(vis)  and  Specimen  2(ir).  In  the  present  experiment  we  investigate  the  radiation  characteristics  of 
substantially  six  specimens  in  Table  1.  It  is  natural  to  consider  that  the  measure  (X/X)  remains  to  be  only  a 
measure  since  the  optical  constant  of  the  surface  material  depends  on  the  wavelength  of  radiation. 

3.  EXPERIMENTAL  RESULTS  AND  DISCUSSION 
3.1  Bidirectional  Reflectance 

Figure  3  shows  the  experimental  results  of  directional  distribution  of  bidirectional  reflectance  p.  In  this  figure  p 
is  plotted  above  a  plane  of  sin0R  for  the  zenithal  angle  0R  and  the  azimuthal  angle  <|>R  of  reflection  respectively  in 
the  radial  and  circumfential  directions.  The  incident  radiation  is  incident  from  a  direction  of  sin0R  and  <j>R  =  n. 
The  partial  volume  between  the  curved  surface  of  p  and  the  (sin0R  -  tJiiO  plane  is  proportional  to  the  energy 
reflected  in  a  partial  solid  angle  in  the  direction  of  (0R,  pR).  In  the  case  of  perfect-diffuse  perfect  reflector 
(hemispherical  reflectance  RH  =1  and  p  =const),  the  p  -distribution  results  in  a  cylinder  of  height  (l/n)  in  this 
plot.  In  the  case  of  perfect-specular  perfect  reflector  (RH  =  R  =1  and  p  =const.),  the  p  -distribution  results  in  a 
needle  of  volume  1  and  thickness  0.  Numbers  put  near  the  peaks  of  the  curved  surfaces  in  the  figure  indicate  the 
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Figure  3.  Directional  distribution  of  bidirectional  reflectance  p 
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maximum  values  of  p.  Measurement  points  for  (0R  ,  <j>R)  correspond  to  the  crosspoints  of  the  longitude  and 
latitude  lines  on  the  curved  surfaces.  The  optical  roughness  (E/A)  is  larger  in  order  of  Specimens  l(vis),  2(vis), 
l(ir),  3(ir),  2(ir)  and  3(ir). 

Roughly  speaking,  the  peak  of  specular  reflection  grows  sharper  with  a  decrease  of  optical  roughness  (E/A). 
The  peak  is  sharper  in  the  case  of  oblique  incidence.  Particularly  in  the  cases  of  Specimen  3(ir)  and  Specimens 
3  (vis)  and  2(ir)  for  0j  =60°  the  peaks  are  extremely  sharp,  and  the  number  of  measurement  points  does  not  seem 
to  be  enough  to  trace  the  profile  of  the  curved  surface  of  p.  As  was  pointed  out  in  the  previous  study  [3],  the 
direction  of  maximum  reflection  energy  is  the  specular  direction  of  the  zenithal  angle  0R  =0Rmax=0I  and  the 
azimuthal  angle  0R  =0°,  in  which  (p  cos0R)  is  maximum.  The  zenithal  angle  of  maximum  p  is  located  at  other 
angle  than  0^. 


3.2  Measure  of  Specular  Reflection 

In  order  to  describe  the  specular  reflection  profile  quantitatively,  we  carry  out  an  additional  series  of  experiment 
on  each  specimen  and  on  each  incident  angle.  Figure  4  explains  the  experiment.  In  this  experiment,  (p  cos0R) 
which  is  proportional  to  reflection  energy  is  measured  in  the  plane  of  (j)R  =0°  and  in  the  vicinity  of  the  specular 
direction  to  find  two  angles  of  0R  at  which  p  cos0R  =(p  cos0R)max  12.  Difference  of  the  two  angles  is  denoted 
by  c^.  Here  we  define  a  measure  of  specular  reflection  by, 

K  =(p  cos0R)max/(4  (1) 

This  measure  represents  the  gradient  of  the  sharp  peak  of  specular  reflection.  Figure  5  shows  measured  results 
of  K.  It  should  be  noticed  that  both  of  the  measure  K  and  the  optical  roughness  (S/A.)  are  plotted  in  a 
logarithmic  scale  system.  The  figure  suggests  that  directional  distribution  of  reflection  can  be  classified  roughly 
into  three  regions.  Namely,  in  Region  1  of  small  (S/A),  K  is  high  irrespective  of  the  incident  angle  0,,  and 
reflection  is  most  specular.  On  the  other  hand,  in  Region  3  of  large  (S/A),  K  is  low  irrespective  of  0r  In  Region 
2  of  the  intermediate  (S/A),  K  depends  strongly  on  0,. 


3.3  Models  for  Directional  Distribution  of  Reflection 

We  show  two  models  for  the  description  of  directional  distribution  of  bidirectional  reflectance  p,  in  which 
reflectance  p  consists  of  two  components:  specular  reflection  component  ps  and  perfect-diffuse  reflection 
component  P(j.  Reflectance  p  is  written  by  p  =  Ps+Pd- 


3.3.1  AND  model.  We  have  presented  a  model  [3]  for  describing  the  p-distributions  of  rough  surfaces  which 
are  in  the  intermediate  region  of  specular-reflecting  and  perfect-diffuse-reflecting.  On  the  specular  component 
ps,  the  model  approximates  the  distribution  of  (pscos0R)  above  the  (sin0R-(])R)  plane  by  an  anisotropic  body  of 
rotation  of  the  normal  distribution  function.  On  the  perfect-diffuse  component  Pd,  the  model  approximates  the 


distribution  of  pd  above  the  (sin0R-(})R)  plane  simply  by 
incidence  specular  direction 

(pCOSdldmax 


Figure  4.  Measure  K  of  specular  reflection 
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pd  Provided  the  surface,  the  wavelength  X  and  incident  angle  0j  of  incident  radiation  are  specified,  the  p- 
distribution  is  described  as  a  function  of  0R  and  4»  R  and  with  four  kinds  of  parameters  A,  a,  pd,  and  0Bm„-  The 
equations  are  as  follows: 

P  =P  (9R>  0  R>  A,  C,  pd,  ^  ^ 

=Ps+Pd  (3) 

Ps  cos0R  =  A  exp{ -  f  2/(2o2) }  cos{ (ti/2)  (fig)  2 }  (4) 

at  (0R,  4>  R)=(  0^0)* 

f— 0  ,  g=  (real  number)*0 
at(0R,(t)R)  ^Rmax’0)’ 

f=(p2+q2)  l/2  («) 

g=  { -  kp+(f2-  k2q2)  ^2 }/  f  (7) 

P=sin0R  cos(t)R-sin0Rmax  (8) 


q=sin0  R  sin(})B 


where  ps  is  a  function  of  0s  and  pR,  and  pd  is  a  constant  independent  of  0R  nor  <i>R.  By  using  this  model  the 
specular  reflection  component  R$  and  the  perfect-diffuse  component  Rd  of  the  directional-incidence 
hemispherical  reflectance  RH  are  readily  calculated.  This  model,  which  we  call  'AND  model'  (anisotropic  body 
of  rotation  of  normal  distribution  function  model)  in  the  following,  seems  to  be  applicable  to  the  description  of 
the  p  -distributions  of  surfaces  in  Regions  2  and  3  in  Figure  5. 

3.3.2  Circular  cone  model.  For  the  p  -distribution  of  surfaces  in  Region  1,  a  new  model  should  be  presented 
to  describe  the  sharp  specular  peaks.  The  model  can  be  a  crude  one,  because  fine  description  of  the  sharp 
profiles  of  the  peaks  is  meaningless  in  thermal  engineering  applications.  We  present  a  model  for  strongly 
specular  surface  in  Region  1  in  Figure  5.  The  new  model  approximates  the  specular  reflection  peak  of  (p  cos0R) 
curved  surface  above  the  (sin0R-<j>R)  plane  to  a  circular  cone  of  height  (p  cos0R)max  and  bottom  radius  c^, 
Provided  the  surface,  the  wavelength  X  and  incident  angle  0Z  of  incident  radiation  are  specified,  the  p- 
distribution  is  described  as  a  function  of  0R  and  (J)R  and  with  three  kinds  of  parameters  (p  cos0R)max>  anc^  Pa 
The  equations  are  as  follows: 

p  =p  (0R,  <]>R;  (p  cos0R)max.  c^,  pd)  (11) 

=PS+Pd  (12) 

Ps  COS0R=  (p  cos0R)max  (1-a/o^)  ((Ka^)  (13) 


Ps  c°seR=0 


(co<\) 


where  ps  is  a  function  of  0R  and  <|>R,  and  pd  is  a  constant  independent  of  0R  and  <j>R.  Quantity  a  is  a  valuable 
corresponding  to  the  open  zenithal  angle  around  the  specular  reflection  direction.  The  specular  reflection 
component  Rs  and  the  perfect-diffuse  component  Rj  of  the  hemispherical  reflectance  Rh  are  easily  calculated 
also  by  this  model.  This  model,  which  we  call  'circular  cone  model'  in  the  following,  seems  to  be  applicable  to 
the  direction  of  the  p  -distribution  of  surfaces  in  Region  1  in  Figure  5. 
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3.4  Analysis  of  Directional  Distribution  of  Reflection 

We  analyze  the  experimental  results  of  p  -distribution  in  Figure  3  on  bases  of  the  above  two  models.  A  best-fit 
technique  is  applied  to  determine  the  parameters  for  the  models. 

3.4.1  Not-stronglv  specular  surfaces.  For  the  not-strongly  specular  surfaces  in  Regions  2  and  3  in  Figure 
5,  we  examine  the  AND  model.  In  this  case,  the  zenithal  angle  Oj^  where  (p  cos0R)  is  maximum  was  known  in 
the  previous  work  [3]  to  agree  with  the  zenithal  angle  0j  of  incidence.  So  that,  we  presume  the  value  of  6^^  to 
be  known  and  analyze  the  experimental  results  of  p  -distribution  to  determine  the  three  parameters  in  the 
equation. 


P=  P  (A, a,  pd) 

(15) 

The  objective  function  for  the  best-fit  analysis  is  set  as. 

F=X  wj  { (pcos0R)jca'c-  (pcos0R)jexP}2 
j 

wj=A£2j  /  X  A£2  j 

(16) 

(17) 

j 


where  j  corresponds  to  each  measurement  point,  and  superscripts  exp  and  calc  denote  the  experimental  and 
calculated  values,  respectively.  The  coefficient  wj  is  the  weight  for  each  measurement  point,  which  is  given  so 

that  it  is  proportional  to  the  solid  angle  ADj  represented  by  the  point.  The  value  of  objective  function  F  defined 
in  Equations  (16)  and  (17)  corresponds  to  the  mean  deviation  between  experimental  and  calculational  values  of 
(p  cos0r).  In  this  analysis  we  apply  a  condition  that  the  value  of  hemispherical  reflectance  RH  calculated  by  the 
model  equations  should  agree  with  the  value  calculated  by  the  integration  of  the  experimental  values  of  p. 
Mathematically  speaking,  a  two-dimensional  best-fit  analysis  is  carried  out  substantially.  Table  2  shows  the 
results  of  the  analysis  for  the  parameters  A,  a  and  pd.  The  table  also  shows  the  values  of  F.  These  values  are 
shown  on  lines  without  the  indication  4-  in  the  table.  By  using  the  determined  parameters  of  A,  0  and  pd, 
reflection  components  Rs  and  Rj  are  calculated  by. 


RS=£i  Jo/2Ps  cos0R  sin0Rd9Rd<}>R 

(18) 

Rd  =7tpd 

(19) 

Hemispherical  reflectance  RH  satisfies  the  equation, 

Rh  =  VRd 

(20) 

Table  2  includes  values  of  Rs,  Rd,  RH  and  (Rs/RH). 

3.4.2  Strongly  specular  surfaces.  For  strongly  specular  surfaces  in  Region  1  in  Figure  5,  we  examine  the 
circular  cone  model.  In  this  model  since  the  direction  where  is  no  specular  reflection  is  specified  explicitly  in 
Equation  (14),  pd  is  determined  by  a  one-dimensional  analysis  so  that  the  reflected  energy  over  the  directions 
can  agree  between  experimental  and  calculated  values.  We  adopt  an  equation, 

^(pcosOR^A&j  =  SdpcosORpP^j  (21) 

j  j 

This  equation  includes  only  an  unknown  quantity  of  the  parameter  pd-  It  is  solved  numerically  on  pd.  The  solid 
angle  AQj  is  given  in  a  same  manner  as  in  the  case  of  the  analysis  by  the  AND  model.  The  reflectance  Rs  is 
described  by. 
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(22) 


RS  =  J-7t  Jo/2Ps  cos 0R  sin  0Rd0Rd<t>R 

=  Jo  (pS  COS0R  )max  (!  -  a/ah )• 2jIsin  a  ‘ da 

In  the  case  of  strongly  specular  surface,  is  small  and  sin  a=a.  Specular  reflection  component  Rs  is 
approximately  written  by, 

Rs  =  ~( cos0R)max  a  h2  (23) 

The  value  of  Rs  is  calculated  directly  by  this  equation  using  experimentally  determined  values  of  (p  cos0R)max 
and  Otjj.  Diffuse  reflection  component  Rd  is  calculated  by  Equation  (19)  using  the  value  of  rd  determined  above. 
Hemispherical  reflectance  RH  is  calculated  by  Equation  (20).  The  value  of  RH  is  not  an  experimental  value  as 
was  the  case  in  the  analysis  in  section  3.4.1  for  the  AND  model.  Values  of  the  determined  parameters  (p 
cos0R)max,  and  rd  are  shown  in  Table  2.  The  values  in  lines  with  indication  l  correspond  to  the  results  of  the 
analysis  by  the  circular  cone  model.  This  table  includes  the  values  of  F  which  is  a  measure  of  fitting  for 
Equation  (21)  and  those  of  Rs,  Rd,  RH  and  (RS/RH). 


Table  2.  Parameters  for  Radiation  Heat  Transfer  Computation 


specimen 

No. 

0U 

0 

A 

sr"1 

a 

Pd 

sr"1 

F 

sr'1 

Rs 

Rd 

Rh  Rs/Rh 

l(vis) 

0 

0.19 

0.41 

0.22 

0.004 

0.21 

0.71 

0.91 

0.23 

20 

0.17 

0.44 

0.19 

0.009 

0.20 

0.60 

0.80 

0.25 

40 

0.24 

0.45 

0.17 

0.010 

0.25 

0.54 

0.80 

0.32 

60 

0.36 

0.38 

0.14 

0.023 

0.28 

0.46 

0.74 

0.38 

2(vis) 

0 

0.21 

0.62 

0.17 

0.002 

0.36 

0.54 

0.91 

0.40 

20 

0.21 

0.57 

0.15 

0.006 

0.33 

0.47 

0.80 

0.41 

40 

0.27 

0.49 

0.14 

0.010 

0.35 

0.45 

0.80 

0.44 

60 

0.42 

0.36 

0.14 

0.021 

0.30 

0.45 

0.75 

0.40 

3(vis) 

0 

0.60 

0.28 

0.16 

0.022 

0.36 

0.53 

0.89 

0.41 

20 

0.60 

0.26 

0.17 

0.065 

0.31 

0.55 

0.86 

0.36 

40 

0.60 

0.30 

0.16 

0.46 

0.38 

0.53 

0.91 

0.41 

60 

0.94 

0.19 

0.27 

3.9 

0.30 

0.88 

1.18 

0.26 

i  61.0 

0.013 

0.25 

0.16 

0.01 

0.79 

0.80 

0.01 

l(ir) 

0 

0.50 

0.26 

0.17 

0.031 

0.27 

0.56 

0.82 

0.33 

20 

0.48 

0.33 

0.13 

0.032 

0.37 

0.41 

0.78 

0.47 

40 

0.77 

0.20 

0.17 

0.049 

0.26 

0.53 

0.80 

0.33 

60 

1.67 

0.13 

0.14 

0.37 

0.31 

0.46 

0.76 

0.40 

2(ir) 

0 

0.64 

0.17 

0.21 

0.015 

0.15 

0.68 

0.83 

0.18 

20 

0.43 

0.30 

0.17 

0.071 

0.28 

0.54 

0.83 

0.34 

40 

0.69 

0.17 

0.18 

0.39 

0.18 

0.57 

0.75 

0.24 

60 

0.94 

0.15 

0.21 

1.33 

0.22 

0.68 

0.90 

0.24 

i 

135 

0.018 

0.25 

0.14 

0.05 

0.78 

0.82 

0.06 

3(ir) 

0 

i 

389 

0.031 

0.098 

0.036 

0.38 

0.31 

0.69 

0.55 

20 

4 

444 

0.027 

0.10 

0.053 

0.34 

0.32 

0.66 

0.52 

40 

4 

542 

0.025 

0.094 

0.054 

0.35 

0.30 

0.65 

0.54 

60 

4 

875 

0.024 

0.090 

0.041 

0.55 

0.28 

0.83 

0.66 

specimen  0/  (pcosO  fdmax 
No.  °  sr'1 

ah 

rad 

Pd 

sr'1 

F 

sr'1 

Rs 

Rd 

Rh  Rs<Rh 
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As  seen  in  Table  2,  the  p  -distributions  of  two  cases  shown  by  italic  letters,  in  which  considerably  specular 
specimens  are  obliquely  irradiated,  are  analyzed  by  the  above  two  models.  It  is  found  that  the  results  of  analyses 
by  both  models  failed.  The  AND  model  could  not  describe  the  profiles  of  the  sharp  peaks  of  specular  reflection 
and  the  F  values  result  in  large  ones.  On  the  other  hand,  by  the  circular  cone  model  the  thick  foot  skirts  of  the 
peaks,  which  should  have  been  attributed  to  the  specular  component  Rs,  have  been  absorbed  by  the  perfect- 
diffuse  component  Rd,  and  too  small  R$  values  have  been  resulted  in. 

3.4.3  Parameters  for  radiation  transfer  computation.  Experimental  results  of  p-distributions  in  Figure  3 
impress  us  the  difference  in  the  sharpness  of  the  specular  reflection  peaks.  The  measure  K  defined  in  section  3.2 
can  calibrate  the  sharpness.  On  the  other  hand,  above  two  models  deal  the  volumes  of  p  -structures  in  Figure  3. 
And  the  reflectance  components  Rs  and  Rd  are  separated  by  a  criterion  whether  the  reflection  is  isotropic  or  not, 
which  fits  the  thermal  engineering  policy.  The  Rs  values  in  Table  2  are  lower  and  scattered  than  our  impression 
of  Figure  3. 

Through  the  above  discussion  in  this  section  3,  performances  of  the  AND  model  described  by  Equations 
(3)~(10)  and  the  circular  cone  model  described  by  Equations  (12)— (14)  have  been  demonstrated.  It  may  be 
concluded  that  in  most  cases  we  can  determine  the  parameters  Rs  and  R^  for  radiation  heat  transfer  computation 
which  considers  the  directional  characteristics  of  reflection  of  rough  surfaces  in  a  minimum  size.  The 
exceptional  cases  which  combination  of  the  two  model  can  not  cover  up  are  those  of  considerably  specular 
surfaces  of  (X/A)~0. 1  with  oblique  irradiation.  Further  development  of  new  models  is  desirable  to  deal  with  the 
exceptional  cases,  but  two  points  should  be  pointed  out  relating  to  actual  heat  transfer  computations  in  the 
present  stage.  The  first  point  is  that  the  incident  radiation  onto  the  surface  is  also  more  or  less  diffuse  as  well  as 
the  reflected  radiation  is.  The  second  point  is  that  round  values  of  Rs  and  Rd  are  adopted  for  each  0j  band  and 
each  wavelength  band  in  the  heat  transfer  computation.  From  an  engineering  point  of  view,  crude  techniques  are 
more  suitable  than  sophisticated  and  accurate  ones. 

4.  CONCLUSIONS 

We  have  investigated  an  experimental  technique  for  evaluating  radiation  characteristics  of  real  surfaces  of 
metals  for  heat  transfer  computation.  Concluding  remarks  are  as  follows: 

1)  Root-mean-square-roughness  X  and  self-correlation  length  T0  of  rough  metallic  surfaces  have  a  strong 

correlationship.  The  surface  microgeometry  is  represented  by  X  in  this  case. 

2)  A  quantity  K  defined  by  Equation  (1)  can  be  a  good  measure  of  specular  reflection. 

3)  Performance  of  the  AND  model  (in  section  3.3.1)  is  demonstrated  in  the  description  of  directional 
distribution  of  reflection  of  not-strongly  specular  surfaces  of  an  order  of  optical  roughness  (X/A.)>0.1. 

4)  For  the  description  of  directional  distribution  of  reflection  of  strongly  specular  surfaces  of  an  order  of 
(mXO.l,  the  newly  presented  circular  cone  model  is  preferable. 

5)  By  using  the  model  techniques  of  3)  and  4)  we  can  determine  parameters  Rs  and  R<j  for  radiation  heat 

transfer  computation  in  most  cases  of  rough  surfaces  in  a  wide  range  of  (X/X). 
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ABSTRACT.  A  theoretical  model  is  presented  for  computing  the  thermal  conductivity  of  fiber-filled  aerogels 
in  terms  of  fiber  and  aerogel  radiative  properties,  fiber  and  aerogels  bulk  densities,  temperature  and  ambient  gas 
pressure.  Numerical  results  are  compared  with  experimental  radiative  properties  and  heat  wander  data  to 
demonstrate  the  validity  of  the  model.  Experimental  data  are  for  silica  and  silicon  carbide  fibers  at  several 
volume  fractions  in  silica  aerogel.  Heat  transfer  data  were  measured  in  air  at  ambient  pressure  over  a  temperature 
range  from  400  to  1,200  K.  Excellent  agreement  between  theory  and  experiment  is  seen  in  all  cases. 

1.  INTRODUCTION 

Aerogels,  developed  nearly  70  years  ago  by  Kistler  [1],  have  the  desirable  thermal  insulating  property  of  nearly 
eliminating  heat  transfer  by  gas  conduction  for  the  case  of  a  non-evacuated,  low  bulk  density  thermal  insulations. 
The  chemical  preparation  process  used  to  produce  aerogels  results  in  a  very  porous  material  in  which  the 
majority  of  the  aerogel  volume  consists  of  very  small  pores,  ne  solid  structure  of  the  aerogel  is  composed  of 
interlocking  long  chains  of  macromolecules  having  diameters  on  the  order  of  a  few  nanometers.  Nearly  ninety 
percent  of  the  pore  volume  formed  by  these  tortuous  macromolecular  chains  consists  of  micro-pores  having 
characteristic  diameters  on  the  order  of  5  to  50  nanometers,  depending  on  the  aerogel  bulk  density.  This 
micropore  structure  eliminates  convection  and  strongly  suppresses  gaseous  conduction  as  the  Knudsen  number 
for  air  and  common  gases  at  atmospheric  pressure  is  greater  than  unity  for  temperatures  above  200  K.  The 
macromolecular  skeletal  structure  also  significantly  reduces  conduction  through  the  solid  phase.  However, 
because  of  their  weakly  bonded  structure,  aerogels  are  typically  very  fragile,  and  unless  opacified,  many  are  very 
transparent  to  thermal  radiation  [2-5].  This  transparency  seriously  compromises  their  thermal  insulation 
effectiveness  at  temperatures  above  ambient  unless  radiation  attenuating  additives  are  incorporated  into  the 
aerogel.  The  addition  of  fibers  which  are  strongly  absorbing  and  scattering  in  the  infrared  greatly  improves  the 
thermal  performance  [6]  and  significantly  increases  the  structural  properties  of  the  aerogels. 

Opaciftied  aerogels  materials  are  attractive  candidates  for  use  as  high  performance,  light-weight  thermal 
insulations  in  energy  efficient  applications  such  as  propulsion  and  power  systems,  manufacturing  and  process 
industries  and  transportation.  This  paper  summarizes  the  theoretical  models  used  to  compute  the  radiative 
properties  of  the  fibers  in  an  aerogel  matrix  and  the  total  heat  transfer  as  a  function  of  pressure,  temperature  and 
bulk  density  for  the  purpose  of  developing  and  optimizing  advanced  light-weight  thermal  insulations  for 
non-evacuated  applications.  Experimental  validation  of  the  modeling  approach  is  demonstrated  by  comparison 
of  experimental  data  with  theoretical  calculations  of  heat  transfer  for  several  fiber-filled  aerogel  systems.  Finally, 
numerical  results  are  presented  demonstrating  the  optimization  of  two  fiber-reinforced  thermal  insulations  for 
use  in  air  at  temperatures  over  the  range  of  300  to  1,500  K  The  rigorous  models  of  Lee  [7-10]  form  the  basis  for 
the  analysis  of  the  radiative  properties  of  fibers  dispersed  in  the  aerogel.  The  model  also  accounts  for  the 
interaction  of  fiber  and  aerogel  optical  properties.  Radiation  properties  calculated  for  the  composite  medium  are 
the  absorption  and  scattering  coefficients  and  the  scattering  phase  function,  all  evaluated  spectrally.  Opacified 
aerogels  are  optically  thick,  and  the  computation  of  radiative  heat  transfer  is  based  on  a  Rosseland  type  of  mean 
coefficient  in  the  diffusion  approximation  to.  The  coefficient  is  modified  to  correctly  account  for  scattering  and 
phase  function  as  the  product  of  the  scattering  coefficient  and  phase  function.  Total  heat  transfer  is  computed  as 
the  sum  of  the  individual  conductivities  for  gas,  solid  and  radiation  mechanisms.  A  coupled  model  is  also 
presented  for  computation  of  heat  transfer  for  intermediate  values  of  optical  thickness  in  terms  of  boundary 
emittances  and  temperatures.  Agreement  between  this  theoretical  approach  and  experimental  data  for  both 
radiative  properties  and  heat  transfer  is  very  good  [11,12]. 
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2.  THEORY 


Radiative  Properties 

The  fibers  are  modeled  as  infinitely  long  circular  cylinders  as  fibers  in  thermal  insulations  are  typically 
millimeters  in  length  and  a  few  micrometers  in  diameter.  Because  fibers  are  two-dimensional  scatterers,  the 
radiative  properties  of  an  isolated  fiber  and  hence  those  of  fibrous  medium  are  strongly  influenced  by  fiber 
orientation  as  shown  by  Lee  [7-10].  In  the  case  of  fibers  oriented  randomly  in  space,  the  spectral  extinction  and 
scattering  coefficients  per  unit  length  for  a  polydispersion  of  fiber  sizes  are  given  by 

N  y  . 

{Kxr,CJsXr}=  —  Z—  j{Qex(<t>)Qsxfa)}cos<W  W 

n  i=i  r;  o 


Since  the  scattering  cross  section  of  fibers  varies  with  incident  angle,  the  product  of  the  scattering  coefficient 
(as>  )  and  phase  function  (pX),  must  be  considered  together  as  a  group.  This  group  is  given  by 


(°sPMfa)  = 


4fyX  N  Xj  | _ ixM) _ 

ft3  i=lri2  0  -^(l  -  cos  ri  )(l  +  cos  r|  -  2  sin  2  4>) 


d(sin  <j>) 


(2) 


where  ix  is  the  theoretical  single  fiber  scattering  intensity  function.  The  expressions  for  Qa,QsXand  ix  are 
well  summarized  in  texts  such  as  Kerker  and  van  de  Hulst  [14,  15].  Angle  r|  is  the  scattering  angle  between  the 
incident  (p,  to)  and  scattered  (u  ,  to  )  directions: 

cosri  =  pp  -+- [(l  —  pi 2 )^.  —  M- 2 ^  cos(a)-0) )  (3) 

For  fibers  randomly  oriented  in  the  azimuth  cof  while  inclined  at  a  specific  polar  angle  £fo  from  the  normal  to 
the  boundaries,  the  radiative  coefficients  are  given  by 


{Kx  (gfo,  p)  CTsX  (cfo,  p)}=  ~~  I  Y-  j {QeX  (<!>)>  QsX 

71  i=l  '  0 


(4) 


where  8  is  the  delta  function.  The  angle  of  incidence  <)>  is  related  to  the  incident  direction  and  fiber  orientation 
as 


The  product  of  the  scattering  coefficient  and  phase  function  is  given  by 
df  A  N  y.  sin <t>+  n/2 

(asp^fo,p,r1)  =  — 4-I-L  J  jFd^fd(sin  <|>) 

7t  i=I  Tj  sin  <{)_  0 


(5) 


(6) 


where 

sin<t>+  =ppf  ±[(l-p2)(l-Pf  )f/  (7) 

r  »x(^<t>)5fef-^fo)/V0'  -  cos  r|)(l  +  cos  T]  -  2  sin  2  (j>)  ^ 

^(sin(|)+  -sin<t>Xsin(|)-sin(j)_) 
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It  is  evident  from  Eqs.  (5)  and  (7)  that  the  radiative  properties  of  media  containing  aligned  fibers  are  a  function 
of  the  incident  direction.  In  particular,  the  dependence  of  (aspA.)  on  r|  is  distinct  for  each  incident  direction. 
This  is  the  critical  distinction  between  the  scattering  characteristics  of  spatially  random  fiber  orientation  and 
preferentially  oriented  fibers. 

The  scattering  coefficient-phase  function  product  for  a  parrallel  slab  geometry  is  obtained  by  integrating  over  the 
azimuthal  angle  0).  In  the  case  of  fibers  randomly  oriented  in  space,  we  obtain 

{osPXr)(p,p’)=:^-  J(a2pX)(n)la>  (9) 

2n  o 


For  fibers  randomly  oriented  in  the  azimuth  but  aligned  in  a  given  polar  direction,  we  get 

1  2n 

(gs  PA)(£fo,p,p')=— -  J(crspX)(£fo,|i,ri)d(o  (10) 

2n  o 

The  important  difference  between  Eqs.  (9)  and  (10)  is  that  the  former  applies  to  fibers  randomly  oriented  in 
space,  and  (gsP>»)  on  the  RHS  is  independent  of  incident  direction.  On  the  other  hand,  (gsPX)  on  the  RHS  of 

Eq.  (10)  varies  with  p  because  the  fibers  are  aligned  in  a  specific  polar  direction.  For  a  medium  containing 
fibers  oriented  in  multiple  polar  directions,  radiative  properties  are  computed  as  a  weighted  sum  of  all  the 
directions. 


Radiation  Heat  Transfer 

Fibers  are  very  effective  in  the  absorption  and  scattering  of  radiation.  As  the  spectral  extinction  coefficient  of  a 
fiber-filled  aerogel  is  typically  on  the  order  of  50  to  100  cm'1,  insulation  a  few  millimeters  thick  may  be  treated 
as  an  optically  thick  medium  for  radiation  heat  transfer  analysis.  The  present  radiation  model  involves  the 
formulation  of  a  radiative  conductivity  based  on  the  fiber  radiative  properties  in  conjunction  with  the  diffusion 
approximation  [16].  Within  the  context  of  the  diffusion  approximation,  radiation  heat  transfer  through  the 
fibrous  aerogel  is  expressed  similar  to  heat  conduction  as 


qr  = 


(ID 


where  the  radiative  conductivity  kr  is  defined  as 


kr  = 


16n2oT3 

3 


jj.&Lax 

oTx  dIb(T) 


(12) 


The  highly  porous  aerogel  structure  results  in  n  >  1.00  <1.05  [17].  In  the  above  equation  Tx  is  defined  as 


rx=K,(p  =  lXl-Gx)+aaX  (13) 

where  the  first  term  accounts  for  fiber  absorption  and  scattering  and  G^  is  the  aerogel  absorption  coefficient. 
Note  that  the  fiber  extinction  coefficient  is  evaluated  along  the  heat  flow  direction  of  p  =i.  The  scattering  factor 
Gx ,  which  corresponds  to  the  fraction  of  scattered  radiation  resulting  from  radiation  traversing  in  the  forward 
direction,  is  defined  as 

G>,  =  /  -~rj  I  (g s  pA.)(p,  p')T  dp'  dp  (14) 

Kx(li  =  lJo  -1 
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Conduction  Heat  Transfer 

The  highly  porous  aerogel  structure  minimizes  gas  convection  under  atmospheric  conditions.  Solid  conduction 
due  to  fiber-to-fiber  contact  is  negligible  because  the  fibers  are  unbonded.  An  exact  theoretical  model  for  the 
solid  lattice  conductivity  is  not  possible  due  to  the  extremely  complex  geometric  array  of  the  macromolecules 
and  the  uncertainties  in  bonding  strengths  and  phonon  transport  within  and  across  bond  and  contact  regions  at  a 
nanoscale  level.  Attempts  to  model  the  transport  process  in  terms  of  packing  arrangements  of  spheres  [18,19] 
and  with  measurements  of  sound  velocity  [5]  have  met  with  little  success.  The  approach  taken  in  this  study  was 
to  empirically  derive  an  expression  for  the  effective  lattice  conductivity  in  terms  of  aerogel  material  and  bulk 
density  with  a  geometric  factor  derived  from  experimental  data  for  opacified  aerogels  in  vacuum  at  low 
temperatures  [20]. 

Conductivity  of  the  aerogel,  is  assumed  to  be  proportional  to  that  of  the  solid  material  ks,  which  for  this  study  is 
silica,  and  the  density  of  the  aerogel.  The  density  term  is  a  proportionality  factor  empirically  accounting  for  the 
change  in  the  number  of  series/parallel  conduction  paths  with  the  amount  of  solid  material  per  unit  volume  of 
aerogel.  Using  experimental  data,  conductivity  varies  with  bulk  density  to  the  1.25  power  for  densities  between 
50  to  220  kg/m  [3,19,20].  The  relationship  used  to  calculate  the  solid  phase  thermal  conductivity  in  units  of 
W/m-K,  for  denity  in  kg/m3,  is 

kp  =1.67xlO_5ks(T)pa1'25  (15) 

The  temperature  and  pressure  dependent  thermal  conductivity  of  the  contained  gas  phase  is  a  function  of  the 
thermal  conductivity  of  the  gas  at  atmospheric  pressure,  kg0(T),  pore  diameter  P,  the  temperature  and  pressure 
dependent  mean  free  path  of  the  gas,  lm(TP),  and  the  solid  fraction  of  aerogel  Ss.  The  effective  conductivity  of 
the  gas  phase  in  the  aerogel  may  be  expressed  as  [21] 

kg  (T,P)  =  kg0(T)  P  (1-Ss)  /  [  P  +  lm(T,P)]  (16) 

The  characteristic  pore  diameter  for  a  structure  composed  of  an  array  of  randomly  oriented  rods  made  up  of  the 
chains  of  macromolecule  sized  spherical  particles  in  terms  of  macromolecule  diameter  and  solid  fraction  is  [22] 
P=  0.78  _dp/8s.  The  conduction  portion  of  the  overall  thermal  conductivity  is  the  sum  of  kp  and  kg. 

Total  Heat  Transfer 

Utilizing  the  radiative,  solid  and  gas  thermal  conductivities  derived  in  the  preceding  sections,  the  steady-state 
energy  equation  for  combined  radiation  and  conduction  may  be  written  as 


Assuming  radiative  equilibrium,  the  total  heat  transfer  through  a  fiber  matrix  of  thickness  L  between  two  gray 
boundaries  with  emittance  £i  and  e2  at  temperatures  Tj  and  T2  is 


An  effective  total  thermal  conductivity  for  large  optical  thickness  is  defined  as  the  ratio  of  the  total  heat  flux 
given  by  Eq.  (18)  and  the  temperature  difference  across  the  thickness  of  the  material: 

ke=  qtL/  (TrT2)  (20) 
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Normal  Spectral  Transmittance 


3.  EXPERIMENTAL  VERIFICATION  OF  MODELING 


The  accuracy  of  the  theoretical  modeling  for  the  radiative  properties  of  fibers  in  the  aerogel  was  determined  by 
comparison  of  calculated  and  experimentally  determined  spectral  transmittances  and  reflectances  of  several 
fiberfilled  silica  aerogels.  The  spectral  scattering  and  extinction  coefficients  and  phase  function  are  calculated, 
and  these  properties  are  then  input  into  the  Radiative  Transfer  Equation  (RTE)  to  solve  for  the  spectral  normal 
transmittance  and  spectral  hemispherical  reflectance  of  finite  slabs  of  fiber-filled  silica  aerogel  with  variables  of 
fiber  material,  fiber  size  and  orientation,  fiber  volume  fraction,  aerogel  density  and  slab  thickness.  Specimens 
having  identical  compositional  properties  with  those  of  the  computational  cases  were  fabricated  and  then 
measured  for  spectral  transmittance  and  reflectance.  The  typical  agreement  between  theory  and  experimental  is 
illustrated  by  the  comparison  of  calculated  and  measured  spectral  normal  transmittance  and  spectral 
hemispherical  reflectance  data  shown  in  Figs,  land  2.  The  transmittance  results  of  Fig.  1  are  for  a  slab  0.32cm 
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Fig.  1.  Normal  spectral  transmittance,  silica  Fig.  2.  Hemispherical  spectral  reflectance  for  15  and 
fiber-filled  silica  aerogel  35  Wt.  %  alumina  fibers  in  silica  aerogel 


thick  with  a  silica  fiber  volume  fraction  of  0.022  and  a  silica  aerogel  bulk  density  of  80kg/m3.  Fiber  diameter  is 
2.3  micrometers  and  the  fibers  are  randomly  oriented  in  space.  Maximum  uncertainties  in  measured 
transmittance  data  are  0.0005  for  transmittance  and  0.01  micrometers  for  wavelength  [23].  The  decrease  in 
transmittance  at  wavelengths  of  3.0  and  5.5  micrometers  is  due  to  strong  absorption  bands  in  the  silica  aerogel 
[6].  Increasing  transmittance  at  7  micrometer  wavelength  is  the  result  of  decreased  fiber  scattering  as  the  real 
part  of  the  silica  refractive  index  approaches  unity.  Comparison  of  calculated  and  measured  spectral 
hemispherical  reflectance  results  for  two  volume  fractions  of  alumina  fibers  in  silica  aerogel  is  illustrated  by  Fig. 
2.  Mean  fiber  diameter  is  3.2  micrometers,  fibers  are  randomly  oriented  in  space,  and  fiber  volume  fractions  are 
0.0056  and  0.0149.  Aerogel  bulk  density  is  110  kg/m3  and  slab  thickness  is  2.30cm  in  both  cases.  Experimental 
uncertainties  are  0.01  for  both  reflectance  amplitude  and  wavelength.  Again,  aerogel  absorption  is  the  cause  for 
the  decrease  in  reflectance  from  2.5  to  4.0  micrometers. 


Validity  of  the  heat  transfer  model  is  tested  by  comparison  of  data  for  effective  thermal  conductivity  measured  in 
air  at  atmospheric  pressure  with  predicted  thermal  conductivity.  Measurements  were  made  using  a  guarded  heat 
flow  meter  apparatus  [11].  The  agreement  between  theory  and  measurement  is  shown  in  Fig.  3  for  three  silica 
fiber-filled  silica  aerogel  composites.  In  all  cases  the  fibers  are  randomly  oriented  in  space  and  the  fiber 
diameter  is  a  mean  value  of  2.3  micrometers  with  a  standard  deviation  of  1.2  micrometers.  Fiber  volume 
fractions  are  0.017,  0.030  and  0.027  for  Specimens  1,  2  and  3,  respectively.  Overall  bulk  densities  are  128,  146 
and  198  kg/m3  for  the  specimens  in  the  preceding  order,  and  the  corresponding  aerogel  bulk  densities  are  89,  77 
and  136  kg/m3.  The  temperature  dependences  of  measured  effective  thermal  conductivities  are  in  good 
agreement  with  the  numerical  results.  Also,  the  comparison  between  absolute  values  of  conductivity  is  very 
good.  This  agreement  confirms  the  validity  of  the  overall  modeling  approach.  Calculated  thermal  conductivity 
values  are  generally  within  10  percent  of  the  measured  data  which  is  on  the  order  of  the  experimental 
uncertainty.  The  uncertainty  for  these  experimental  thermal  conductivity  data  is  11  percent  at  400  K  to  13 
percent  at  1,300  K  [1 1],  Comparison  between  theoretical  predictions  and  measured  data  for  the  thermal 
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Fig.  3. 


400  600  800  1000  1200 

Mean  Temperature,  K 

Thermal  conductivity  of  three  silica  fiber-filled 
function  of  SiC  fiber  diameter 


Fig.  4.  Thermal  conductivity  of  SiC 

and  Si02  fibers  in  silica  aerogel 


conductivity  of  an  oriented  fiberfilled  silica  aerogel  composite  is  shown  in  Fig.  4.  In  this  case  the  SiC  fibers, 
mean  diameter  of  15  micrometers,  are  randomly  oriented  in  planes  which  are  parallel  to  the  slab  boundaries.  The 
agreement  between  theory  and  experiment  is  excellent.  It  must  be  emphasized  that  the  theoretical  predictions  in 
all  cases  are  based  on  fundamental  considerations  and  deterministic  physical  properties  of  the  materials.  A  point 
to  note  regarding  fiber  orientation  is  that  radiative  heat  transfer  is  a  minimum  for  fibers  randomly  oriented  in 
planes  which  are  perpendicular  to  the  direction  of  heat  flow  and  a  maximum  when  the  planes  are  parallel  to  the 
heat  flow  direction. 


4.  NUMERICAL  RESULTS 


Influence  of  fiber  properties  of  complex  index  of  refraction,  size  and  size  distribution;  fiber  orientation;  fiber 
volume  fraction  and  aerogel  density  on  heat  transfer  are  discussed  to  illustrate  their  effect  on  heat  transfer  of  a 
fiber-filled  aerogel  thermal  insulation.  These  numerical  results  are  illustrative  of  the  optimization  procedure  for 
developing  an  advanced  insulation  for  specific  thermal  requirements.  The  change  in  radiative  thermal 
conductivity  with  fiber  size  for  fibers  randomly  oriented  is  space  in  an  aerogel  matrix  is  seen  in  Figs.  5  and  6. 
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Fig.  5.  Radiative  thermal  conductivity  as  a 
function  of  SiC  Fiber  diameter 
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6.  Radiative  thermal  conductivities  for  SiC 
and  Si02  fibers  in  silica  aerogel 


The  fiber  volume  fraction  for  SiC  fibers  is  0.01 17,  and  it  is  0.0159  for  the  silica  fibers.  Aerogel  bulk  density  is 
100kg/m3.  Some  of  the  decrease  in  thermal  conductivity  with  decreasing  fiber  diameter  for  both  fiber  types  is 
the  result  of  changes  in  scattering  efficiencies  with  diameter  for  the  wavelengths  associated  with  the 
highetemperatures,  but  primarily,  it  is  due  to  the  increase  in  fiber  number  density  which  behaves  inversely  with 
fi*  ber  diameter.  There  are  2.5  times  the  number  of  6pm  diameter  SiC  fibers  as  there  are  of  the  15pm.  diameter 
fibers.  At  a  temperature  of  1,300  K  the  ratio  of  radiative  thermal  conductivities  is  2.65.  The  number  density  ratio 
of  3  to  6  jum  diameter  fibers  is  2.0,  but  the  conductivity  ratio  is  on  the  order  of  2.5  for  both  SiC  and  silica  fibers. 
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This  small  increase  over  the  diameter  ratio  is  again  because  of  the  larger  scattering  efficiency  due  to  the  more 
optimum  size  parameter  for  the  smaller  fibers  at  the  wavelengths  corresponding  to  the  Planck  energy  distribution 
function  for  1.300K.  A  greater  increase  is  seen  for  a  temperature  of  1,600  K  as  the  size  parameter,  modified  by 
the  complex  refractive  index,  in  the  region  of  the  peak  wavelength  of  the  Planck  distribution  approaches  a  value 
corresponding  to  the  maximum  scattering  efficiency.  A  comparison  of  silica  and  SiC  fiber  effectiveness  is  seen 
from  Fig.  6.  The  SiC  fiber  is  more  efficient  because  its  refractive  index  approaches  that  of  a  metallic  behavior  in 
extinction  and  phase  function  parameters. 

The  effect  of  complex  refractive  index,  ie,  material  composition,  on  radiative  thermal  conductivity  is  seen  in 
Figs.  7  and  8.  These  results  are  for  fibers  randomly  oriented  in  space  but  without  an  aerogel  matrix.  In  all  cases, 
carbon  and  SiC  fibers  are  more  efficient  than  alumina  or  silica  fibers.  Comparing  on  an  equal  fiber  volume 
fraction  basis.  Fig.  7,  silica  fiber  is  the  least  effective  for  reducing  radiative  transport.  However,  on  an  equal 
insulation  bulk  density  basis,  Fig.  8,  alumina  and  silica  show  equivalent  radiative  thermal  conductivities.  The 
thermal  conductivity  x  bulk  density  parameter  for  SiC  fibers  is  one-half  that  of  silica  or  alumina  fibers,  and  for 
carbon  fibers  it  is  one-quarter  of  the  silica  or  alumina  value. 


Temperature.K  Mean  Temperature,  K 

Fig.  7.  Radiative  conductivity  of  four  fiber  materials  for  Fig.  8.  Radiative  thermal  conductivity  as 

constant  fiber  volume  fraction  a  function  of  fiber  material 

6.  CONCLUSION 

A  theoretical  model  for  the  prediction  of  heat  transfer  through  high  porosity  composites  containing  fibers  in  a 
radiatively  participating  matrix  is  presented  in  this  paper.  The  model  utilizes  Lee's  theory  for  radiative 
properties  of  fibrous  media  that  exactly  account  for  the  morphology  of  the  fibers  in  the  medium.  The  theoretical 
predictions  for  radiative  preperties  and  total  heat  transfer  are  compared  with  radiative  properties  and  heat 
transfer  measurements  made  on  silica  aerogels  filled  with  various  fibers.  The  excellent  agreement  observed 
between  experiment  and  theory  validates  the  fidelity  of  the  models  for  fibrous  media  containing  randomly  and 
preferentially  oriented  fibers.  These  model  are  used  to  demonstrate  the  effect  of  fiber  properties  on  thermal 
conductivity  to  lead  to  optimization  of  advanced  thermal  insulations  for  energy  conservation. 

7.  NOMENCLATURE 


fv  =  fiber  volume  fraction 

G>.  =  scattering  parameter,  Eq.  14 

ix  =  fiber  scattering  intensity  distribution 

Ib  =  Blackbody  radiation 

Ibx  =  Planck  function 

kr  =  radiative  conductivity 

Ke  =  extinction  coefficient 

M  =  number  of  fiber  polar  orientation 

n  =  real  part  of  complex  refractive  index 

N  =  number  of  fiber  sizes 

P  =  size  of  equivalent  pore  spaces  inside  aerogel 


Q  =  cross  section 
r  =  radius  of  fiber 
T  =  temperature 

X,  =  fractional  volume  of  fibers  of  radius  q 
Greek 

a  =  size  parameter,  2rcr/A 

Ss  =  solid  fraction  of  silica  aerogel 

TX  =  modified  extinction  coefficient,  Eq.  (18) 

X  =  wavelength 

q  =  scattering  angle 
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p  =  direction  cosine  of  angle  £ 
%  =  polar  angle 

<t>  =  angle  of  incidence 

co  =  azimuthal  angle 


Subscripts 
e  =  extinction 

f  =  fiber 

r  =  random 

s  =  scattering 

X  =  wavelength 
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ABSTRACT.  The  diffusion  controlled  growth  of  a  compound  phase  AnB  between  two  thin  films  of  material  A 
and  B  is  studied  with  the  nonlinear  Kirkendall  effect  included.  This  growth  process  is  important  in  electronic 
materials  processing  and  in  synthesis  of  high-temperature  materials  using  multilayer  films.  Previous  models  of 
the  growth  rate  do  not  solve  the  diffusion  equation,  and  thus  do  not  fully  utilize  the  predictive  capability.  This 
paper  describes  a  self-similar  transformation  that  reduces  the  nonlinear,  time-dependent  diffusion  equation  with 
two  free  boundaries  into  a  nonlinear  ordinary  differential  equation,  which  is  solved  numerically  by  a  shooting 
method.  It  is  found  that  the  intrinsic  diffusion  coefficients  of  A  and  B  in  AnB  can  be  determined  from  the 
positions  of  the  interfaces  without  using  the  concentration  profile.  This  provides  a  simpler  method  for  measuring 
intrinsic  diffusion  coefficients.  An  asymptotic  solution  valid  for  small  concentration  gradients  is  derived  and 
agrees  with  the  numerical  results. 


1.  INTRODUCTION 

Solid-state  diffusion  between  thin  films  occurs  in  many  industrial  applications.  For  example,  during  processing 
of  electronic  materials,  the  assembly  is  often  heated  to  high  temperatures,  and  atoms  in  a  thin  film  will  diffuse 
into  adjacent  films.  This  interdiffusion  can  destroy  the  function  of  the  thin  film  device  and  can  be  prevented  by 
diffusion  barriers  [1,  2].  A  diffusion  barrier  separates  materials  A  and  B  physically  by  interposing  a  barrier  layer 
of  material  X  chosen  so  that  the  undesirable  intermixing  of  A  and  B  is  suppressed.  Therefore,  predicting  the 
transport  rate  of  A  across  X  and  of  B  across  X,  as  well  as  the  loss  rate  of  X  into  A  and  B,  are  important  for 
properly  choosing  a  diffusion  barrier. 

Solid-state  diffusion  also  plays  a  critical  role  in  the  synthesis  of  materials  from  multilayer  thin  films  of 
alternating  compounds  A  and  B.  Multilayer  films  provide  a  large  interfacial  area  to  facilitate  interfacial 
reactions,  which  are  different  from  the  reactions  in  bulk  diffusion  couples  [3].  For  example,  typically  only  one 
reaction  phase  (AnB)  appears  rather  than  a  series  (...  A2B,  AB,  AB2  ...).  Further,  interfacial  reactions  in 
multilayer  films  can  form  products  that  are  metastable  [4],  Thus,  multilayer  films  have  been  used  to  form  the 
amorphous  phase  of  many  different  materials  [5-9].  Multilayer  films  have  also  been  used  in  synthesizing  high 
temperature  materials  by  solid-state  reactions  [10,  11];  atoms  in  the  thin  films  diffuse  and  react  at  moderate 
temperatures  to  form  a  compound  that  can  withstand  high  temperatures.  In  both  applications,  interdiffusion  of 
atoms  between  thin  films  determines  the  synthesis  rate  and  needs  to  be  analyzed. 

This  work  studies  the  growth  rate  of  a  compound  layer  AnB  between  a  film  of  A  and  a  film  of  B  (Fig.  1).  At 
time  t  =  0,  the  A  and  B  films  are  in  direct  contact.  At  t  >  0,  a  compound  AnB  is  formed  by  interdiffusion 
between  A  and  B.  The  width  W  of  the  compound  layer  grows  with  time  as  atoms  of  A  and  B  diffuse  through  the 
interfaces  into  AnB.  It  is  assumed  that  equilibrium  conditions  hold  at  the  interfaces  so  that  the  concentrations 
are  constant.  Kidson  [12]  studied  this  problem  and  arrived  at  an  expression  for  the  layer  width: 

W  =  pt1/2  ,  (1) 

where  the  proportionality  constant  p  is  expressed  in  terms  of  the  interdiffusion  coefficients,  concentrations,  and 
concentration  gradients  at  the  interfaces.  However,  Kidson  did  not  present  a  solution  to  the  nonlinear  diffusion 
equation  and  did  not  evaluate  the  concentration  profile  within  the  product  phase.  Wagner  [13]  developed  a 
model  that  relates  the  parabolic  growth  constant  (=  p2/2)  to  integrals  of  the  interdiffusion  coefficient  over 
concentration.  Shatynski  et  al.  [14]  obtained  a  similar  relation,  assuming  that  the  concentration  gradients  are 
constant  in  the  product  layer.  This  model  is  shown  by  Williams  et  al.  [15]  to  be  mathematically  equivalent  to 
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Wagner's  model.  Similar  to  Kidson’s  analysis,  both  models  do  not  solve  the  diffusion  equation  and  thus  do  not 
yield  a  value  for  the  parabolic  growth  constant.  In  this  work,  by  reducing  the  diffusion  equation  into  a  self¬ 
similar  form,  p  is  determined  for  the  complete  range  of  the  stoichiometric  factor  n  and  the  diffusivity  ratio  R  = 
DA/DB,  where  DA  and  Dg  are,  respectively,  the  intrinsic  diffusion  coefficients  of  A  and  B  in  AnB  [2].  It  is 
observed  that  the  parabolic  growth  constant  for  each  moving  interface  varies  linearly  with  DA  and  Dg. 

Based  on  this  observation,  a  new  method  is  suggested  for  determination  of  DA  and  Dg  by  measuring  the 
interfacial  positions  relative  to  a  fixed  maker  point.  Current  techniques  for  calculation  of  DA  and  Dg  require 
measurement  of  the  concentration  profile  in  the  compound  layer  [2,  12-16].  This  is  owing  partly  to  a  lack  of  a 
complete  solution  to  the  nonlinear  diffusion  equation.  The  self-similar  solution  shows  that  the  concentration 
profile  is  insensitive  to  DA  and  Dg.  Hence,  use  of  the  profile  to  infer  DA  and  Dg  is  bound  to  be  inaccurate.  The 
new  method,  however,  does  not  need  the  concentration  profile;  it  is  therefore  simpler  and  likely  to  be  more 
accurate. 


-x  m  x  -X  m  -X  X  ^t)  X 


(a)  t  =  0  (b)  t  >  0 

Fig.  1.  Concentration  of  A  versus  position  at  time  t  =  0  (a)  and  t  >  0  (b).  The  total  concentration  Cj  = 
CA  +  Cg  is  assumed  constant  everywhere.  Initially,  the  A  film  at  concentration  CAo  is  saturated 
with  B,  and  the  B  film  is  saturated  with  A  at  concentration  Ca3-  At  t  >  0,  the  compound  layer  is 
bounded  by  two  interfaces  at  x  =  -xi  and  X2,  and  at  concentrations  CAi  and  CA2>  respectively.  A 
marker  point  is  planted  at  x  =  -xm. 


2.  FORMULATION 

Consider  a  film  of  material  A  in  contact  with  another  film  of  material  B  at  a  planar  interface  at  time  t  =  0  (Fig. 
1(a)).  The  A  film  at  concentration  CA0  is  saturated  with  B  and  the  B  film  is  saturated  with  A  at  concentration 
C  The  materials  can  undergo  interdiffusion  as  a  result  of  thermally  induced  atomic  diffusion.  At  t  >  0,  a 
single  compound  AnB  is  formed  between  the  films  of  A  and  B,  as  shown  in  Fig.  1(b).  As  atoms  of  A  and  B 
diffuse  into  the  compound  layer  A_B,  the  layer  grows  at  the  expense  of  the  two  unreacted  films.  The  alloy  layer 
does  not  contain  exclusively  the  reacted  atoms  in  stoichiometric  ratio;  there  is  an  excess  of  unreacted  A  atoms 
near  the  A  film,  and  an  excess  of  unreacted  B  atoms  near  the  B  film.  If  DA  »  DB  in  AnB,  then  the  Fickian  flux 
of  A  in  the  direction  of  A  to  B  is  larger  than  that  of  B  in  the  reverse  direction.  Therefore,  there  is  a  net  Fickian 
mass  flux  of  A  and  B  in  the  direction  of  A  to  B.  However,  the  condition  of  constant  total  concentration  CT  =  CA 
+  CB  in  AJB  precludes  this  net  mass  shift.  To  preserve  a  constant  total  concentration,  a  bulk  (Kirkendall)  mass 
flux  is  generated  that  gives  zero  net  total  mass  flux  at  every  point  in  the  compound  layer  [2,  17].  This  leads  to  a 
nonlinear  diffusion  equation  for  the  concentration  CA  of  A  in  AnB: 


acA  ^  a  |Vcan 

3t  9x  9x 


(2) 
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(3) 


D  =  — 
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where  CB  is  the  concentration  of  B  in  AnB.  Substitution  of  CB  =  CT  -  CA  into  (2)  and  (3)  yields  an  equation  that 
contains  only  CA: 


dCA 
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(4) 


The  origin  of  the  coordinate  x  is  located  at  the  A-B  interface  at  t  =  0  (Fig.  1).  If  DA  =  DB,  then  the  above 
equation  reduces  to  the  usual  linear  diffusion  equation. 

At  a  later  time  t,  the  compound  layer  is  bounded  by  two  interfaces:  one  between  A  and  AnB  at  x  =  -Xj(t)  and  one 
between  AnB  and  B  at  x  =  x2(t),  as  shown  in  Fig.  1(b).  Local  equilibrium  is  assumed  to  hold  at  each  interface  so 
that  CA  is  known  at  the  interfaces.  Thus,  at  x  =  -x,(t), 
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where  CA0  is  the  concentration  of  A  in  the  A  film  which  is  different  from  CTdue  to  finite  solubility  of  B  in  the  A 
film.  At  x  =  x2(t). 
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where  is  the  concentration  of  A  in  the  B  film.  Here,  CA0,  CA1,  CA2,  and  are  known  constants.  Equations 
(5b)  and  (6b)  describe  local  mass  conservation  at  the  interfaces;  the  left  side  of  each  equation  is  the  mass  flux 
generated  by  sweeping  an  interface  through  a  concentration  jump,  whereas  the  right  side  is  the  sum  of  the 
Fickian  and  bulk  (Kirkendall)  fluxes. 

3.  SELF-SIMILAR  TRANSFORMATION 

Since  equations  (4)  -  (6)  contain  neither  a  length  nor  a  time  scale,  a  self-similar  solution  is  sought.  A  set  of  self- 
similar  variables  is  defined: 


—Art.  c(,)=%^ 


,(<) 


The  governing  equation  becomes 
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(8b,  c) 
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where  R  is  the  diffusivity  ratio,  and  D  is  the  dimensionless  parabolic  rate  constant  for  the  interface  between  A 
and  A  B.  This  rate  constant  can  be  viewed  as  a  nondimensionalized  effective  diffusivity  for  the  interface;  it  is  an 

D 

unknown  constant  that  needs  to  be  determined  as  part  of  the  solution. 

The  boundary  conditions  (5)  and  (6)  are  also  transformed.  At  the  interface  between  A  and  AnB,  y  =  -1, 

C  =  C,  (9a) 


d(c0-c1)=[c1(i-r)+r]^ 


At  the  interface  between  AnB  and  B, 

y  =  Y2 ,  c  =  c2 


(9b) 


(10a,  b) 


>2D(c2-c,Mc2(i-R)+R]^  (l0c) 

Here,  C  =  CAi/CT,  i  =  0  ...  3,  are  prescribed  constants,  and  y2  =  x2(t)/Xj(t)  is  an  unknown  constant  to  be 
determined. 

Equation  T8)  is  an  ordinary  differential  equation  of  second  order  and  needs  two  boundary  conditions  for  a 
solution.  In  addition,  the  locations  of  the  interfaces  are  unknown  functions  of  time  which  are  reduced  to  two 
unknown  constants  D  and  y2  by  the  self-similar  transformation.  Thus,  totally  four  boundary  conditions  are 

needed  to  solve  (8). 

4.  NUMERICAL  METHOD  AND  RESULTS 

A  fourth  order  Runge-Kutta  method  is  used  to  solve  (8)  -  (10).  Since  D  and  y2  are  unknown,  an  iteration 
procedure  is  adopted  and  outlined  below.  A  value  for  D  is  assumed  first.  This  allows  (8)  to  be  integrated  from  y 
=  -1  using  the  boundary  conditions  (9)  for  C  and  dC/dy.  The  integration  proceeds  until  C  =  C2  at  which  point 
the  integration  is  stopped  and  the  position  corresponds  to  y  =  y2-  This  value  is  substituted  into  (10b)  to  yield  a 
new  value  for  D,  and  the  procedure  is  repeated  until  D  converges  [18].  A  step  size  of  0.01  is  used  in  the 
integration,  and  the  results  presented  below  are  accurate  to  at  least  four  significant  figures. 

Results  of  a  particular  case  with  C0  =  0.9,  Cj  =  0.8,  C2  =  0.5,  and  C3  =  0.15  are  presented  first  to  illustrate  the 
general  characteristics  of  the  solutions.  It  is  found  that  the  concentration  profiles  are  insensitive  to  R,  and  y2 
varies  nonlinearly  with  R.  Solutions  of  D  are  plotted  as  a  function  of  R  in  Fig.  2(a).  It  shows  that  D  varies 
linearly  with  R.  It  is  not  obvious  mathematically,  from  the  governing  equation  and  boundary  conditions,  that  D 
should  depend  linearly  on  R.  However,  since  D  represents  an  effective  diffusivity  of  the  interface  at  x  =  -x,,  it 
can  only  be  a  linear  combination  of  DA  and  DB.  Thus,  physical  intuition  projects  D  to  be  a  linear  function  of  R. 
Following  the  definition  of  D  in  (8c),  a  similar  nondimensionalized  effective  diffusivity  for  the  interface  at  x 
=x2  can  be  defined: 

K  x2  dx2 

Db  dt  (11) 
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This  effective  diffusivity  can  be  expressed  in  terms  of  D  and  y2: 


K  =  y^D 


(12) 


Values  of  K  are  plotted  as  a  function  of  R  in  Fig.  2(b).  Despite  that  y2  is  a  nonlinear  function  of  R,  y22D  varies 
linearly  with  R.  This  again  confirms  the  physical  intuition  that  the  effective  diffusivity  for  the  interfaces  should 
depend  linearly  on  R. 

The  linear  dependence  of  D  and  K  on  R  simplifies  presentation  of  numerical  results.  Let 
D  =  d1R  +  d0  (13) 


K  =  kjR  +  kQ  .  (14) 

Thus,  instead  of  D  =  D(C0,  C,,  C2,  C3,  R)  and  y2  =  y2(C0,  C,,  C2,  C3,  R),  the  R  dependence  is  determined 
explicitly,  and  d0,  d,,  k0,  and  k,  are  only  functions  of  C0,  Cr  C2  and  C3. 


Figure  2.  Effective  diffusivities  of  the  A-AnB  interface  (a)  and  AnB-B  interface  (b)  versus  diffusivity 
ratio.  The  dependence  is  linear  with  positive  intercept  at  R  =  0. 

5.  DISCUSSION 

The  self-similar  solution  can  be  applied  to  the  measurement  of  the  intrinsic  diffusion  coefficients  Da  and  Db- 
From  the  self-similar  solution,  the  interfacial  positions  xt(t)  and  x2(t)  can  be  solved  from  (8c)  and  (11)  with  the 
initial  conditions  that  x,  =  x2  =  0  at  t  =  0: 


x  j  —  ^2DDgt 


x2  =  ^/2KDBt 

Thus,  the  width  of  the  compound  layer  is 

w  =  x,  +  x2  =(Vd+Vk\Z2dbT 


(16) 


(17) 
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In  most  experiments,  the  layer  width  W  is  measured  as  a  function  of  t,  and  plotted  against  t1/2.  The  data  form  a 
straight  line  if  the  growth  is  controlled  by  diffusion: 

W  =  pt1/2  .  (18) 


The  slope  p  is  found  from  the  data,  and  comparison  of  (17)  with  (18)  yields 
P  =  V2Db  C/diR  +  do  +  -\/k jR  +  k0  ) 


(19) 


where  D  and  K  have  been  replaced  using  (13)  and  (14)  to  show  explicitly  their  dependence  on  R.  In  (19),  dQ,  dp 
kg,  and  k}  are  functions  of  only  C0,  C,,  C2,  and  Cy  Thus,  they  are  determined  once  a  thin  film  binary  diffusion 
couple  is  chosen.  Hence,  only  two  unknowns  are  left  in  (19):  R  and  Dfi.  If  either  one  is  given,  then  the  other  can 
be  found  from  (19),  and  DA  follows  immediately  from  DA  =  RDB. 


One  way  of  completing  the  solution  is  by  measuring  the  concentration  profile.  A  value  for  R  can  then  be 
obtained  by  fitting  the  computed  concentration  profile  to  the  experimental  data.  Once  R  is  determined,  D0  (and 
hence  DA)  follows  from  (19).  However,  because  the  concentration  profile  is  insensitive  to  R,  this  way  of 
completing  the  solution  is  bound  to  be  inaccurate. 

If  the  interfacial  positions  can  be  measured  relative  to  a  fixed  laboratory  frame,  then  DA  and  Dfi  can  be  found 
without  using  the  concentration  profile.  Only  a  point  of  the  laboratory  frame  is  needed  as  a  reference.  This 
could  be  a  marker  point  in  either  the  A  or  B  film  away  from  the  compound  layer.  For  illustrative  purposes,  let  a 
marker  point  be  planted  in  the  A  film  at  x  =  -xm,  as  shown  in  Fig.  1.  If  zi  is  the  distance  between  the  marker 
point  and  the  left  interface,  and  Z2  that  the  right  interface,  then 


Z2  =  X2  +  Xm  • 


(20) 

(21) 


The  distances  Zj  and  z2  are  measured  as  a  function  of  t.  Plotting  z1  and  z2  versus  t1/2  yields  two  straight  lines. 
The  z-intercept  at  t  =  0  is  xm.  The  slopes  for  zl  and  z2  are,  respectively, 


Pi  =-V2DB(diR  +  d0) 


(22) 


P 2  -V2DB(kiR  +  k0)  ^23) 

which  are  the  slopes  of  -x,  and  x2  versus  t1/2.  These  equations  determine  R  and  DB,  and  therefore  DA.  Thus, 
both  Da  and  Dfi  are  found.  Note  that  the  parabolic  growth  constants  (pi2/2  and  P22/2)  for  the  interfaces  vary 
linearly  with  R,  whereas  the  parabolic  growth  constant  (p2/2)  for  the  compound  layer  varies  nonlinearly  with  R, 
as  indicated  by  (19). 

As  an  example,  the  self-similar  solution  is  used  to  calculate  the  intrinsic  diffusion  coefficients  of  Ag  and  Zn  in 
the  -phase  of  Ag-Zn  alloys.  Williams  et  al.  [15]  conducted  a  detailed  experimental  study  of  Ag-Zn  alloys.  A 
Ag-Zn  binary  diffusion  couple  can  form  five  equilibrium  phases.  Williams  et  al.  fabricated  alloy  ingots  with 
different  compositions  and  used  them  as  the  terminal  phases  of  diffusion  couples.  By  combining  two  terminal 
phases  with  properly  chosen  compositions,  they  were  able  to  study  the  growth  rate  of  any  one  of  the  five  phases. 
The  data  for  the  -phase  are  the  most  extensive,  and  are  selected  for  comparison.  Williams  et  al.  measured  the 
thickness  of  the  -phase  layer  as  a  function  of  time  at  400°C  (Table  III  in  their  paper).  When  the  thickness  is 
plotted  against  t1/2,  a  straight  line  is  obtained,  the  slope  of  which  is  calculated  as  p  =  4.54xl0'6  m/s1/2.  The 
equilibrium  concentrations  at  the  interfaces  are  taken  from  their  Table  II  for  the  -phase  as  Cq  =  0.46,  Ci  =  0.39, 
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C2  =  0.327,  and  C3  =  0.279,  assuming  that  A  is  Zn  and  B  is  Ag.  For  these  equilibrium  concentrations,  the  self¬ 
similar  solution  yields  do  =  0.1298,  dj  =  0.2256,  ko  =  0.2097,  and  kj  =  0.3853.  Thus,  everything  is  known  in 
(19)  except  R  (=  Dzn/I)Ag)  and  Dg  (=  D^g).  However,  since  Williams  et  al.  presented  neither  the  concentration 
profile  nor  the  location  of  the  individual  interface,  there  is  insufficient  information  for  finding  R  or  Dg. 
Heumann  and  Lohmann  [16]  measured  both  the  layer  thickness  and  the  concentration  profile  for  the  -phase  at 
different  temperatures,  from  which  they  calculated  D^g  and  Dzn  using  a  method  similar  to  Kidson’s  [12].  From 

their  Fig.  15,  at  400°C,  D^g  =  2xl0'12  m2/s  and  Dzn  =  1x10' 1 1  m2/s.  This  means  R  =  Dzn^Ag  =  5.  With  this 
value  of  R,  the  self-similar  solution  can  be  completed;  equation  (19)  yields  D^g  =  1.54xl0"12  m2/s,  which 
differs  from  the  original  value  by  23%.  Given  the  large  uncertainty  of  the  original  data,  this  difference  is 
acceptable.  Hence,  the  self-similar  solution  gives  at  least  consistent  results. 

6.  CONCLUSIONS 

This  work  studies  the  diffusion-controlled  growth  rate  of  a  compound  layer  in  thin-film  binary  diffusion  couples. 
The  Kirkendall  effect  is  included  which  makes  the  diffusion  equation  nonlinear.  A  self-similar  transformation 
reduces  the  nonlinear  partial  differential  equation  with  two  free  boundaries  to  a  nonlinear  ordinary  differential 
equation,  which  is  solved  numerically  by  a  fourth-order  Runge-Kutta  method.  An  iteration  scheme  is  developed 
for  calculation  of  the  unknown  boundary  locations.  It  is  observed  that  the  parabolic  growth  constants  for  the 
moving  interfaces  depend  linearly  on  the  intrinsic  diffusion  coefficients  Da  and  Dg.  Based  on  this  observation, 
a  new  method  is  suggested  for  determination  of  Da  and  Dg  by  measuring  the  interfacial  positions  relative  to  a 
fixed  marker  point.  Since  the  concentration  profile  is  not  needed  in  this  method,  it  is  simpler  than  the  methods 
currently  in  use.  An  asymptotic  solution  valid  for  small  composition  variation  is  derived  and  agrees  with  the 
numerical  results  in  the  appropriate  limit  [18]. 
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ABSTRACT.  In  order  to  develop  a  method  to  estimate  the  effective  thermal  conductivity  of  reactor  beds  for 
gas-solid  chemical  heat  pumps,  experiments  on  heat  transfer  and  structure  in  the  bed  have  been  performed  for 
die  reaction  of  CaCl2  with  CH3OH  or  CH3NH2  vapor.  From  the  measurements  with  mercury  porosimetry,  it  has 
been  found  that  the  void  fraction  inside  the  porous  CaCl2  particles  was  influenced  considerably  by  the  gas 
substance  reacted  with  the  particles.  SEM  observation  revealed  that  the  shape  and  aggregated  state  of  fine 
grains  of  CaCl2  also  changed  by  reaction.  Heat  transfer  experiments  of  the  CaCl2  bed  have  been  carried  out  at 
the  gas-phase  pressure  in  the  packed  bed  from  5  Pa  to  0.1  MPa.  The  effective  thermal  conductivity  of  the  bed, 
which  had  been  subjected  to  the  absorption  and  desorption  reaction  several  times,  was  reduced  to  less  than 
one  half  of  that  of  the  unreacted  CaCl2  bed.  A  model  is  proposed  to  predict  the  effective  thermal 
conductivity  of  the  reactor  bed  as  well  as  that  of  the  reactive  pellets  packed  in  the  bed  by  taking  account  of 
their  structural  change  due  to  reaction.  From  a  comparison  with  the  experimental  results  it  has  been  proved  that 
the  predictions  based  on  the  model  well  express  the  effects  of  gas  pressure  and  the  structural  change  in  reactive 
pellets  on  the  effective  thermal  conductivity. 


1.  INTRODUCTION 

The  reaction  of  calcium  chloride  with  methylamine  or  methanol  vapor  is  applicable  to  driving  chemical  heat 
pumps  for  refrigeration  or  air  conditioning  by  utilizing  the  waste  heat  at  a  low  temperature  below  363K  that  is 
usually  difficult  to  reuse.  In  this  gas-solid  reaction  system  the  packed  bed  is  used  as  the  standard  reactor.  Since 
the  heat  transfer  is  poor  in  the  packed  bed  and  the  reaction  in  it  is  apt  to  be  controlled  by  heat  transfer, 
evaluation  of  heat  transfer  properties  in  the  bed  subjected  to  the  reaction  is  important  for  designing  high 
efficient  gas-solid  chemical  heat  pumps. 

The  solid  particles  involved  in  the  reaction  are  usually  porous  pellets  aggregated  with  small  grains  of  CaCl2  salt. 
Their  thermophysical  properties,  such  as  density,  heat  capacity  and  thermal  conductivity,  vary  with  the  progress 
of  reaction  [1,2].  Further,  the  pellets  and  grains  may  change  in  structure  and  morphology  by  reaction. 
Therefore,  heat  transfer  properties  in  the  reactor  bed  should  be  evaluated  by  taking  into  account  of  the 
geometrical  structure  of  the  reactive  solids  packed  in  the  reactor  as  well  as  their  variations  of  thermophysical 
properties.  In  this  study  the  heat  transfer  mechanism  is  investigated  based  on  the  structural  analysis  for  the 
packed  bed  reactor  in  the  following  CaCl2  reaction  systems. 

Methylamine  system 

CaCl2  +  2CH3NH2  =  CaCl2-2CH3NH2  (1) 

CaCl2-2CH3NH2  +  2CH3NH2  =  CaCl2-4CH3NH2  (2) 

CaCl2-4CH3NH2  +  2CH3NH2  =  CaCl2-6CH3NH2  (3) 

Methanol  system 

CaCl2  +  2CH3OH  =  CaCl2-2CH3OH  (4) 

2.  EXPERIMENTAL 

The  reactive  solids  in  the  above  equations  (1)  to  (4)  are  expressed  in  the  general  form  of  CaCl2-nCH3NH2  and 
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CaCl2nCH3OH  by  using  n  which  represents  the  moles  of  gas  substance  reacted  with  one  mole  of  CaCl2.  In 
measuring  thermophysical  properties  of  the  reactive  solids  involved  in  reversible  gas-solid  reactions,  a  particular 
attention  must  be  paid  so  that  the  reaction  does  not  proceed  or  the  heat  of  reaction  does  not  disturb  the 
measurement.  Further,  the  void  fraction  of  the  packed  bed  must  be  measured  in  each  measurement,  since  it 
changes  with  reaction  and  appreciably  affects  heat  transfer  in  the  bed.  We  have  developed  a  method  satisfying 
these  requirements  [2], 

Using  this  method  the  effective  thermal  conductivities  were  measured  for  the  porous  reactive  solid  that  was 
maintained  in  one  of  the  state  described  by  the  above  equations.  The  reactions  of  Eqs.  (2)  and  (3)  are  reversible 
in  themselves,  but  the  state  of  the  reactive  solid  is  kept  unchanged  or  n  is  maintained  constant  as  long  as  the 
pressure  in  gas  phase  is  set  at  an  appropriate  value;  for  n=4  the  pressure  must  be  kept  between  the  equilibrium 
pressures  of  the  reaction  (2)  and  (3)  and  for  n=6  it  must  be  above  that  of  Eq(3).  On  the  other  hand,  the 
reactions  with  n  n<2,  Eqs.(l)  and  (4),  can  be  regarded  as  irreversible  under  the  range  from  273K  to  293K  for  the 
measurement  of  effective  thermal  conductivity  and  the  composition  of  the  reactive  solid  with  n<2  is  kept 
unchanged  at  a  very  low  pressure  or  even  in  the  atmosphere  of  inert  gas.  Consequently  measurements  for  the 
reactive  solid  with  n<2  as  well  as  porous  and  nonporous  pellets  of  CaCl2  anhydride  were  carried  out  in  the 
atmosphere  of  Ar,  N2  or  He  gas  in  the  pressure  range  of  5  Pa  to  2  x  105  Pa.  Nonporous  CaCl2  pellets  were 
prepared  by  crushing  solid  CaCl2  which  was  made  by  cooling  a  molten  salt  of  CaCl2. 

The  pore  volumes  and  pore  size  distributions  of  CaCl2  and  CaCl2-nCH3OH  were  measured  by  means  of 
mercury  porosimeter.  SEM  photographs  of  CaCl2  and  CaCl^nCHjOH  were  taken  at  each  state  where  the 
absorption  or  desorption  reaction  is  completed. 


3.  STRUCTURE 

The  bed  investigated  in  this  study  is  composed  of  porous  pellets  aggregated  with  small  grains.  In  such  a  bed 
there  are  vacant  spaces  both  inside  and  outside  pellets,  which  are  supposed  to  have  different  contributions  to 
heat  transfer.  The  effective  thermal  conductivity  Xefr  of  the  bed  may  be  expressed  in  terms  of  the  bed  void 
fraction  eb  of  the  vacant  space  outside  the  pellets  and  the  pellet  thermal  conductivity  The  latter  is  also 
regarded  as  a  kind  of  effective  thermal  conductivity  since  it  depends  on  the  void  fraction  £p  inside  the  pellets 
and  the  thermal  conductivity  of  solid  Xs.  Consequently,  two  kinds  of  effective  thermal  conductivities,  and 
Xs ,  and  two  kinds  of  void  fractions,  eb  and  £p,  are  necessary  for  the  estimation  of  Xeff  in  a  porous  particle  bed. 


D  [/4  m] 


Fig.l  Pore  size  distributions  of  porous  CaCl2  and  CaCI2vzCH3OH 
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3.1  Void  Fractions 

By  means  of  mercury  porosimetry  Ep  of  porous  CaCl2  pellets  was  determined  first.  Pore  size  distributions  of 
CaCl2  pellets  in  various  sizes  are  shown  by  solid  lines  in  Fig.l.  Depending  on  the  pellet  size,  all  curves  of 
dV/dlnD  versus  D  are  different  in  the  region  of  pore  diameter  D>8  pm,  while  they  coincide  with  each  other  in 
the  region  of  D<8  pm.  Therefore  pores  smaller  than  8  pm  may  be  considered  to  belong  to  those  inside 
pellets,  and  the  pellet  void  fraction  £p  inside  the  porous  CaCl2  was  obtained  as  0.332.  The  overall  void  fraction 
e  of  the  bed  is  given  by  the  ratio  of  the  total  vacant  volumes  inside  and  outside  the  pellets  to  the  bed 
volume.  By  denoting  the  bed  void  fraction  outside  the  pellets  by  eb  the  three  kinds  of  void  fractions  are  related 
to  each  other  as 

Eb  =  (e-ep>(l-ep)  (5) 

Using  the  pellet  void  fraction  £p=0.332  and  the  average  overall  void  fraction,  £=0.650,  the  bed  void  fraction  £b 
was  estimated  to  be  0.476  by  Eq.  (5). 

3.2  Variations  of  Pellet  Void  Fraction 

Porosimetry  measurements  of  CaCl2-nCH30H 
pellets  showed  that  the  pore  size  distributions 
in  the  pellets  varied  largely  with  absorption  or 
desorption  of  methanol.  For  example  the  dotted 
line  in  Fig.l  represents  the  pore  size 
distribution  for  CaCl2-nCH3OH  (n=0)  obtained 
after  repeating  reaction  cycle  three  times, 
whose  pellet  void  fraction  £p  based  on  the  pore 
volume  was  twice  as  large  as  that  of 
unreacted  CaCl2  pellets.  With  increasing  n, 
the  pellet  void  fraction  of  CaCl2-nCH30H 
decreased  from  n=0.6  to  0.  On  the  other  hand, 
the  bed  void  fraction  Eb  of  CaCl2nCH3OH 
calculated  from  Eq.(5)  was  kept  almost 
constant,  i.e.,  Eb=0.48.  This  may  be  due  to  that 
the  measurements  of  overall  void  fraction  were 
carried  out  under  the  condition  where  the  bed 
was  allowed  to  expand  or  contract  freely 
during  reaction. 

It  was  impossible  to  perform  porosimetry 
measurement  of  CaCl2-nCH3NH2  pellets, 
because  highly  erosive  vapor  of  CH3NH2, 
which  gives  serious  damages  to  the  instrument,  is  decomposed  from  the  reacted  pellets  in  a  vacuum  operation 
required  before  penetrating  mercury  into  the  sample.  On  the  basis  of  nearly  constant  £b  in  CaCl2-nCH30H  bed, 
it  was  assumed  that  the  constant  value  of  £b=0.48  was  valid  for  CaCl2'nCH3NH2  bed  under  free  expansion  or 
contraction.  Then  the  pellet  void  fraction  Ep  was  obtained  from  the  overall  void  fraction  E  and  the  pellet  void 
faction  of  £b=0.48.  Figure  2  shows  that  the  pellet  void  fraction  decreases  linearly  with  increasing  n  for  both 
CaCl2-nCH3OH  and  CaCl2-nCH3NH2  pellets. 

3.3  Deformation  of  Fine  Structure  of  Pellet 

Figure  3  shows  SEM  micrographs  for  a  pellet  of  unreacted  porous  CaCl2  (a),  that  of  CaCl2-nCH3OH  after 
complete  desorption  in  the  first  cycle  (b)  and  that  after  the  fourth  cycle  (c).  A  drastic  transformation  of  pellet 
structure  can  be  seen  in  these  photographs.  The  unreacted  CaCl2  pellet  consists  of  grains  partially  fused  with 
each  other.  On  the  other  hand,  grains  of  the  CaCl2-nCH3OH  (n=0)  pellet  subjected  to  four  reaction  cycles  look 
like  an  aggregate  of  slender  sticks  which  are  not  consolidated  with  each  other,  as  shown  in  Fig. 3  (c). 


Fig.2  Variations  of  estimated  pellet  void 
fractions  with  n 
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(a)  CaCI2  (b)  CaCI2nCH3OH  (n=0)  (c)  CaCl2nCH3OH  (n=0) 

after  first  desorption  after  fourth  desorption 

Fig.3  SEM  photographs  of  porous  CaCI2  and  CaCl2*nCH3OH 
4.  HEAT  TRANSFER 

4.1  Pressure  Dependence  of  Effective  Thermal  Conductivity 

The  operating  pressure  in  a  gas-solid  chemical  heat  pump  is  determined  based  on  the  relation  between 
equilibrium  pressure  and  temperature  for  the  reaction.  In  general,  the  pressure  in  heat  pumping  mode  with 
absorption  reaction  is  different  from  that  in  regeneration  mode  with  desorption  reaction.  Therefore  it  is 
necessary  to  investigate  the  effective  thermal  conductivity  of  a  reactor  bed  in  a  wide  range  of  the  gas  pressure. 
In  order  to  vary  the  pressure  without  making  the  reaction  to  proceed,  an  inert  gas  of  Ar,  N2  or  He  was  introduced 
into  the  vessel  in  which  the  effective  thermal  conductivity  was  measured.  Thus  the  gas  pressure  was  varied 
from  5  Pa  to  0.1  MPa.  Figures  4  and  5  show  the  variations  of  effective  thermal  conductivities  with  pressure  for 
the  beds  of  nonporous  CaCl2,  porous  CaCl2  and  porous  CaCl2-nCH3OH  (n=0.048)  pellets. 


P  [kPa] 


Fig.4  Variations  of  effective  thermal 
conductivities  of  unreacted  CaCI2  bed 
with  pressure  (Porous;  Dp=675  pm, 
Nonporous;  Dp=178  pm) 


P  [kPa] 


Fig.5  Variations  of  effective  thermal 
conductivities  of  CaCl2  nCH3OH  bed 
with  pressure  (n=0.048;  Dp=308  pm) 
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At  the  atmospheric  pressure  XCff  depends  on  the  substance  in  gas  phase.  This  means  that  heat  flows  partially 
through  the  gas  phase  in  the  packed  bed.  With  decreasing  the  gas  pressure  the  mean  free  path  of  gas  molecules 
increases  to  be  comparable  with  the  thickness  of  the  gas  film  adjacent  to  the  contact  points  between  pellets  and 
the  heat  transfer  through  the  film  becomes  to  be  affected  by  the  free  molecular  conduction.  Therefore  the 
effective  thermal  conductivity  decreases  with  decreasing  pressure.  This  effect  appears  more  appreciable  as  the 
pressure  becomes  lower,  yielding  a  sharp  decrease  in  X^  around  1  kPa.  At  low  pressures  below  10  Pa,  A,eff  is 
very  small  and  almost  independent  of  the  gas  substance,  since  heat  transfer  in  the  bed  takes  place  mainly 
through  the  contact  points  of  the  pellets. 

The  data  in  Fig.4  indicate  that  the  effective  thermal  conductivity  of  the  bed  of  porous  CaCl2  pellets  is  smaller 
than  that  of  nonporous  CaCl2.  When  once  porous  CaCl2  has  absorbed  CH3OH,  its  effective  thermal 
conductivity  is  reduced  to  about  one  half  of  that  of  unreacted  CaCl2  as  is  shown  by  comparing  Fig.4  with  Fig.5. 
Such  a  decrease  in  the  effective  thermal  conductivity  due  to  reaction  was  also  observed  in  the  methylamine 
system. 

4.2  Model  for  Effective  Thermal  Conductivity  of  Porous  Bed 

The  thermal  conductivity  of  a  reactor  bed  packed  with  porous  pellets  probably  depends  on  the  thermal 
conductivities  of  gas  and  solid,  Xs  and  Xs,  and  pellet  void  fraction  £p  and  bed  void  fraction  £b  inside  and  outside 
the  pellets.  If  one  introduces  an  effective  thermal  conductivity  Xp  to  express  heat  transfer  through  a  pellet, 
which  may  be  expressed  in  terms  of  Ep,  A.g  and  Xs,  one  can  simplify  the  analysis  for  heat  transfer  in  the  porous 
bed  by  assuming  that  the  bed  is  composed  of  particles  with  thermal  conductivity  Xp  and  gas  with  thermal 
conductivity  Xg  and  void  fraction  eb.  With  the  purpose  to  further  take  account  of  the  pressure  dependence  of 
effective  thermal  conductivity  and  the  heat  transfer  through  the  contact  points  between  pellets,  a  model 
equation  is  derived  by  extending  the  models  proposed  by  Kunii  and  Smith  [3]  and  Okazaki  et  a.  [4]. 

Consider  an  elementary  cell  in  the  form 
shown  in  Fig. 6.  The  cell  consists  of  two 
adjoining  spheres  whose  contact  surface 
is  specified  by  angle  \|/.  When  the  gas  in 
the  void  is  stagnant  and  the  radiative  heat 
transfer  can  be  neglected,  heat  transfer  in 
the  vertical  direction  in  Fig.6  is  assumed 
to  take  place  by  the  following 
mechanism:  (1)  conduction  only  through 
the  fluid  in  the  macro  void  space,  (2) 
conduction  through  the  solid  and  gas 
phases  near  the  contact  surface  in  series, 

(3)  conduction  through  the  contact 
surface  of  the  solid  pellets. 

Denote  the  part  associated  with 
mechanism  (1)  by  I  and  that  with 
mechanism  (2)  and  (3)  by  II,  and  the 
fractional  areas  corresponding  to  these 
parts  are  E  and  1-E,  respectively. 

Assuming  that  the  volume  of  II  is  equal  to  that  of  a  cylinder  with  diameter  Dp  and  height  Dpcos\(/,  its  fractional 
area  is  given  by 

1-E  =  (3/2Xl -£b)cosxF  (6) 

Since  the  heat  flux  through  the  cell  is  the  sum  of  the  flux  through  the  macro  void  part  and  that  through  the  solid 
part,  the  effective  thermal  conductivity  Aeff  is  expressed  by  the  following  equation 


=E/.,+(l-E>.n 


(7) 
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where  II  is  the  thermal  conductivity  of  the  gas,  whose  pressure  dependence  can  be  calculated  by  the  Kennard 
equation  [5]  from  the  thermal  conductivity  at  the  normal  pressure  in  vast  space,  Ag°,  using  the  temperature  jump 
distance  P  and  the  mean  free  path  of  gas  molecules  L. 

A0 

A,  = - — -S -  (8) 

l  +  2PL/Dpcos\|r 


On  the  basis  of  the  model  proposed  by  Kunii  and  Smith  [6]  the  apparent  thermal  conductivity  of  part  II,  An,  has 
been  derived  by  taking  account  of  the  dependence  of  gas  conductivity  on  pressure  by  Kennard  equation  as 
follows; 


Ml  =  nc 


'y/\Ap  +  2nc.Ag 


— ^—(cos<50  -  cosi/r) 
.K.  —  1 


+ 


f  K  N|2/' 

—  (cosi/r  + 


j,  K(cosi/r +  2/3L/Dp)- (K -l)cos50 
2/?L/Dp jin  K(cosy/ ~ 2puDp)- (k - ljcos if/ 


(9) 


where  K=Ag°/Ap,  cos80=(l-l/nc)  and  L  denotes  the  mean  free  path  of  gas  molecules.  nc  represents  the  effective 
number  of  contact  points  per  hemisphere  introduced  by  Okazaki  et  al.  [4]  to  express  conductive  heat  transfer  in 
beds.  Contact  numbers  are  estimated  by  the  correlation  equation  [6],  and  cost)/  can  be  obtained  from  the 
extrapolation  of  the  measured  effective  thermal  conductivity  to  zero  pressure. 


The  validity  of  the  above  equations  has  been 
exa  mined  for  beds  of  glass  beads  and 
nonporous  CaCl2  whose  pellet  thermal 
conductivity  were  determined  experimentally. 
The  effective  thermal  conductivities  were 
calculated  by  Eqs.(6)  -  (9)  using  the  thermal 
conductivity  of  glass,  1.0  W/mK,  and  that  of 
solid  CaCl2,  2.36  W/mK,  respectively.  The 
calculations  express  well  the  pressure 
dependence  of  effective  thermal  conductivities, 
as  shown  by  solid  lines  in  Fig.4. 

Then  the  pellet  thermal  conductivities  of  porous 
anhydride  and  reactive  solids  of  CaCl2,  Ap,  and 
the  unknown  parameter,  (3,  in  the  above 
equations  have  been  determined  so  as  to 
minimize  the  variance  between  calculated  and 
measured  Aeff.  Calculated  variations  of  Aefr  with 
pressure  are  given  by  solid  lines  in  Figs.  4  and 
5.  The  values  of  Ap,  which  have  been  obtained 
by  changing  the  substance  of  gas  phase,  i.e., 
Ar,  N2  and  He,  show  little  dependence  on  the 
gas  substance  in  the  pellet. 


Fig.7  Relation  between  thermal  conductivities 
and  void  fractions  of  pellet 


4.3  Model  for  Pellet  Thermal  Conductivity 

Absorption  and  desorption  of  reactive  gas  cause 
simultaneous  changes  in  solid  composition  and  void  fraction  of  pellets,  as  mentioned  in  3.2.  Further, 
transformation  of  fine  structure  of  the  pellets  takes  place  during  reaction.  In  order  to  investigate  these  effects 
on  heat  transfer,  pellet  thermal  conductivity  Ap  of  CaCl2-nCH3NH2  are  plotted  against  pellet  void  fraction  ep  in 
Fig.7.  A  significant  difference  can  be  seen  between  Ap  for  the  unreacted  porous  CaCl2  anhydride  and  Ap  for  the 
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reacted  pellets.  The  thermal  conductivity  of  CaCl2-nCH3NH2 
pellet  is  about  one  fourth  as  small  as  that  of  CaCl2,  when 
compared  at  the  same  void  fraction. 

An  expression  to  evaluate  the  change  in  pellet  thermal 
conductivity  is  derived  below.  It  has  been  described  that  the 
pellet  thermal  conductivity  is  less  dependent  on  the  gas  phase, 
while  the  effective  thermal  conductivity  is  significantly 
dependent  on  it.  This  may  suggest  that  the  heat  conduction 
through  the  gas  phase  in  the  pellet  is  so  small  that  the  heat 
flows  mainly  through  the  solid  phase.  The  pellet  structure 
shown  in  Fig.8  may  be  represented  by  the  unit  cell  model 
proposed  by  Luikov  et  al.  [7].  In  order  to  take  account  of  the 
change  in  contacting  state  due  to  reaction,  Luikov's  model  has 
been  modified  by  adding  contact  resistance  Rc  on  the  upper 
and  the  lower  surfaces  of  the  cell,  as  shown  in  Fig.8.  The 
modified  expression  is  given  by 


Heat  flux 


Fig.8  Unit  cell  for  a  porous  pellet 


Ap- 


Rc+l/Ag 


+  (l  -  xpAg  +  x(l  -  x 


^s^-g 


(l  —  x)^  +  xAg  +  RcA§Ag 


(10) 


where  x  is  the  thickness  of  solid  phase  obtained  from  the  pellet  void  fraction. 

4.4  Estimation  of  Pellet  Thermal  Conductivity 

In  the  estimation  \  by  Eq.(10),  the  thermal  conductivity  of  reactive  solid,  As,  must  be  given  in  advance.  But 
there  have  been  no  reference  on  As  of  solid  products  reacted  with  gas.  Hence  we  could  not  do  other  than  assume 
that  A.s  is  equal  to  that  of  the  unreacted  CaCl2,  As=2.36  W/mK.  One  of  the  possible  reasons  supporting  this 
assumption  is  that  the  gas  substance  reacted  with  CaCl2  must  be  treated  as  condensed  phase  or  solid  in 
estimating  thermophysical  properties  of  volume  and  heat  capacity  [1],  but  it  is  impossible  to  know  the  absolute 
value  of  As.  The  thermal  conductivity  of  gas  phase,  Ag,  in  Eq.(10)  was  calculated  from  Eq.(8)  by  replacing 
DpCosy  with  the  distance  between  grains,  which  was  taken  to  be  the  mean  diameter  of  pores  inside  the  pellet 
measured  by  porosimeter,  0.5  pm. 

Estimated  pellet  thermal  conductivities  are  shown  in  Fig.7  by  solid  lines  together  with  those  determined  from 
the  measured  effective  thermal  conductivity.  Close  agreement  has  been  obtained  between  estimated  and 
experimentally  determined  pellet  thermal  conductivities,  Ap,  by  taking  Rc=0  mKAV  for  CaCl  or  Rc=2  mK/W  for 
CaCl2-nCH3NH2.  This  implies  that  the  contact  resistance  on  the  surface  of  reactive  grain  is  larger  than  that  of 
unreacted  CaCl,  which  is  in  accord  with  the  difference  in  grain  structure  demonstrated  by  SEM  observations. 
In  unreacted  CaCl2  pellets  the  contact  resistance  between  grains  seems  to  be  negligible  since  the  grains  are 
tightly  fused  or  consolidated.  On  the  contrary,  in  reactive  pellets  there  is  no  fusion  between  grains  but  they  are 
just  in  contact  with  each  other.  Contact  resistance  due  to  the  micro  roughness  of  contacting  surface  of  the  grains 
may  yield  a  significant  decrease  in  the  thermal  conductivity  of  reactive  pellets. 

4.5  Estimation  of  Effective  Thermal  Conductivity 

The  above  investigation  has  been  performed  for  unreacted  CaCl2  and  reactive  solids  with  n<2,  since  only  these 
pellets  could  be  used  for  the  measurements  of  pressure  dependence  of  effective  thermal  conductivity,  from 
which  the  pellet  thermal  conductivity  was  obtained.  By  using  Eqs.(6)  -  (9)  for  ACff  and  Eq.(10)  of  Ap,  the 
effective  thermal  conductivity  can  now  be  estimated  for  any  condition  of  the  reactive  solids  with  n>2.  The 
estimation  has  been  performed  by  two  steps;  first  Ap  was  calculated  by  Eq.(10)  using  3  and  Rc  determined  for  n 
<2  and  ep  obtained  from  the  measured  overall  void  fraction.  Then  Aeff  was  estimated  by  Eqs.(6)  -  (9).  Figure  9 
shows  a  comparison  of  measured  and  estimated  effective  thermal  conductivities,  /W,  of  beds  of 
CaCl2-nCH3NH2.  In  this  figure  the  gas  phase  for  CaCl2-nCH3NH2  with  n<2  is  nitrogen  at  101.3  kPa  and  that 
of  CaCl2-nCH3NH2  with  n>2  is  methylamine  at  a  pressure  appropriate  to  maintaining  the  reactive  solid  in  one  of 
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the  equilibrium  states,  that  is,  between  12  kPa  and  20 
kPa  for  n=4  and  about  35  kPa  for  n=6.  The 
effective  thermal  conductivity  for  n<2  is  larger  than 
that  for  n>2  because  the  thermal  conductivity  Ag 
under  the  normal  condition  and  the  pressure  of 
nitrogen  were  larger  than  those  of  methylamine. 
Thus,  the  formulas  derived  from  the  model  in  this 
study  can  satisfactorily  describe  the  variations  of 
effective  thermal  conductivity  of  porous  reactive 
solid  beds  under  an  arbitrary  condition  of  the  solid 
phase  composition,  pellet  void  fraction,  gas 
substance  and  pressure. 
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Fig.9  Measured  and  estimated  effective  thermal 
conductivity  of  CaC^nCHaOH  2  bed 


5.  CONCLUSION 

Experimental  study  on  the  effective  thermal  conductivity  and  structure  of  CaCl2  reactive  solid  beds  have  been 
performed  to  examine  their  changes  due  to  reaction.  Two  kinds  of  void  fractions,  which  are  essential  to  the 
study  of  heat  transfer  in  a  bed  packed  with  porous  pellets,  have  been  obtained  from  the  porosimetry 
measurements.  In  the  bed  which  was  allowed  to  expand  or  contract  freely,  the  bed  void  fraction,  Eb,  could 
be  assumed  to  be  unchanged,  while  the  pellet  void  fraction,  Ep,  varied  with  reaction.  SEM  observations  made 
it  clear  that  transformation  of  fine  structure  of  pellets  was  caused  by  reaction.  The  effective  thermal 
conductivity  of  the  bed  of  reactive  solid  was  reduced  to  less  than  one  half  of  that  of  unreacted  CaCl2,  which 
was  caused  by  the  change  in  pellet  void  fraction  and  aggregation  state  of  grains  of  reactive  solid.  Model 
equations  have  been  developed  to  estimate  the  effective  thermal  conductivities  of  bed  and  pellet,  Aeff  and  L,,  the 
basic  idea  of  which  will  be  of  help  for  understanding  the  mechanism  of  heat  transfer  in  a  reactor  bed  of  porous 
pellets. 
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ABSTRACT.  An  experimental  investigation  was  conducted  to  determine  the  degree  to  which  the  overall 
thermal  contact  conductance  at  the  interface  of  contacting  tungsten  carbide  (WC)  surfaces  could  be  enhanced 
through  the  use  of  vapor  deposited  diamond  coatings.  Effect  of  coating  thickness  on  the  thermal  contact 
conductance  was  studied  using  three  different  diamond  coating  thicknesses.  It  was  apparent  that  the  thermal 
contact  conductance  enhancement  effect  was  greatest  at  low  contact  pressures  and  decreased  significantly  with 
respect  to  increases  in  the  contact  pressure. 


1.  INTRODUCTION 

When  two  surfaces  are  brought  together,  they  contact  in  only  a  relatively  few  discrete  points,  due  to  the 
individual  surface  roughnesses  and  microscopic  asperities.  Yovanovich  [1]  have  demonstrated  that  the  actual 
contact  area  is  between  two  and  five  percent  of  the  apparent  contact  area  by  experimental  investigations. 
Because  of  this  significant  area  reduction,  a  thermal  resistance  occurs  at  the  interface,  resulting  in  a  temperature 
discontinuity  [2].  Heat  can  be  transferred  across  the  interface  by  conduction  through  the  actual  contacts, 
conduction  through  the  substance  in  the  gaps  around  the  contacts,  and  radiation  across  the  gap,  or  a  combination 
of  all  three  called  overall  thermal  contact  conductance  as  shown  in  Fig.  1.  The  most  common  method  of 

Conduction  through  contact  area 


Fig.  1.  Heat  flow  through  contacting  surfaces 

enhancing  the  thermal  contact  conductance  is  to  increase  the  apparent  contact  pressure  at  the  interface. 
Unfortunately,  this  is  not  always  possible  due  to  design  or  load  restrictions.  One  of  the  more  promising  methods 


636 


for  improving  the  thermal  performance  of  electronic  systems  involves  the  use  of  special  surface  treatments 
and/or  thermal  control  materials  inserted  or  added  to  the  interface  between  subcomponents  or  components  [3].  In 
such  situations,  the  thermal  contact  conductance  can  be  enhanced  through  the  use  of  thermal  greases,  thin  metal 
foils,  or  a  thin  metal  coating  deposited  on  one  or  both  of  the  surfaces.  The  advantages  and  disadvantages  of  these 
techniques,  thermal  grease,  thin  metal  foils  and  coating  deposition,  have  been  presented  and  discussed  by 
Peterson  and  Ortega  [4],  However,  thermal  grease  cannot  be  employed  in  many  critical  electronic  assemblies 
because  of  the  possibility  of  the  grease  evaporating  and  contaminating  nearby  sensitive  components.  Foils  are 
attractive  from  a  theoretical  point  of  view  but  in  practice  they  are  not  used  very  often.  This  is  because  soft  foils 
tend  to  wrinkle,  which  can  result  in  an  increase  rather  than  a  decrease  in  the  contact  resistance.  Furthermore,  soft 
foils  are  flimsy,  often  deflecting  under  their  own  weight,  which  makes  them  difficult  to  handle  and  apply 
effectively.  Surface  treatments  include  surface  preparation  as  well  as  the  addition  of  vapor-deposited  materials 
on  the  contacting  surface.  Metallic  coatings  are  free  of  the  contamination  problems  associated  with  thermal 
greases  and  the  handling  problems  associated  with  soft  foils.  In  addition,  many  investigators  [5-10]  have 
reported  as  much  as  an  order  of  magnitude  improvement  in  the  thermal  contact  conductance  when  one  of  the 
contacting  surfaces  of  a  joint  is  coated. 

Due  to  its  excellent  thermal  and  electrical  properties,  diamond  appears  to  be  the  most  promising  material  for 
meeting  the  thermal  and  electrical  requirements  for  future  advanced  industrial  application.  The  most  wide  used 
material  in  cutting  tool  inserts  for  machining  operations  is  tungsten  carbide  (WC).  Thus,  this  paper  studied  the 
using  chemical  vapor  deposition  technique  coated  diamond  films  on  WC  substrate  to  increase  the  thermal 
contact  conductance.  Besides  being  the  hardest  known  material,  diamond  also  has  other  unique  properties  which 
makes  it  ideal  for  many  engineering  applications.  For  example,  diamond  film  is  one  of  the  most  potential 
material  for  thermal  control  purpose  because  of  its  excellent  thermal  and  electrical  properties.  However,  there 
has  been  limited  work  with  diamond  film  for  thermal  enhancement  applications.  An  experimental  study  will 
conduct  in  this  paper  including  diamond  film  coated  on  WC  substrates,  test  facilities  setup,  and  the  effect  of 
surface  characteristics  on  thermal  contact  conductance.  It  is  believed  that  the  using  of  diamond  film  should  be 
able  to  decrease  the  interface  thermal  resistance  and  to  increase  the  thermal  performance  of  most  thermal 
systems. 


2.  EXPERIMENTAL  APPARATUS 

An  experimental  investigation  was  conducted  to  determine  the  thermal  contact  conductance  between  WC 
samples  coated  by  diamond.  A  series  of  static  heat  transfer  tests  were  conducted  to  determine  the  effects  of 
contact  pressure  on  various  surface  coatings.  A  schematic  diagram  of  the  test  apparatus  is  shown  in  Fig.  2.  The 
test  specimens,  which  were  2.54  cm  long  and  2.54  cm  in  diameter,  were  made  of  WC.  The  test  samples  were 
placed  in  a  vertical  alignment  with  two  heat  flowmeters.  Each  heat  flowmeter,  which  was  made  of  304  stainless 
steel,  was  approximately  10.16  cm  long  and  2.54  cm  in  diameter.  The  length  of  the  heat  flowmeters  and  the 
heavy  insulation  ensured  that  the  heat  flux  through  each  heat  flowmeter  was  one-dimensional.  Four  holes,  1 .27 
cm  deep,  were  radially  drilled  in  each  heat  flowmeter  to  accommodate  the  thermocouples.  The  holes  in  the  heat 
flowmeters  for  thermocouples  were  1.6  mm  in  diameter  and  drilled  perpendicular  to  the  axes  of  the  heat 
flowmeters.  Bare  thermocouples,  made  from  28-gauge  copper/constantan  wire,  were  placed  in  each  hole  for 
sensing  the  temperatures  along  the  centerline  of  the  heat  flowmeters.  Upon  installation  of  these  bare 
thermocouples,  a  silver  grease  having  high  thermal  conductivity  was  used  to  fill  the  holes  containing  the 
thermocouples.  These  thermocouples  were  used  to  measure  the  axial  temperature  gradient  of  the  test  stacks, 
whereby  the  interface  temperature  can  be  calculated  for  the  secondary  and  primary  surfaces. 

In  performing  the  experiments,  heating  and  cooling  systems  were  employed  to  create  a  one-dimensional,  steady- 
state  heat  flow  across  the  heat  test  interface.  A  heat  source  was  supplied  to  the  top  of  the  test  stack  by  an 
electrical  resistance  heater.  The  heat  flow  was  prevented  from  conducting  out  the  top  of  the  heater  unit  by 
inserting  an  insulating  spacer  between  the  heater  and  the  upper  support  plate.  The  temperature  at  the  test 
interface  was  kept  constant  with  the  use  of  a  temperature  controller  which  regulated  the  power  to  the  heater.  The 
heat  sink  or  cooling  unit  was  placed  at  the  bottom  of  the  test  stack.  Tap  water  was  used  as  the  cooling  medium. 
The  use  of  a  three-way  gate  valve  and  volumetric  flowmeter  provided  a  method  of  controlling  the  cooling  water 
mass  flow  to  the  cooling  system.  A  thermal  grease  was  applied  to  all  interfaces  except  for  the  test  interface  in 
order  to  enhance  the  heat  transfer  across  the  contacting  interface. 
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(1)  Heater 


(2) Insulation  with 

heat  flowmeter 

(3) Cooling  system 

(4) Air  cylinder 


All  dimensions  are  mm 


Fig.  2.  Experimental  apparatus 

The  effect  of  the  applied  contact  pressure  on  the  test  interface  was  studied.  These  pressures  were  achieved  by  a 
push-rod  attached  to  a  pneumatic  pressure  cylinder  that  activated  a  bellows.  The  entire  system,  which  included 
the  heater,  heat  flowmeters,  test  samples  and  heat  sink,  was  placed  on  top  of  this  bellows,  forming  a  stack.  The 
force  present  in  the  sink  was  measured  by  a  calibrated  device  consisting  of  a  load  cell,  pressure  transducer,  air 
cylinder  and  the  base  plate.  This  cylinder  was  raised  and  lowered  gradually  to  avoid  impact  forces  that  might 
alter  the  contacting  surface  characteristics. . 


Experimental  Procedure 

Tests  were  conducted  to  determine  the  thermal  contact  conductance  for  both  uncoated/coated  and  coated/coated 
junctions.  Uncoated  interfaces  were  tested  first  to  establish  a  baseline  thermal  contact  conductance  value  for 
each  sample.  Three  different  coating  thicknesses  of  test  samples  were  employed  to  investigated  the  effect  of 
coating  thickness. 

The  same  experimental  procedure  was  followed  for  all  the  tests.  First,  the  cooling  system  was  turned  on.  Then, 
the  three-way  gate  valve  on  the  cooling  fluid  control  panel  was  set  to  the  flow  position.  The  test  samples  were 
stored  in  a  vacuum  environment  prior  to  testing.  Each  test  specimen  was  removed  from  the  vacuum  container 
when  needed.  Next,  the  sample  was  carefully  placed  between  the  heat  flowmeters.  In  conducting  such  an 
experiment  of  this  kind,  it  was  imperative  that  the  test  column  be  in  perfect  alignment.  If  it  was  not,  then  there 
would  be  a  variance  in  the  tolerance  between  the  test  stack  members  which  in  turn  would  cause  undesirable 
thermal  resistance  at  the  contact  interfaces  other  than  the  test  interfaces.  These  resistances  could  produce 
nonuniform  temperature  distribution  on  local  cross  sections  of  the  stack  near  the  interfaces,  and  hence  the 
temperature  measurements  of  the  heat  flowmeter  would  not  represent  the  appropriate  value.  The  test  sample 
should  be  tested  with  machined  directions  aligned  approximately  parallel.  The  test  column  was  aligned  visually 
and  a  slight  load  was  applied  to  the  test  column  to  prevent  the  specimen  from  shifting  during  the  evacuation  of 
the  test  chamber.  The  average  heat  flux  for  a  test  was  calculated  by  using  a  finite  difference  approximation  for 
the  temperature  gradient.  The  overall  thermal  contact  conductance  was  then  calculated  using  the  average  heat 
flux  of  the  heated  and  cooled  specimens  divided  by  the  temperature  drop  across  the  test  interface. 

3.  UNCERTAINLY  ANALYSIS 

An  experimental  investigation  is  not  complete  without  estimation  of  the  uncertainties  associated  with  the 
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measured  values.  An  estimate  of  measured  quantities  and  the  resulting  calculated  values  of  uncertainty  will  be 
made  based  on  the  procedure  described  by  Schenck  [11]. 

The  experimental  thermal  contact  conductance  was  determined  from  the  temperature  drop  and  the  heat  flow  rate 
across  the  interface.  The  heat  flux  through  the  interface  was  considered  to  be  the  mean  of  the  thermal  fluxes 
through  the  heat  flowmeters.  The  heat  flux  of  the  upper  heat  flowmeter  was  estimated  to  be  18%  higher  than  that 
of  the  lower  heat  flowmeter.  The  uncertainty  in  the  overall  thermal  contact  conductance  of  the  diamond-coating 
interface  is  calculated  to  be  11.5%,  approximately. 

4.  RESULTS  AND  DISCUSSION 

The  ideal  of  this  experimental  setup  was  to  provide  a  means  to  determine  the  effect  on  thermal  contact 
conductance  of  the  diamond  coating  interface  under  various  contact  pressures.  The  data  obtained  from  the 
thermocouples  were  used  to  calculate  the  temperature  jump  across  the  test  interface  and  the  corresponding 
thermal  contact  conductance. 

The  uncoated  WC  substrate  sample  is  tested  first.  Based  on  these  baseline  thermal  performance  characteristics,  it 
is  possible  to  experimentally  determine  potential  improvements  in  the  thermal  performance  with  coated  surfaces. 
This  investigation  involves  the  experimental  determination  of  the  thermal  contact  conductance  of  WC  substrate 
jointed  to  the  surface  coated  with  diamond.  The  calculated  overall  thermal  contact  conductance  data  for  bare 
surface  sample  is  compared  with  those  of  coated  surface  pairs  in  order  to  obtain  the  dimensionless  overall 
thermal  contact  conductance,  defined  as  the  ratio  of  the  overall  thermal  contact  conductance  for  the  same 
pressure. 

The  results  of  bare  specimen  and  three  different  thicknesses  of  diamond  coatings  samples  are  presented  in  Fig.  3. 
Under  the  constant  interface  temperature,  contact  pressures  were  varied  from  1.37  MPa  to  3.73  MPa.  The  three 
diamond  coating  thicknesses  are  6,  14  and  31  pm,  respectively.  Basically,  the  overall  thermal  joint  conductance 


Fig.  3.  Overall  joint  conductance  as  a  function  of  pressure 
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increased  with  increasing  interfacial  load.  As  expect,  the  measured  results  for  each  sample  are  different  due  to 
minor  variations  in  the  surface  characteristics  of  the  contacting  surfaces.  The  greatest  enhancement  of  the 
thermal  contact  conductance  was  obtained  for  14  p  m  diamond  coatings,  as  shown  in  Fig.  3.  The  thicker  coating 
sample  (31  pm  )  presented  a  lower  overall  thermal  contact  conductance  at  the  interface.  In  order  to  obtain  the 
optimum  thicknesses  of  the  layer  for  different  interface  pressures,  both  the  uncoated  and  coated  junction  results 
were  curefit  using  a  linear  regression  technique,  the  dimensionless  overall  thermal  contact  conductance  defined 
as  the  ratio  of  thermal  contact  conductance  for  the  coated  joint  and  the  thermal  contact  conductance  for  the 
uncoated  joint  at  the  same  pressure,  were  computed. 

The  dimensionless  overall  thermal  contact  conductance  data  for  diamond  coatings  are  presented  in  Figure  4.  The 
ratios  of  the  coated  overall  thermal  contact  conductance  to  the  overall  uncoated  thermal  contact  conductance  at 
four  different  pressures  are  plotted  as  a  function  of  the  coating  thickness,  t.  As  illustrated  in  Fig.  4,  three 
different  coating  thicknesses  were  tested  and  the  ratio  of  the  coated  thermal  contact  conductance  to  the  uncoated 
thermal  contact  conductance  at  four  different  pressures  were  plotted  as  a  function  of  the  coating  thickness.  The 
results  indicate  that  the  dimensionless  overall  thermal  contact  conductance  increases  as  the  coating  thickness 
increases,  up  to  thickness  of  14  pm.  At  this  point,  the  dimensionless  overall  thermal  contact  conductance 
decreases  with  increasing  coating  thickness.  The  reason  might  be  due  to  that  when  the  coating  thickness  is 
increased  at  constant  pressure,  the  enhancement  of  the  thermal  contact  conductance  results  from  the  increase  of 
contact  area.  If  the  coating  thickness  is  increased  further,  the  enhancement  due  to  the  increase  in  area  is 
overshadowed  by  the  increase  of  the  bulk  thermal  resistance  of  the  coating  material.  An  optimum  thickness  is 
reached  when  the  combination  of  these  two  effects  results  in  the  minimum  resistance.  It  is  believed  that  an 
optimum  coating  thickness  exists  in  such  coated  junctions.  Basically,  moderate  coating  thickness  can  enhance 
thermal  conductance  due  to  the  coating  material  displacing  the  interstitial  gas  and  increasing  the  contact  area. 
However,  excessive  coating  thickness  will  increase  the  bulk  thermal  resistance  of  the  coating  material  and 
decrease  the  thermal  conductance  at  the  interface. 


Fig.  4.  Dimensionless  Overall  joint  conductance  as  a  function  of  coating  thickness 
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It  is  also  apparent  from  Fig.  4,  that  at  a  constant  coating  thickness,  the  enhancement  of  the  overall  thermal 
contact  conductance  decreases  as  the  pressure  increases.  When  the  pressure  is  initially  increased,  the  contact 
area  of  the  coated  joints  increases  much  faster  than  for  the  uncoated  joints.  As  the  pressure  continues  to  increase, 
the  rapid  increase  in  contact  area  is  decreased  by  the  surface  asperities  which  have  penetrated  the  coatings  and 
are  in  contact  with  the  WC  substrate.  However,  for  the  6  pm  coating  thickness  sample,  a  deviation  was  found  at 
1.37  Mpa  pressure.  This  is  probably  in  large  part  due  to  differences  in  the  surface  profile  of  the  specimens.  The 
surface  of  this  specimen  exhibited  significant  crowing.  This  would  prohibit  contact  over  the  annulus  surrounding 
the  raised  portion  of  the  surface,  causing  decreased  thermal  conductance. 

5.  CONCLUSIONS 

The  theoretical  models  of  the  heat  transfer  at  the  junctions  can  provide  excellent  opportunities  for  parametric 
investigations.  Such  studies  are  extremely  useful  in  analyzing  new  machine  tools  designs.  However,  in  most 
instances,  the  geometries  of  real  design  systems  are  sufficiently  complex  that  analytical  techniques  are  difficult 
to  use  and  experimental  investigations  have  been  conducted  to  provide  data  for  analysis.  The  use  of  diamond 
coatings  to  enhance  thermal  contact  conductance  has  been  studied  experimentally.  To  study  the  effect  of  coating 
thickness,  a  steady-state  conductive  heat  transfer  experiments  were  conducted.  The  phenomena  of  optimum 
coating  thickness  was  observed  in  this  investigation.  Basically,  moderate  coating  thickness  can  enhance  thermal 
conductance  due  to  the  coating  material  displacing  the  interstitial  gas  and  increasing  the  contact  area.  However, 
excessive  coating  thickness  will  increase  the  bulk  thermal  resistance  of  the  coating  material  and  decrease  the 
thermal  conductance  at  the  interface.  When  the  coating  thickness  is  too  thick,  exceeding  the  optimum  coating 
thickness  which  produces  the  high  thermal  contact  conductance,  a  negative  effect  on  the  enhancement  thermal 
contact  conductance  can  result. 

The  experimental  results  also  show  a  common  tendency  for  the  enhancement  of  the  dimensionless  thermal 
contact  conductance  to  increase  as  the  contact  pressure  decreases.  The  discrepancy  of  some  measured  data  is 
probably  in  large  part  due  to  differences  in  surface  profile  of  the  specimens  caused  by  the  manufacturing 
process.  The  overall  thermal  contact  conductance  can  be  enhanced  by  coating  6  and  14  pm  diamond  but 
opposite  effect  cab  be  observed  in  31  pm  diamond  coatings.  It  should  be  noted  that  these  values  may  only  be 
valid  for  contacting  surfaces  which  have  surface  characteristic  values  similar  to  those  tested  in  the  experimental 
investigation. 
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ABSTRACT.  The  air-water  two-phase  flow  patterns  are  visualized  in  a  25pm  ultra-small  flowing  passage 
through  a  microscope.  The  superficial  velocities  of  both  two  phases  are  covering  a  broad  range  of  JL=0.003- 
17.52m/s  and  JG=0.001 2-295. 3m/s.  Four  distinctive  flow  patterns,  namely,  dispersed  bubbly  flow,  gas  slug  flow, 
liquid  ring  flow  and  liquid  lump  flow,  are  observed  and  their  special  features  are  described.  Among  the  four 
flow  patterns,  the  liquid  ring  flow  is  a  newly  observed  one  that  is  characterized  with  a  series  of  symmetrically 
distributed  liquid  rings  surrounding  the  gas  core. 

1.  INTRODUCTION 

Advances  in  the  modem  engineering  sciences,  including  electronic  packaging,  chemical  processing,  aircraft  heat 
dissipating  and  various  thermal-controlling  systems  have  resulted  to  an  urgent  demand  on  the  technology  of 
removing  dramatic  high  heat  flux  from  a  very  small  area  and  to  provide  the  desired  temperature  uniformity.  To 
meet  these  requirements,  a  series  of  small  sized  (generally  in  the  order  of  1mm  or  less)  heat  transfer  devices  has 
been  designed  recently.  These  devices  involve  micro-heat  pipes,  mini  heat  exchangers,  micro-scale 
thermosyphon,  oscillating  capillary  heat  pipe,  and  porous  heat  exchanger,  etc.  In  order  to  improve  the 
performance  of  such  a  heat  dissipation  device,  the  information  of  the  two-phase  flow  and  its  mechanisms  in  the 
small  (of  1mm  order)  or  ultra-small  (of  1pm  order)  flow  passage  is  required.  The  fundamental  knowledge,  such 
as  the  flow  pattern,  void  fraction,  pressure  drop,  liquid  film  thickness  etc.,  are  critical  for  the  engineering  design 
and  practical  performance,  however,  are  quite  limited  so  far.  A  comprehensive  investigation  of  the  two-phase 
flow  characteristics  in  this  kind  of  flow  passage  is  very  urgent  both  for  the  heat  transfer,  two-phase  flow  science 
and  some  other  engineering  practices.  Understanding  of  this  knowledge  will  be  greatly  beneficial  to  the  modem 
and  future  electronic,  space  aviation,  semiconductor,  chemical  process,  bioengineering  and  even  military 
equipment.  Unfortunately,  all  the  published  works  are  conducted  with  capillaries  of  diameter  larger  than  500pm 
[1-4],  while  that  of  the  diameter  less  than  500pm  is  still  untouched  and  has  been  an  central  unresolved  problem 
in  the  two-phase  science.  Based  on  these  backgrounds,  we  visualized  the  air-water  two-phase  flow  patterns  in  a 
25pm  round  tube.  From  the  experimental  observation  it  is  evident  that  the  two-phase  flow  patterns  in  ultra-small 
tubes  are  quite  different  from  that  of  the  ordinary  tubes  as  well  as  1mm  order  micro- tubes.  These  differences  are 
represented  by  the  occurrence  of  a  kind  of  liquid  ring  flow  pattern  that  has  a  symmetrical  liquid  ring  structure 
surrounding  the  gas  core.  Also,  we  obtained  a  liquid  lump  flow  pattern  that  is  decorated  with  the  discrete  liquid 
lumps.  Besides,  the  dispersed  bubbly  flow  and  slug  flow  patterns  are  also  observed  and  their  special  features  are 
described. 


2.  EXPERIMENTAL  APPARATUS 

A  schematic  diagram  of  the  test  facility  and  the  visualization  system  is  shown  in  Fig.l  and  Fig.2,  respectively. 
The  test  section  consists  of  a  kind  of  transparent  silica  capillary  tube  with  circular  cross  section  and  positioned 
horizontally.  The  tube  inner  diameter  is  25pm  and  the  outer  diameter  is  150pm.  The  whole  length  of  the  tube  is 
10000pm  in  which  8000pm  is  visible.  Air  phase  is  supplied  by  a  high  pressure  gas  bottle  that  also  provides  the 
pressure  head  for  the  water  tank.  As  water  is  driven  with  high  pressure  air,  no  pump  is  used  in  the  experiment. 
The  two-phase  flow  is  obtained  through  a  mixer  with  diameter  of  300pm  (as  shown  in  Fig.l).  Air  is  injected 
into  the  mixer  axially  while  the  water  is  introduced  peripherally.  The  inlet  pressure  of  the  test  section  is 
measured  with  a  precise  pressure  gauge  connected  to  the  mixer,  while  the  outlet  pressure  is  roughly  equal  to 
atmospheric  pressure. 
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Figure  1.  Schematic  diagram  of  the  experimental  facility 


Figure  2.  Assembling  of  the  visualization  system  and  the  arrangement  of  test  section 

In  order  to  measure  the  two-phase  flow  rate,  a  series  of  precise  injection  syringes  are  installed  at  the  outlet  of  the 
test  section  through  an  injector  head.  These  syringes  can  collect  the  two-phase  flow  coming  from  the  test  section 
and  accurately  read  out  the  volumetric  flow  rates  of  both  air  and  water  phases.  Because  of  the  volumetric  flow 
rate  is  extremely  small  in  the  cases  such  as  dispersed  bubbly  flow,  more  than  24  hours  are  waited  to  get  enough 
fluid  volume.  The  visualization  of  the  flow  pattern  was  realized  through  a  precise  microscope  (NIKON,  SMZ-U 
type)  which  can  magnify  the  image  up  to  150  times  as  that  of  the  original  size.  A  high-speed  camera  system 
(FASTCAM-Rabbit,  CANON)  with  recording  speed  of  30  to  600  frames  per  second  and  shutting  speed  of  1/30 
to  1/10000  second  was  mounted  together  with  microscope.  The  light  beam  used  for  the  visualization  is  provided 
through  a  adjustable  light  source  under  the  test  section.  Two-phase  flow  patterns  were  visualized  at  the  7000pm 
(D/d=280)  to  9000pm  (D/d=360)  part  from  the  inlet  of  the  test  section.  It  is  valuable  to  note  that  due  to  the 
effect  of  beam  refraction,  tube  diameter  is  a  little  enlarged  and  it’s  not  proportional  to  tube  length  in  these 
obtained  images. 

3.  VISUALIZATION  RESULTS  AND  DISUSSION 


Dispersed  Bubbly  Flow 

Dispersed  bubbles  are  observed  when  the  gas  flow  rate  is  very  small  such  as  JG=0.0083m/s.  There  are  two  kinds 
of  bubbles  in  the  present  test.  The  one  is  finely  dispersed  bubbles  with  size  smaller  than  the  tube  diameter. 
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Another  kind  of  bubble  has  a  size  of  near  to  or  a  little  larger  than  the  tube  diameter,  but  the  distance  between 
two  consecutive  bubbles  is  much  long,  for  example,  more  than  ten  times  of  the  tube  diameter.  This  flow  pattern 
is  also  considered  as  a  dispersed  bubbly  flow.  It  is  very  often  that  two  kinds  of  bubbles  appear  together  as  a  pair 
of  bubble  in  which  the  small-sized  bubble  follow  the  larger  one.  It  seems  that  the  motion  of  small  bubble  is 
strongly  influenced  by  the  larger  bubble.  If  the  distance  between  two  bubbles  is  within  a  certain  range,  they  will 
move  together  in  the  same  speed.  If  this  distance  is  over  a  certain  range,  the  small  bubble  will  loose  its  inertia 
force  and  stick  on  the  wall.  A  very  interesting  phenomenon  was  frequently  happened.  That  is,  the  separation¬ 
closing-separation  motion  of  bubbles  within  a  bubble  group,  as  shown  in  Fig.3.  Where  the  distance  between  two 
bubbles  is  larger  at  t=2.6867s,  while  they  become  closer  when  t=2.7183s.  The  period  of  this  distance  oscillation 
is  approximately  equal  to  0.6s  under  this  condition.  The  mechanism  for  this  relative  movement  has  not  been 
clarified.  We  think  that  it  is  probably  due  to  the  Bjerknes  force  between  two  nearby  bubbles  [5].  That  is,  one 
bubble  is  exposed  to  the  pressure  field  generated  by  the  self-sustained  vibration  of  another  bubble.  This  force 
can  be  an  attractive  or  separating  one,  depends  on  the  phase  difference  between  two  vibration  bubbles.  This, 
however,  needs  further  research. 
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- ►  Flow  direction 

Figure  3.  Relative  movement  and  interaction 
between  two  bubbles  (inlet  pressure 
is  P=0.24MPa;  gas  phase  superficial 
velocity  is  /G=0.0083/uA;  liquid 
phase  superficial  velocity  is 
7L=0.0012mA) 


t=1 ,6267s 
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Figure  4.  Emerging  process  of  a  still  bubble 
with  a  moving  large  bubble  (inlet 
pressure  is  P=0.24MPa;  gas  phase 
superficial  velocity  is/G=0.0083/wA; 
liquid  phase  superficial  velocity  is 
JL=0.0012m/s) 


The  dispersed  bubbles  observed  in  the  present  experiments  are  always  maintaining  a  spherical  shape,  except 
those  of  the  size  equals  to  or  a  little  larger  than  the  tube  diameter.  This  is  mainly  due  to  the  high  interfacial 
pressure  difference  and  the  strong  rigidity  of  micro-sized  bubble,  which  can  be  estimated  by  the  well-known 
Laplace-Young  equation 


Applying  this  equation  to  a  5 /Jm  bubble  we  can  find  that  the  pressure  difference  on  the  bubble  interface  is 
almost  reaches  to  0.3bar.  This  pressure  difference  is  sufficient  to  maintain  a  bubble  with  high  spherical  shape 
and  to  prevent  the  bubble  shape  from  being  distorted.  Thus,  the  coalescence  between  two  moving  bubbles  is 
hardly  to  be  observed  in  such  a  small  tube.  In  the  present  test,  the  observation  is  mainly  conducted  at  the  region 
of  UD= 320-360.  A  whole  length  observation  was  also  conducted,  however,  no  coalescence  between  two 
moving  bubbles  was  observed.  The  only  condition  under  which  the  bubble  coalescence  occurs  is  when  a  large 
bubble  is  moving  to  a  still  one,  as  shown  in  Fig.4. 

Of  course,  this  does  not  mean  that  the  bubble  coalescence  is  impossible  in  ultra-small  channels.  In  the  present 
test,  the  shortcoming  of  the  mixer  prevents  us  from  getting  a  large  amount  of  bubbles  inside  the  test  channel. 
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Suppose  that  a  more  precise  mixer  has  been  adopted,  we  can  expect  that  bubble  coalescence  may  occur  at  very 
high  void  fraction  conditions.  But,  this  void  fraction  should  be  much  higher  than  that  of  the  ordinary  tubes. 

Gas  Slug  Flow 

In  ordinary  sized  tubes,  the  transition  from  the  dispersed  bubbly  flow  to  slug  flow  requires  the  process  of 
agglomeration  or  coalescence.  The  deformation  of  the  bubble  shape  results  in  a  zig-zig  motion  and  therefore 
provides  a  chance  for  bubbles  to  be  coalescent  into  a  larger,  Taylor-type  bubbles.  With  increase  in  gas  flow  rate 
the  bubble  density  increases  and  a  point  is  reached  where  the  dispersed  bubbles  become  so  closely  packed  that 
many  collisions  occur  and  the  rate  of  the  agglomeration  to  large  bubbles  increases  sharply.  This  results  in  a 
transition  to  slug  flow  [6]. 

gas  slugs  liquid  phase  tube  wall 


- ► 

Figure  5.  Typical  gas  slug  flow'  pattern  (the  bright  line  in  the  center  of  the  gas  slug  is  the  refractive  light) 

In  ultra-small  tubes,  as  mentioned  above,  the  rigidity  of  bubble  is  high  and  bubbles  are  always  keeping  a 
spherical  shape  so  that  the  coalescence  loses  its  base.  This  induces  a  totally  different  mechanism  for  the 
dispersed  bubbly  flow  transiting  into  the  slug  flow.  From  the  experimental  observation  it  is  quite  clear  that  the 
occurrence  of  the  slug  flow  is  rather  an  entrance  phenomenon  than  inducing  from  the  tube  inside.  Slug  flow 
occurs  only  if  the  gas  volume  flow  rate  is  higher  at  the  tube  entrance  and  the  speed  of  long  gas  bubble  is  not 
high  enough  to  overcome  the  strong  surface  tension  force  of  the  liquid  bridge  between  them. 

The  distinctive  difference  between  the  slug  flow  and  the  dispersed  large  bubbly  flow  (of  the  bubble  diameter  is 
near  to  or  a  little  larger  than  the  tube  diameter)  in  ultra-small  tube  is  that  the  length  of  liquid  slug  between  two 
consecutive  gas  volumes  is  more  smaller  than  that  of  the  gas  slug  itself.  A  typical  slug  flow  pattern  is  given  by 
Fig.5.  It  can  be  seen  that  the  length  of  the  gas  slug  is  more  than  one  tube  diameter.  The  gas  slug  in  the  ultra¬ 
small  tube  is  featured  with  a  spherical  head  and  a  flat  rear,  which  is  similar  as  that  of  in  larger  scale  pipes. 
However,  the  small  bubbles  following  the  gas  slug  is  hardly  to  be  observed. 

During  the  experiment  it  is  found  that  the  pressure  drop  induced  by  the  slug  flow  is  awfully  high.  This  means 
the  sliding  between  gas  slug  and  tube  wall  is  suppressed  and  a  dry  zone  has  been  developed  under  the  gas  slug. 
It  is  considered  that  the  surface  tension  force  plays  an  important  role  to  this  suppression.  The  surface  tension 
force  keeps  liquid  phase  to  a  slug  structure  and  prevents  it  from  being  dispersed  as  film.  On  the  other  hand,  the 
ultra-small  size  of  the  gas  slug  will  result  a  high  pressure  difference  on  the  gas-liquid  interface.  This  pressure 
difference  pushes  the  gas  slug  to  occupy  the  whole  space  of  the  tube  cross-section  and  therefore  it  is  difficult 
for  the  liquid  film  to  be  existed  underneath  the  gas  slug.  Because  of  the  same  reason,  slug  coalescence  is  also 
seldom  observed  in  the  present  experiment. 

Liquid  Ring  Flow 

The  liquid  ring  flow  can  be  developed  from  a  slug  flow  pattern  when  the  gas  flow  rate  increases  to  such  an 
extent  that  the  liquid  slug  is  too  short  to  support  a  stable  liquid  bridge  between  two  consecutive  gas  slugs.  In 
other  words,  when  the  gas  flow  rate  is  sufficiently  high,  the  length  of  the  gas  slug  is  increased  while  that  of  the 
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liquid  slug  is  decreased.  In  a  certain  gas  flow  rate  value,  liquid  slug  will  be  penetrated  by  the  gas  slug  and 
therefore  a  liquid  ring  is  constructed.  The  liquid  ring  flow  has  never  been  observed  by  the  conventional  tubes, 
however,  is  quite  often  with  the  present  tube  size. 
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t=0.3750s 


t=0. 3767  s 


__  t=o  3703s 
— . — „  t=0. 3800s 


— .  t=0. 3817s 


Original  images 


Invert-color  images 


Figure  6.  Typical  liquid  ring  flow  pattern,  where  the  bright  line  in  the  original  images  (blank  line  in  the 
invert-color  images)  is  the  refractive  light  (inlet  pressure  is  P=0.30MPa,  gas  phase  superficial 
velocity  is  JG=7.02m/s;  liquid  phase  superficial  velocity  is  JL=0.34m/s) 


Fig. 6  is  the  typical  liquid  ring  flow  structure  where  the  liquid  film  on  the  wall  is  symmetrically  distributed. 
From  the  experimental  observation  it  is  evident  that  the  liquid  ring  flow  transited  from  the  gas  slug  flow  when 
the  gas  velocity  is  high.  In  low  gas  velocity  conditions,  the  liquid  ring  firstly  appears  in  the  middle  of  a  long 
gas  slug.  It  seems  that  this  liquid  ring  is  originally  from  a  liquid  bridge  separating  two  consecutive  gas  slugs. 
When  the  gas  velocity  is  high,  many  symmetrical  liquid  rings  will  appear  on  the  tube  wall  with  almost  equal 
distance.  The  transition  from  the  slug  flow  to  the  liquid  ring  flow  in  present  ultra-small  tube  has  some 
similarity  with  that  of  the  slug-chum-annular  flow  transitions  in  conventional  tubes.  For  example,  two 
processes  are  all  due  to  the  breaking  of  the  liquid  slug.  However,  in  ultra-small  tube  the  liquid  slug  is  broken 
into  the  discrete  liquid  rings  rather  than  a  uniformly  distributed  liquid  film  surrounding  the  gas  core  in  the  large 
sized  tubes.  This  is  considered  as  the  results  of  the  strong  surface  tension  force.  The  surface  tension  force 
prevents  the  liquid  ring  from  being  dispersed  as  the  film.  On  the  other  hand,  even  if  there  is  liquid  film  under 
the  gas  core,  the  high  pressure  difference  on  the  gas-liquid  interface  will  push  the  liquid  to  the  ring  region. 
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Figure  7.  Growing  process  of  still  liquid  rings,  obtained  when  inlet  pressure  is  P=0.31  Mpa;  gas  phase 
superficial  velocity  is  JG=6.4m/s;  liquid  phase  superficial  velocity  is  JL=0.38m/s 
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Because  of  its  special  shape,  the  motion  of  liquid  ring  is  determined  by  the  force  balance  between  the  viscosity 
force  from  the  wall  and  the  drag  force  from  the  gas  core.  When  the  former  one  is  dominant,  liquid  ring  will 
stick  on  the  wall  and  grow  up,  as  shown  in  Fig. 7.  This  growth  is  a  result  of  the  accumulation  of  the  liquid  film 
coming  from  the  upstream.  In  this  case  we  can  sure  that  there  is  a  liquid  film  in  the  upstream  of  the  growing 
liquid  ring.  When  the  height  of  the  liquid  ring  approaches  to  a  certain  value,  the  drag  force  from  the  gas  core 
becomes  dominant  and  the  liquid  ring  moves  to  the  downstream. 

Liquid  Lump  Flow 

In  liquid  ring  flow,  if  we  further  increase  the  gas  flow  rate,  a  liquid  lump  flow,  of  which  the  liquid  phase  is 
entrained  by  the  high-speed  gas  core  and  liquid  lumps  are  sliding  on  the  wall,  will  be  developed,  as  shown  in 
Fig.8.  The  shape  of  liquid  lump  is  very  similar  as  that  of  the  wavy  flow  in  a  horizontal  large  tube.  Similar  as 
that  of  in  liquid  ring  flow,  the  viscose  force  between  tube  wall  and  liquid  lump  and  the  drag  force  on  the  gas- 
liquid  interface  will  dominate  the  motion  of  liquid  lumps.  When  the  former  one  is  not  strong  enough,  liquid 
lump  will  be  still  and  shrink  gradually.  Because  this  shrinking  is  taking  place  within  tens  of  milliseconds,  the 
liquid  lump  should  have  been  dispersed  to  the  downstream  with  the  status  of  liquid  film. 
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Figure  8.  Typical  liquid  lump  flow  pattern,  obtained  when  inlet  pressure  is  P=0.29MPa,  gas  phase 
superficial  velocity  is  JG=59.5m/s;  liquid  phase  superficial  velocity  is  JL=0.19m/s 


It  is  valuable  to  indicate  that  there  are  distinctive  differences  between  the  conventional  wavy  flow  and  the 
present  flow  pattern.  First,  the  effect  of  the  gravity  force  is  negligible  in  the  ultra-small  tubes.  During  the 
experiments  it  is  found  that  the  liquid  lump  is  shifting  from  side  to  side.  The  appearing  position  of  the  liquid 
lump  is  dependent  to  its  entry  position  and  will  keep  on  the  certain  side  through  the  whole  passage.  Of  course, 
the  liquid  lump  position  can  also  be  influenced  by  a  little  distortion  of  the  tube.  Second,  a  dry  zone  may  be 
developed  between  two  consecutive  liquid  lumps  being  the  effect  of  the  surface  tension  force.  When  a  liquid 
lump  contacts  with  tube  wall,  the  strong  surface  tension  force  will  prevent  it  from  spreading  into  the  liquid 
film.  Thus  a  dry  zone  may  be  developed.  This  dry  zone,  however,  is  not  stable.  It  will  be  wetted  by  liquid  film 
when  the  liquid  flow  rate  is  increased,  as  shown  in  Fig.9.  Where  a  thick  liquid  film  is  developed  on  the  wall 
and  results  to  a  high  liquid  lump.  When  the  height  of  the  liquid  lump  is  sufficient,  it  will  touch  the  other  side  of 
the  wall  so  that  bridge  the  gas  core  into  gas  slugs. 


4.  CONCLUSION 


Air-water  two-phase  flow  patterns  are  visualized  in  a  25 pan  ultra-small  tube  through  a  microscope.  Four 
different  flow  patterns  are  observed  and  their  detailed  features  are  described.  Among  the  four  flow  patterns,  the 
liquid  ring  flow  is  a  newly  observed  one  which  is  represented  by  a  symmetrically  distributed  liquid  ring 
surrounding  the  continuous  gas  core.  It  is  considered  that  this  flow  pattern  is  developed  from  the  gas  slug  flow 
when  the  gas  velocity  is  high.  Liquid  rings  are  uniformly  distributed  along  the  tube  axis  and  a  dry  zone  may  be 
developed  between  two  consecutive  liquid  rings.  This  dry  zone  can  also  appear  in  the  gas  slug  flow  and  the 
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Figure  9.  When  the  liquid  flow  rate  is  higher,  liquid  lumps  will  touch  the  other  side  of  the  wall  and  a 
gas  slug  will  be  constructed  (obtained  when  inlet  pressure  is  P=0.29MPa,  gas  phase 
superficial  velocity  is  JG=27.6m/s;  liquid  phase  superficial  velocity  is  JL=0.51m/s) 

liquid  lump  flow,  however,  we  are  not  sure  about  the  existence  of  this  dry  zone  because  sometimes  the 
distinctive  liquid  film  can  also  be  observed  on  the  wall.  Therefore,  more  precise  instruments  are  required  to 
measure  the  detailed  liquid  film  distribution  on  the  wall. 

The  present  study  is  just  the  first  step  to  a  comprehensive  understanding  of  the  two-phase  flow  in  ultra-small 
flowing  passage.  A  further  detailed  research  is  undertaking  by  the  present  authors.  The  flow  pattern  map  and 
detailed  liquid  film  thickness  distribution  will  be  the  main  topic  of  the  following  reports. 
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ABSTRACT.  An  experimental  work  was  conducted  to  investigate  the  pressure  drops  &  friction  factors  for 
liquid  of  R134a  and  R12  through  the  micro-channels  with  triangular  and  rectangular  cross  sections.  The 
equivalent  diameters  were  0.6mm  and  0.4mm.  The  test  section  was  different  from  the  one  before.  The  friction 
factors  for  liquid  flow  of  refrigerant  R-134a  and  R-12  were  measured.  Results  show  the  correlation  of  the 
friction  factors  can  be  expressed  as  a  formula  f=c/Rem.  But  the  influence  of  roughness  can’t  be  neglected  in  the 
comparison.  The  third  series  of  specimen  were  designed  and  manufactured  in  accordance  with  the  experience 
before. 


1.  INTRODUCTION 

Refrigerants,  to  be  an  important  working  fluid,  not  only  be  used  for  the  refrigerating  cycle  in  industry,  but  also 
be  used  for  the  integrated  cooling  of  electronic  circurls  through  the  miniature  heat  exchanger  using  the 
microchannels.  It  can  be  able  to  cause  the  lower  temperature  of  surface  while  the  high  intensity  heat  was 
brought  out.  Since  the  research  of  microchannels  started  by  Tuckermann[l],  hundreds  of  papers  concerned 
appeared  in  the  past  twenty  years.  Pfahler[2]  investigated  the  behavior  of  liquid  in  extremely  small  flow 
channels  having  0.5-4.65um  deep,  95-115  pm  wide  ,  10.5-10.9pm  long  with  n-propanol  and  silicon  oil.  the 
material  of  microchannels  were  silicon  wafer.  Xin[3]  research  liquid  water  in  microchannels  having  the  900pm- 
2.7mm  deep  with  150-300pm  deep,  the  transition  Reynolds  Number  Rec,  and  formula  of  f  were  given. 
Peng[4,5,6]  did  the  research  for  microchannels  having  De=  133 — 367pm  with  cross  section  of  rectangular  & 
triangular.  The  transition  Reynolds  number  and  formula  of  f  Re  equation  were  given.  Adams[7]  did  the  research 
for  microchannels  using  water.  It  is  found  the  different  results  be  given  from  different  researchers— different 
friction  factor  f,  different  transition  Reynolds  number  ReCi  different  formula  of  the  friction  factor  f  which  were 
compared  with  the  theory  formula  obeying  the  N-S  equation.  After  our  initial  research  of  microchannels  for 
refrigerants[8],  we  continue  to  do  the  systematically  research  [9-13].  Our  schedule  about  the  research  of  fluid 
flow  and  heat  transfer  of  refrigerants  in  microchannels  includes  three  parts:  (l)Single  phase  liquid  refrigerants, 
(2)Flow  boiling  of  the  refrigerants,  (3)Super-saturatured  gas  refrigerants.  Here  is  one  of  the  first  part  in  this 
paper. 


2.  EXPERIMENTAL  APPARATUS 


Test  Loop 

Fig.l  shows  the  test  loop  of  refrigerants.  Fulling  the  liquid  refrigerants,  tank  No.l  were  the  source  of  the  system. 
Passing  through  the  dryer,  liquid  refrigerants  had  been  supercooled  through  the  first  supercooler,  then  passed 
through  the  mass  flowrate  meter  and  second  supercooler,  arrived  the  test  section.  The  mass  flowrate  of 
refrigerant  was  regulated  by  a  valve  before  the  test  section.  The  refrigerants  then  entered  the  second  tank,  the 
pressure  of  which  was  controlled  by  both  recovery  machine  and  another  regulation  valve  on  the  tank.  All  the 
liquid  refrigerants  was  entered  in  the  recovery  tank  No.3  through  the  recovery  machine  until  its  fulling  enough. 
The  position  of  Tank  No.3  would  be  changed  with  the  source  tank  No.l  if  it  was  almost  empty.  An  air 
conditioned  test  room  having  temperature  and  humidity  auto-control  had  been  built  up  for  the  test. 
Environmental  temperature  for  test  was  set  on  25°Ci0.5°C.  Test  loop  had  already  positioned  in  it  for 
minimizing  the  heat  loss/gain  during  the  test.  Sensors  of  pressure  and  pressure -difference  with  its  transmitters 
were  used  for  the  measurement  of  pressure  P  and  pressure  drops  AP  of  refrigerants  during  it  passed  through  the 
microchannels.  They  were  positioned  in  the  headers  of  inlet  and  outlet  respectively.  Sensors  of  temperature  were 
made  in  Copper/Contant  Copper  and  were  positioned  in  the  center  of  inlet/outlet  headers,  the  outside  walls  of 
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microchannels  along  the  flow  direction,  inlet/outlet  of  pressure  difference  sensor  and  outlet  of  the  supercoolers 
respectively.  HP-3852A  Data  Acquisition  System  were  used  to  get  all  the  electric  data  from  sensors  of  pressure, 
temperature  and  mass-flowrate  of  refrigerants. 


Fig.  1.  Experimental  loop  of  the  refrigerants  and  measurement  system  for  the  testing  of  microchannels 
Test  Section 

A  new  series  of  test  section  were  manufactured  specially  for  the  improvement  of  refrigerant  measurement,  see 
Fig.2,  It  consists  of  inner  core  made  of  stainless  steel  and  outside  cylinder  made  of  brass.  The  microchannels 
were  manufacturing  using  Spark-Erosion  Wire  Cutting  technique.  The  shape  of  cross  section  was  square  and 
60°  triangular.  The  materials  of  test  section  see  Table  T.  The  size  of  microchannels  see  Table  2.  Comparatively 
the  new  test  section  can  be  able  to  delete  the  phenomena  of  ‘local  collusion’  between  adjacent  channels.  Also, 
the  inlet  losses  of  the  fluid  flow  can  be  able  to  decrese.  Surface  Roughness  had  been  measured  by  Instrument 
Talysurf  5P-120.  The  roughness  was  around  2-3|im  for  the  stainless  steel  surface  using  WEDM  technique.  The 
relative  roughness  for  the  microchannels  under  test  was  around  0.3-0.75%.  The  physical  properties  of  the  liquid 
refrigerants  see  Table  3. 


1,6-header  3-brass  case  5-stainless  steel  core  9,  10-to  sensors 

2-cover  4-thermocouples  7,8-inlet/outlet  11 -electric  heater 

Fig.  2  Profile  of  the  test  section 


Table  1.  Properties  for  the  Materials  of  Test  Section 


Brass 

Stainless  steel  (lCrl8Ni9Ti) 

Density  (kg/m3) 

8500 

7800 

Coefficient  of  expansion  (lO^cmAC) 

16.4 

11.5 

Thermal  conductivity  (W/m.K) 

111 

61 

Specific  heat  (kJ/kg.  °C) 

0.385 

0.46 
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Table  2.  Dimensions  of  the  Microchannels 


Test 

section 

Shape 

Cross  section 

Distance 

between 

channels 

(mm) 

Length 

of 

channel 

(mm) 

Number 

of 

channels 

Roughness 

De(pm) 

Length  of 
side(pm) 

Absolute 

(pm) 

Relative 

(%) 

1 

400 

400 

7.5 

100 

12 

0.5-0.75 

2 

V 

400 

690 

7.2 

100 

12 

=2-3 

0.5-0.75 

3 

600 

600 

11.2 

100 

8 

0.33-0.5 

4 

V 

600 

1040 

10.7 

100 

8 

0.33-0.5 

Table  3.  Physical  Properties  of  the  Liquid  Refrigerants 


Testing  liquid 

Comparable  liquid 

R- 134a  [16] 

R-12 

Water 

Molecular  formula 

CH,F-CF3 

cci2f2 

H20 

Molecular  weight 

102.03 

120.91 

18.02 

Boiling  point(lOlkpa)  °C 

-26.22 

-29.79 

100 

Density  of  saturated  liquid 
(25°C)  (Kg/m3) 

1207 

1313 

1000 

Conductivity  (W/m.K) 

Surface  tension  (mN/m) 

8.9  (26.7°C) 

Polarity 

Yes 

No 

Moment  dipole 

2.058d  [14] 

0 

Nonabsorbable  gas  (%) 

1.05-1.5 

1.05-1.5 

>0.3-0.4 

Lubrication  oil 

No 

_ _ 

No 

Specific  heat  of  the 
saturated  liquid  (25  °C) 
(KJ/Kcr.) 

1.3895(0.5Mpa,  15°C) 

0.975 

4.18 

Viscosity  of  the  saturated 
liquid  (mpa.s) 

0.198 

0.257 

1.006 

3.  EXPERIMENTAL  RESULTS 

After  the  leakage  testing,  vacuuming  and  feeding  the  refrigerants,  start  to  the  test.  The  temperature,  pressure  and 
mass  flow  rate  were  reaching  a  steady  state.  Notice  the  time  difference  between  the  two  records  were  taken  9 
second.  Uncertainty  is  shown  in  Table  4. 


Table  4.  Uncertainty 


Equivalent 
diameter  De 

Length  of 
channel  L 

Pressure 
difference  AP 

Mass  flow  rate 
M 

Friction  factor  f 

Re 

2.5% 

0.1% 

2.0% 

1.0% 

12.6% 

3.0% 

The  correlation  between  friction  factor  f  and  Re  Number  for  fully  developed  fluid  flow  is: 


f=C/Re  W 

where  the  constant  C  was  related  to  the  shape  of  cross  section  and  type  of  fluid  flow: 

f=53. 33/Re,  for  triangular,  laminar  (Re<2200)  (2) 

f=56.91/Re,  for  square,  laminar  (Re<2200)  (3) 

f=64/Re,  for  circular,  laminar  (Re<2200)  (4) 

f=0.3 164/Re0  25,  for  turbulent  (3000<Re<2*104)  (5) 


652 


DP(KPa) 


Fig.  3.  Pressure  drops  in  the  microchannels 
having  different  position  angles  with  R12 
passing  through 


Fig.  4.  Friction  factors  in  microchannels  having 
different  position  angles  with  R12  passing 
through 
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Fig.  5.  Friction  factors  in  microchannels  with 
vertical  position  &  R12  &  R134a 
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Fig.  7.  Friction  factor  and  De=0.4mm  of 
microchannels  having  square  cross  section 
with  liquid  refrigerant  passing  through 


Fig.  6.  Friction  factors  in  microchannels  with 
horizontal  position  &  R12  &  R134a 


Re 

Fig.  8.  Friction  factor  and  De=0.4mm  of 
microchannels  having  triangular  cross  section 
with  liquid  refrigerant  passing  through 
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Fig.  9.  Friction  factors  in  microchannels  having 
the  different  shape  of  cross  section  and  the 
same  equivalent  diameter  (de=0.4)  with  the 
liquid  of  refrigerant  R12  passing  through 
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Fig.  10.  Friction  factors  in  microchannels  having 
the  different  shape  of  cross  section  and  the 
same  equivalent  diameter  (de=0.6)  with  the 
liquid  of  refrigerant  R12  passing  through 


Fig.  11.  Friction  factors  in  microchannels  having  Fig.  12.  Friction  factors  in  microchannels  having 

the  different  equivalent  diameters  with  same  the  different  equivalent  diameters  and  same 

square  shape  of  cross-section  with  the  triangular  shape  of  cross-section  with  the 


refrigerant  R12  passing  through  refrigerant  R12  passing  through 
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Fig.  13.  Friction  factors  in  microchannels  having  Fig.  14.  f*Re-Re  curve  (De=0.4mm,) 

the  different  liquid  temperature  with  the 
refrigerant  R12  passing  through 
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Fig.  15.  f*Re-Re  curve  (De=0.4mm,  Triangle) 


Fig.  16.  f*Re-Re  curve  (De=0.6mm,  Square) 


Results 

1.  The  friction  factors  of  microchannels  having  the  different  position  angles  as  a  function  of  Reynolds  number 
are  shown  in  Fig.3,4.  and  Fig.5,6.  It  should  be  notice  that  the  AP  and  f  having  the  horizontal  position  be 
smaller  than  that  of  the  vertical  position  for  refrigerant  R-12  and  R134a.  Also,  the  temperature  of  the 
microchannel  at  the  upper  position  was  a  little  bit  larger  than  that  of  the  lower  position.  Both  of  them  are  in 
the  case  of  supercooling. 

2.  The  friction  factors  of  microchannels  having  the  different  shape  of  cross  section  with  the  same  equivalent 
diameter  as  a  function  of  Reynolds  number  are  shown  in  Figs.7-10.  The  friction  factors  f  of  microchannels 
having  cross  section  of  square  shape  were  larger  than  that  of  triangular  shape. 

3.  The  friction  factors  of  microchannels  having  the  different  equivalent  diameter  with  the  same  shape  of  cross 
section  as  a  function  of  Reynolds  number  are  shown  in  figure  11,12.  The  friction  factors  f  of  microchannels 
having  the  larger  equivalent  diameter  were  smaller  than  that  of  the  smaller  equivalent  diameter. 

4.  The  friction  factors  of  microchannels  having  the  different  heat  flux  as  a  function  of  Reynolds  number  are 
shown  in  Fig.  13.  The  friction  factors  f  of  microchannels  having  the  larger  heat  flux  is  smaller  than  that  of 
the  smaller  heat  flux. 

5.  The  friction  factors  of  microchannels  passing  through  the  different  refrigerant  R134a  and  R12  with  the 
same  position  angle  as  a  function  of  Reynolds  number  are  shown  in  Fig.5,6.  The  friction  factor  f  of 
microchannels  for  R134a  were  smaller  than  that  of  the  R12  in  turbulent  zone. 

6.  The  f.Re  values  of  microchannels  having  the  different  shape  and  size  of  cross  section  as  a  function  of 
Reynolds  number  are  shown  in  Fig.  14,  15,  16.  The  correlation  of  the  f-Re  is  expressed  as: 

f=C/Rem  (6) 

where  C  and  m  are  related  to  the  shape  and  size  of  cross  section,  the  type  of  fluid  flow.  See  table  5. 
/=(Ap.De)/(0.5pu2'L),  Re=u.De/v,  De:  equivalent  diameter(m),  AP:  pressure  difference(Pa), 
p:  density(kg/m3),  u:  velocity(m/s),  v:  viscosity(Pas),  L:  length(m). 
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Table  5.  Test  Results 


Shape  of 

Equivalent 

diameter 

(pm) 

Range  of 
Re 

Transition 

Rec 

Laminar 

Fully  developed 
turbulent 

channels 

m 

C 

m 

C 

600 

400-3500 

(1400,1500) 

1.3717 

3191.1 

0.276 

1.345 

400 

400-3500 

(1500,1800) 

1.1269 

6887.2 

0.2888 

0.7991 

A 

600 

200-2500 

(1100,1500) 

1.4543 

6887.2 

0.5823 

16.759 

A 

400 

200-2500 

(1100,1500) 

1.5129 

3387.8 

0.5784 

3.1494 

The  influence  of  relative  roughness.  The  larger  the  equivalent  diameter  is,  the  less  the  relative  roughness 
is  Then  the  friction  factor  become  smaller.  Different  range  of  roughness  can  be  able  to  get  by  different 
machining  technique.  Roughness  measured  of  stainless  steel  machined  by  milling  machine  and  WEDM  were 
around  0.2um  and  2-3  pm  respectively.  Smaller  roughness  exists  for  some  smooth  surface,  for  instance,  glass, 
pyrex  and  silicon  wafer  polished.  The  friction  factor  of  theory  is  under  the  condition  of  absolute  smooth  surface 
and  obeying  the  N-S  equation.  The  results  from  our  test  show  the  friction  factors  f  is  larger  than  that  of  theory. 
But  it  is  hard  to  compare  for  the  roughness  is  larger  than  the  smooth  surface.  Since  another  specimen  o 
microchannel  having  smaller  roughness  (about  0.2pm)that  we  had  tested,  results  show  that  the  friction  factors 
were  smaller  than  that  of  the  theory[12].  So  the  comparisons  between  the  experimental  data  and  theory  data  are 
true  only  under  the  case  of  similar  roughness,  then  the  analysis  can  be  able  to  decide  whether  or  not  the  N-S 
Equation  is  correct  for  microchannels.  Also  the  transition  Reynolds  number  is  influenced  by  roughness. 

The  influence  of  mocular  properties  of  liquid.  Surface  tension,  polarity  and  contact  angle  between  die 
liquid  and  solid  surface  of  the  liquid  are  important  influence  factors.  Refrigerants  134a  are  polarity  liquid  having 
smaller  surface  tension.  See  Table  3.  It  is  assumed  the  wetting  between  the  R134a  and  metal  were  some  better 
than  the  R12  and  the  same  metal,  since  the  R12  are  unpolarity.  The  relation  between  the  high  energy  potential 
surface-metal  and  polaity  organic  refrigerant  R134a  will  be  important.  Advanced  research  should  be  continued. 
Also,  the  higher  the  temperature  is,  the  smaller  the  surface  tension  and  the  viscosity  both  for  R134a  and  R12  are. 
Then  the  friction  factor  must  be  smaller  in  accordance  with  the  temperature. 

Thp  influence  of  non-absorbable  gas  and  gavity.  During  our  experiment,,  friction  factors  of 
microchannels  having  vertical  position  were  larger  than  that  of  horizontal  position.  One  of  the  possible  reason 
will  be  the  influence  of  non-absorbable  gas  in  the  liquid.  The  percent  in  volume  at  least  0.5-1.5%  except  the  gas 
left  over  by  the  vacuuming.  Those  gas  left  over  the  upper  part  of  the  system  and  test  section  during  the  honzotal 
position.  At  the  vertical  position,  all  the  non-absorbable  gas  should  be  passed  through  the  whole  cross  section  of 
microchannels.  Two  phase  flow  were  formulated,  and  the  press  drop  will  be  larger.  Another  reason  will  be  the 
influence  of  Gravity.  The  capillarity  of  refrigerants  will  be  decrease  by  the  Gravity.  The  pressure  drop  will  be 
increasing.  But  in  the  horizontal  position  of  test  section,  capillarity  will  not  influenced  by  the  gravity.  And  the 
center  of  layer  is  more  cooled,  the  thin  layers  is  lower  than  lmm(=0.6mm).  The  driven  potential  from 
Marangoni-Benard  convection  is  possible. 

The  influence  of  test  section.  The  material  having  smooth  surface  and  small  size  will  be  needed  for  the 
comparison  between  the  experiment  and  theory  obeying  the  N-S  equation.  The  material  having  some  roughness 
surface  with  larger  size  will  be  needed  also  for  the  possible  usage  in  Engineering.  The  comparisons  between  the 
test  sections  having  the  same  roughness  is  useful. 

The  influence  of  the  possible  phenomena  of  collusion  of  liquid  between  the  adjacent  channels. 

Experiments  showed  as  the  reference  [11],  The  phenomena  of  local  collusion  of  liquid  between  the  adjacent 
channels  had  been  already  caused  the  local  decrease  of  pressure  drop.  This  phenomena  will  be  occurred 
specially  for  the  refrigerant  having  higher  pressure. 

4.  CONCLUSIONS 

1.  The  influence  of  surface  roughness  is  an  important  factor.  For  comparisons  between  the  data  of 

experimental  and  theory,  the  factor  of  relative  roughness  should  be  considered. 

2.  Under  the  same  conditions,  comparatively  the  friction  factors  of  microchannels  having  different  shape  and 
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size  of  cross-section  with  different  type  of  flow  as  a  function  of  Reynolds  Number  as: 


f=Cf/Rem 


3.  where  :  m>l  for  laminar,  m<l  for  turbulent  Cf  is  a  factor  influenced  by  the  shape  of  cross  section  of 
microchannels  and  the  flow  type.  Also,  the  transition  Reynolds  Number  from  laminar  to  turbulent  are 
smaller  than  that  of  the  normal  size. 

4.  The  friction  factors  of  microchannels  were  influenced  by  the  refrigerants.The  friction  factors  of  R  134a  were 
less  than  that  of  R12  in  the  turbulent  zone  while  they  were  similar  in  the  laminar  zone. 

5.  Comparisons  between  the  test  sections  of  new  series  and  old  series  .The  new  series  test  section  can  be  able 
to  measure  the  pressure  drops  more  precisely  and  repeatedly. 

6.  For  the  advanced  fundamental  research  the  third  series  of  test  section  using  silicon  wafer  is  necessary.  It  has 
been  designed  and  manufactured. 
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ABSTRACT.  A  new  tube-cutting  method  that  was  proven  feasible  by  experimental  results  is  adapted  to 
measure  the  pressure  and  Mach  number  distribution  along  a  microtube.  Experiments  and  computation  were 
also  performed  concerning  the  average  Fanning  friction  factor  of  five  microtubes  with  diameter  ranging  from 
80.0  to  166.6  pm .  It  is  found  that  the  pressure  distribution  in  a  microtube  became  nonlinear  at  higher  Mach 

number  and  the  product  of  measured  average  Fanning  friction  factor  Cfa  and  the  Reynolds  number  Re  is  higher 
than  16  predicted  by  Moody  chart  for  laminar  flow.  Numerical  results  show  that  the  gas  compressibility  leads 
to  a  variation  of  the  velocity  profile,  which  results  in  a  larger  velocity  gradient  at  the  tube  inner  wall  surface 
and  consequently  a  larger  friction  coefficient.  The  transition  from  laminar  to  turbulence  in  microtubes  occurs 
at  Re  «  2300,  which  is  consistent  with  the  results  in  macro  tubes. 

1.  INTRODUCTION 

Micro  channels  with  diameter  ranging  from  100  to  0.1  micrometer  have  found  applications  in  such  areas  as 
integrated  cooling  of  the  electronic  components,  micro  heat  exchangers,  biochemical  applications,  and 
microelectromechanical  systems  (MEMS),  etc..  It  is  more  than  likely  that  new  applications  will  be  found  in  the 
near  future.  Therefore,  the  study  of  microscale  heat  and  momentum  transfer  is  becoming  an  important  subject 
of  recent  investigation.  However,  the  experimental  data  reported  by  different  authors  are  not  in  accord  with 
each  other.  Wu  and  Little  [1]  measured  the  friction  factor  for  both  laminar  and  turbulent  gas  flow  in  very  fine 
channels  used  for  micro  miniature  Joule-Thomson  refrigerators.  The  equivalent  diameter  of  the  channel  is 
45.46-83 .08 pm.  The  results  showed  higher  friction  factor  than  that  expected  from  classical  Moody-Chart. 
Phafler  et.  al.  [2,3]  conducted  experimental  measurements  of  the  friction  coefficients  for  gas  flow  in 
microchannels  with  equivalent  diameter  ranging  from  0.96  to  39.7  pm .  They  observed  that  the  friction 
coefficients  were  15%  lower  than  those  predicted  by  conventional  theory.  Choi  [4]  reported  that  the  product  of 
measured  friction  factor  f  and  Reynolds  number  Re  for  gas  flow  in  microtubes,  of  which  the  inside  diameter 
ranges  from  3.0  to  81.2  pm  is  50.2-53.3,  is  lower  than  64  for  incompressible  laminar  flow.  Harley  et  al.  [5] 
conducted  experimental  and  theoretical  investigation  of  low  Reynolds  number,  high  subsonic  number  and 
compressible  gas  flow  in  trapezoid  microchannel  with  equivalent  diameter  of  15.77  pm .  The  measured  friction 
factor  was  in  good  agreement  with  the  theoretical  prediction  of  isothermal,  locally  fully  developed  gas  flow. 

Compressibility  is  an  important  influential  factor  to  the  of  gas  flow  and  heat  transfer  in  microtubes. 
Prud’homme  et  al.  [6]  and  van  den  Berg  et  al.  [7]  neglected  the  transverse  velocity  and  used  a  perturbation 
expansion  to  solve  the  isothermal ,  compressible  Navier-Stokes  equations  for  laminar  flow  in  a  circular  tube. 
For  low  Reynolds  and  Mach  number  flow,  they  obtained  a  locally  self-similar’  velocity  profile  and 
f  -  Re  remains  approximately  64.  The  heat  transfer  group  of  Tsinghua  University  conducted  some  theoretical 
and  experimental  investigations  on  the  effect  of  compressibility  for  gas  flow  and  heat  transfer  in  microtubes. 
The  analytical  results  and  numerical  simulation  presented  by  Guo  et  al.  [8,9]  showed  that  the  gas 
compressibility  affects  the  velocity  profile  not  only  in  amount,  but  also  in  shape.  The  variation  of  velocity 
profile  is  a  function  of  local  Mach  number.  Li  et  al.  [10]  performed  experiments  concerning  the  characteristics 
of  gas  flow  resistance  in  microtubes  with  diameter  of  84.7  and  144.4  pm .  The  measured  frictional  coefficients 
were  higher  than  the  classical  value  for  incompressible,  fully  developed  laminar  flow  in  macro  tubes. 

Since  no  instruments  with  fine  spatial  resolution  were  available,  most  experimental  study  on  micro  flow  were 
limited  to  the  measurement  of  global  quantities  such  as  the  mass  flow  rate,  the  inlet  and  outlet  pressures  of  the 
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microchannel  etc.  Few  researchers  got  the  pressure  distribution  although  it  is  important  for  the  study  on  the 
characteristics  of  fluid  flow  in  microchannels.  Liu  et  al.  [11]  proposed  and  fabricated  an  integrated  micro- 
channel/pressure  sensor  system  using  combined  surface  and  bulk  micromachining.  Pong  et  al.  [12]  measured 
the  pressure  distribution  along  a  micro-sized  channel  which  is  3000  (im  in  length,  1.2  pm  in  height  and  40  pm 
in  width.  They  observed  that  the  pressure  distribution  is  not  a  linear  function  of  the  streamwise  distance  and 
the  effect  of  Knudson  Number  is  obvious. 

In  this  paper,  a  new  ‘tube-cutting’  method  is  adapted  to  measure  the  pressure  distribution  along  a  microtube 
and  the  resistance  of  gas  flow  in  microtubes  are  also  experimentally  studied.  Numerical  simulation  was  also 
performed  to  analyze  the  experimental  results. 

2.  EXPERIMENTAL  PRINCIPLE 

The  basic  principle  of  the  tube-cutting  method  is  based  on  the  following  fact.  For  steady  adiabatic  subsonic  gas 
flow  in  microtubes,  the  mass  flow  rate,  G,  is  one-to-one  correspondence  to  the  back  pressure,  pb ,  when  the 
stagnation  pressure  p0  and  the  stagnation  temperature  T0are  kept  constant.  In  another  word,  the 
characteristics  of  fluid  flow  in  a  certain  microtube  can  be  determined  by  p0 ;  T0  p2  or  byp0 ,  T0 ,  G. 

The  experimental  principle  is  schemed  by  Fig  1,  in  which 
tube  1  and  tube  2  axe  microtubes  with  same  diameter  and 
material.  Dining  the  experiments,  make  the  inlet  parameters, 
p0,T0,  constant  and  adjust  the  back  pressure  of  tube  2  to 
equate  the  mass  flow  rate  of  tube  2  to  that  of  tube  1.  From  the 
above  analysis,  the  fluid  flow  in  the  part,  AM,  of  tube  1  is  the 
same  with  tube  2,  and  the  outlet  pressure  of  tube  2,  pb. ,  will 
equal  to  the  static  pressure  pM  of  the  tube  1.  In  fact,  the 
essential  of  the  tube-cutting  method  is  to  reappear  the  flow 
condition  in  section  AM  of  tube  1  using  the  shorter  tube  2. 
The  pressure  distribution  along  the  microtube  1  then  can  be 
obtained  indirectly  by  employing  several  microtubes  with 
different  length  by  this  way. 

3.  EXPERIMENTAL  APPARATUS 

The  experimental  apparatus  is  depicted  schematically  in  Fig  2.  Nitrogen  gas  flows  from  a  regulated  high- 
pressure  cylinder  into  a  buffer  chamber,  goes  through  the  test  tube  into  the  back  pressure  chamber,  then  flows 
past  the  pressure  regulating  valve  and  stationary  flow  valve,  finally  passes  through  a  flow  rate  measurement 
unit  into  atmosphere.  The  test  microtubes  were  prepared  using  glass-drawing  technology  and  were  treated  as 
smooth  tubes.  The  pressure  regulation  valve  and  stationary  flow  valve  make  it  possible  to  regulate  the  back 
pressure  of  microtubes  continually  and  steadily.  In  the  flow  measurement  unit,  the  volumetric  flow  rate  of  the 
gas  flow  is  determined  by  timing  the  exit  gas  replacing  the  water  in  a  vessel  whose  volume  was  precisely 
measured  beforehand. 


Table  1  Dimension  of  the  Microtube  for  Pressure  Distribution  Measurement 


d.iv-m) 

length  L(mm) 

108.3 

21.9 

31.2 

39.0 

47.7 

55.7  65.3  j  73.5 
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Fig.  1.  Schematic  of  experimental  principle 


Precise  knowledge  of  the  microtube  dimension  is  extremely  important  for  the  accurate  evaluation  of 
experimental  results.  The  diameter  of  the  microtube  was  measured  with  calibrated  optical  and  scanning 
electron  microscope,  and  the  results  agree  within  2.5%  of  each  other.  The  diameter  and  length  of  the  microlube 
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or  pressure  distribution  measurement  are  listed  in  Table  1,  while  the  dimensions  of  microtube  used  for  the 
measurement  of  average  characteristics  of  frictional  resistance  are  shown  in  Table  2. 


Table  2.  Diameter  and  Length  of  Microtubes 
Used  for  the  Measurement  of  the  Average 
Characteristics  of  Frictional  Resistance 


No 

di  (pm) 

L  (mm) 

1 

80.0 

31.2 

2 

108.3 

42.90 

3 

132.1 

48.0 

4 

149.3 

66.2 

5 

166.3 

61.3 

6 

449.0 

285.2 

7 

536.0 

171.6 

I.  High-pressure  nitrogen  cylinder 
3.  buffer  chamber 

5.  pressure  transmitter 
7.  test  microtube 
9. pressure  regulation  valve 

I I .  flow  rate  measurement  unit 


2.  pressure  regulator 
4.  thermocouple 
6.  precise  millivoltmenter 
8.  back  pressure  chamber 
10.  stationary  flow  valve 


Fig.  2.  Experimental  apparatus 


4.  RESULTS  AND  DISCUSSIONS 


4. 1  Calibration  Experiment 

To  verify  the  reliability  and  veracity  of  the  experimental  apparatus,  calibration  experiments  were  performed. 
Due  to  the  comparative  larger  inner  diameter  and  lower  Mach  number,  the  gas  flow  in  microtube  No.6  and 
No.7  listed  in  Table  2  can  be  regarded  as  incompressible  laminar  flow.  It  can  be  clearly  seen  from  Fig.3.  that 
the  measured  Cf  Re  agrees  well  with  that  of  incompressible,  fully  developed  laminar  flow  in  tubes,  which 
indicates  that  the  experimental  apparatus  and  data  processing  system  are  reliable. 


Re 


Fig.  3  Results  of  calibration  experiments 


Table  3.  Experimemtal  Conditions  for  the 
Pressure  Distribution  Measurement 


No. 

Stagnation 

pressure 

PoCPa) 

Stagnation 

temperature 

T0(K) 

Inlet  Mach 
number 

Hn 

1 

284130 

299.50 

0.087 

2 

383491 

299.10 

0.12 

3 

477861 

299.10 

0.14 

4.2  Pressure  Distribution  Along  the  Microtube 

The  tube-cutting  method  was  used  to  measure  the  axial  pressure  distribution  in  the  microtube  whose 
dimensions  are  listed  in  table  1.  Table  3  lists  three  different  experimental  conditions  and  Fig.4  and  Fig.5  show 
the  experimental  results.  It  is  noted  from  Fig.4  and  Fig.5  that  at  the  forepart  of  the  microtube,  the  Mach 
number  is  small  and  the  pressure  distribution  is  approximately  linear,  while  at  the  rear  part,  the  Mach  number 
increases  rapidly  and  the  pressure  distribution  manifests  different  trend  under  different  experimental 
conditions.  The  outlet  Mach  number  of  experimental  condition  No.  1  is  0.243,  so  the  pressure  drop  still  remains 
approximately  linear  due  to  lower  compressibility.  Under  the  experimental  condition  of  No.  2,  the  Mach 
number  at  the  tube  exit  is  higher  (0.439)  and  the  pressure  drop  deviates  from  linear  distribution.  In 
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experimental  condition  of  No.  3,  the  outlet  Mach  number  is  the  highest  (0.643)  and  the  effect  of  compressibility 
is  the  largest,  which  leads  to  the  largest  pressure  gradient  at  the  exit  of  the  microtube. 


(L/d)/Fte 

Fig.  4  Pressure  distribution  along  the  microtube  Fig.  5  Local  Mach  number  variation 

along  the  microtube 


To  meet  the  demand  of  simulating  compressible  gas  flow  in  microtubes,  a  revised  SIMPLER  algorithm  was 
developed  based  on  the  characteristic  of  nearly  invariable  radial  pressure  for  internal  tube  flow.  Corresponding 
to  three  experimental  conditions,  numerical  results  were  represented  by  solid  lines  in  Fig.4  and  Fig.5.  It  is 
obvious  that  the  calculation  results  agree  well  with  experimental  ones  and  then  it  can  be  concluded  that  the 
tube-cutting  method  is  feasible. 


4.3  Average  Characteristics  of  Frictional  Resistance  in  Microtubes 

Fig.6  shows  the  product  of  measured  average  Fanning  friction  factor  Cfa  and  Reynolds  number  Re  versus 
average  Mach  number  Mave  in  microtubes.  It  is  noted  that  at  lower  average  Mach  number  ( Mave  <  0.3 ),  which 
corresponds  to  lower  gas  compressibility,  Cfa  •  Re  in  microtubes  differs  little  from  that  of  incompressible  and 
fully  developed  laminar  tube  flow  and  still  remains  approximately  16;  while  at  higher  Mav;  region 
(Mavt  >  0.3 ),  the  measured  Cfa  -  Re  are  consistently  higher  than  the  classical  value  and  increases  with  the 
increasing  average  Mach  number.  For  example,  the  value  of  Cfa  •  Re  is  up  to  18  at  Mave  =  0.5 ,  which  is  12% 
higher  than  16.  It  can  be  concluded  that  the  compressibility  will  lead  to  a  higher  frictional  resistance  for  gas 
flow  in  microtubes. 
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Fig.  7  Velocity  profile  at  different  local 
Fig.  6  Frictional  resistance  for  gas  flow  in  microtubes  Mach  number 
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The  frictional  resistance  of  internal  flow  is  dominated  by  the  velocity  gradient  at  the  wall  surface  of  the  tube, 
but  the  velocity  gradient  can  not  be  determined  until  the  velocity  profile  is  known  clearly.  Therefore,  two 
dimension  model  for  compressible  gas  flow  in  a  smooth  circular  tube  was  employed  to  analyze  the 
experimental  results.  Fig.7  shows  the  dimensionless  velocity  profile  at  different  local  Mach  number,  from 
which  it  can  be  seen  that  the  velocity  profile  in  microtube  is  no  longer  parabolic,  but  a  function  of  local  Mach 
number.  The  higher  the  local  Mach  number,  the  more  the  velocity  profile  deviates  from  the  parabolic  one. 
Fig.7  shows  that  the  gas  compressibility  in  microtubes  brings  about  a  increase  of  velocity7  gradient  at  wall 
surface  and  therefore  leads  to  higher  frictional  resistance.  The  experimental  results  of  gas  flow  resistance  in 
microtubes  are  clearly  interpreted  by  numerical  simulation. 

4.4  Flow  Transition  in  Microtab  es 
Transition  from  laminar  to  turbulent  flow  in  tubes  is 
accompanied  by  a  noticeable  change  in  the  law  of 
resistance.  For  internal  micro  flow  systems,  different 
researchers  got  different  even  conflicting  results.  Wu  et 
al.[l]  and  Peng  et  al.  [13]  reported  the  early  transition 
form  laminar  to  turbulent  flow  in  microchannels,  but 
Choi  et  al.  [4]  didn’t  find  the  early  transition 
phenomenon.  To  determine  the  critical  Reynolds 
number  of  transition  from  laminar  to  turbulent  for  gas 
flow  in  microtubes,  the  experimental  results  of  Fanning 
friction  factors  versus  Reynolds  number  are  plotted  in 
Fig.8.  It  can  be  clearly  seen  that  at  Re«2300,  the 
relation  between  Cf  and  Re  changes  remarkably  which 
indicates  that  the  internal  microflow  undergo  a 
transition  from  laminar  to  turbulent  regime.  The 
numerical  value  of  the  Reynolds  number  at  which  transition  occurs  is  in  substantial  agreement  with  the  results 

in  macro  tubes. 


Fig.  8  Fanning  friction  factor  vs  Reynolds  number 


4.5  Uncertainty  Analysis 

An  approximate  analysis  of  uncertainty  was  carried  out,  using  Darcy  equation  for  incompressible  pipe  flow: 


_  _  1  1  pv 

Ap  =  4Cf  Re - 

F  f  Red  2 


(1) 


Eqn.l  can  be  arranged  as, 


C'Re“8n  G  1 


(2) 


The  independent  variables  in  the  experiments  are  mass  flow  rate,  G,  pressure  drop,  Ap ,  tube  diameter,  d ,  and 
tube  length,  1 .  The  experimental  uncertainty  of  Cf  Re  can  be  derived  using  Eqn.2, 


5(C,Re)  fgAp),  +  (45d  ,  +  a  ,  +  (3) 

(CfRe)  1  Ap  d  1  G  J 


Take  the  experiment  for  microtube  No.l  listed  in  Table  2  as  an  example,  the  relative  error  of  G,  Ap ,  d ,  1  are 
1.5%,  2%,  0. 1%  and  2%  respectively  and  the  relative  error  of  measured  Cf  Re  predicted  by  Eqn.3  is  8.4%. 


To  verify  the  veracity  of  the  above  approximate  method,  the  experimental  uncertainty  of  tube  No.l  was  also 
analyzed  numerically  by  means  of  the  method  provided  in  reference[14].  It  can  be  calculated  that  the 
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uncertainties  of  the  experimental  value  of  Cf  Re  are  8.6%~9.5%,  which  agrees  well  with  the  results  of 
approximate  analysis.  The  exactness  of  the  approximate  method  was  proven  positively  by  numerical  results. 

The  experimental  uncertainties  of  Cf  Re  for  microtubes  of  No.l~No.5  estimated  using  Eqn.3  are  8.4%,  6.5%, 
5.6%,  5.8%  and  5.7%  respectively.  It  can  also  be  deduced  from  Eqn.3  that  the  error  of  diameter  measurement 
is  the  primary  influential  factor  to  the  precision  of  experimental  results  and  the  experimental  uncertainties  are 
controlled  below  10%. 


5.  CONCLUSIONS 

1.  A  tube-cutting  experimental  method  can  be  used  to  measure  the  pressure  and  Mach  number  distribution  in 
a  microtube.  The  experimental  results  for  the  microtube  with  diameter  of  108.3  qm  indicate  that  at  the 
forepart  of  the  microtube,  the  pressure  drop  remains  approximately  linear  due  to  its  lower  Mach  number; 
at  the  rear  part,  the  pressure  drop  increases  and  deviates  from  linear  distribution  results  from  higher 
compressibility  effect. 

2.  The  product  of  the  measured  average  Fanning  friction  factor  Cfa  and  the  Reynolds  number  Re  in 
microtubes  differs  little  from  those  predicted  by  Moody  chart  when  the  average  Mach  number  is  less  than 
0.3,  whereas  it  became  larger  and  increases  with  increasing  average  Mach  number. 

3.  The  numerical  analysis  indicates  that  the  higher  frictional  resistance  for  gas  flow  in  microtubes  was 
attributed  to  the  gas  compressibility,  which  leads  to  a  shape  variation  of  the  velocity  profile  from 
parabolic,  results  in  increasing  velocity  gradient  at  the  wall  surface  of  the  tube  and  therefore  results  in  a 
increase  of  the  Fanning  friction  factor. 

4.  It  is  deduced  from  the  present  experimental  results  that  the  transition  from  laminar  to  turbulence  in 
microtubes  occurs  at  Re -2300,  which  is  consistent  with  the  result  in  macro  tubes.  The  phenomenon  of 
early  transition  in  microtubes  reported  by  some  researchers  was  not  observed  in  the  experiments. 

5.  Uncertainty  analysis  shows  that  the  inaccuracy  of  diameter  measurement  of  microtubes  dominates  the 
overall  error  of  the  experimental  results.  Extreme  care  must  be  taken  on  the  measurement  of  the  diameter 
of  microtubes. 
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ABSTRACT.  The  Kelvin-Helmholtz  instability  of  phase-change  interface  during  flow  film  condensation  in 
vertical  mini  tube  has  been  studied  by  means  of  work  or  energy  analysis.  According  to  the  interfacial  boundary 
conditions  acquired,  the  film  thinning  effect  and  the  phase  change  area  enlarging  effect  by  interfacial  waves  on 
heat  transfer  enhancement  are  analyzed  in  different  diameter  tubes.  It  is  indicated  that  in  mini  diameter  tube, 
more  obvious  heat  transfer  enhancement  due  to  interfacial  waves  can  be  expected  than  in  normal-sized  tube,  and 
the  interfacial  waves  enhance  the  heat  transfer  mainly  by  film  thinning  effect. 

The  revised  Nusselt  models,  which  take  care  the  factors  neglected  by  Nusselt,  such  as  variable  wall  surface 
temperature  and  interfacial  transport  phenomena,  are  remarkably  successful  to  predict  the  relevant  parameters  in 
traditional  industrial  fields  [1],  It  is  well-known  that,  the  heat  transfer  enhancement  of  condensation  affected  by 
phase  change  interfacial  waves  is  not  more  than  20%  if  the  shear  stress  between  liquid  and  vapor  phase  can  be 
neglected,  and  the  interfacial  waves  take  effect  only  as  Rei>20~30  [2],  However,  in  many  heat  transfer 
conditions,  the  tube  diameter  of  heat  exchangers  is  reduced  to  less  than  3~5mm,  named  as  mini  tube,  such  as 
generally  appeared  in  two-phase  flow  micro  system  or  for  conditions  of  high  heat  flux.  Analysis  on  flow 
condensation  indicated  that,  in  such  mini  tubes,  the  bend  effect  of  condensate  film  can’t  be  neglected,  which 
void  the  “plate”  approximations  in  Nusselt  theory  [3],  so  the  surface  tension  can  take  obvious  effect  on 
condensation.  Also  in  mini  tube,  the  shear  stress  on  liquid-vapor  interface  has  more  important  effect  than 
gravity.  Surely,  the  increasing  effect  of  shear  stress  and  surface  tension  will  disturb  the  condensate  film  and 
enhance  the  instability  of  the  film.  It  is  therefore  logical  to  deduce  that  the  interfacial  waves  may  have  more 
obvious  effect  on  heat  transfer  in  mini  tube  than  in  normal  scale  tube.  It  is  the  purpose  of  the  present  paper  to 
investigate  the  effect  of  interfacial  waves  on  heat  transfer  during  flow  film  condensation  in  mini  tube. 

According  to  literature  [4],  the  present  paper  assumes  the  amplitudes  of  the  waves  growing  due  to  the  Kelvin- 
Helmholtz  instability.  Occurence  of  finite  amplitude  capillary  waves  is  responsible  for  such  an  appearance.  The 
interface  waving  and  the  interfacial  boundary  conditions  are  treated  by  work  or  energy  analysis,  based  on  which, 
the  effect  of  interfacial  capillary  waves  on  heat  transfer  characteristics  of  flow  film  condensation  in  mini  tube 
are  analyzed. 


1.  ANALYSIS  ON  INTERFACIAL  WAVING 

The  saturated  vapor  flow  at  temperature  of  Ts  condensed  on  the  cooled  inside  wall  surface  of  a  vertical  mini 
tube,  formed  the  liquid  film  as  shown  in  Fig.l.  The  film  was  affected  jointly  by  gravity,  shear  stress  on  surface 
and  surface  tension  due  to  the  film  bending.  The  interfacial  waves  between  liquid  and  vapor  phases  were 
initiated  because  of  external  effects.  According  to  Kelvin-Helmholtz  instability  theory,  the  amplitude  of  the 
waves  can  be  promoted  by  the  suction  force  at  the  wave  crest,  developed  as  a  result  the  Bernoulli  effect.  In 
addition,  the  capillary  force  caused  by  film  bending  in  axial  direction  can  also  enhance  the  waving.  The 
capillary  force  caused  by  film  bending  in  radial  direction  will  restrain  the  interface  waving.  When  the  waves 
spread  to  the  tube  wall,  the  enhancement  of  condensed  film  instability  will  be  restricted  also  by  capillary 
adhesion  force  between  the  wall  and  the  fluid.  Thus,  the  waving  rules  should  be  established  by  the  equilibrium 
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of  these  forces. 


r  -r- 


Assumed:  a)  The  interfacial  waves  grow  from  the  state  of  zero 
amplitude  such  that  the  cross  sectional  area  parallel  to  the  axis  of  the 
liquid  under  the  wave  profile,  A^,  remains  constant  during  the 
growth  of  the  waves,  b)  The  pressure  drop  from  the  base  to  the  top  of 
the  liquid  lump  can  be  neglected,  c)  The  wave  profile  is  expressed  as 


cosine  function. 


where  £  and  X  are  the 


amplitude  and  wavelength,  d)  The  initial  film  thickness  5  is  thought  to 
be  constant  in  range  of  the  wavelength. 


The  work  generated  or  energy  evolved,  E(y)  by  the  forces,  F,  to 
increase  the  amplitude  of  waves,  can  be  obtained  as 


Fig.l  Physical  model 


E(y)  =  y|tFB(C)-Fs(C)}iC ,  for  8<y<28  M 

0 

E(y)  =  7k(0-Fs(C)k-2yjFw(C)bo!for  28<y<R  (1-b) 

0  5 


where  Zo  is  the  intersecting  position  of  interfacial  waves  and  tube  wall.  E(y)  >  0  indicates  that  the  system  has 
enough  energy  to  make  the  waves  grow.  E(y)  <  0 ,  the  system  doesn’t  acquire  the  ability  to  maintain  interface 
waving  increasingly.  So  E(y)  =  0  means  the  most  impossible  state  of  the  waving  interface.  The  parameters  in 


Equation  (1-a)  and  (1-b)  are  calculated  as  follows: 


From  y(z)  =  8  +  ^ 


Zo  is  given  by 
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where  X=Xe,  Amve  =8ae  if  u<5;  and  also  Amve 


=  |  y(z)lz  for  C>5,  then. 
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Because  the  wavelength  X  is  much  smaller  than  the  tube  length,  the  pressure  drop  within  the  respect  of  order  of 
wavelength  can  be  neglected,  i.e.  pa  =  pb  for  example  in  Fig.  1.  Again,  according  to  assumption  b),  pb  =  pc ,  so 
we  can  induce  from  Bernoulli  Equation: 


Fb(0  =  Pc 


(-  -  V 

f R_s  T-'l 

Uv-ui 

l  J 

(4) 


where,  uv  and  ui  are  the  average  velocity  of  liquid  and  vapor  phases  respectively. 

By  the  well-known  Young-Laplace  Equation,  we  have  the  interfacial  force  on  condensate  film  surface  as 
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F.(C)=-°* 
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Fw(C)=-ctlvcosp 
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~x2 


z=0  =  -C, — — ,  and  the  force  on  the  wall  surface  as 


(6) 


where  p  is  the  angle  between  wavy  interface  and  tube  wall,  i.e.  tgp  = 
111  y”  i 

- =  —  ; - =  — - — r—  ;  y  is  the  position  of  waving  interface  as  shown  in  Fig.  1. 

_  X?  *-  L  ,2  P'2  ]z~z0  ^ 

riw,i  K  riw,2  (l  +  y  J 

Differentiating  z0  with  respect  to  we  obtain 


dz0  = 


dX 


1  dX 
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in  which  —  can  be  determined  from  differentiating  Eq.  (3). 

dC 

The  disturbing  wavelength  AE  is  related  to  tube  diameter  and  flow  conditions.  Refer  to  [4],  we  obtain 


(-  -  V 

Uv-  Ul 


I0  (27ir,  /XB  )pG  —  o 


I0  (27tr,  /XE) 

where,  I0  is  the  Bessel  function,  r,  =  R  -  5  is  the  initial  position  of  phase  change  interface. 


(7) 


(8) 


The  condensate  liquid  film  thickness,  8,  and  average  velocity  of  liquid  and  vapor  phases,  uv  ,ui  are  predicted 
by  the  following  model  of  flow  condensation  with  smooth  vapor-liquid  interface. 

2.  MODEL  OF  FLOW  CONDENSATION  IN  VERTICAL  MINI  TUBE 

2.1  Mathematical  Model 

Neglecting  the  waves  on  liquid-vapor  interface,  inertia  term  in  momentum  equation  and  convective  term  in 
energy  equation  of  liquid  phase,  one  can  express  the  mathematical  model  of  flow  condensation  in  mini  vertical 
tube  as: 


Momentum  equation  of  condensate  film. 


13,  3u, 


dP, 

-r1  +  Pig  =  0 
dz 


(9) 


with  boundary  conditions:  r  =  R  ,  u,  =  0; 
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(10) 


3u, 

r,R_5,-11_=Ti 

x5  denotes  the  shear  stress  on  vapor-liquid  interface. 

Energy  equation  of  condensed  film. 

27tA(Ts-Tw)  drha 
ln(R/(R  -  8))  dz  lv 

Were  mi  is  the  liquid  flux  at  z,  hlv  is  the  latent  heat  of  vapor. 

Continuity  equation. 
md  mv0 

2.2  Solution  Of  The  Model 
Velocity  field  in  liquid  film. 

Combined  Eq.  (9)  and  the  boundary  conditions,  Eq.  (10)  yields: 

1  .dp,  t2  -R2  t  xs(R-8)  r 

U|  =  2|T(dr~Pl8  2  R"8  V - r^R 

Mass  flux  of  liquid  film. 

E 

riid  =  }  27irp,u,dr 

R-5 

From  energy  equation  of  condensate  film,  we  can  obtain  another  expression  of  mass  flux. 

m  -_Lj2^T«~TwI.dz 

d  h*  jLn(R/R-S) 

Average  velocity  of  vapor  flow. 

R2 

uv  =(7tR2pvuv0  -md)/[7i(R-5)pv]  = - -■ 


(R-5)2  v°  n(R -5)  pv 

Pressure  drop. 

dPv  .  2ts 
dz  Pv§  R-5 

In  small  diameter  tube,  the  bend  of  liquid  film  along  axial  direction  can  not  be  neglected  [3]. 
the  curved  vapor-liquid  interface  gives. 


Pv  “Pi  = 


R-S 


Differentiating  with  Eq.  (18)  respect  to  z  yields  the  pressure  drop  of  liquid  film 


(11) 

(12) 

(13) 

(14) 

(15) 

(16) 

(17) 

A  force  balance  for 

(18) 


668 


(19) 
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Shear  stress  on  vapor-liauid  interface  x  s 
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where  the  calculation  of  friction  factor  cf  can  be  refered  to  [5]. 


The  equations  (13)~(20)  are  solved  numerically.  At  a  certain  axial  location,  z,  the  film  thickness  8  is  calculated, 
and  in  turn  the  values  of  system  quality,  x ,  liquid  Reynolds  number,  Re[ ,  and  average  velocity  of  condensate 


,  ,  mvo-m*]  _  4md 

film,  ui ,  are  calculated  as:  x  = - ,  R^  = 


ma 


m  vo 


H,7tD  ’  U‘  PjTcJr2  -  (R  - 5)2 


.  With  smooth  vapor-liquid 


interface,  the  Nusselt  number  of  condensation  heat  transfer  at  every  step  is  obtained  by 


Nu  = 


_ 2 _ 

ln[R  /(R  -  8)] 


(21) 


3.  INFLUENCE  OF  INTERFACIAL  WAVES  ON  HEAT  TRANSFER 

Generally  speaking,  the  interfacial  wave  enhances  the  heat  transfer  by  three  kinds  of  effects  [6,7]:  the  film 
thinning  effect,  the  convection  effect  and  the  phase  change  area  enlarging  effect.  For  low  Prandtl  number  of 
liquid  film,  Pr<10,  and  low  Reynolds  number,  the  convection  effect  can  be  neglected  [6].  Therefore,  we  focus 
here  on  the  other  two  kinds  of  effects,  as  follows: 

For  every  step  A z ,  following  the  hypothesis  of  smooth  interface,  at  first,  we  determine  the  in-situ  film  thickness 
5,(z)  and  the  average  velocity  of  liquid  and  vapor  phases.  The  disturbing  wavelength  kE  can  hence  be 
calculated  form  Eq.  (8).  Utilizing  the  work  analysis  introduced  in  Part  1,  the  in-situ  interfacial  boundary 
conditions  can  be  acquired.  The  interfacial  waves  make  the  film  thickness  varying  in  range  of  the  wavelength. 
At  the  same  time,  the  waves  enlarge  the  phase-change  area.  Therefore,  the  condensation  heat  transfer  coefficient 
is  yielded  from: 
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wave 


Rln 


R  -  y(z) 


(22) 


where  k  is  the  thermal  conductivity  of  condensate  film,  ds  =  -Jl  +  y'2dz  is  the  elementary  area  of  waving 
interface.  At  different  time,  the  condensate  film  thickness  varies  between  8,(z)±C  as. 


y(z)=5,(z)  +  C  cos 


2n 


z  .  Hence,  the  Nusselt  number  with  interfacial  waves  will  be 


Nu 


wave 


2aWaveR 
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4.  RESULT  AND  DISCUSSION 

Typical  analysis  were  made  for  illustrating  the  saturated  vapor  flow  in  vertical  tube  of  i.d.  3mm  and  6mm  with 
Rev0=2200  and  the  temperature  drop  between  the  vapor  and  wall  is  taken  as  AT=5°C. 
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Figure  2  shows  the  energy  involved  to  increase  the  amplitude  varies  for  different  vapor  qualities,  x .  With 
smooth  phase-change  interface,  the  two-phase  flow  system  should  be  in  its  unsteady  equilibrium  and 
correspondingly,  the  ability  to  produce  wave  and  to  increase  the  amplitude  will  be  equal  to  zero.  Once  the 
interface  begins  to  wave,  the  suction  forces  increase  at  first,  due  to  the  narrowing  of  vapor  flow  passage,  which 
promotes  the  waving.  Subsequently,  the  surface  tension  that  restrains  the  interfacial  waves  increases  gradually. 
The  common  effect  of  the  forces  tends  to  make  the  system  realizing  a  somewhat  new  equilibrium. 

It  is  also  seen  from  Figure  2  that,  during  the  process  of  flow 
condensation,  the  interfacial  waves  become  increasingly 
enhanced  as  the  vapor  quality,  x,  decreases,  namely  the 
increase  of  liquid  Reynolds  number  Rei.  As  the  condensation 
going  on,  the  liquid  film  becoming  thicker  leads  to  the 
augment  of  liquid-vapor  interface  bending  along  axial 
direction,  so  that  the  influence  of  capillary  force  FS(Q  on  the 
interface  promotes  the  interface  waving  obviously.  Besides, 
from  Equation  (4),  a  thicker  liquid  film  means  that  the 
interfacial  waves  are  sensitive  to  the  Bernoulli  effect.  Both  of 
these  reasons  increase  the  film  instability. 

Figure  3  shows  that  the  influence  on  Nusselt  number  of  flow 
condensation  heat  transfer  with  or  without  the  consideration  of 
interfacial  waves  in  vertical  tube  of  3mm  i.d..  Even  as  the 
liquid  Reynolds  number  Rei  is  lower  to  30,  the  enhancement  of 
heat  transfer  due  to  interfacial  waves  is  still  to  be  feasible.  To  the  present  example,  in  spite  of  the  small  liquid 
Reynolds  number,  the  maximum  heat  transfer  enhancement  may  be  up  to  20%.  The  result  shows  that  in  mini 
tube,  for  specified  inlet  Reynolds  number,  Rei,  the  decrease  of  tube  diameter  increases  the  vapor  velocity  and 
exacerbates  the  bend  of  condensed  film,  with  also  lead  to  the  increasing  instability  of  liquid  film,  which  makes 
the  influence  of  interface  waving  being  obvious. 


Fig.2  Energy  involved  in  displacing  the 
wave  crest  (d=3mm) 


Fig.  3  Influence  of  interfacial  waves 
(d=3mm) 

— with  and  —without  consideration  of 
interfacial  waves 


Fig.  4  Influence  of  area  enlarging  effect 
(d=3mm) 

—  with  and  —  without  consideration  of 
interfacial  area  enlarging  effect 


Figure  4  shows  that,  neglecting  the  phase  change  area  enlarging  effect  due  to  the  interfacial  waves  hardly  has 
any  effect  on  heat  transfer.  The  results  indicate  that  at  least  in  range  of  low  liquid  film  Reynolds  number,  the 
dominating  reason  of  the  enhancement  of  heat  transfer  is  the  film  thinning  effect  due  to  the  interfacial  waves. 

The  Nusselt  number  for  flow  film  condensation  in  vertical  6mm  i.d.  tube  is  shown  in  Figure  5.  With  same  inlet 
vapor  Reynolds  number,  Revo=2200,  as  in  3mm  i.d.  tube,  the  vapor  velocity  decreases  and  hence,  weakens  the 
Bernoulli  effect.  Also,  the  larger  diameter  weakens  the  bend  of  liquid  film  and  reduces  the  effect  of  the  capillary 
forces  on  interfacial  waves.  Therefore,  comparing  with  the  flow  condensation  process  in  tube  of  3mm  m 
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diameter,  the  influence  of  interfacial  waves  on  heat  transfer  is  weakened  obviously. 


Fig.5  Influence  of  interfacial  waves 
(d=6mm) 

—  with  and  —  without  consideration  of 
interfacial  waves 


5  CONCLUSIONS 

A  work  or  energy  analysis  has  been  adopted  to  determine  the  effect  of  interface  waving  on  heat  transfer  for  flow 

film  condensation  in  a  vertical  mini  tube.  The  results  could  be  concluded  as: 

(1)  With  the  same  inlet  vapor  Reynolds  number  Revo,  as  tube  diameter  decreased,  interfacial  waves  can  appear 
even  in  very  low  film  Reynolds  number  of  less  than  30,  and  hence  more  obvious  heat  transfer  enhancement 
effect  can  be  obtained  than  in  normal  tube. 

(2)  During  the  process  of  flow  condensation,  the  interfacial  waves  become  increasingly  enhanced  as  the  vapor 
quality  x  decreases. 

(3)  In  mini  tube,  the  interfacial  waves  enhance  the  heat  transfer  mainly  by  film  thinning  effect,  the  heat  transfer 
enhancement  due  to  the  enlargement  of  interfacial  area  because  of  waves  doesn’t  play  very  important  role. 
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ABSTRACT.  Purpose  of  the  present  study  is  to  understand  the  mechanism  of  interphase  mass  transfer  between 
liquid  and  vapor  under  non-equilibrium  conditions.  The  molecular  dynamics  (MD)  simulation  is  used  to 
examine  details  of  condensation  and  evaporation  from  a  viewpoint  of  microscopic  description.  The  simulations 
are  made  for  a  monatomic-molecule  system  consisting  of  6912  argon  molecules  expressed  by  the  Lennard-Jones 
intermolecular  potential.  Velocity  distributions  of  the  leaving  molecules  from  the  liquid  surface  are  obtained  and 
the  effects  of  non-equilibrium  conditions  are  discussed.  We  found  that  the  reflection  on  die  condensing  surface 
show  differences  from  equilibrium  results  since  the  incident  molecules  have  mean  velocity  due  to  the  net  mass 
transfer  rate.  On  the  other  hand,  the  condensation  coefficient  and  the  velocity  distribution  functions  for  the 
evaporated  molecules  show  no  dependence  on  the  non-equilibrium  conditions.  Furthermore,  the  energy 
accommodation  coefficients  of  the  reflecting  molecules  are  examined  and  compared  with  each  other. 

1.  INTRODUCTION 

In  the  expression  of  an  interphase  mass  transfer  rate 
between  liquid  and  vapor,  the 
condensation/evaporation  coefficient  plays  an 
important  role  but  it  has  been  an  unknown  factor.  In 
theoretical  studies,  the  condensation/evaporation 
coefficient  has  been  considered  to  have  a  uniform 
value  irrespective  of  kinetic  motion  of  molecules. 

As  depicted  in  Fig.l,  net  evaporation  or 
condensation  rate  can  be  obtained  from  the 
difference  of  fluxes  of  molecules  moving  outward 
from  and  toward  the  liquid  surface,  provided  that 
the  velocity  distribution  functions  at  the  surface  can 
be  given  correctly.  In  general,  the  distribution 
function  of  molecules  moving  from  the  interface 
has  been  assumed  to  be  the  well-known 
Maxwellian: 


Liquid  Phase  Condensation 


Fig.  1.  Macroscopic  description  of  interphase 
mass  transfer  by  Kinetic  theory  of 
gases 


where  m  is  the  mass  of  molecule,  k  the  Boltzmann  constant,  V  the  velocity  and  ns  is  the  number  density  of 
molecules  being  equal  to  the  saturated  vapor  density  at  the  surface  temperature  Ts.  Also,  a  following  local 
equilibrium  distribution  function  in  the  bulk-vapor  phase  is  applied: 
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and  Schrage[l]  derived  a  formulation  for  the  interphase  mass  transfer  rate  for  near-equilibrium  condition  as 


m  =  C 


V2nR 


PS  Pv 

VtT  JK 


,  where  £  = 


2ac 

2-ar 


(3),  (4) 


The  condensation  coefficient  is  ^  defined  as  an  averaged  condensation  probability,  that  is,  a  fraction  of 
incident  molecules  upon  a  c  liquid  surface,  which  remain  in  the  liquid  phase.  The  remaining  fraction 
of  impinging  molecules  are  reflected.  Since  the  two  coefficients,  the  condensation  and  evaporation  coefficients, 
should  coincide  with  each  other  under  the  thermal  equilibrium  condition,  the  same  value  has  been  generally 
used  even  in  the  near-equilibrium  state  and  represented  by  the  term  of  condensation  coefficient. 


a„  =  ar 


(5) 


Later,  Labuntsov  [2,3]  revised  Schrage’s  expression  by  considering  the  non-equilibrium  effects  in  the  Knudsen 
layer  adjacent  to  the  liquid  surface  (Fig.  1),  and  proposed  a  modified  expression  instead  of  eq.  (4): 


2ac 

2-0.798ac 


(6) 


Labuntsov’s  equation  has  been  used  for  many  practical  situations  in  the  evaporation  and  the  condensation  where 
the  surface  phenomena  are  dominant  compared  with  the  internal  thermal  resistance.  However,  the  condensation 
coefficient  remains  unknown.  Then,  some  experimental  efforts  to  obtain  the  reliable  value  are  being  continued. 
For  liquid-metals  such  as  mercury  (Niknejad  &  Rose[4])  and  potassium  (Ishiguro  &  Sugiyama[5]),  values  close 
to  unity  have  been  obtained  in  the  experiments  of  the  film  condensation  heat  transfer.  On  the  other  hand,  for 
polyatomic  vapors  such  as  water,  methanol,  carbontetrachloride  and  glycerol  vapor,  values  less  than  unity  have 
been  reported  in  the  experimental  studies  using  a  dropwise  condensation  method  by  Tanaka  Hatamiya[6]  and  by 
Tsuruta  et  al.[7]  and  a  shock-tube  technique  by  Fujikawa  et  al.[8]  and  Maerefat  et  al.[9].  These  experimental 
works,  however,  were  based  on  the  Labuntsov’s  or  similar-type  equations  developed  for  the  near-equilibrium 
condition.  For  the  practical  non-equilibrium  situations  where  the  net  mass  transfer  rate  is  not  zero,  there  is  no 
material  supporting  the  same  values  between  the  condensation  coefficient  and  the  evaporation  coefficient. 

2.  BACKGROUND  ON  THIS  STUDY 

To  consider  the  interaction  between  the  vapor  molecules  and  the  liquid  surface  molecules,  we  have  investigated 
the  condensation/evaporation  coefficient  from  the  molecular  dynamics  viewpoint.  Our  previous  studies  [10-12] 
indicate  that  the  condensation/evaporation  coefficient  of  monatomic  molecules  depends  on  the  translational 
energy  of  vapor  molecules  and  the  liquid  surface  temperature.  The  results  are  shown  in  Fig.2  and  a  following 
formulation  has  been  presented  for  the  condensation  coefficient: 


r 

f  e7  Y| 

ac  =ajl-pexp 

hd 

,  where 


Ez=(l/2)mVz2 


(7) 


where  two  parameters  a  and  /3  in  Fig.2  depend  on  the  surface  temperature  Ts.  Eq.  (5)  indicates  that  the  vapor 
molecules  with  the  large  normal  component  of  translational  energy  can  be  easily  condensed.  Also,  it  is  found 
that  an  increase  of  the  surface  temperature  raises  the  reflection  probability. 

We  examined  the  molecules  leaving  from  the  surface  and  the  distribution  densities  for  the  evaporating, 
reflecting  and  all  leaving  molecules  were  compared  with  the  Maxwellian.  The  results  for  the  normal  component 
of  velocity  Vz  are  shown  in  Fig.3,  where  we  can  find  some  systematic  differences  from  the  Maxwellian.  That  is, 

although  the  velocity  distribution  density  of  all  leaving  molecules  is  consistent  with  the  Maxwellian  very  well, 
yet  the  evaporating  and  reflecting  molecules  show  different  distributions.  The  distribution  density  for  the 
evaporating  molecules  is  larger  than  the  Maxwellian  in  the  higher  velocity  region  but  smaller  in  the  lower 
velocity  region.  On  the  other  hand,  the  reflecting  molecules  show  the  larger  distribution  density  in  the  lower 
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Normal  Component  of  Translational  Energy, 
E/k  IK] 


Fig.  2.  Condensation  coefficient  of  argon 
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Fig.  3.  Velocity  distribution  density  for  120K 
surface  in  equilibrium  system 


velocity  region  and  the  smaller  density  in  the  higher  velocity  region.  It  is  easily  understood  from  a  viewpoint  of 
equilibrium  that  the  large  density  of  evaporating  molecules  in  the  higher  velocity  region  corresponds  to  the 
larger  condensation  probability  of  incident  molecules.  Since  the  Maxwellian  distribution  for  all  leaving 
molecules  is  composed  of  both  the  distribution  functions  for  the  evaporating  and  reflecting  molecules,  they  are 
expressed  using  the  evaporation  coefficient  and  the  condensation  coefficient  as  follows: 


fe  =a]l-0exd 


f  mV,2 


2kTc 


/  N3/2 

'  m 


2rckTc 


expl 


'  mV2' 


2kT. 


f,  = 


1  -  a]  1  -  P  expJ 


mV. 


2 


2kT« 


2jtkT, 


exd 


mV 

2kT. 


2^ 


(8) 


(9) 


where  V2  =  V2  +  V2  +  V2.  The  density  functions  of  velocity  distribution  for  the  evaporating  and  the  reflecting 

molecules,  Fc  and  Fr,  are  obtained  by  normalizing  their  velocity  distribution  functions.  The  densities  for  the 
surface-normal  (z-)  component  are  written  as 
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Figure  3  indicates  these  distribution  densities  are  in  good  agreements  with  the  simulation  data. 

3.  MOLECULAR  DYNAMICS  SIMULATION 


Non-Equilibrium  Simulation  Method 

By  following  the  molecular  dynamics  simulations  for  the  equilibrium  liquid-vapor  system,  a  basic  cell  of  54.8A 
x  64. 8 A  x  389  A  is  used  for  the  non-equilibrium  system.  Fig.4  shows  a  snapshot  containing  6912  argon 
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Fig.  4.  Non-equilibrium  system  of  molecular  dynamics 

molecules.  The  Lennnard-Jones  model  is  used  for  the  intermolecular  potential  and  the  periodic  boundary 
conditions  are  applied  for  all  boundaries.  To  formulate  the  non-equilibrium  system,  a  high-temperature  control 
zone  of  120K  and  a  low-temperature  control  zone  of  100K  are  located  in  the  bulk  liquid  phase.  The  molecules  in 
these  zones  are  controlled  at  different  temperatures.  The  upper  zone  is  for  cooling  and  the  lower  zone  is  for 
heating.  The  steady  state  under  the  non-equilibrium  condition  is  maintained  for  a  duration  of  5,000ps 
( 1,000,000s teps)  and  the  time-averaged  temperature  of  the  evaporating  surface  is  evaluated  as  113K  and  the 
condensing  surface  is  108K.  The  vertical  density  profile  and  the  averaged  velocity  profile  in  the  z-direction  U 
are  shown  in  Fig.4,  where  the  mean  flow  rate  of  vapor  from  the  evaporating  to  the  condensing  surface  is 
evaluated  to  be  about  17m/s.  Also,  the  numbers  of  molecules  crossing  several  horizontal  planes  during  2,500ps 
are  indicated  at  the  right  side  in  Fig.4.  The  lowest  plane  is  defined  in  this  study  as  the  evaporating  surface, 
which  has  net  evaporation  rate  out  from  the  surface.  And  the  highest  plane  is  defined  as  the  condensing  surface, 
which  has  net  condensation  rate  towards  the  surface.  The  numbers  of  reflected  molecules  are  shown  in  the 
parentheses  ( ). 


Velocity  Distributions 

The  velocity  distributions  at  the  evaporating  and  condensing  surfaces  are  examined  and  compared  with  eqs.  (10) 
and  (11)  which  are  established  under  the  equilibrium  conditions.  For  the  tangential  component  V*  and  V  ,  there 
are  no  marked  differences  from  the  Maxwellian  velocity  distributions.  For  the  normal  component  V  ,  the 
velocity  distribution  functions  of  all  leaving,  evaporated  and  reflected  molecules  at  both  surfaces  are  shown  in 


Fig.5.  The  evaporated  molecules  are  found  to  agree  well  with  the  eq.  (10)  and  all  leaving  molecules  seem  to 
have  no  marked  difference  from  the  Maxwellian  velocity  distribution  functions.  On  the  other  hand,  the  reflected 
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molecules  are  found  to  be  different 
from  the  eq.  (11)  for  the  equilibrium 
condition.  The  reflected  molecules 
on  the  condensing  surface  shift  from 
the  eq.  (11)  towards  the  higher 
velocity  region  and  those  on  the 
evaporating  surface  shift  towards  the 
lower  velocity  region.  Since  the 
incident  molecules  on  the 
condensing  surface  have  mean 
velocity  due  to  the  net  mass  transfer 
rate  under  the  non-equilibrium 
conditions,  it  is  considered  that  the 
reflected  molecules  can  not 
accommodate  to 

the  surface  molecules.  In  a  similar 
way,  the  reflected  molecules  on  the 
evaporating  surface  have  lower 
velocity  than  those  in  the 
equilibrium  conditions.  These 
indicate  that  the  informations  on  the 
non-equilibrium  conditions  are 
expressed  by  the  reflected  molecules 
and  the  characteristics  on 
condensation  and  evaporation  are 
independent  on  the  non-equilibrium 
condition.  In  other  words,  the 
velocity  distribution  functions  for 
evaporating  molecules  shown  by  eq. 
(10)  cam  be  used  to  non-equilibrium 
systems  and  the  reflecting  results 
shown  by  eq.  (11)  should  be 
modified  for  the  non-equilibrium 
system.  The  reflecting  behavior  will 
need  further  examination. 
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Fig.  5.  Velocity  distribution  functions  for  evaporating  and 
condensing  surface  of  non-equilibrium  system 


Condensation/Evaporation  Coefficient 

The  condensation  coefficients  at  both  surfaces  are  obtained  as  a  fraction  of  condensing  molecules  to  all  incident 
molecules.  In  the  similar  way,  the  evaporation  coefficients  are  obtained  as  a  fraction  of  evaporating  molecules  to 
all  molecules  departing  from  the  liquid  surface.  The  results  for  the  evaporating  surface  are  presented  in  Fig.6  as 
a  function  of  the  normal  component  of  translation  energy  and  compared  with  eq.  (7)  obtained  in  the  equilibrium 
system.  The  condensation  coefficient  agrees  well  with  eq.  (7)  but  the  evaporation  coefficient  is  found  larger  than 
eq.  (7).  The  reason  is  considered  due  to  the  decrease  of  the  incident  molecules  on  the  evaporating  surface.  This 
results  in  the  decreases  of  reflected  and  leaving  molecules.  Fig.7  shows  the  results  of  the  condensation  and 
evaporation  coefficient  on  the  condensing  surface.  As  same  as  the  evaporating  surface,  the  condensation 
coefficient  is  in  good  agreement  with  the  eq.  (7).  On  the  other  hand,  the  evaporation  coefficient  is  below  the 
curve  of  eq.  (7).  This  is  because  of  the  increase  of  the  reflected  molecules  on  the  condensation  surface.  These 
results  indicate  that  the  condensation  coefficient  defined  as  the  condensation  probability  is  independent  of  the 
non-equilibrium  condition  and  can  be  characterized  by  the  dynamics  on  the  interaction  between  the  surface 
molecules  and  the  condensing  molecules  given  by  eq.  (7).  Also,  the  evaporation  coefficient  should  be  defined  as 
the  evaporation  probability  based  on  the  Maxwellian  of  the  liquid  molecules.  The  velocity  distribution  of 
evaporating  molecules  in  the  non-equilibrium  system  is  expressed  by  eq.  (10)  obtained  in  the  equilibrium 
system. 

Although  the  velocity  distribution  of  all  leaving  molecules  are  seemed  to  show  no  marked  difference  from  the 
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Maxwellian  in  Fig.5,  it  shifts,  however,  towards  high  velocity  region  on  condensing  surface  and  towards  low 
velocity  region  on  evaporating  surface.  That  is,  by  considering  that  all  leaving  molecules  consist  of  evaporated 
and  reflected  molecules,  the  ratio  of  reflected  molecules  will  affect  the  velocity  distribution  of  all  leaving 
molecules  on  liquid-vapor  surface.  Since  there  is  small  deviation  from  the  results  of  equilibrium  at  the 
evaporating  surface,  the  decrease  of  reflected  molecules  caused  very  small  difference  for  all  leaving  molecules. 


Normal  Component  of  Translational  Energy, 
Ez/k  [K] 

Fig.  6.  Condensation  and  evaporation  coefficients  for 
evaporating  surface 


Normal  Component  of  Translational  Energy, 

Ez  /k  [K] 

Fig.  7.  Condensation  and  evaporation  coefficients  for 
condensing  surface 


Energy  Accommodation  Coefficient  of  Reflected  Molecules 

To  understand  the  behaviors  of  reflected  molecules,  the  energy  accommodation  coefficients  at  the  evaporating 
and  condensing  surfaces  are  obtained  for  each  directions,  i=x,y,z. 


a  =(E.  ,-E  . )  /(E.  -E  . ) 

i  '  m,i  ouU  in.i  s,i 


(12) 


where  E  is  the  averaged  incident  energy  of  one  reflected  molecule,  E  is  the  averaged  energy  of  one 

in,  i  OUU 

reflected  molecule  after  the  reflection,  and  E^.  is  the  averaged  energy  of  the  surface  molecule  depending  on  the 
surface  temperature.  Here,  we  can  found  from  Fig.8  and  Fig. 9  that  the  tangential  components  (i=x,y)  of 
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accommodation  coefficients  on  both  surfaces  are  closed  to  1  for  each  incident  energy  level,  but  the  normal 
components  shows  a  dependency  on  the  incident  energy.  The  curve  of  the  normal  components  of  the 
accommodation  coefficient  indicates  that  the  large  incident  energy  results  in  the  larger  accommodation 
coefficient.  Also,  the  results  of  evaporating  surface  show  larger  values  than  the  condensing  surface.  It  is  not 
possible  in  this  study  to  clarify  the  reflection  behaviors,  but  we  are  considering  that  the  collision  number  during 
the  surface  interaction  in  the  interface  zone  plays  an  important  role  in  the  reflection. 
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Fig.  8.  Accommodation  coefficient  for  reflecting 
molecules  on  evaporating  surface 
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Fig.  9.  Accommodation  coefficients  for  reflecting 
molecules  on  condensing  surface 


CONCLUSIONS 

1.  The  condensation  coefficient  of  monatomic  molecule  depends  on  its  normal  component  of  translational 
energy  and  the  liquid-surface  temperature.  It  does  not  depend  on  the  non-equilibrium  conditions  and  can 
be  applied  for  the  non-equilibrium  system.  The  evaporation  coefficient,  which  defined  as  the  evaporating 
probability  of  the  liquid  molecules,  can  be  also  expressed  in  a  similar  expression. 

2.  Velocity  distributions  of  evaporating  molecules  in  the  non-equilibrium  system  can  be  expressed  by  eq.  (10) 
obtained  in  the  equilibrium  system.  And  the  results  of  reflecting  molecules  seem  to  shift  from  eq.  (11) 
according  to  the  effect  of  the  non-equilibrium  conditions. 

3.  The  reflections  at  the  evaporating  and  condensing  surfaces  are  diffusive  reflection  for  the  surface 
tangential  direction,  while  the  energy  change  of  the  surface  normal  component  shows  different  behavior 
depending  on  the  incident  energy. 
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NOMENCLATURE 


E 

=  energy  of  molecule 

T 

=  temperature 

F 

=  distribution  density  of  velocity 

U 

=  macroscopic  velocity 

f 

=  velocity  distribution  function 

V 

=  velocity 

k 

=  Boltzmann  constant 

x,y,z 

=  coordinates 

m 

=  mass  of  molecule 

a 

=  condensation  coefficient 

M 

=  mass  flux 

a 

=  evaporation  coefficient 

n 

=  number  density 

e 

P 

R 

S 

=  pressure 
=  gas  constant 

=  pressure  ratio  of  vapor  to  surface 

a,  f 

=  parameters  of  evaporation  / 
condensation  coefficients 
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ABSTRACT.  In  present  paper  we  report  on  the  first  study  of  transient  microscale  heat  transfer  in  liquid  which 
contained  the  nature  organic  material  of  Chinese  tea  solution.  Heat  transport  by  phonons  has  been  studied  by  single 
picosecond  pulse  degenerate  four  wave  mixing  (DFWM)  technique.  The  sound  velocity  in  Chinese  tea  solution  was 
measured  as  1133.6  m/s  which  is  compared  with  the  sound  velocity  in  methanol.  The  molecules  of  Chinese  tea  can 
absorb  a  photon  and  then  relax  non-radiatively  or  radiatively  back  to  the  electronics  ground  state.  Ultrafast  laser 
induced  fluorescence  (ULEF)  at  674.  lnm  was  recorded  and  radiative  transition  for  the  Chinese  tea  molecules  was 
very  strong.  Convection  in  Chinese  tea  solution  has  also  been  studied  by  self  action  with  both  horizontal-  and 
vertical  laser  propagation  through  the  Chinese  tea  cell.  The  dependence  of  the  location  of  the  red  ULIF  on  the 
intensity  of  the  laser  beams  clearly  show  that  the  real  behavior  of  Chinese  tea  molecules  in  transient  heat  transport. 

1.  INTRODUCTION 

Transient  microscale  heat  transport  in  laser  -  liquid  heating  is  fundamental  of  chemical  analysis  and  biomedical 
diagnostics  including  destroy  tissue  by  thermal  surgery  [1,2,3].  To  understand  the  absorption  and  heating 
mechanisms  at  nanoseconds  and  shorter  the  nonlinear  optics  techniques  have  been  developed  as  novel  laser-based 
measurement  techniques.  In  present  paper  we  report  on  the  first  study  of  transient  microscale  heat  transfer  in  liquid 
which  contained  the  nature  organic  material  of  Chinese  tea  solution.  The  Chinese  green  tea  solution  was  used  as 
nonlinear  medium  as  well  as  the  liquid  for  studding  microscale  heat  transfer  at  fast  time. 

Heat  transport  by  phonons  was  studied  by  single  picosecond  pulse  degenerate  four  wave  mixing  (DFWM).  The 
sound  velocity  in  Chinese  tea  solution  was  measured  as  1133.6  m/s  which  is  compared  with  the  sound  velocity  in 
methanol.  The  physical  picture  of  this  process  is  that  two  of  the  input  beams  interfere  to  create  an  interference 
pattern  and  associated  index  of  refraction  grating.  The  third  input  beam  is  diffracted  from  this  index  grating  to 
become  the  fourth  or  signal  beam.  Non-intrusively  measured  liquid  quantities  by  DFWM  can  be  including  total 
density,  individual  species  density,  temperature,  velocity,  and  the  speed  of  sound. 

Ultrafast  laser  induced  red  fluorescence  associated  with  the  study  of  laser  induced  convection  by  nonlinear  optics 
effects  directly  provides  the  real  behavior  of  Chinese  tea  molecule  in  transient  heat  transport.  The  molecule  can 
absorb  a  photon  and  then  relax  non-radiatively  or  radiatively  back  to  the  electronics  ground  state.  Ultrafast  laser 
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induced  fluorescence  (ULIF)  at  674.  lnm  was  observed  and  radiative  transition  for  the  Chinese  tea  molecules  was 
very  strong.  The  molecule  of  Chinese  tea  absorbed  a  single  photon  should  relax  radiatively  or  non-radiatively  bake  its 
original  state  very  rapidly.  The  very  interesting  result  in  this  paper  is  that  the  dependence  of  the  location  of  the  red 
ULIF  on  the  intensity  of  the  laser  beams.  From  one  side  we  could  see  red  color  along  the  path  of  a  relatively  narrow 
column  located  the  middle  of  bottom  half  of  the  cell  while  the  intensity  of  the  laser  beam  above  a  certain  value. 

Convection  in  Chinese  tea  solution  has  been  studied  by  self-action.  We  only  consider  third  order  nonlinear  effects 
here  and  the  refractive  index  n  follows  a  kerr  law  dependence  on  intensity.  It  is  [4] 

n=no+n2  |E|2. 

The  nonlinear  refraction  coefficient  n2  is  related  to  the  third  order  susceptibility,  and  |E|2  is  the  intensity  of  the 
incident  laser  beam,  no  is  the  linear  refractive  index  of  the  nonlinear  optical  material.  If  the  intensity  |E|2  exhibits 
spatial  and  temporal  variations,  the  refractive  index  will  also  be  space-  and  time-  dependent.  This  leads  to  such 
phenomena  as  self-focusing,  self-  defocusing,  self-phase  modulation  and  multiple  rings  patterns  of  laser  diffraction. 
The  development  of  temperature  gradients  in  liquids  results  in  convective  flows  that  can  significantly  influence  heat 
transport  in  the  liquids  and  therefore  the  propagation  of  the  light  beam. 

2.  HEAT  TRANSPORT  BY  PHONONS 

Heat  transport  by  phonons  has  been  studied  by  single  picosecond  pulse  degenerate  four  wave  mixing  (DFWM) 
technique.  The  laser  source  is  an  active  and  positive  mode-locking  laser  (YG-401C,  International  Corporation).  The 
laser  pulse  repetition  rate  was  10Hz.  The  pulse  duration  of  infrared  wave  at  1.06  pm  was  42  picosecond  (ps)  and 
second  harmonic  wave  at  532  nm  from  this  laser  was  30  ps.  The  crossed  laser  pulses  make  an  optical  interference 
pattern  inside  the  sample.  The  sudden  rise  in  sample  temperature  followed  by  impulsive  thermal  expansion  generates 
counterpropagating  coherent  phonon.  The  frequency  of  coherent  phonons  is  tunable.  The  propagating  direction  of 
coherent'  phonons  is  determined  by  the  geometry  of  the  excitation  laser  beams.  The  first  step  in  the  experiment  was 
measuring -single  picosecond  pulse  transient-grating.  The  strong  phase  conjugate  (PC)  signal  was  observed.  The 
intensity  full  width  at  the  half  maximum  (FWHM)  of  the  time  delayed  PC  signal  was  15  ps.  The  second  step 
considered  here  was  measurement  of  population  grating  decay.  In  fig.  1,  stronger  beam  1  (0.44mJ)  and  beam 
3(0.68mJ)  act  as  pump  beams.  The  beam  2  which  is  much  weaker  (0.12mJ)  with  a  variable  delay  acts  as  a  probe 
beam.  At  the  beginning  the  delay  time  between  the  beam  1  and  beam  3  was  scanned  and  fix  the  micro-stage  position 
at  the  maximum  of  PC  signal.  The  time  delay  between  beam  1  and  beam  2  is  performed  by  moving  the  position  of 
M4  to  change  the  distance  between  the  M4  and  the  Chinese  tea  cell.  After  moving  the  M4,  the  direction  of  beam  2 
and  interaction  area  of  beam  1,  beam  2  and  beam  3  must  check  for  each  time  to  keep  same  accuracy  of  each 
measurement.  The  results  of  PC  signal  as  a  function  of  delay  time  between  beam  1  and  beam  2  is  shown  in  Fig.  2. 
The- decay  signal  superimposed  on  an  ultrasonic  modulation,  which  results  from  density  excursion  due  to  local 
heating.  The  time  between  maximum  and  minimum  of  PC  signal  was  1.9  ns. 

In  our  experiment  the  decay  signal  superimposed  on  a  ultrasonic  modulation  which  results  from  density  excursion 
due  to  local  heating  was  observed.  The  main  contribution  to  this  modulation  is  an  enhanced  ultrasonic  wave.  There  is 
a  strong  absorption  in  Chinese  tea  solution  on  wavelength  region  of  pump  laser.  The  crossed  pump  laser  pulses  Ei 
and  E3  make  an  optical  interference  pattern  inside  the  Chinese  tea  solution.  The  absorbed  energy  converts  to  heat  by 
fast  radiationless  relaxation,  and  a  temperature  grating  is  created.  This  sudden  rise  in  temperature  followed  by 
impulsive  thermal  expansion  generates  ultrasonic  wave.  The  grating 
pitch  is  given  by  [5]: 

L=A/sin(0/2). 

Where  X  is  the  wavelength  of  the  pump  laser  pulse  and  0  is  the  crossing  angle  of  the  pump  laser  beam.  In  our 
experiment,  X  is  532  nm  and  0  is  7°,  the  L  ~  4.36pm.  From  the  Fig.4,  it  is  ease  to  find  out  the  counter  propagating 
coherent  phonons  with  frequency  /  =  2.6x  108  Hz.  This  result  indicated  that  the  sound  velocity  in  Chinese  tea 
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solution  is  (v  =  /L)  1133.6  m/s  which  is  compared  with  the  sound  velocity  in  methanol  [5].  The  density  of  Chinese 
tea  does  not  change  instantaneously  just  after  the  excitation.  As  ultrasonic  waves  move  in  the  excitation  region,  the 
density  oscillates  in  the  excitation  region.  The  phase  conjugate  signal  should  be  modulated.  After  the  ultrasonic 
waves  go  out  of  the  excitation  region,  a  thermal  grating  remains  and  usually  decays  at  a  slow  rate  by  thermal 
diffusion.  By  solving  the  wave  equation  for  the  density  p  and  the  thermal  diffusion  equation,  we  can  obtain  the 
change  of  the  density  Ap  and  the  temperature  rise  AT. 
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Fig.l  The  geometry  of  single  picosecond  pulse  Fig.2  The  results  of  PC  signal  as  a  function  of  delay 
degenerate  four  wave  mixing  and  a  sche-  time  between  beaml  and  beam2  . 

matic  diagram  of  the  setup  for  the  meas¬ 
urement  of  the  population  grating. 

3.  THE  ABSORPTION  AND  EMISSION  SPECTRUM 

Fig.  3  shows  that  the  dependence  of  intensity  of  transmitted  beam  on  the  intensity  of  incident  beam  was  linear  and 
the  absorption  coefficient  at  532nm  was  constant  —  0.717/cm.  The  intensity  of  red  fluorescence  emitted  from  Chinese 
tea  solution  was  also  very  strong.  Fig.  4  shows  that  red  fluorescence  has  a  peak  at  674. 1  nm  with  a  base  width  =20nm 
.  The  fluorescence  decay  time  was  recorded  to  be  less  than  or  equal  to  a  few  nanoseconds  (2  to  3ns)  and  it  was 
shown  to  be  pump  beam  polarization  dependent,  i.e.,  the  emitted  red  fluorescence  is  seen  only  in  the  direction 
perpendicular  to  the  polarization  direction  of  the  exciting  laser  beam.  The  red  fluorescence  was  recorded  by  a  0.85 
meter  double  monochrometer  (SPEX  model  1404).  The  absorption  spectroscopy  for  Chinese  tea  solution  in 
methanol  was  recorded  and  it  is  shown  in  Fig.  5.  It  showed  a  broad  absorption  band  ranging  from  UV  to  IR.  There  is 
a  strong  absorption  in  Chinese  tea  solution  on  wavelength  region  of  pump  laser  which  was  second  harmonic  of 
Nd:YAG  laser  (532nm). 
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4.  CONVECTION  AND  SELF  ACTION 

Convection  in  Chinese  tea  solution  has  also  been  studied  by  self  action  with  both  horizontal-  and  vertical  laser 
propagation  through  the  Chinese  tea  cell.  A  second  harmonic  (532nm)  from  a  cw  modelocked  Nd:  YAG  laser  (Antars 
76-s)  with  70  ps  pulse  duration  was  used  as  the  light  source  in  this  experiment.  A  laser  beam  of  2.0mm  diameter  and 
0.5mrad  divergence  was  made  normally  incident  on  a  1cm  tea  cell  without  focus.  The  intensities  of  532nm  laser 
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beams  with  TEM00  were  40  W/cm2.  Ethanol  was  used  as  the  solvent  for  Chinese  tea.  The  used  concentrations  by 
weight  of  the  Chinese  tea  solution  in  ethanol  were  from  9.78  x  10 3,  and  the  best  concentration  was  found  to  be 
5.92x1 0  3.  When  the  intensity  of  the  laser  beam  was  above  a  certain  threshold  value,  I*  =  3  W/cm  ,  the  transmitted 
light  could  form  rings  on  a  screen  at  a  distance  of  3  m  from  tea  cell. 

Horizontal  Laser  Propagation  . 

A  typical  view  of  the  concentric  rings  is  shown  in  Fig.  6.  This  photograph  was  synchronously  taken  during  the  time 
of  the  laser  “turn  on”  (open  the  laser  shutter)  with  an  exposure  rate  of  0.01  s.  The  concentration  of  Chinese  tea 
solution  was  5.92xl0‘3.  Beyond  this  time  the  rings  changed  themselves  from  circular  symmetry  to  half-circular 
symmetry  very  quickly.  Fig.  7  shows  this  change  from  circular  symmetry  to  half-circular  symmetry  about  0.01  s  after 
laser  “turn  on”.  For  the  case  of  horizontal  radiation  propagation,  motion  of  the  medium  is  transverse  to  the  optical 
beam  axis.  In  the  bottom-  half  of  cell,  the  liquid  always  remains  at  rest.  In  top-half  of  cell,  heave  cold  liquid  is 
situated  above  light  hot  liquid.  If  former  moves  downward  and  the  latter  upwards,  there  is  a  release  of  potential 
energy  which  can  provide  kinetic  energy  for  the  motion.  There  is  thus  a  possibility  that  the  equilibrium  will  be 
unstable.  A  free  convection  flow  is  one  produced  by  buoyancy  forces.  Temperature  differences  are  introduced 
through  absorption  and  the  consequent  density  differences  induce  the  motion;  hot  liquid  tends  to  rise,  cold  to  fall. 
The  Chinese  tea  solution  establishes  hot  rising  region  and  cold  falling  regions  with  horizontal  motion  at  top  and 
bottom  maintain  continuity. 

Vertical  Laser  Propagation  . 

In  the  case  of  vertical  radiation  propagation  heat  transport  runs  largely  along  the  light  beam  axis.  Since  there  was  no 
motion  of  the  liquid  across  the  beam,  the  vertical  propagation  was  closed  to  the  conditions  expected  for  the  Chinese 
tea  solution  at  rest.  We  observed  that  the  transient  multiple  diffraction  rings  from  Chinese  tea  solution  can  keep  good 
circular  symmetry  for  all  time  of  investigation.  The  number  of  rings  could  be  as  many  as  sixty  to  one  handed.  The 
result  is  shown  in  Fig.  8. 


Fig.7  Typical  transient  multiple  diffraction  ring 
pattern  with  half-circular  symmetry  obse¬ 
rved  after  a  few  seconds  of  laser  "turn  on" 


Fig.8  The  transient  multiple  diffraction  rings  from 
Chinese  tea  solution  can  keep  good  circular 
symmetry  for  all  time  of  investigation  when 
laser  vertically  through  the  Chinese  tea  cell 
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5.  MOLECULAR  DYNAMICS 


Chinese  tea,  a  well  known  of  natural  organic  material,  has  been  reported  as  one  of  the  types  of  new  media  to  prevent 
cancer  from  happening.  It  is  also  known  that  Chinese  tea  has  extremely  large  third-order  nonlinearity.  Tea  as  the 
national  beverage  in  China  was  first  known  to  be  used  4000  years  ago  as  a  herbal  medicine.  The  main  component 
parts  are  basic  element  of  tea  which  can  stimulate  blood  vessel,  accumulated  blood  circulation,  stimulate  kidney  and 
help  drain  toxin.  Another  organic  molecules  include  citric  acid,  Vitamin,  aromatic  oil  and  chlorophyll,  inorganic 
component  include  Manganese  (Mn),  Fluoride  (F)  and  same  salts.  The  one  of  the  main  contributions  to  the  third- 
order  nonlinearity  in  Chinese  tea  solution  could  be  from  the  chlorophyll  molecular.  In  the  theoretical  model  used  for 
investigation,  it  has  been  assumed  that  the  tea  molecules  first  absorb  light  and  then  convert  the  absorbed  energy  to 
heat.  After  laser  pulse  arrives  heating  by  proximity  effect  will  occur.  The  thermalization  of  a  liquid  molecule  with  its 
surrounding  occurs  quickly,  typically  less  then  lOps.  The  diffraction-limited  spot  size  at  optical  wavelength  is  on  the 
order  of  several  microns.  Most  liquids  are  poor  conductors  of  heat,  and  the  thermal  energy  does  not  diffuse  far  from 
the  heated  region  during  the  short  interval  of  the  laser  pulse  and  the  relaxation  time. 

The  molecule  can  absorb  a  photon  and  then  relax  non-radiatively  or  radiatively  back  to  the  electronics  ground  state. 
Non-radiative  transitions  convert  the  absorbed  photon  into  thermal  energy,  resulting  in  heating  of  the  liquid. 
Radiative  transitions  result  in  a  photon  emission  instead  of  heating  the  molecule.  Radiative  transition  in  many 
liquids,  including  water,  always  are  negligible,  and  are  not  considered  in  their  analysis.  Consider  radiative  transition 
for  the  Chinese  tea  molecules  was  very  strong,  the  molecule  of  Chinese  tea  absorbed  a  single  photon  should  relax 
radiatively  or  non-radiatively  bake  its  original  state  very  rapidly. 

Ultrafast  laser  induced  fluorescence  (ULIF)  at  674. lnm  was  observed  in  the  1cm  tea  cell.  The  important  thing  is  the 
dependence  of  the  location  of  the  red  ULIF  on  the  intensity  of  the  laser  beams.  From  one  side  we  could  see  red  color 
along  the  path  of  a  relatively  narrow  column  located  the  middle  of  bottom  half  of  the  cell.  Fig.  9  shows  this  very 
interesting  result.  At  lower  intensity  of  the  laser  beam  the  tea  cell  was  observed  as  full  of  uniform  red  color  which  is 
shown  in  Fig.  10.  Combine  the  convection  studied  by  self-action,  these  results  provided  the  real  behavior  of  the 
Chinese  tea  molecules  in  laser-liquid  heating.  Temperature  differences  are  introduced  through  absorption  and  the 
consequent  density  differences  induce  the  motion;  hot  liquid  tends  to  rise,  cold  to  fall.  The  investigation  of  the 
tracing  of  the  molecules  in  more  detail  is  to  be  down. 


Fig.  9  Red  color  of  ULIF  along  the  path  of  a  narrow  Fig.10  At  lower  intensity  of  the  laser  beam 
column  located  the  middle  of  bottom  half  of  the  tea  cell  was  observed  as  full  of 

the  cell.  uniform  red  color. 


In  Chinese  tea  solution,  two  main  different  processes  can  give  rise  to  orientation  gratings:  alignment  of  the  molecules 
along  the  field  direction  and  distortion  of  the  molecule’s  electron  cloud  by  the  field,  both  of  which  lead  to  a  transient 
refractive-index  grating  in  the  material.  In  general,  the  effect  of  molecular  of  orientation  Kerr  effect  is  considerably 
bigger  in  magnitude  then  other  effects.  Additionally,  all  other  effects  contributed  to  Kerr  effect  essentially 
instantaneous,  with  a  time  constant  of  ~  10‘15  second.  In  our  experiment  the  duration  of  laser  pulse  is  30  picosecond. 
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The  main  contribution  to  transient  grating  in  Chinese  tea  solution  is  reorientation  of  Chinese  tea  molecules.  The 
reorientation  should  occur  in  Chinese  tea  solution  due  to  anisotropic  molecules  whose  optical  polarizability  along 
different  axes  are  unequal.  In  the  absence  of  a  field,  the  molecules  of  the  liquid  are  randomly  oriented,  and  its 
refractive  index  is  isotropic.  The  periodic  polarization  field  induces  dipole  moments  that  exert  torque  causing  the 
molecule  to  be  rotated  into  alignment  with  the  field. 

6.  CONCLUSIONS 

Transient  microscale  heat  transfer  in  liquid  which  contained  the  nature  organic  material  of  Chinese  tea  solution  has 
been  studied.  The  Chinese  green  tea  solution  was  used  in  this  work  as  nonlinear  medium  as  well  as  the  liquid  for 
heat  transfer.  Heat  transport  by  phonons  has  been  studied  by  single  picosecond  pulse  degenerate  four  wave  mixing 
(DFWM)  technique.  Ultrafast  laser  induced  fluorescence  (ULIF)  at  674.  lnm  was  recorded  and  radiative  transition 
for  the  Chinese  tea  molecules  was  very  strong.  Convection  in  Chinese  tea  solution  has  also  been  studied  by  self 
action  with  both  horizontal-  and  vertical  laser  propagation  through  the  Chinese  tea  cell.  The  dependence  of  the 
location  of  the  red  ULIF  on  the  intensity  of  the  laser  beams  related  to  the  real  behavior  of  Chinese  tea  molecules  in 
transient  heat  transport  were  discussed. 
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ABSTRACT.  Heat  transfer  from  horizontal  heater  heat-transfer  probes  submerged  in  a  fluidized  bed  of  iron 
particles  exposed  to  a  uniform  magnetic  field  collinear  with  air  flow  is  investigated  experimentally  at  ambient 
conditions.  Two  heater  heat-transfer  probes  have  been  designed,  one  for  the  measurement  of  total  heat- 
transfer  rates  and  the  other  for  the  measurement  of  local  heat-transfer  rates  at  different  angular  positions  on 
the  horizontal  cylindrical  heat-transfer  surface.  Measured  total  heat  transfer  rates  have  high  values,  and 
differences  in  the  values  for  fixed  and  stabilized  regimes  from  those  in  the  fluidized  regime  are  small.  This  is 
interpreted  as  implying  that  major  heat  transfer  occurs  by  gas  convection  and  it  is  shown  that  turbulence 
augments  the  gas  convective  heat  transfer.  This  is  also  confirmed  by  direct  measurements  with  a  strip  heater 
cylindrical  heat-transfer  probe  at  different  angular  positions.  The  mechanistic  theory  of  heat  transfer  based  on 
the  concept  of  turbulent  boundary  layer  on  the  heat  transfer  surface  developed  by  the  authors  is  found  to 
successfully  predict  the  measured  heat-transfer  rates  from  surfaces  immersed  in  magnetofluidized  beds. 

1.  INTRODUCTION 

Magnetofluidized-bed  reactors  are  of  great  practical  significance  as  pointed  out  in  the  reviews  of  Liu  et  al.  [1] , 
and  Saxena  et  al.  [2].  It  is  therefore  of  great  importance  to  understand  the  hydrodynamic  and  heat-transfer 
characteristics  of  magnetically  stabilized  fluidized  bed  reactors,  Rosen weig  et  al.  [3,  4],  A  magnetically 
stabilized  fluidized  bed  (MSFB)  is  simply  a  fluidized  bed  of  magnetic  particles  exposed  to  an  external  uniform 
time-invariant  magnetic  field  (H)  collinear  with  the  gas-flow.  As  the  gas  velocity,  Ug ,  is  increased,  the  bed 
pressure  drop  (APb )  increases  linearly  with  increase  in  Ug  until  a  velocity  U^r  is  reached,  and  the  bed  exhibits 
a  behavior  similar  to  a  fixed-bed  which  is  adequately  described  by  Carman -Kozeny  formulation.  At  Ug  =  U^ , 
the  effective  bed  weight  is  balanced  by  the  gas  drag  force  on  the  particles,  and  APb  =  W/A.  Here  W  is  the  bed 
weight  and  A  is  the  bed  cross-sectional  area.  As  Ug  is  further  increased  beyond  U^ ,  the  magnetic  particles 
start  to  align  and  arrange  themselves  along  the  magnetic  fines  of  force.  Here  H  plays  an  important  role,  and 
conventional  incipient  fluidization  behavior  relating  to  the  onset  of  bubbling  observed  for  H  =  0,  is  not 
encountered.  Instead  the  particle  rearrangement  occurs  and  causes  the  bed  to  expand  and  the  interstitial  gas 
velocity  decreases  keeping  the  bed  in  a  packed  configuration.  More  particle  ordering  is  accomplished  as  Ug  is 
increased  and  depending  on  the  value  of  H,  the  bed  arrangement  ceases  at  a  characteristic  gas  velocity  Urrt  . 
For  Ug  >  Umb ,  the  bed  exhibits  bubbling  phenomenon.  The  bed  for  Ug  values  bounded  between  Urnf  and  U,^  is 
referred  to  as  the  magnetically  stabilized  bed  (MSB).  The  bed  regime  for  Ug  >  U^  is  designated  as  MSFB  or 
partially  stabilized  fluidized  bed.  A  MSB  is  a  very  promising  state  for  technological  applications  as  it  enables 
to  combine  the  advantages  of  greater  gas  throughput  and  favorable  transport,  hydrodynamical  and  rheological 
properties  without  gas  bypassing.  The  thrust  of  this  work  is  to  investigate  the  heat-transfer  properties  of  a 
MSB. 
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Two  cylindrical  heater  heat-transfer  probes  have  been  employed  to  investigate  the  total  and  angular  heat- 
transfer  rates  from  the  surface  of  an  immersed  horizontal  cylindrical  tube  in  a  bed  of  iron  particles  fluidized  by 
air  and  exposed  to  an  uniform  constant  magnetic  field  collinear  with  the  gas  flow.  The  experiments  are 
conducted  at  ambient  conditions  of  temperature  and  pressure.  The  experimental  facility  and  procedure  for 
making  a  run  is  described  in  the  next  section. 

2.  EXPERIMENTAL  FACILITY 

The  design  details  and  dimensions  of  the  various  components  constituting  the  experimental  facility  are 
described  in  detail  in  earlier  publications  [5  -  7]  from  this  laboratory  and  hence  here  only  major  details  in  brief 
are  given.  A  45kW  single-stage,  positive  displacement,  air  -  cooled  and  flood-lubricated  rotary  screw  type  air 
compressor  in  conjunction  with  two  filters,  a  regenerative  desiccant  drier,  and  a  vertical  tank  suitably 
manifolded  with  several  gauges  and  control  valves  supplies  compressed,  filtered  and  dried  air  at  a  maximum 
rate  of  8.5  m3/  min  at  700  kPa  and  311  K,  and  is  metered  through  a  combination  of  three  rotameters.  The 
water-cooled  Helmholtz  coils  housed  in  a  Delrin  casing  having  an  inner  and  outer  diameters  of  0.358  and 
0.568  m  respectively  and  separated  by  a  gap  of  0.171  m  and  rated  for  operation  at  60V  and  15  A  can  produce  a 
uniform  and  time-invariant  magnetic-field  intensity  up  to  27,  137  A/m.  The  field  is  measured  by  a  self 
calibration  gaussmeter  connected  to  a  transverse-type  Hall  probe,  15.24  mm  in  diameter  and  58  mm  in  length. 

The  fluidization  column  is  constructed  from  a  12.5  mm  thick  transparent  Plexiglas  pipe  with  an  internal 
diameter  of  0.102  m  The  calming  section  is  0.21  m  long  and  has  a  6.35  mm  thick  air  distributor  plate  with 
nineteen  holes  of  9.53  mm  diameter  arranged  in  concentric  circles.  The  combined  height  of  test  bed  and 
freeboard  sections  is  3.5  m  and  air  enters  in  these  sections  through  a  combination  gas  distributor  plate 
comprising  of  a  12.4  mm  thick  Plexiglas  plate  having  sixty  -  one  holes  of  4.26  mm  diameter,  and  a  0.57  mm 
thick  interchangeable  brass  orifice  plate  having  sixty-one  holes  of  2.00  mm  diameter.  The  pressure  drop 
across  this  plate,  APd ,  is  found  to  vary  with  the  superficial  air  velocity,  Ug  ,  by  the  following  power-law  type 
expression: 

APd  (kPa)  =  3.03  UgL92  (m/s)  .  (1) 

The  exponent  value  suggests  that  the  flow  through  the  distributor  plate  resembles  to  that  through  an  orifice. 

A  heater  heat-transfer  probe  to  measure  the  total  heat-transfer  coefficient,  hw,  is  designed  by  Ganzha  and 
Saxena  [8]  and  is  employed  in  the  present  work.  It  is  made  by  winding  80  pm  copper  wire  over  a  22  mm 
diameter  Bakelite  rod.  It  is  held  in  position  by  glue  and  is  machined  to  a  depth  of  one  wire  radius,  and  finally 
finished  with  a  coat  of  an  electric  -resistant  varnish.  The  average  diameter  and  overall  length  of  the  finished 
heater  probe  are  22.9  mm  and  97.4  mm  respectively.  The  probe  comprises  of  three  independent  sections  of  24 
mm  length.  The  probe  is  horizontally  installed  in  the  bed  with  its  axis  at  a  distance  of  47  mm  above  the 
distributor  plate. 

The  probe  constitutes  an  arm  of  a  Wheatstone  bridge  whose  ratio  arms  comprise  of  250  and  2500  ohm 
resistors.  The  probe  is  calibrated  at  323.2  K  by  adjusting  the  resistance  of  the  fourth  arm  to  get  the  bridge 
balance.  While  measuring  hw  ,  the  power  supplied  to  the  bridge  is  varied  to  get  the  bridge  balance.  The 
current  through  the  probe  is  also  measured  and  hence  hw  is  computed  rather  easily  as  detailed  by  Ganzha  and 
Saxena  [8], 

A  second  heater  heat-transfer  probe  is  specially  designed  by  Ganzha  and  Saxena  [9]  to  measure  the  angular 
dependece  of  hw  on  the  cylindrical  surface  and  is  used  in  this  work.  The  probe  consists  of  a  cylindrical 
Bakelite  rod  of  24.9  mm  outer  diameter  and  is  96.9  mm  long.  A  slot  of  5.7  mm  width  and  1.5  mm  depth  is 
machined  on  its  surface  along  the  cylinder  length.  A  strip  heater,  prepared  by  winding  80  pm  insulated 
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copper  wire  on  a  Bakelite  strip,  is  installed  in  the  surface  slot  of  the  Bakelite  rod.  The  other  measurement 
details  are  similar  to  that  as  for  the  probe  designed  for  the  measurement  of  total  heat-trasfer  rates  from  the 
cylindrical  surface  [8]. 

The  experimental  program  involves  to  measure  hw  as  a  function  of  Ug  when  it  is  horizontally  mounted  close  to 
the  distributor  plate  (L  =  47  mm),  and  then  far  up  in  the  freeboard  of  the  fluidization  column,  L  =  2.7  m.  In 
each  case,  measurements  are  taken  as  a  function  of  Ug  for  three  angular  positions  of  the  strip  heater  obtained 
by  rotation  around  its  axis.  These  are:  (a)  the  strip  heater  is  located  at  the  stagnation  point  (0°  position)  , 
equatorial  region  (90°  position) ,  and  downstream  region  (180°  position) .  Next,  the  probe  is  mounted  in  a  bed 
of  iron  particles  and  hw  measurements  are  repeated  as  for  the  case  with  no  particles.  For  the  probe  of  Fig.  2A, 
hw  measurements  are  taken  as  a  function  of  Ug  and  H.  The  specific  results  and  their  implications  are  discussed 
in  the  next  section. 


3.  RESULTS  AND  DISCUSSION 

The  measured  hw  values  as  a  function  of  Ug  for  the  iron  particle  bed  and  for  six  values  of  H  are  shown  in  Fig. 
1.  At  H  =  0,  the  conventional  fluidized-bed  behavior  is  observed,  viz.,  hw  increases  linearly  with  Ug  until 
is  reached  when  a  sudden  increase  in  its  value  occurs  due  to  bed  fluid- 


Fig.  1.  Variations  of  hw  with  increasing  Ug  and  H  for  the  iron  bed. 


ization,  and  hw  approaches  to  an  approximately  constant  value  for  larger  Ug  values,  Botterill  [10]  .  For  all  H 
values,  the  hw  variation  can  be  understood  in  terms  of  three  regimes,  Saxena  et  al.  [2].  For  Ug  <  ,  the  fixed 

-  bed  regime  prevails  and  hw  increases  slowly  with  increase  in  Ug  .  For  Umf  <  Ug  <  ,  hw  values  increase 

with  increase  in  Ug  of  about  the  same  magnitude  as  in  the  fixed-bed  regime.  For  Ug  >  ,  the  bubbling 

regime  characterized  by  extensive  particle  movement  brings  about  a  rapid  increase  in  hw  values  with  increase 
in  Ug  and  hw  approaches  towards  a  maximum  value  as  Ug  is  further  increased;  similar  to  a  conventional 
tabbing  fluidized  bed  [10]. 

To  understand  the  mechanistic  detailes  of  the  heat-transfer  process,  one  very  important  feature  to  note  in  the 
results  of  Fig.  1  is  that  the  differences  in  the  hw  values  in  the  fixed-  and  stabilized-bed  regimes  from  that  in  the 
fluidized-bed  regime  are  not  very  significant,  (about  20%).  This  implies  that  the  gas  convection  component 
responsible  for  the  heat  transfer  process  is  a  major  contributor  to  the  heat-transfer  process,  and  particle 
convection  component  is  relatively  insignificant  under  these  conditions,  Saxena  [11].  Further,  the  large  hw 
values  would  suggest  that  the  gas  flow  at  the  heat-transfer  surface  is  highly  turbulent.  On  the  other  hand, 
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calculations  of  Reynolds  number  based  on  probe  diameter  (22.9  mm)  for  velocities  of  Fig.  1  reveal  its  variation 
in  the  range  about  2,000  -  3,500  only.  This  would  imply  that  the  presence  of  particles  and  the  gas  dispersion 
system  (gas-distributor  plate)  adopted  in  these  experiments  is  augmenting  turbulence  in  the  gas  flow.  To 
establish  this  conclusively  the  second  probe  is  employed  to  conduct  special  experiments  which  are  detailed 
below. 

This  second  probe  is  capable  of  measuring  hw  at  different  angular  positions  on  the  surface,  Saxena  et  al.  [9]. 
Three  positions  have  ben  examined  in  this  work.  Position  0°,  refering  to  the  upstream  region  around  the 
stagnation  point;  position  90°,  refering  to  the  equatorial  region;  and  position  180°,  refering  to  the  downstream 
region.  In  Fig.  2  are  reported  the  hw  measurement  results  for  the  three  positions  (0°,  90°  and  180°).  In  Fig. 
2A,  hw  values  refer  to  bed  of  iron  particles  with  probe  axis  at  a 


Fig.  2.  Variation  of  hw  with  Ua  at  different  angular  positions. 

distance  of  47  mm  above  the  distributor  plate.  Figure  2B  refers  to  an  empty  column  (no  particles)  with  probe 
at  the  same  location  as  in  data  of  Fig.  2A,  and  Fig.  2C  also  refers  to  an  empty  column  but  the  probe  is  located 
at  a  distance  of  2.7  m  above  the  distributor  plate. 

The  heat-transfer  rates  are  largest  for  the  equatorial  position  in  the  presence  of  bed  (Fig.  2A).  The  significant 
point  to  note  here  is  that  hw  values  are  insignificantly  different  in  the  fixed  and  fluidized  states.  For  the  fixed 
and  the  initial  fluidized  state,  hw  in  the  upstream  region  around  the  stagnation  point  are  larger  than  the 
corresponding  values  in  the  downstream  region.  The  two  sets  of  values  are  almost  the  same  in  the  fluidized 
state  at  higher  Ug  values.  The  cap  of  defluidized  solids  at  the  180°  position  keeps  the  heat-transfer  rates 
smaller  than  those  at  0°  and  90°  positions;  Saxena  et  al.  [12],  However,  the  rates  increase  as  the  solids  are 
fluidized.  hw  values  are  higher  for  the  fluidized  state  than  for  the  fixed-bed  state.  The  air  pocket  at  0° 
position  keeps  the  hw  values  smaller  than  that  at  90°  position  but  these  hw  values  are  greater  than  at  180° 
position,  highlighting  the  significance  of  turbulence  in  the  air  pocket  and  in  the  upstream  region  ,  in  general 
[12,  13], 
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To  disentangle  the  role  of  bed  particles  as  a  source  of  turbulence  and  to  evaluate  the  contribution  of  gas 
convection  to  the  heat-transfer  rate,  experiments  have  been  conducted  in  an  empty  column  with  no  particles 
and  the  probe  located  at  the  same  distance  from  the  distributor  plate  with  the  results  presented  in  Fig.  4B.  The 
hw  values  at  all  the  three  positions  increase  with  increase  in  Ug  ,  the  rate  of  increase  being  largest  for  the 
region  around  the  stagnation  point.  Further,  hw  values  for  the  0°position  are  also  the  largest,  and  the  values  at 
the  90°  position  are  larger  than  at  the  180°  position.  These  results  are  in  agreement  with  those  reported  in  the 
literature  for  relatively  larger  Reynolds  number  [14].  The  relatively  larger  values  of  hw  around  the  stagnation 
point  are  attributed  to  enhanced  local  turbulence  than  at  90°  and  180°  positions.  A  comparison  of  hw  values  of 
Figs.  2A  and  2B  is  interesting  from  the  viewpoint  of  discriminating  the  contribution  of  gas  convection  and 
particle  convection.  However,  in  this  comparison  it  is  necessary  to  note  that  in  Fig.  2A,  the  probe  surface  is 
exposed  to  interstitial  gas  velocity  while  in  the  case  of  Fig.  2B  to  the  superificial  gas  velocity.  For  rough 
comparison  the  bed  voidage  may  be  taken  as  0.5  so  that  Ug  values  in  Fig.  2A  must  be  reduced  by  50%  while 
comparing  with  the  values  in  Fig.  2B. 

A  comparison  of  this  nature  reveals  that  at  0°  position,  the  two  cases  of  Figs.  2A  and  2B  are  almost  the  same. 
This  is  because  at  the  stagnation  point,  a  gas  pocket  engulfs  the  probe  and  particles  play  only  an  insignificant 
role.  In  the  equatorial  region,  a  similar  comparison  reveals  that  paritcles  play  a  very  important  role  as  a 
source  of  turbulence  and  thereby  almost  augmenting  the  heat-transfer  rate  by  a  factor  of  2  to  3.  The 
downstream  wake  region  hw  values  also  indicate  the  significant  role  of  particles  as  a  source  of  turbulence  in  as 
much  as  the  heat-tranfer  rates  for  the  fixed-  and  stabilized-  bed  regimes  are  about  twice  as  large  as  in  the  case 
without  particles. 

The  hw  data  of  Fig.  2C  are  taken  primarily  with  the  goal  to  disentangle  the  role  of  distributor  plate  as  a  source 
of  turbulence  in  the  air  stream  flowing  past  the  heat-transfer  probe.  It  is  expected  that  any  turbulence  created 
by  the  distributor  plate  in  the  gas  stream  will  almost  subside  by  the  time  it  reaches  the  probe  located  at  L  =  2.7 
m  At  all  the  three  positions,  hw  values  are  much  smaller  at  L  =  2.7  m  than  at  L  =  47  mm.  This  clearly 
established  the  important  role  of  the  distributor  plate  as  a  significant  source  of  turbulence  for  the  gas  stream 
This  is  not  difficult  to  visualize  as  each  orifice  shoots  a  gas  jet  with  a  velocity  more  than  40  times  the 
superficial  gas  velocity.  These  jets  will  interact  with  each  other  to  create  a  turbulent  flow. 

The  heat-transfer  coefficient  at  the  stagnation  point  under  the  assumption  that  the  flow  is  almost  laminar  is 
correlated  by  the  following  relation  [15]: 

hw  =0.806kg(2Ug/vD),2Pr°'\  (2) 

for  0.1  <  Pr  <  10.  Pr  for  the  experimental  conditions  of  this  work  is  0.71.  The  experimental  and  computed  hw 
values  are  compared  in  Table  1.  The  experimental  values  are  always  greater  than 

Table  1.  Experimental  and  Calculated  hw  (W/m2.  K)  Values  at 
the  Stagnation  point  for  L  =  2.7  m 


Ug  (m/s)  0.65 

1.0 

2.0 

3.0 

3.8 

h*  (cal.)  36.7 

47.5 

64.5 

79.0 

88.9 

h*  (exp.) 

65.0 

70.1 

79.0 

90.0 

97.6 

the  theoretical  values  and  the  agreement  improves  as  Ug  increases.  The  maximum  disagreement  of  about  40  % 
reduces  to  less  than  10  %  at  the  highest  gas  velocity.  Part  of  the  disagreement  may  be  attributed  to  the 
turbulences  in  the  incoming  gas  stream  while  flowing  through  the  column. 
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4.  CONCLUDING  REMARKS 


The  analysis  and  interpretation  of  total  and  angular  measured  heat-transfer  coefficients  have  shown  that  the 
gas  convection  component  of  the  heat -transfer  coefficient  in  the  experimental  data  reported  here  have  played  a 
major  role  as  compared  to  the  particle  convective  component.  This  is  because  of  the  turbulence  created  in  the 
gas  flow  by  the  presence  of  particles  and  the  design  of  the  gas  distributor  plate.  Ganzha  et  al.  [16]  developed  a 
heat-transfer  model  for  large  particle  fluidized  beds  in  which  the  gas  convective  component  is  computed  under 
the  assumption  of  a  turbulent  boundary  layer  at  the  heat-transfer  surface.  The  results  of  their  mechanistic 
theory  have  been  simplified  by  Ganzha  and  Saxena  [8]  to  apply  for  the  present  case  in  the  following  form: 

hw  =(kg/dp)(0.116Rea8+5.67).  (3) 

Computed  values  of  hw  form  the  above  relation  are  compared  with  the  experimental  values  as  a  function  of  Ug 
in  Fig.  3.  The  agreement  is  considered  good  and  a  confirmation  to  the  concept  of 


Fig.  3.  Comparison  of  experimental  and  calculated  hw  values. 

turbulent  augmented  gas  convection  heat-transfer  in  magnetofluidized  beds  as  the  major  contributor  to  the 
total  heat-transfer  rate. 

The  applicability  of  the  above  hw  expression  is  for  the  fixed-  and  magnetically  stabilized-  bed  regimes  for  Ug 
values  bounded  by  Umb .  It  is  proposed  to  estimate  Un*  by  the  semi-theoretical  expression  proposed  by  Ganzha 
and  Saxena  [17]. 

The  experimental  values  determined  from  the  measurements  of  bed  pressure  drop,  APb,  as  a  function  of 
decreasing  Ug  by  adopting  the  procedure  of  Saxena  and  Shrivastava  [5]  are  listed  in  Table  2  as  a  function  of  H. 
Also  indicated  in  this  table  are  the  calculated  Un*  values  from  the 

Table  2.  Comparison  of  experimental  and  calculated  Umb  (m/s)  values 

H,  A/m  0  1,842  2,575  3.302  4,048  5,662 

Uni,  (exp.)  1.26  1.35  1.56  1.76  1.95  2.21 

Uni,  (cal.)  —  1.33  1.51  1.66  1.83  2.06 

expressions  of  Ganzha  and  Saxena  [17].  The  agreement  between  computed  and  experiemtnal  values  is  good 
and  the  accuracy  of  the  Ganzha  and  Saxena  [17]  correlation  is  estimated  as  better  than  10%. 
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NOMENCLATURE 


A  ,  bed  cross-sectional  area,  tn2 

dp  ,  average  particle  diameter,  m 

D  ,  probe  diameter,  m 

hw  ,  heat-transfer  coefficient,  W/m2.  K 

H  ,  magnetic-field  intensity.  A/m 

kg ,  gas  thermal  conductivity,  W/m  K 

L  ,  length  of  either  a  bed  section  or  total  bed,  m 

Pr  ,  Prandtl  number,  dimensionless 

Re ,  Reynolds  number,  dimensionless 

Ug ,  superficial  gas  velocity,  m/s 

Umb  ,  superficial  minimum  bubbling  gas  velocity,  m/s 

Ujrf ,  superficial  minimum  fluidization  gas  velocity,  m/s 

W ,  weight  of  the  bed,  N 

Greek  Symbols 

APb ,  bed  pressure  drop,  N/m2 
APd ,  distributor  pressure  drop,  N/m2 

v,  kinetic  gas  viscosity,  m2/s 

Acronyms 

MSB,  magnetically  stabilized  bed 

MSFB,  magnetically  stabilized  fluidized  bed 
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ABSTRACT.  The  drag  reduction  of  a  water  flow  with  new  drag  reducing  surfactants  (mixture  of  amine  oxide 
nonionic  type  surfactants  and  imidazolium  betaine  amphoteric  type  surfactants)  which  were  selected  as 
environmentally  acceptable  drag  reducing  additives  was  investigated  experimentally.  The  flow  resistances  of  the 
water  flow  with  two  kinds  of  surfactants  were  markedly  reduced  as  compared  with  that  of  a  water  flow  with  only 
amine  oxide  under  the  conditions  of  cold  water  and  hot  water  supplies,  respectively.  The  heat  transfer 
enhancement  experiments  were  carried  out  using  spring  coil  which  was  inserted  in  the  test  circular  tube  as  a 
turbulence  promoter.  As  a  result,  it  was  observed  that  heat  transfer  coefficient  of  the  water  flow  with  N-stearyl- 
NN-dimethylamine  oxide  using  the  spring  coil  increased  up  by  about  four  times  as  compared  with  that  without 
the  spring  coil.  Useful  non-dimensional  correlative  equations  for  flow  resistance  and  heat  transfer  were  derived 
by  various  non-dimensional  parameters. 


1.  INTRODUCTION 

Recently,  a  flow  drag  reduction  effect  by  the  addition  of  polymers  or  surfactants  into  a  water  flow  in  a  pipe  has 
been  used  for  an  effective  thermal  energy  transport  system.  This  flow  drag  reduction  effect  is  generally  called 
‘Toms  effect”.  The  Toms  effect  is  caused  by  addition  of  a  small  quantity  of  polymers  or  surfactants  to  a  water 
whose  flow  condition  is  turbulent  in  a  pipe.  It  is  expected  that  a  flow  rate  is  increased  and  a  pumping  power  is 
reduced  in  a  water  transportation  system  by  using  these  additives.  It  is  said  that  the  drag  reduction  in  a  turbulent 
flow  is  caused  by  suppressing  the  occurrence  and  development  of  turbulent  vortexes  by  means  of  a  deformation 
of  polymer  thread  in  a  water  flow  [1]. 

On  the  other  hand,  some  kinds  of  the  surfactants  make  a  rod-like  micelle  with  the  connection  of  spherical 
micelles  in  water  [2].  For  example,  these  are  Cetyltrimethylammonium  Bromide,  Dodecyltrimethylammonium 
Chloride,  mixture  of  N-oleyl-NN-dihydroxyethylamine  oxide  (OHAO)  and  2-lauryl-N-carboxymethyl-N- 
hydroxyethyl  imidazolium  betaine  (MOHAOLB),  mixture  of  N-behenyl-NN-dimethylamine  oxide  (BMAO)  and 
2-lauryl-N-carboxymethyl-N-hydroxyethyl  imidazolium  betaine  (MBMAOLB)  or  N-stearyl-NN-dimethylamine 
oxide  (SMAO).  As  a  result,  the  rod-like  micelle  has  the  same  function  as  the  polymer  thread.  If  MOHAOLB, 
MBMAOLB  or  SMAO  is  added  to  water,  it  is  more  suitable  for  domestic  hot  and  cold  water  transportation 
systems  as  compared  with  the  polymer  solution.  It  is  the  reason  that  the  rod-like  micell  of  surfactants  in  a  water  is 
broken  easier  than  the  polymer  thread  by  a  stronger  mechanical  shearing  force,  it  is  easy  for  the  broken  micelle 
structure  to  recover  in  a  weak  shearing  force  flow.  The  use  of  a  water  solution  with  surfactants  is  limited  by 
temperature  of  water  solution,  since  there  is  the  optimum  temperature  range  of  making  the  rod-like  micelle 
structure. 

The  purpose  of  this  study  is  to  investigate  the  drag  reduction  of  a  water  flow  with  MOHAOLB,  MBMAOLB,  and 
also  the  heat  transfer  enhancement  experiments  of  a  water  flow  with  SMAO  were  carried  out  using  spring  coil 
which  was  inserted  in  the  test  circular  tube  as  a  turbulence  promoter. 
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2.  DESCRIPTION  OF  TEST  SURFACTANTS  AND  EXPERIMENTAL  METHOD 


2.1.  Test  Surfactant 

C2H40H 

I 

R  —  N  — »  O 


CzHtOH 

CH3 

I 

R  —  N— »  0 


CH4 

CH3 

I 

R  —  N  -»  O 


CH3 


N  —  CH2 

II  +1 

RC—  NCH2 

\ 

CH2CH2OH 

ch2coo 


N-oleyl-NN-dihydroxyethylamine  oxide 
R :  CH3(CH2)7CH=CH-(CH2)8- 
MW  :  371 

N-behenyl-NN-dimethylamine  oxide 
R  :  CH3(CH2)2I- 
MW  :  369 

N-stearyl-NN-dimethylamine  oxide 
R  :  CH3(CH2)17- 
MW:  313 

2-lauryl-N-carboxymethyl-N-hydroxyethyl  imidazolium  betaine 
R:  CH3(CH2)10  — 

MW  :  326 


Fig.  1.  Molecular  formulas  of  surfactant 
3.  EXPERIMENTAL  APPARATUS  AND  PROCEDURE 


Fig.  2.  Schematic  diagram  of  experimental  Fig.  3.  Cut  view  of  test  section  for  heat 

apparatus  transfer  experiment 

Schematic  diagram  of  experimental  apparatus  [3]  for  drag  reduction  and  heat  transfer  measurements  is  presented 
in  Fig.  2.  The  present  experimental  apparatus  consisted  of  three  parts,  that  is  a  test  section  for  flow  and  heat 
transfer  measurement,  a  centrifugal  pump  as  fluid  circulation  power  source,  and  a  test  fluid  circulation  pipe  line. 
Test  fluid  temperature  in  a  storage  tank  was  controlled  by  circulating  brine  cooled  with  a  refrigerator,  and  its 
temperatures  were  measured  with  T  type  thermocouples  at  the  inlet  and  outlet  of  the  test  section  pipe.  Six  pieces 
of  stainless  steel  and  polyvinyl  chloride  circular  tubes  (inside  diameter  d  =  16  mm,  length  L  =  2  m)  were  used  as 
the  test  section  for  flow  resistance  experiment  of  MOHAOLB  water  solution  and  MBMAOLB  water  solution.  An 
entrance  section  was  equipped  at  the  inlet  of  each  test  section  tube  in  order  to  obtain  a  full-developed  flow 
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velocity  in  a  pipe.  The  pressure-losses  in  the  axial  direction  of  test  tube  were  automatically  recorded  with  a 
differential  pressure  transmitter  that  connects  two  pressure  taps  mounted  on  the  inlet  and  outlet  of  test  section 
tube.  The  measuring  accuracy  of  pressure  measuring  system  was  estimated  within  ±  3  %  in  consideration  of 
measuring  accuracy  of  the  differential  pressure  transmitter. 

The  cut  view  of  the  test  section  tube  for  heat  transfer  experiment  of  SMAO  water  solution  is  shown  in  Fig.  1 .  The 
copper  tube  (inside  diameter  d  =  30  mm,  outside  diameter  do  =  32  mm,  length  L  =  2  m)  was  used  for  the  heat 
transfer  experiment.  The  heating  part  on  the  copper  tube  was  divided  into  12  sections  in  the  flow  direction.  The 
manganese  wire  electric  heater  insulated  with  glass  fiber  was  used  at  each  heating  section.  A  constant  wall 
temperature  condition  on  heating  surface  was  obtained  by  controlling  an  electric  input  power  of  each  heater.  The 
heating  surface  temperature  Tw  in  each  section  was  measured  by  T  type  thermocouple  buried  in  a  groove  (depth 
0.5  mm,  diameter  0.5  mm)  at  the  middle  of  each  heating  section.  For  the  purpose  of  reducing  the  heat-loss  and 
protecting  the  test  section,  a  heatproof  asbest  rope  with  glass  fiber  and  urethane  foam  thermal  insulating  material 
was  covered  on  each  electric  heater.  As  a  result,  the  heat-loss  from  the  heater  to  the  environment  could  be  reduced 
within  a  maximum  of  4.6  %  against  total  transmitted  heat.  The  average  heat  transfer  coefficient  a  of  each  heating 
surface  on  the  circular  tube  was  calculated  from  Eq.  (1). 


n  .=1 


Q. 

ATi-Si 


(1) 


In  this  equation,  the  Q;  is  the  net  heat  transmitted  to  the  test  fluid  at  each  heater  section  (each  electric  input  power 
Qhi  -  heat-loss  Qi, ).  The  AT,  is  the  temperature  difference  between  each  heating  surface  temperature  Tw'  and  bulk 
temperature  of  the  test  fluid.  The  Sj  means  each  heating  surface.  Subscript  i  refers  to  each  heating  surface 
element.  The  n  is  a  number  of  heating  section  (n  =  10). 

The  flow  drag  measurement  of  MOHAOLB  water  solution  was  carried  at  the  tube  inlet  test  fluid  temperature  of  5 
°C  and  15  °C  for  various  MOHAOLB  concentrations  and  mean  velocities.  The  flow  drag  measurement  of 
MBMAOLB  water  solution  was  carried  at  the  tube  inlet  test  fluid  temperature  of  80  °C  for  various  MBMAOLB 
concentrations  and  mean  velocities.  The  heat  transfer  coefficient  measurement  of  SMAO  water  solution  was 
performed  at  a  constant  inlet  test  fluid  temperature  of  60  °C  and  constant  tube  wall  temperature  of  62  °C  and  at  a 
constant  inlet  test  fluid  temperature  of  80  °C  and  constant  tube  wall  temperature  of  82  °C  for  various  SMAO 
concentrations  and  mean  velocities. 


4.  EXPERIMENTAL  RESULTS  AND  DISCUSSIONS 


Drag  Reduction  Behavior  in  Pipe 

MOHAOLB  water  solution.  The  relationships  between  pipe  friction  coefficient  X  and  the  modified  Reynolds 
number  Re’  of  water,  OHAO  water  solution  and  MOHAOLB  water  solution  in  the  test  section  (inside  diameter  d 
=  16  mm)  are  shown  in  Fig.  4  and  Fig.  5  for  various  MOHAOLB  concentrations  (Cc)  at  the  inlet  test  fluid 
temperature  of  15  °C  and  5  °C.  In  Fig.  4  and  Fig.  5,  the  modified  Reynolds  number  Re’  was  calculated  from 
Equation.  (2)  that  meant  a  Non-Newtonian  behavior  of  OHAO  water  solution  and  MOHAOLB  water  solution  . 


Re'=  81*11 


(2) 


In  the  case  of  Newtonian  fluid  where  n  =  1,  Eq.  (2)  is  reduced  to  the  ordinary  Reynolds  number  Re.  As  in  a 
Newtonian  fluid,  the  friction  factor  of  a  laminar  pipe  flow  and  in  a  turbulent  pipe  flow  are: 


Re' 


X  =  0.3 164  Re'  * 

which  are  presented  as  solid  lines  in  Fig.  4. 


(3) 

(4) 
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Fig.  4.  Relationship  between  X  and  Re’  of  Fig.  5.  Relationship  between  X  and  Re’ 

MOHAOLB  water  solution  of  MOHAOLB  water  solution 

(t  =  15  °C,  d  =  16  mm )  (t  =  5  °C,  d  =  16  mm ) 

The  results  in  Fig.  4  reveal  that  the  pipe  friction  coefficients  X  of  both  OHAO  water  solution  and  MOHAOLB 
water  solution  show  a  good  agreement  with  the  theoretical  prediction  in  Eq.  (3)  in  a  laminar  flow  m  the  range  of 
Re’  <  1800.  On  the  other  hand,  the  data  of  X  of  OHAO  water  solution  in  the  range  of  Re’  >  3789  are  in  good 
agreement  with  the  Blasius  resistance  formula  (Eq.  (4))  in  a  turbulent  flow.  While,  the  data  of  X  of  MOHAOLB 
water  solution  coincide  with  the  theoretical  prediction  (Eq.  (3))  in  a  laminar  flow. 

On  the  other  hand,  the  data  of  X  of  MOHAOLB  water  solution  in  the  range  of  Re’  >  12496  are  in  good  agreement 
with  the  Blasius  resistance  formula  (Eq.  (4))  in  a  turbulent  flow.  This  behavior  of  MOHAOLB  water  solution 
could  be  explained  by  the  fact  that  the  pipe  flow  was  laminarized  by  the  suppression  of  an  occurrence  and  a 
development  of  turbulent  vortexes  by  means  of  deformation  of  a  rod-like  micelle  structure  of  MOHAOLB  in  a 
water  solution.  A  decreasing  rate  of  Xcto  Re’  becomes  smaller  with  an  increase  in  Re’.  Moreover,  the  value  of  Xc 
approaches  to  the  minimum  one  as  the  Re’  increases. 

Consequently  the  data  of  Xc  increase  suddenly  with  increasing  of  Re’  over  the  minimum  one.  Finally,  the  data  of 
Xc  approach  to  the  Blasius  resistance  formula  (Eq.  (4))  in  a  turbulent  flow.  This  behavior  of  Ac  could  explained 
by  the  fact  that  disappearance  of  Toms  effect  was  caused  by  destroying  a,  rod-like  micelle  structure  of 
MOHAOLB  in  a  water  solution  by  a  strong  mechanical  shear  force  in  the  large  Re’  numbers. 

The  friction  drag  for  MOHAOLB  in  which  the  amine  oxide  was  mixed  with  amphoteric  surfactant,  was  reduced 
further  than  the  only  amine  oxide.  From  Fig.  4,  in  case  of  15  °C,  OHAO  lOOOppm  showed  the  drag  reduction  by 
the  maximum  of  55%.  However,  it  was  improved  up  to  71%  by  adding  the  amphoteric  surfactant  of  600ppm.lt  is 
seen  from  the  data  in  Fig.  5  that  the  drag  reduction  for  OHAO  at  lOOOppm  increased  by  maximum  of  5~%. 
However,  it  was  improved  up  to  70%  by  adding  the  amphoteric  surfactant  of  600ppm. 

MRMAOLB  water  solution.  The  relationships  between  X  and  Re’  of  BMAO  water  solution  and  MBMAOLB 
water  solution  in  the  test  section  (inside  diameter  d  =  16  mm)  are  shown  in  Fig.  6  for  BMAO  2000ppm  and 
MBMAOLB  3200ppm  at  the  inlet  test  fluid  temperature  of  80  °C.  Two  solid  lines  in  Fig.  6  refer  to  the  theoretica 
prediction  in  Eq.  (3)  and  the  Blasuis  resistance  formula  in  Eq.  (4)  for  a  turbulent  flow,  respectively. 

In  this  figure,  it  is  found  that  the  friction  pipe  coefficients  X  of  both  BMAO  water  solution  and  MBMAOLB  water 
solution  show  good  agreement  with  the  theoretical  prediction  in  Eq.  (3)  m  a  laminar  flow  in  the  range  of 
Re’<800.  The  data  of  X  of  BMAO  water  solution  agree  with  the  Blasius  resistance  formula  of  Eq.  (4)  in  the  range 
of  Re’  >  1800  While,  the  data  of  X  of  MBMAOLB  water  solution  are  in  good  accordance  with  the  theoretical 
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prediction  of  Eq.  (3)  in  a  laminar  flow. 

On  the  other  hand,  the  data  of  X  of  MBMAOLB  water 
solution  in  the  range  of  Re’  >  212100  are  in  good 
agreement  with  the  Blasius  resistance  formula  of  Eq.  (4) 
in  a  turbulent  flow.  The  value  of  X  approaches  to  the 
minimum  one  as  the  Re’  increase.  Consequently,  the  data 
of  X  increase  suddenly  with  increasing  of  Re’  over  the 
minimum  one.  Finally,  the  data  of  X  approach  to  the 
Blasius  resistance  formula  of  Eq.  (4)  in  a  turbulent  flow. 
This  behavior  of  MBMAOLB  water  solution  is  explained 
by  the  same  reason  of  MOHAOLB  water  solution  above- 
mentioned. 

The  friction  drag  for  the  only  amine  oxide  could  be 
reduced  by  mixing  the  amphoteric  surfactant.  From  Fig.  6, 
it  is  seen  that  the  flow  drag  reduction  for  BMAO  2000ppm 
reached  the  maximum  of  10%.  However,  it  was  improved 
up  to  83%  by  adding  the  amphoteric  surfactant  of 
1200ppm. 


Fig.  6.  Relationship  between  X  and  Re’  of  the 
MBMAOLB  water  solution  (t  =  80  °C, 
d  =16  mm) 


Heat  Transfer  Characteristics  in  a  Pipe  Flow 

SMAO  water  solution.  Referring  to  heat  transfer  coefficient  measurement  of  SMAO  water  solution,  the 
relationship  between  Nu/Pr’1/3  and  Re’  in  a  tube  diameter  of  d  =  30  mm  is  shown  in  Fig.  8. 
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Fig.  7.  Spring  coil  for  heat-  transfer  enhancement 
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Fig.  8.  Relationship  between  Nu/Pr’ m  and  Re’ 
of  SMAO  water  solution  (d  =  30  mm ) 
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Fig.  9.  Rate  of  increase  of  heat  transfer 

coefficient  in  inserting  the  spring  coil 


From  the  data  in  Figs.  8  and  9,  the  heat  transfer  coefficient  for  the  case  in  which  the  spring  coil  (Fig.  7)  was 
inserted  in  the  tube  as  a  turbulence  promoter  increase  by  four  times  as  compared  with  one  without  the  spring  coil. 
From  Fig.  10  and  Fig.  1 1,  it  is  elucidated  that  the  friction  drag  for  the  insertion  of  spring  coil  increase  markedly. 
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Fig.  10.  Relationship  between  X  and  Re 

of  SMAO  water  solution  (d  =  30  mm ) 


Fig.  11.  Rate  of  increase  of  frictional  drag 

coefficient  in  inserting  the  spring  coil 


5.  CONCLUSIONS 

From  measuring  results  of  the  drag  reduction  and  heat  transfer  characteristics  of  water  solution  with  four  kinds  of 

surfactants  OHAO,  MOHAOLB,  BMAO  and  MBMAOLB  the  following  conclusions  are  obtained. 

(1)  Flow  drag  reductions  of  MOHAOLB  and  MBMAOLB  water  solutions  were  measured  for  pipe  inside 
diameter  d  ranging  from  16  mm.  The  coefficient  of  pipe  frictions  X  for  both  water  solutions  showed  a  good 
agreement  with  the  theoretical  prediction  in  a  laminar  pipe  flow,  while  they  were  reduced  as  compared  with 
those  of  water  in  a  turbulent  flow. 

(2)  In  the  case  of  cold  water  (5~15°C),  the  use  of  OHAO  was  effective.  In  the  case  of  hot  water  (60~80°C),  the 
use  of  surfactant  of  BMAO  was  effective.  When  those  amine  oxides  were  mixed  with  the  amphoteric 
surfactant,  the  friction  drag  for  mixture  of  amine  oxide  and  amphoteric  surfactant  was  reduced  to  a  great 
extent  as  compared  with  that  for  the  only  amine  oxide. 

(3)  The  heat  transfer  coefficient  for  the  SMAO  surfactant  by  using  the  spring  coil  in  the  tube  increased  by  four 
times  as  compared  with  that  without  the  spring  coil. 

NOMENCLATURE 


d  :  inside  diameter  of  pipe,  K  :  pseudoplastic  viscosity,  n  :  index  number  or  number  of  heating  section,  Nu  : 
Nusselt  number,  Pr’  :  modified  Prandtl  number,  Q  :  heat.  Re’  :  modified  Reynolds  number,  S  :  heating  surface,  T 
:  temperature,  V  :  average  flow  velocity  in  pipe,  a  :  heat  transfer  coefficient,  p  :  density,  X  :  coefficient  of  pipe 
friction. 
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ABSTRACT.  The  techniques  of  enhancing  tubeside  heat  transfer  have  been  studied  extensively.  However,  the 
reports  of  research  concerned  with  the  combination  of  two  different  techniques,  termed  compound  enhancement 
are  very  limited  in  the  literature.  In  this  paper,  the  experimental  results  of  compound  enhancement  of  tubeside 
heat  transfer  with  combination  of  spirally  corrugated  tubes  and  twisted-tape  inserts  are  presented.  The  test  facility 
for  the  experiments  and  the  experimental  method  are  described.  The  experiments  are  conducted  for  the  spirally 
corrugated  tubes  and  the  twisted-tape  inserts  respectively,  and  for  the  combination  of  spirally  corrugated  tubes 
with  the  twisted-tape  inserts.  Experiments  are  performed  with  air  in  the  fully  developmental  turbulent  region 
(Re=104-105).  Large  volumes  of  experimental  data  are  presented  in  the  paper.  Empirical  correlations  are 
developed  in  the  form  of  convenient  use  for  heat  exchanger  application.  Performance  evaluation  are  given  for 
spirally  corrugated  tubes  and  twisted-tape  inserts,  and  for  the  combination  of  spirally  corrugated  tubes  with 
twisted-tape  inserts. 


1.  INTRODUCTION 

In  the  process  and  energy  source  industries  the  configuration  usually  thought  of  when  heat  exchanger  is 
considered  is  the  venerable  shell-and-tube  type  with  one  working  fluid  flowing  inside  the  tube  and  another 
flowing  outside  usually  with  cross-flow.  Tubeside  heat  transfer  has  a  lower  coefficient  compared  with  the  cross- 
flow,  and,  therefore,  tubeside  heat  transfer  enhancement  is  usually  required  for  improvement  of  the  performance 
of  heat  exchanger. 

A  great  deal  of  experimental  studies  have  been  devoted  to  the  enhancement  of  tubeside  heat  transfer.  And  many 
types  of  tubeside  heat  transfer  enhancement  technique  have  been  developed.  Two  types  of  tubeside  heat  transfer 
enhancement  device,  i.e.  spirally  corrugated  tubes  and  twisted  tape  inserts,  being  utilized  extensively  in  the 
process  and  energy  source  industries  have  been  reported  in  the  literature.  Spirally  corrugated  tubes  have  been 
shown  to  have  several  advantages  over  other  rough  surfaces  such  as:  (1)  easy  fabrication,  (2)  limited  fouling,  and 
(3)  higher  enhancement  in  heat  transfer  rate  compared  with  the  same  increase  in  friction  factor.  Twisted  tapes  are 
one  of  the  simplest  among  the  various  enhancement  devices  and  can  be  fabricated  in  any  moderately  equipped 
workshop. 

Tubeside  heat  transfer  coefficient  can  reach  at  most  2.0-2. 3  times  the  bare  tube  value  by  using  any  single  devices 
of  tubeside  enhancement.  In  many  cases  higher  tubeside  heat  transfer  coefficient  is  required  for  the  balance  of  the 
thermal  resistances  on  both  tube  and  shell  sides,  or  for  the  compactness  of  heat  exchangers,  or  for  there  safe 
operation.  As  mentioned  by  Bergles[l]  and  Balaras[2],  two  or  more  of  the  enhancement  techniques  may  be 
utilized  simultaneously  to  produce  an  enhancement  larger  than  that  produced  by  only  one  technique.  The 
simultaneous  use  is  termed  compound  enhancement. 

The  reports  of  the  studies  on  the  compound  enhancement  of  tubeside  heat  transfer  are  very  limited  in  the 
literature.  Therefore,  the  compound  enhancement  of  tubeside  heat  transfer  by  simultaneous  use  of  spirally 
corrugated  tubes  and  twisted  tape  inserts  in  turbulent  air  flow  is  investigated  in  the  present  study  to  examine  if 
there  exists  a  product  or  overlapping  effect  of  each  technique. 
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2.  EXPERIMENTAL  APPARATUS 


The  schematic  drawing  of  the  experimental  circuit  assembly  is  shown  in  Fig.l.  The  apparatus  is  an  air-to- water 
heat  exchanger  of  double  tube  type,  as  mentioned  in  [3].  Heated  air  by  an  electrical  heating  device  5  flows 
through  the  test  section,  i.e.  the  tube  side  of  the  heat  exchanger  8,  from  an  air  compressor  1,  which  is  followed  by 
an  airtank  2  to  obtain  stable  flow  conditions.  The  flow  rate  is  controlled  by  valve  3  and  measured  by  two  turbine 
meters  4  in  parallel.  The  test  section  follows  an  stabilized  section  7  and  a  mixing  chamber  6  and  is  followed  by 
another  mixing  chamber.  Heated  air  is  cooled  in  the  test  section  by  cooling  water  which  is  supplied  to  the  annulus 
side  of  the  heat  exchanger  by  a  centrifugal  pump  11.  The  water  flow  rate  is  measured  with  a  turbine  flow  meter 
which  follows  the  pump.  Passing  through  the  heat  exchanger  water  is  directed  to  the  cooling  tower  9  and  water 
tank  10  and  then  circulated  in  the  loop. 


Fig.l.  Experimental  apparatus 

Air  temperature  is  measured  with  calibrated  Chromel-Constantan  thermocouples  of  0.5  diameter  installed  at  the 
inlet  and  the  exit  of  the  test  section  and  with  precision  mercury  thermometer  having  0.1  °C  minimum  graduation 
installed  at  the  mixing  chambers.  Water  temperature  is  measured  by  mercury  thermometers  with  0. 1  C  minimum 
graduation  located  at  the  inlet  and  outlet  of  the  annulus  side  of  the  heat  exchanger.  Pressure  taps  are  located  at 
either  ends  of  the  test  section  and  at  the  air  flow  rate  meter  nearby,  and  connected  to  the  U-tube  or  inclined 
manometer  for  measurement  of  the  pressure  drop  and  static  pressure. 

The  estimated  uncertainties  in  the  present  study  are  8.4  percent  for  the  measurement  of  friction  factor  and  8.7 
percent  for  the  measurement  of  heat  transfer  coefficient,  respectively. 

The  spirally  corrugated  tubes  for  the  investigation  all  have  single-start  corrugation.  Six  tubes  have  about  1810”™ 
length  with  37mm  ID,  whose  dimensions  are  listed  in  Table  1.  The  dimensionless  corrugation  height  h/Di,  varies 
from  0.0317  to  0.0539,  and  the  corrugation  pitch  to  height  ratio,  p/h,  ranges  from  9.41  to  16.89.  That  is  in  the 
usual  use  region.  A  smooth  tube  is  experimented  also  in  the  tests  for  comparison. 

Three  twisted  tapes  with  1850mm  length,  1.0nun  thickness  and  twisted  ratio  Y  of  2.46,  3.54  and  5.16,  respectively, 
are  investigated  in  this  study. 

In  order  to  establish  the  flow  pattern,  a  steady-flow  entrance  section  of  1200“™  length  having  the  same  internal 
configuration  as  test  section  is  provided  upstream  of  the  test  section  (  See  Fig.l  ). 
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Table  1.  Tube  Dimensions  for  Present  Tests 


Tube  No. 

D0 

mm 

D, 

mm 

h 

mm 

P 

mm 

H/Dj 

p/h 

1 

39.92 

36.95 

1.22 

20.6 

0.0330 

16.89 

2 

39.97 

37.01 

1.60 

20.9 

0.0432 

13.06 

3 

40.05 

37.13 

2.00 

21.1 

0.0539 

10.55 

4 

40.12 

36.97 

1.53 

16.0 

0.0414 

10.45 

5 

40.22 

37.09 

1.71 

16.1 

0.0461 

9.41 

6 

39.87 

36.92 

1.17 

16.0 

0.0317 

13.68 

S 

39.95 

37.12 

0 

0 

0 

0 

3.  EXPERIMENTAL  PROCEDURE  AND  DATA  REDUCTION 

Experimental  procedures  were  described  in  [3]  in  detail.  Smooth  tube  tests  for  heat  transfer  and  pressure  drop 
were  conducted  initially.  The  results  were  compared  with  the  existing  equations,  which  were  used  to  examine  the 
experimental  apparatus.  And  then,  the  experiments  for  spirally  corrugated  tubes,  or/and  twisted  tape  inserted  were 
performed. 

Heat  transfer  studies  were  carried  out  with  the  heated  air  flowing  inside  the  tubes  being  the  heating  medium  of  the 
heat  exchanger  in  the  range  of  Reynolds  number  from  104  to  105.  The  inlet  temperature  of  the  air  into  the  test 
section  was  maintained  at  the  value  of  about  150°C.  Data  acquisition  was  conducted  under  steady-state  condition. 
Heat  transfer  rates  Q  were  determined  by  the  enthalpy  drops  of  the  air  in  the  test  section  which  generally  agreed 
with  the  values  calculated  from  the  enthalpy  rises  of  the  cooling  water. 

The  overall  heat  transfer  coefficient  Kj,  based  on  the  internal  heat  transfer  area  Aj  ,was  calculated  by  equation 


Kj  =Q/(AjAT) 


(1) 


On  the  other  hand  Kj  could  be  expressed  as 

1/Kj  =l/aj  +(RW  +Rf  +l/a0)(Aj  /A0)  (2) 

Under  the  assumption  of  constant  physical  properties  and  maintaining  the  constant  mass  flow  rate  of  water  in 
annulus  side  of  the  heat  exchanger,  the  annulus-side  heat  transfer  coefficient  could  be  considered  to  be 
constant.  Therefore,  the  tubeside  heat  transfer  coefficient  ai  was  obtained  from  seperating  or  and  a*,  from  K; 
using  iterative  method  with  constant  value  of  ( Rw+R  f ). 

The  isothermal  pressure  drop  experiments  were  conducted  at  ambient  temperature.  The  tubeside  pressure  drop 
data  of  the  test  section  were  presented  in  terms  of  friction  factor,  f,  versus  tubeside  Reynolds  number  Re,  defined 
as 


f  =(Ap/4)(L/Dj)(pu2/2)  (3) 

4.  RESULTS  AND  DISCUSSIONS 

Experimental  results  of  friction  factor  and  heat  transfer  for  the  twisted  tapes  inserted  in  smooth  tube  are  shown  in 
Fig.2.  For  smooth  tube  Blasius  formula  for  friction  factor 

fs  =0.079  Re-0'25  (4) 

and  Kays  and  Crawford  formula[4]  for  heat  transfer  coefficient 

Nus  =0.022 Re0  8  Pr05  (5) 
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fit  our  data  quite  reasonably  as  seen  in  Fig.2.  The  experimental  results  show  that  the  twisted  tape  insert  with 
twisted  ratio  of  Y=2.5  has  a  value  of  heat  transfer  coefficient  1. 9-2.0  times  that  of  smooth  tube  (Nu/Nus=l. 9-2.0) 
and  a  value  of  friction  factor  4.4~5.5  times  that  for  smooth  tube  (f/fs=4.4-5.5). 
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Fig  2  Data  and  correlations  of  friction  factor  (a)  and  Nusselt  number  (b)  for  twisted  tapes  inserted  in 
smooth  tube.  1  -Y=5 . 16;  2-Y=3 .54;  3-Y=2.46;  4-smooth  tube 

The  result  of  friction  factor  and  heat  transfer  for  the  twisted  tapes  inserted  in  smooth  tube  had  been  correlated  with 
convenient  Equs. 

f  =1.61Re_034(H/Di)“a55  (6) 

Nu  =  0.06  Re 0  79  Pr0  4(H/Di)'a26  (7) 

with  deviation  not  exceeding  i  10  and  i.  1  percent,  respectively [5]. 

The  experimental  results  of  spirally  corrugated  tubes  are  shown  in  Fig.3  for  friction  factor  and  heat  transfer. 
Spirally  corrugated  tubes  have  higher  value  of  heat  transfer  coefficient  and  of  friction  factor  than  that  of  smooth 
tube,  depending  on  the  values  of  h/D; ,  p/h  and  Reynolds  number.  In  the  test  ranged  of  h/D, ,  p/h  and  Re  in  the 
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Fig.  3.  Data  and  correlations  of  friction  factor  (a)  and  Nusselt  number  (b)  for  spirally  corrugated  tube. 

Curves  represent  Tube  No.  In  Table  1:  l-No.6;  2-No.2;  3-No.4;  4-No.5;  5-No.S 


present  study,  Nu/Nus  and  f/fs  vary  from  1.8  to  2.3  and  from  2.8  to  7.1,  respectively.  Experimental  data  for 
spirally  corrugated  tubes  had  been  correlated  with  Equs.  (8)  and  (9)  for  friction  factor  and  heat  transfer[5]  with 
deviation  not  exceeding  +  10  and  ±  6  percent,  respectively. 


f  =  5.28  Re^1 1  (h  /  D;  )°'92  (p  /  h)-0'53 

(8) 

Nu  =  0. 15  Re078  (h  /  D;  )017  (p  /  h)"a2° 

(9) 

Performance  evaluation  had  been  conducted  using  the  method  similar  to  Webb[6]  and  mentioned  by  Zhou[7]  to 
calculate  the  increase  ratio  in  heat  transfer  rate,  Q/Qs  ,  for  equal  pumping  power  and  heat  transfer  area  (  P/Ps=l 
and  A/As=l  ),  and  the  reduction  ratio  of  heat  transfer  area.  A/ As  ,  for  equal  heat  transfer  rate  and  pumping  power 
(  Q/Qs  =1  and  P/Ps  =1  ),  and  the  decrease  ratio  in  pumping  power  ,  P/Ps  ,  for  equal  heat  transfer  rate  and  heat 
transfer  area  (  Q/Qs  =1  and  AJAS=1  )  compared  with  smooth  tube01.  But  one  criterion  of  the  Q/Qs  for  A/As=l  and 
P/Ps  =1  will  be  given  in  the  present  paper. 

It  was  found  out  that  for  the  twisted  tapes  inserted  in  smooth  tube  the  performance  evaluation  criterion  Q/Qs 
showed  little  difference  for  the  twisted  ratios  Y=2.5  and  Y=3.5,  and  had  a  value  varying  from  1.25  to  1.15  in  the 
range  of  Reynolds  number  from  104  to  105.  And  the  twisted  tape  insert  with  Y=5.2  had  a  value  of  Q/Qs  around 
1.15-1.1.  Spirally  corrugated  tubes  had  a  higher  value  of  criterion  Q/Qs  •  For  the  range  of  h/D;=0.03-0.04  and 
p/h=10.5-17,  spirally  corrugated  tubes  gave  a  value  of  Q/Qs  varying  between  1.45and  1.3  in  the  range  of  Re  from 
104  to  105. 

The  experiments  had  been  performed  for  compound  enhancement  of  spirally  corrugated  tubes  with  twisted  tape 
inserts[3].  Some  of  the  experimental  results  for  friction  factor  f,  Nusselt  number  Nu  and  criterion  Q/Qs  are  shown 
in  Fig.4.  It  was  found  out  that  the  compound  enhancement  gave  higher  performance  in  lower  Reynolds  number 
region,  Re=104-3xl04,  than  that  in  higher  Reynolds  number  range,  e.g.  Re=8xl04-105.  In  lower  Re  region 
compound  enhancement  offered  a  value  to  tubeside  heat  transfer  coefficient  3. 2-3. 7  times  that  of  smooth  tube,  i.e. 
Nu/Nus=3.2-3.7,  and  a  value  about  1.6-1. 8  to  the  performance  criterion  of  Q/Qs  ,  20-30  percent  higher  than  that  of 
the  spirally  corrugated  tube.  But  the  ratio  of  Nu/Nus  reduced  to  2.9-3.2  for  Reynolds  number  from  8xl04  to  105 
and  Q/Qs  fell  to  the  level  similar  to  the  spirally  corrugated  tube  value. 


ca) 


Fig.  4.  Friction  factor  f ,  Nusselt  number  Nu  and  criterion  Q/Qs  vs  Re 

—  —  Smooth  tube; - Spirally  corrugated  tube  No.2;  AAAA  Twisted  tape  (  Y=3.54  ) 

inserted  in  the  spirally  corrugated  tube  No.2 

The  influence  of  geometric  parameters  of  spirally  corrugated  tube  in  the  test  range  on  the  performance  criterion 
Q/Qs  for  the  compound  enhancement  seemed  not  significant,  especially  for  the  lower  Reynolds  number,  e.g. 
Re=104-3xl04.  But  the  twisted  direction  of  the  twisted  tape,  along  or  counter  to  the  ridge  direction  of  the  spirally 
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corrugated  tube,  gave  more  significant  effect  on  the  values  of  f/fs  ,  Nu/Nus  and  Q/Qs  in  the  whole  region  of 
Reynolds  number  from  Re=104  to  Re=105,  as  seen  in  Fig.  5. 


Fig.  5.  Friction  factor  f,  Nusselt  number  Nu  and  criterion  Q/Qs  vs  Re 

—  -  Smooth  tube; - Spirally  corrugated  tube  No.6;  AAAA  and  ▲▲▲▲  Twisted  tape  ( Y=3.54 ) 

inserted  in  the  spirally  corrugated  tube  No.6  with  counter  to  and  along  the  ridge  direction,  respectively 

The  results  of  friction  factor  and  heat  transfer  for  compound  enhancement  of  spirally  corrugated  tubes  combined 
with  twisted  tapes  had  been  correlated  with  the  expressions  in  the  form  of 


f  =  1.47 Re-0'051  ft.tfs.c.t  / fs 


(10) 


and 


Nu  =  [0.986  +  0.276(Re/105 )  -  0.345(Re/ 105 ) 2  ]  Y~°037 Nu  u  Nu s  c  t  /  Nu s  (11) 

with  deviation  not  exceeding  ±11  and  ±7.0  percent,  respectively[3]. 

5.  CONCLUSIONS 

Experiments  of  the  friction  factor  and  heat  transfer  characteristics  for  twisted  tapes,  spirally  corrugated  tubes  and 

simultaneous  use  of  both  twisted  tapes  and  spirally  corrugated  tubes  have  been  conducted  in  turbulent  air  flow. 

The  conclusion  remarks  are  summarized  as  follows: 

(1)  The  twisted  tape  inserted  in  smooth  tube  with  twisted  ratio  Y=2.5  shows  higher  value  of  heat  transfer  than  that 
for  twisted  ratio  Y  greater  than  2.5,  and  has  a  value  of  heat  transfer  coefficient  1. 9-2.0  times  that  of  smooth 
tube.  But  the  performance  criterion  value  of  Q/Qs  shows  little  difference  in  the  twisted  ratio  range  from  2.5  to 
3.5,  and  varies  from  1.25  to  1.15  in  the  Reynolds  number  region  Re=104-105. 

(2)  The  heat  transfer  coefficient  ratio  of  spirally  corrugated  tubes  to  smooth  tube,  Nu/Nus  ,  is  in  the  range  of  1.8- 
2.3  for  the  geometric  parameters  of  spirally  corrugated  tubes,  h/D,  and  p/h,  being  within  the  test  limits  in  the 
present  study.  And  the  spirally  corrugated  tubes  with  geometric  parameters  in  the  range  of  h/D,=0. 03-0.04  and 
p/h=10.5-17  give  the  performance  criterion  Q/Qs  around  1.3  to  1.45,  depending  on  the  values  of  Reynolds 
number. 

(3)  Compound  enhancement  shows  more  effective  than  any  single  enhancement  techniques,  especially  in  the 
lower  Reynolds  number  region  (  Re=104-3xl04 ).  In  this  region  tubeside  heat  transfer  reaches  the  value  of  3.2- 
3.7  times  that  of  smooth  tube  and  performance  criterion  Q/Qs  attains  the  value  of  1.6-1. 8  for  spirally 
corrugated  tubes  combined  with  the  twisted  tape  having  counter  twisted  ratio  Y=3.5.  But  in  high  Reynolds 
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number,  equal  to  or  greater  than  105,  although  the  tubeside  heat  transfer  for  compound  enhancement  still  has  a 
higher  value  than  any  single  enhancement  devices,  the  performance  criterion  Q/Qs  has  fallen  to  the  level 
around  spirally  corrugated  tube  value. 

(4)  Equs.  (6)-(ll)  fit  with  the  experimental  data  in  the  present  study  reasonably  well. 

NOMENCLATURE 


A 

heat  transfer  area 

u 

axial  mean  velocity 

D 

tube  diameter 

Y 

twisted  ratio  for  twisted  tape 

f 

friction  factor 

Y=H/Di 

h 

corrugation  height 

Nu 

Nusselt  number 

H 

twisted  pitch  defined  for  180 

Pr 

Prandlt  number 

degree  rotation  of  twisted  tape 

Re 

Reynolds  number 

K 

overall  heat  transfer  coefficient 

Ap 

pressure  drop 

L 

axial  length 

AT 

log-mean  temperature 

P 

corrugation  pitch 

a 

heat  transfer  coefficient 

P 

pumping  power 

P 

fluid  density 

Q 

heat  transfer  rate 

R 

thermal  resistance 

Subscripts 

f 

pertains  to  fouling 

w 

pertains  to  tube  wall 

i 

based  on  tube  inside 

t.t 

pertains  to  twisted  tape 

0 

based  on  tube  outside 

s.c.t 

pertains  to  spirally  corrugated  tube 

s 

pertains  to  smooth  tube 
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ABSTRACT.  Experimental  investigations  are  carried  out  to  obtain  more  information  about  the  heat  and  especially 
the  mass  transfer  phenomena  concerning  evaporation  of  water  from  a  prototype  evaporation  surface  for  low 
consumption  and  electric  motor  vehicles.  One  prototype  evaporator  with  various  structured  surface  coverings  of 
different  materials  is  tested.  The  basic  test  section  consists  of  an  industrial  prototype  evaporator  with  fine 
longitudinal  re-entrant  grooves.  The  test  conditions  of  the  air  temperature  and  the  air  humidity  vary  between  20  °C 
and  40  °C  and  20  %  and  40  %  respectively.  The  heat  fluxes  range  from  430  W/m2  to  1 175  W/m2.  Water  is  used  as 
working  fluid.  Results  of  the  prototype  evaporator  and  three  different  structures  of  different  material  properties, 
covering  the  surface  of  the  prototype,  are  presented  in  this  paper.  First  results  show  a  good  heat  transfer  from  the 
evaporation  surface  to  the  air  flow  above  the  surface. 

1.  INTRODUCTION 

In  Europe,  the  use  of  air-conditioning  systems  in  motor  vehicles  became  more  and  more  important  during  the  last 
years.  Not  only  the  automobiles  of  the  luxury  class  are  equipped  with  air-conditioning  systems,  but  also  middle  class 
vehicles.  The  development  and  investigation  of  a  new  air-conditioning  system  is  discussed  in  the  paper  which  can 
be  used  especially  for  low  consumption  and  electric  cars,  either  as  an  independent  system  or  as  an  additional  system 
for  conventionally  air-conditioned  cars,  to  reduce  energy  consumption  and  costs.  The  air-conditioning  and  cooling 
systems  used  today  in  cars  are  in  general  based  on  the  cold  steam  compression  process._This  technique  is  limited 
by  the  convective  heat  transfer  coefficient  on  the  airflow  side  and  the  pressure  drop  inside  the  heat  exchanger  [1, 
2].  The  interest  in  light-weight,  but  not  less  powerful  air-conditioning  systems  results  from  the  effort  to  save  raw 
materials,  energy  and  costs  during  manufacturing  and  operation.  Another  aspect  is  the  increasing  pollution  of  the 
environment,  which  should  be  minimised.  A  light-weight  air-conditioning  system,  based  on  the  evaporation  of  water, 
can  contribute  to  achieve  such  goals. 

The  evaporation  effect  of  water  is  known  for  quite  a  long  time,  but  there  is  still  information  needed  to  determine  the 
heat  and  especially  the  mass  transfer  from  an  evaporator  surface  to  an  air  stream.  In  the  last  20  years  investigations 
were  mostly  carried  out  for  the  air-conditioning  technology  for  buildings.  These  stationary  facilities  are  very  large 
and  their  technology  cannot  be  easily  scaled  down  to  small  movable  systems,  like  motor  cars,  where  size  and  water 
consumption  have  to  be  reduced  to  a  minimum.  Moreover,  the  discussed  prototype  evaporation  surface  has  also  the 
function  of  a  heat  exchanger,  i.e.  not  the  air  stream  shall  be  cooled  but  the  prototype  evaporation  surface  itself.  The 
evaporation  of  water  from  a  suitable  surface,  i.e.  the  superimposition  of  heat  and  mass  transfer  allows  a  high  cooling 
effect.  For  the  technical  realisation,  suitable  surfaces  and  distribution  systems  have  to  be  developed  and  investigated. 
They  shall  possess  good  wettability,  resistance  to  fouling  and  corrosion,  and  of  course  shall  be  economic  to 
manufacture  [7].  Available  knowledge  on  heat  exchangers  with  evaporation  surfaces  [3  -  6]  does  not  allow  to  design 
evaporative  heat  exchanger  systems  for  cars  with  satisfactory  precision.  To  remedy  this  lack  of  information, 
fundamental  system-related  experimental  studies  are  necessary,  which  take  into  account  the  complicated  geometrical 
and  operational  boundary  conditions  of  air-conditioning  systems  for  cars. 

To  obtain  experimental  information  about  the  heat  and  mass  transfer  phenomena  from  a  prototype  evaporation 
surface,  a  test  rig  was  developed  and  built.  A  prototype  evaporation  surface  and  three  cover-materials  were  tested 
at  air  temperatures  between  20  °C  and  40  °C  and  relative  air  humidities  between  13  %  and  46  %,  at  constant  air 
velocity  of  6  m/s.  The  employed  heat  fluxes  range  between  430  W/m2  and  1175  W/m2.  The  cover  material  layers 
consist  of  a  fleece  structure,  containing  cellulose,  a  synthetic  fabric  and  a  metal  felt. 
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2.  EXPERIMENTAL  SET-UP 


The  experimental  set-up  consists  of  two  sections,  the  air-conditioning-unit  and  the  test-section-unit  (Fig.  1). 
These  two  units  consist  of  several  components. 


(T)  Ventilator 
©  Drying  Module 

S  Steam  Lances 

Steam-Air-Moisturizer-Unit 
®  Evaporation-Module 
©Geo  I 


Q)  Heat-Exchanger-Module 
(D  Geo  II 
(9)  Prototype 
©  Cu-Block 
©  Test-Section-Unit 
©  Air-Conditioning-Unit 


Fig.  1.  Experimental  Set-up 


2.1  Air-Conditioning-Unit 

The  air-conditioning-unit  includes  a  ventilator  (0.65  kW,  5100  m;/h),  a  drying-,  an  evaporation-  and  a  heat- 
exchanger-module  and  Geo  I  and  Geo  n.  After  the  ventilator,  the  drying-module  follows,  which  contains  the  drying 
pearls  (in  case  that  they  are  needed)  to  dehumidify  the  air.  Then  follows  the  evaporation-module,  including  two 
steam  lances  which  are  connected  to  the  steam-moisturiser-unit.  The  steam  produced  in  the  moisturiser-unit  is  led 
through  two  tubes  to  the  steam  lances  and  moistens  the  air  in  the  channel.  The  two  staggered  steam  lances  are  placed 
at  the  beginning  of  the  cross-section  of  the  evaporation-module.  After  the  evaporation-module,  the  heat-exchanger- 
module  is  located.  Here  the  air  temperature  is  adjusted  via  a  sheet  metal  radiator,  which  is  connected  to  a  cryostat. 
Between  the  evaporation-  and  the  heat-exchanger-module,  unit  Geo  I  is  placed,  a  module  to  change  the  cross- 
section.  Another  module  of  this  kind.  Geo  II,  is  located  after  the  heat-exchanger-module  and  in  front  of  the  test- 
section-unit.  All  modules  as  well  as  the  test-section-unit  are  manufactured  of  high-impact-resistant,  transparent 
plates  of  Makrolon  and  are  detachably  fixed  onto  a  frame  made  of  aluminium. 

2.2  Test-Section-Unit 

The  test-section-unit  consists  mainly  of  the  prototype  evaporation  surface.  The  sensors  for  measuring  the  air 
velocity,  the  air  temperature  and  the  relative  air  humidity  are  placed  in  front  of  and  behind  the  prototype  evaporator, 
the  air  pressure  in  the  channel  is  measured  in  front  of  the  prototype  evaporator.  A  glass  water  tank  is  connected  over 
a  flow  meter  to  the  prototype  evaporation  surface.  The  water  in  this  tank  is  temperature-controlled  by  a  second 
cryostat.  Beneath  the  prototype  evaporator  surface,  a  copper  block,  thermally  insulated  to  the  environment,  is 
employed.  The  copper  block  is  heated  with  eight  heater  cartridges  (200  W  per  cartridge),  and  provided  with  33 
thermocouples  (type  K,  NiCr-Ni)  (Fig  2). 
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sectional  view  B-B 


sectional  view  A-A 


Fig.  2.  Copper  Block  with  Electric  Heater  Cartridges  and  Thermocouples 


Above  the  heater  cartridges,  16  thermocouples  are  installed,  8  of  them  in  two  planes,  to  determine  the  average  heat 
flux.  Another  17  thermocouples  are  placed  close  to  the  bottom  side  of  the  prototype  evaporator  for  measuring  the 
average  temperature  of  the  prototype  surface.  The  signals  of  the  calibrated  thermocouples  and  sensors  are  conducted 
to  a  PC-based  data  acquisition  system  which  is  used  for  recording  the  measurement  data.  An  A/D-converter  changes 
the  analog  values  to  digital  data,  which  are  stored  in  files  and  can  be  used  later  for  the  evaluation  of  the  experiments. 

2.3  Prototype  Evaporator  Surface 

The  prototype  evaporator  surface  consists  of  an  aluminium  ground-plate  which  is  350  mm  long,  320  mm  wide  and 
15  mm  high  and  a  capillary  structure  soldered  onto  the  plate.  In  the  manufacturing  process,  the  capillary  structure 
is  first  folded  to  a  meander  shaped  aluminium  foil  and  then  compressed  to  form  fine  longitudinal  re-entrant  capillary 
grooves  (Fig.  3).  The  about  250  capillary  grooves  cover  an  area  of  250  mm  x  250  mm  and  the  grooves  have  a  height 
of  2  mm  and  a  width  of  1  mm. 

To  supply  the  capillaries  with  water  from  the  water  tank,  a  circumferential  channel  is  milled  into  the  ground-plate 
(Fig.  4).  The  water  enters  the  capillary  grooves  from  two  sides  and  is  transported  by  capillary  forces  to  the  free 
evaporation  surface  (Figs.  3  and  5). 

For  various  experiments,  the  prototype  evaporation  surface  was  covered  with  different  materials,  to  enhance  the 
evaporation  rate.  First  a  fleece  structure,  containing  cellulose  was  used,  then  a  synthetic  fabric  structure  and  thirdly 
a  metal  felt.  The  double-plied  fleece  structure  has  a  nepped  surface.  The  synthetic  fabric  is  woven  of  a  synthetic 
yam  with  hydrophilic  properties.  The  metal  felt  has  a  fibre  thickness  of  15pm. 
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Fig.  3.  Cross  Section  of  the  Capillary  Structure  Fig-  4.  Prototype  Evaporation  Surface  with 
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Fig.  5.  Details  of  the  Prototype  Evaporation  Surface 
3.  EXPERIMENTAL  INVESTIGATIONS 


3.1  Experimental  Conditions 

Before  the  experiments  are  carried  out,  steady  test  conditions  have  to  be  set.  First  the  ventilator  is  adjusted  to  an 
air  velocity  of  6  m/s,  that  means  a  turbulent  mass  flow  of  about  100  1/s  with  a  Reynolds  number  of  Re  .35,000 
(Re  =  (w  *  dh)/  <,  with  air  velocity:  w,  hydraulic  diameter:  dh,  cinematic  viscosity:  <).  The  air  of  the  laboratory 
environment  is  sucked  in  the  ventilator  and  is  blown  through  the  test  channel.  In  the  modules  of  the  test  channel, 
the  air  is  conditioned.  With  the  drying  unit  or  the  steam- moisturiser-unit  the  needed  air  humidity  is  adjusted  (in  a 
range  of  13  %  to  46  %  relative  humidity).  Then,  with  the  sheet  metal  radiator  and  a  cryostat  (working  fluid  water) 
the  air  temperature  is  set  to  a  value  in  the  range  between  22  °C  and  40  °C.  The  air  temperature  profile  over  the  cross 
section  of  the  channel  is  sufficiently  constant.  The  second  cryostat  (working  fluid  water)  adjusts  the  water 
temperature  of  the  water  tank  (between  22  °C  and  40  °C)  and  the  eight  heater  cartridges  heat  up  the  copper  block 
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(0  to  200  W  per  cartridge).  Approximately  1  h  is  needed  till  steady  state  conditions  are  reached,  and  a  test-run  lasts 
for  about  2  h. 

One  of  each  two  sensors  for  the  air  velocity,  air  humidity  and  air  temperature  (thermocouples)  is  placed  before  and 
behind  the  prototype  evaporation  surface.  Only  one  pressure  sensor  measures  the  air  pressure  in  the  channel  before 
the  test  section,  because  the  pressure  drop  over  the  evaporation  surface  is  very  low  and  cannot  be  determined  with 
customary  pressure  gauges.  The  pressure  in  the  channel  is  slightly  higher  than  the  air  pressure  in  the  laboratory  (< 
10  Pa).  33  thermocouples  are  used  to  measure  the  temperature  distribution  in  the  copper  block  and  the  temperature 
of  the  evaporation  surface.  In  the  water  tank,  another  thermocouple  is  situated.  All  thermocouples  are  of  type  K, 
(NiCr-Ni)  and  were  calibrated  in  a  water  bath.  There  reference  temperature  was  measured  with  a  platinum  resistance 
thermometer  PT-100  with  a  precision  of  +/-  0.025  K  and  a  resolution  of  +/-  0.01  K. 

3.2  Experimental  Results 

The  start  temperature  of  the  prototype  evaporator  surface  is  in  the  range  between  Tsur  =  20  °C  and  35  °C.  Until 
steady  state  conditions  are  reached,  about  1  h  after  the  start,  the  surface  temperature  of  the  prototype  evaporator 
decreases  for  constant  air  temperature  T^.  This  is  the  characteristic  of  an  isothermal  heat  transfer;  only  the 
temperature  of  the  working  fluid  water  is  reduced. 

For  the  prototype  evaporation  surface  and  the  three  different  cover  materials,  the  heat  transfer  coefficient  has  been 
approximately  determined  and  the  results  are  shown  in  Tables  1,  2  and  Fig.  6.  For  the  fleece  and  the  fabric 
structures,  the  experiments  show  a  decrease  of  the  heat  transfer  coefficient  a  with  increasing  air  temperature  Ta¬ 


xable  1.  Heat  Transfer  Coefficient  a  for  the  Prototype  Evaporation  Surface  and  Two  Cover  Materials 


a  [W/(m2K)] 

cp  [%] 

20 

25 

Tair  [°C] 

25 

27 

22 

Aluminium-Plate  with 
Capillary  Grooves  only 

69 

. 

_ 

Grooves  Coated  with 
fabric 

74 

68 

82 

Grooves  coated  with 
Fleece 

110 

87 

146 

Table  2.  Heat  Transfer  Coefficient  a  for  the  Metal  Felt 


Temperature  Tair[°C] 


22.8 


25.0 


28.4 


40.0 


arW/Ctn 


time  [s]  time 

Fig.  7.  Transient  Behaviour  of  Average  Surface  Temperature  and  Corresponding  Evaporation  Cooling  Heat 
Flux.  Relative  Humidity:  20  %,  Channel  Air  Temperature:  25  °C. 

©:  Prototype  Evaporator  (Aluminium-Plate  with  Capillary  Grooves  only),  <D:  Fabric-Covered  Grooves, 

<D:  Fleece-Covered  Grooves. 


time  [s]  time  [S1 

Fig.  8.  Transient  Behaviour  of  Average  Surface  Temperature  and  Corresponding  Evaporation  Cooling 

Heat  Flux  for  Metal-Felt  Covered  Grooves. 

Air  Temperatures  and  Air  Humidities  of:  ©:  25.5  °C  and  46  %,  @:  28.4  C  and  31.5  %  and  ®.  22.8  C 

and  39.3  %  (Test  was  Aborted  at  2500  s). 

The  active  evaporation  area  of  the  capillaries  of  the  prototype  evaporator  is  smaller  than  that  of  the  fabric-,  the 
fleece-  and  the  metal  felt-structure.  By  increasing  the  active  heat  transfer  surface  by  the  cover  materials,  more  water 
is  evaporated.  Heat  fluxes  of  430  W/m2  for  the  wavy  aluminium  structure  only,  490  W/m2  with  the  fabric,  990  W/m2 
with  the  fleece  structure  and  up  to  1175  W/m2  for  the  metal  felt  are  reached.  The  fabric-,  fleece  and  metal  felt  coated 
structure  also  provides  a  better  water  distribution  on  the  evaporation  surface.  A  comparison  between  the  individual 
structures  shows  that  the  fleece  and  the  metal  cover  have  better  suction  properties  than  the  fabric.  Another 
advantage  of  the  metal  felt  is  its  higher  thermal  conductivity,  therefore  the  heat  is  more  effectively  transported  to 
the  active  evaporation  surface  and  so  the  prototype  is  cooled  down  more  efficiently. 
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4.  CONCLUSIONS 


To  investigate  the  heat  and  mass  transfer  from  an  evaporation  surface,  intended  for  an  air-conditioning-system  in 
a  low  consumption  vehicle  or  as  support  for  a  conventional  air-conditioning-system,  four  different  surface  structures 
are  tested.  The  first  test  structure  consists  of  re-entrant  capillary  grooves.  The  three  further  tested  surfaces,  a  fleece 
structure,  a  synthetic  fabric  and  a  metal  felt  cover  this  capillary  base  structure.  Various  experiments  are  carried  out 
under  different  test  conditions:  air  and  water  (evaporation  working  fluid)  temperatures  in  the  range  from  22  °C  to 
40  °C,  relative  air  humidities  between  13  %  and  46  %  and  constant  air  velocity  of  6  m/s.  All  heat  transfer 
coefficients  obtained  with  covered  surface  structures  are  higher  than  those  of  the  capillary  structure  only.  The 
obtained  cooling  effect  can  be  expressed  by  heat  fluxes  between  430  W/m2  and  1 175  W/m2  and  heat  transfer 
coefficients  in  the  range  from  68  W/(m2K)  to  1 80  W/(m2K)  with  the  metal  felt  cover  material  showing  best  results. 

It  was  found  that  the  prototype  evaporator  surface  covered  with  either  fabric,  fleece  or  metal  felt  has  an  acceptable 
heat  and  mass  transfer  performance.  But  more  experimental  data  are  needed,  e.g.  the  influence  of  the  air  velocity, 
and  also  other  materials  shall  be  tested,  before  a  final  judgement  can  be  made. 
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ABSTRACT.  Utilizing  drag-reducing  fluid  -water  added  with  surfactant,  the  pumping  power  in  thermal  energy 
transportation  can  be  reduced  significantly.  When  surfactant  is  added  to  a  installed  system  that  uses  water,  the 
increased  flow  rate  and  deterioration  of  heat  transfer  can  result  in  a  drop  in  the  temperature  level  and  total  heat 
to  users.  At  the  same  time,  the  pump  system  must  be  modified  due  to  the  lowered  pumping  power.  A  simulation 
was  conducted  to  predict  the  exergy  and  energy  transportation  efficiency.  The  minimum  heat  transfer  reduction 
in  order  to  maintain  high  exergy  efficiency  was  discussed  through  the  prediction. 

1.  INTRODUCTION 

Since  the  discovery  of  Tom's  effect  [1,2],  the  reduction  of  turbulent  friction  between  a  solid  surface  and  fluid  by 
adding  drag-reducing  additives  has  received  increasing  attention  for  saving  the  pumping  power  in  fluid 
transportation.  Polymers  were  initially  used  as  drag-reducing  additives  for  turbulent  water  flow  to  reduce  80% 
of  the  drag.  However,  polymer  solutions  are  strongly  affected  by  mechanical  forces,  which  may  result  in  the 
loss  of  the  property  of  low  friction  drag.  Surfactants  were  found  in  the  last  decade  also  to  reduce  70%  to  80%  of 
the  friction  drag  but  to  be  less  affected  by  mechanical  forces  [3,4],  Therefore,  surfactants  are  now  being 
considered  as  practical  drag-reducing  additives. 

One  successful  application  of  drag  reduction  by  adding  polymers  was  in  the  Trans-Alaska-Pipeline,  where  the 
desired  discharge  of  one  million  barrels  per  day  was  obtained  without  having  to  construct  additional  pumping 
stations  [5].  A  more  recent  application  of  the  drag-reducing  effect  is  to  reduce  the  pumping  power  in  district 
heating  and  cooling  systems  where  surfactants  are  used  as  additives  in  closed  circuits  [6  -  8].  Although  the 
environmental  contamination  arising  from  the  minor  toxic  effect  of  surfactants  may  restrict  their  practical 
application  in  industry,  for  a  closed  circuit  the  effect  on  the  environment  can  be  minimized  to  an  acceptable 
level. 

By  adding  a  surfactant  to  a  district  heating  and  cooling  system,  a  dramatic  decrease  in  the  pressure  drop  of  the 
system  will  occur  because  of  the  reduction  of  friction  drag.  At  the  same  time,  the  heat  transfer  capability  of  the 
drag-reducing  flow  will  also  decrease  significantly  because  of  the  drastic  suppression  of  turbulence  in  the  flow 
by  additives.  Due  to  the  installed  pumps  and  heat  exchangers,  the  performance  of  the  whole  system  will  be 
modulated  to  a  new  state  and  so  the  new  conditions  need  to  be  predicted  by  simulation. 

The  deteriorated  performance  of  the  heat  exchangers  will  adversely  affect  the  overall  performance  of  the  district 
heating  and  cooling  system,  and  so  heat  transfer  enhancement  is  crucial.  To  adopt  the  available  heat  transfer 
enhancing  methods,  the  heat  transfer  coefficients  can  be  improved  at  the  expense  of  larger  pressure  loss  in  the 
heat  exchangers  [9  -  11].  The  energy  transportation  efficiency  and  the  total  exergy  of  the  district  heating  and 
cooling  system  with  enhanced  heat  transfer  are  simulated  in  this  work. 

The  surfactant  concentration  and  temperature  of  the  solution  affects  the  drag-reducing  property.  However,  once 
the  surfactant  concentration  and  temperature  have  been  selected  properly,  the  district  heating  and  cooling  system 
can  run  under  rather  stable  conditions,  therefore  drag  reduction  and  heat  transfer  reduction  are  considered  not 
affected  by  the  temperature  variation  in  the  system.  The  effect  of  temperature  and  concentration  on  the  drag- 
reducing  capability  were  well  addressed  elsewhere  [12  -  14], 
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2.  ANALYSIS 


Drag  Reduction  and  Heat  Transfer  Reduction 

The  addition  of  surfactant  to  water  decreases  the  turbulent  friction  drag  dramatically  with  only  10-30%  of  the 
former  friction  drag  of  water  left.  One  of  our  typical  experimental  results  is  shown  in  Fig.  1  using  surfactant  of 
CTAC  at  30°C.  However,  various  types  of  surfactant  can  meet  the  need  of  the  temperature  being  interested,  for 
example,  Dobon  at  40-130  °C  [15,16].  The  drag  reduction  (DR)  and  heat  transfer  reduction  (HTR)  are  defined 
by  the  following  equations: 

DR  =-^-—  (1) 


HTR  = 


Nu0  -  Nu 
Nu0 


(2) 


where.  Nil,,  and  f0  represent  the  values  by  water  flow  under  otherwise  same  conditions. 

xicr3 


Fig.  1  Typical  drag  reduction  and  heat  transfer  reduction  of  surfactant  solution 

[—in  two-dimensional  channel  with  flow  section  of  40x500mm,  the  Reynolds  number 
at  the  minimum  friction  factor  is  called  "critical  Reynolds  number"  ] 


Thermal  Energy  Transportation  System  using  Drag-Reducing  Additives 

An  energy  transportation  system  is  arranged  including  two  heat  exchangers  and  a  closed  circulation 
transportation  pipeline  added  with  surfactant,  one  of  the  heat  exchangers  transmits  heat  from  the  energy  source 
to  the  circulating  surfactant  solution  and  the  other  transmits  heat  from  the  circulating  drag-reducing  flow  to  the 
user-side  at  low  temperature.  Figure  2  shows  the  schematic  diagram  of  such  a  system. 


HE2  HE1 


Tl 

^out 

T0 


Fig.  2.  The  diagram  of  thermal  energy  transportation  system  using  drag-reducing  fluid 
Definition  of  Energy  Transportation  and  Exergy  Efficiency 

The  energy  transportation  system  uses  pumping  power  to  make  use  of  wasted  thermal  energy.  Therefore,  the 
energy  utilization  coefficient  or  energy  transportation  efficiency  may  be  defined  as  the  ratio  of  the  output 
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thermal  energy  over  the  input  pumping  power,  given  by: 


Qout  (3) 


Qout  is  the  useful  heat.  The  pumping  power  is  related  to  the  flow  rate  of  the  fluid,  the  pipeline  distance  and  pipe 
diameters  as  well  as  the  components  in  the  circulation  system  like  heat  exchangers,  valves,  strainers  and  bends. 
Generally  speaking,  the  reduction  of  pumping  power  caused  by  the  reduction  of  drag  will  increase  the  energy 
transportation  efficiency.  However,  due  to  the  installed  pumps  and  heat  exchangers,  the  flow  rate  of  the  drag- 
reducing  flow  will  increase  to  a  new  level  automatically  according  to  the  pump  characteristics  in  the  normal 
situation.  More  importantly,  total  heat  and  temperature  level  available  to  the  user-side  will  also  change  because 
of  the  heat  transfer  reduction  and  the  new  running  conditions.  Therefore,  the  exergy  efficiency  is  defined  as  the 
output  exergy  over  the  pumping  power,  given  by: 


(4) 


From  the  equation,  a  reduction  of  pumping  power  helps  to  increase  exergy  efficiency  and  decrease  of 
temperature  Tj  or  totally  transported  thermal  energy  Qout  will  reduce  the  exergy  efficiency. 


Pumping  Power  Cost 

A  centrifugal  pump  has  a  property  curve  of  volumetric  flow  rate  against  pressure  drop  at  a  fixed  rotating  speed. 
Once  the  surfactant  solution  is  added  to  the  district  heating  or  cooling  system  with  installed  pumps,  the  flow  rate 
will  increase  dramatically  because  of  the  significant  reduction  of  pressure  drop.  Limited  by  the  pipeline’s  flow 
rate  or  velocity,  it  may  be  necessary  to  shut  down  the  series-  or  parallel-  connected  pumps  or  otherwise,  a  new 
pump  or  lower  rotating  speed  may  be  needed  in  case  only  one  pump  was  originally  installed.  This  case  is 
described  in  the  later  sections. 


Heat  Exchangers 

In  case  of  using  surfactant  solution  as  a  medium  to  transport  thermal  energy,  plate  type  heat  exchanger  is 
suitable.  As  regular  running  condition,  the  flow  in  transportation  pipes  is  better  to  run  at  a  Reynolds  number  of 
around  the  "critical  Reynolds  number".  Therefore,  in  heat  exchangers,  the  Reynolds  number  is  different  from 
the  critical  Reynolds  number  of  the  transportation  pipe.  This  enables  the  heat  exchanger  to  avoid  the  worst 
condition  of  heat  transfer  reduction.  For  this  reason,  the  heat  transfer  reduction  for  the  plate  type  heat  exchanger 
is  selected  at  around  40%.  Our  recent  investigation  on  the  diameter  effect  of  drag-reducing  flow  also  showed  the 
possibility  that  the  drag-reducing  flow  in  the  heat  exchanger  degrades  into  turbulent  flow  if  it  passes  through  a 
constricted  channel  [17,18].  For  the  simulation,  one  kind  of  plate  heat  exchanger  was  chosen  with  its  heat 
transfer  coefficient  and  pressure  loss  given  by  the  following  equations: 


Nu  =  0.1815  Re0'65  Pr°'43(—  )°'25 
Prw 


(5) 


4.0fG2L 

2.0p2.0S 


(Pa) 


(6) 


4[1.821og10(Re)  - 1.64]2 


(7) 


where  8  is  the  distance  between  two  plates,  G  is  mass  flux  in  plate  channels  and  2  <5  is  used  as  equivalent 
diameter  in  Nu  and  Re. 
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At  a  certain  penalty  of  pressure  loss  in  the  heat  exchanger,  heat  transfer  can  be  enhanced  by  using  a  vortex 
generator,  inserting  a  micelle-destroying  device,  modifying  the  heat  transfer  surfaces  etc.  [19,20].  However,  the 
penalty  of  pressure  loss  must  be  at  very  low  level. 

Pipe  Line  Pressure  Drop  and  Heat  Loss  During  Transportation 

The  diameter  of  the  transportation  pipe  is  regulated  by  industrial  standard  to  ensure  a  certain  range  of  flow 
velocity  and  pressure  loss  based  on  pump  capacity.  For  simulation  of  the  industrial  condition,  the  pump 
characteristics  were  based  on  an  actual  commercial  product  J511.  The  pipe  frictional  pressure  drop  was 
calculated  by  the  following  equations: 


Ap  = 


4ftGt2L  p,  . -Q.14 

2pD;  Vw 


(Pa) 


(8) 


f,  =0.0035  + 


0.264 


(D;Gt  /(i) 


0.42 


(9) 


where  G,  is  mass  flux  of  the  pipe  flow.  Strainer  and  valve  pressure  drop  was  assumed  to  be  around  6  111H2O  in 
total  in  the  transportation  circuit.  Local  pressure  loss  was  assumed  to  be  50%  of  that  for  straight  section.  When 
using  surfactant  solutions,  the  drag  reduction  of  local  pressure  loss  is  less  than  that  of  straight  pipe,  therefore  a 
devalued  drag  reduction  of  0.6DR  was  assumed  for  local  pressure  loss.  Here,  DR  stands  for  the  drag  reduction 
of  straight  pipe.  For  the  pressure  drop  in  heat  exchangers,  a  similar  devalued  drag  reduction  of  0.5DR  was 
assumed.  These  assumptions  are  summarized  in  Table  1. 


Table  1  Pressure  Loss  Estimation  of  Components  in  the  System 


Components 

Straight  pipe 

Local  pressure  loss 

Strainer 

Valve 

Heat  exchanger 

Pressure  drop 

Ap  (calculation) 

0.5  Ap 

3mH20 

3mH20 

(calculation) 

Drag  reduction 

DR 

0.6DR 

0 

0 

0.5DR 

Because  of  the  use  of  a  surfactant  solution,  the  thermal  resistance  inside  the  transportation  pipe  can  be  increased 
due  to  the  heat  transfer  reduction  of  the  flow.  However,  compared  to  the  thermal  resistance  of  the  thermal 
insulation  layer,  the  increase  is  too  small  to  contribute  to  the  improvement  of  the  total  thermal  resistance. 
Estimation  in  this  study  of  thermal  resistance  showed  an  improvement  of  no  more  than  0.3%,  which  was  thus 
ignored. 

Even  if  the  pipe  system  is  well  thermally  insulated,  the  heat  loss  can  not  be  ignored  in  the  energy  transportation 
efficiency  analysis.  The  heat  loss  was  calculated  assuming  that  the  forward  and  return  pipes  were  0.125m  in 
inner  diameter  set  in  one  tunnel  underground  at  a  depth  of  1 .2m. 

3.  RESULTS  AND  DISCUSSIONS 

Example  Conditions  of  a  District  Heating  System 

The  example  is  assumed  to  transport  thermal  energy  at  110  °C  to  a  user  10  km  away  from  the  energy  source. 
Heat  at  lower  than  40°C  to  the  user  can  not  be  used  and  thus  the  temperature  of  T0  in  Fig.  2  is  limited  to  no 
lower  than  40  °C.  The  above  two  temperatures  are  the  restrictions  of  the  simulation.  The  temperature  and  the 
total  heat  to  the  user  are  open  parameters  to  be  calculated.  As  listed  in  Table  2,  when  surfactant  solution  is  used, 
with  the  energy  source  and  user-side  inlet  temperature  keeping  no  change,  the  pumping  system  adjusts  to  a  new 
flow  rate  which  thus  results  in  a  changing  of  heat  received  by  the  user. 

The  pumping  characteristics  of  the  cases  listed  in  Table  1  are  plotted  in  Fig.  3.  Case  1  is  for  the  original  water 
and  case  2  for  the  one  with  surfactant  added  to  the  system.  In  case  2,  because  of  drag  reduction,  the  flow  rate 
increased  too  much  to  demonstrate  any  benefit  by  using  surfactant  and  both  rq ,  r|n  are  even  lower  than  that  of 
water  case  as  seen  in  Table  2.  However,  in  case  3,  using  only  one  original  pump,  a  significant  reduction  of 
pumping  power  was  obtained  and  also,  both  and  qn  increase  significantly.  In  case  2  and  3  the  heat  transfer 
reduction  was  assumed  as  40%.  At  the  expense  of  increased  pressure  drop  in  heat  exchangers,  the  heat  transfer 
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can  be  enhanced  [9],  which  thus  enable  to  improve  both  the  temperature  level  and  the  total  heat  output  to  the 
user  as  shown  in  case  4. 


User  side  (tj„  =40  °C) 

Pumping  power 

Heat  Source  (tin=110°C) 

W  W  Q  A 

HEl-Ap  HE2-Ap  DR  HTR  W  H 

A  W  Q  77/  r)u  No. 

°C  m3/h  MW  m2 

mH20  mH20  %  %  m3/h  mH20 

m2  m3/h  MW . 

80.0  29.52  1.35  30.97 

1.1  1.1  0  0  29.52  59.8x2 

24.75  29.52  1.59  142  16  1 

77.4  29.52  1.26  30.97 

1.33  1.33  80  40  45.29  43.3x2 

24.75  29.52  1.50  118  13  2 

77.1  29.52  1.25  30.97 

0.82  0.82  80  40  34.27  28.0  X  2 

24.75  29.52  1.49  240  25  3 

78.6  29.52  1.30  30.97 

2.87  2.87  80  10  32.93  26.3  x2 

24.75  29.52  1.55  257  28  4 

Note  :  The  difference  of  Q  from  heat  source  and  user-side  is  caused  by  the  heat  loss  in  transportation 


-H 

-P 

• 

Case  1  -2  pumps 

■ 

Case  2  -2  pumps 

♦ 

Case  3  -1  pump 

k 

Case  4  -1  pump 

—  80 


0.2  0.4  0.6  0.8 

W(m  3/min) 


Fig.  3  The  variation  of  pumping  parameters 


Effect  of  Heat  Transfer  Reduction  on  the  Total  Thermal  Energy  Transportation  Efficiency 

It  is  known  through  the  above  discussions  that  the  flow  rate  and  pressure  drop  of  the  system  using  surfactant  are 
determined  based  on  the  pump  characteristics  as  well  as  the  drag  reduction  DR.  DR  is  usually  at  rather  stable 
values  for  surfactant  solutions.  Therefore,  the  most  important  parameters  affecting  the  overall  performance  of 
the  thermal  energy  system  will  be  the  heat  transfer  reduction  in  heat  exchangers. 

If  the  heat  transfer  deteriorate  in  heat  exchangers,  the  total  output  heat  and  its  temperature  level  will  decrease. 
With  the  temperature  at  energy  source  fixed  to  be  110  °C  and  the  inlet  temperature  at  user  side  be  40  °C,  a 
simulation  was  conducted  to  predict  the  magnitude  of  the  deterioration  of  overall  performance.  The  flow  rate 
and  pressure  drop  was  based  on  the  case  3  listed  in  Table  2  assuming  that  no  measures  were  taken  to  enhance 
the  heat  transfer.  When  the  heat  transfer  reduction  HTR  varies  from  10%  to  80%,  the  output  heat  and  its 
temperature  as  well  as  energy  transportation  efficiency  rn »  r|n  are  plotted  in  Fig. 4.  With  the  increasing  HTR, 
both  the  output  heat  and  its  temperature  decrease,  which  thus  resulted  in  the  decreas  of  exergy  efficiency,  % 
denotes  the  ratio  of  obtained  heat  to  the  cost  of  pumping  power  and  r\„  denotes  the  ratio  of  the  exergy  of 
benefit  to  cost.  When  the  HTR  is  over  60%,  the  exergy  difference  between  original  water  case  and  the  surfactant 
case  becomes  quite  small.  When  HTR  reaches  80%,  no  benefit  is  obtainable  by  using  surfactant  in  stand  of 
water. 

If  the  HTR  is  not  larger  that  50%,  the  exergy  efficiency  can  be  satisfied.  Therefore  heat  transfer  reduction  of 
20%  to  45%  may  be  acceptable  when  using  surfactant  additives  in  district  heating  and  cooling  system,  and  the 
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increment  of  exergy  over  that  of  water  case  is  at  a  magnitude  of  50%  to  70%.  Nevertheless,  heat  transfer 
deterioration  is  the  key  obstacle  in  using  surfactant  additives  in  district  heating  and  cooling  system  because,  the 
heat  transfer  reduction  is  at  least  at  the  level  of  40%  in  heat  exchangers  as  a  common  practice.  In  order  to  have 
only  10%  to  30%  reduction  of  heat  transfer  coefficient,  enhancing  measures  must  be  taken. 


Surfactant 

Water 

— e —  t_output 

•  t_output 

— -B—  CLoutput 

■  Q_output 

— 6 — 

*  ”, 

A  \ 

Fig.  4  The  effect  of  HTR  to  rij ,  %  and  output  total  heat  and  temperature 

[ - use  only  one  original  pump] 


4.  CONCLUDING  REMARKS 

The  potential  of  using  surfactant  additives  in  district  heating  system  for  energy  conservation  is  discussed  in  the 
work.  To  evaluate  the  energy  conservation  ability,  the  energy  transportation  efficiency  and  exergy  efficiency 
were  proposed  for  system  using  waste  heat.  Because  of  the  dramatic  reduction  of  pressure  drop  by  adding 
surfactant  in  installed  system  using  water,  there  is  possibility  that  flow  rate  rises  too  much  to  get  the  benefit  by 
using  drag-reducing  fluid.  Therefore,  it  is  necessary  to  rearrange  pumps. 

Although  pumping  power  can  be  reduced  significantly  by  using  drag-reducing  fluid,  the  thereby  resulted  heat 
transfer  reduction  will  influence  the  exergy  of  the  system.  The  system  simulation  showed  that  when  the  heat 
reduction  is  over  60%,  it  is  impracticable  to  replace  water  by  drag-reducing  fluid.  However,  heat  transfer 
reduction  of  20%  to  45%  may  be  acceptable  with  an  improvement  of  exergy  efficiency  to  70%  to  50%. 
Nevertheless,  low  level  of  heat  transfer  reduction  is  important  in  order  to  achieve  high  exergy  efficiency  in  the 
system  using  drag-reducing  fluid.  The  system  exergy  was  simulated  also  for  the  case  that  heat  transfer  reduction 
is  only  10%  by  introducing  the  method  proposed  by  the  authors  in  enhancing  heat  transfer  at  larger  pressure 
drop  in  heat  exchangers.  And  the  exergy  has  70%  improvement  over  that  of  original  system  using  water. 
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ABSTRACT.  This  paper  has  focused  to  investigate  the  flow  drag  reduction  and  heat  transfer  characteristics  of 
surfactant  solution  in  curved  pipes.  In  this  study,  Dodecyltrimethyl  Ammonium  Chloride  (Ci2H25N(CH3  )3  = 
263.89  )  was  used  as  a  surfactant,  and  Sodium  Salicylate  (C7H5Na03  =  160.10  )  was  added  to  the  surfactant  so¬ 
lution  for  the  enhancement  of  making  rod-like  micell  surfactant  structure.  From  the  experimental  results  of  flow 
drag  resistance  of  the  surfactant  solution  and  water  in  curved  tubes,  it  was  found  that  the  friction  factor  of  the 
surfactant  solution  flow  decreased  markedly  in  comparison  with  that  of  water  flow  in  a  turbulent  flow.  There¬ 
fore,  the  flow  drag  reduction  effect  was  examined  in  detail  in  some  curved  pipes.  It  was  seen  that  4  local  flow 
resistances  of  the  position  of  upside,  downside,  inside  and  outside  of  the  curved  tube  were  different  one  another. 
The  angle  and  radius  of  curved  test  tubes  exerted  the  influence  on  the  friction  factor  of  the  surfactant  solution 
flow.  The  heat  transfer  of  the  surfactant  solution  and  water  flows  was  measured  in  the  same  curved  tubes  under 
the  constant  heat  flux  heating  condition.  The  heat  transfer  in  the  laminar  flow  measured  in  curved  tubes  in¬ 
creased  as  compared  with  that  in  a  straight  tube.  This  increase  of  the  heat  transfer  was- caused  by  the  secondary 
flow  in  the  curved  tubes.  However  in  the  turbulent  flow  of  the  surfactant  solution,  it  was  seen  that  the  heat 
transfer  reduction  effect  was  confirmed  in  the  same  measuring  range  as  the  flow  drag  reduction  one.  As  a  result, 
the  secondary  flow  in  the  curved  tube  provided  the  decreasing  tendency  of  both  the  flow  drag  and  heat  transfer 
reduction  effect. 


1.  INTRODUCTION 

Recently,  the  flow  drag  reduction  effect  obtained  the  addition  of  some  kinds  of  the  flow  drag  reduction’s  materi¬ 
als  into  a  water  pipe  flow  has  been  used  for  an  effective  thermal  energy  transport  system.  This  flow  drag  reduc¬ 
tion  effect  is  called  Toms  effect.  The  Toms  effect  is  caused  by  addition  of  a  small  quantity  of  polymers,  surfac¬ 
tants  or  fibrous  materials  to  the  turbulent  water  flow.  It  is  said  that  the  flow  drag  reduction  in  a  turbulent  flow  is 
caused  by  suppressing  the  occurrence  and  development  of  turbulent  vortexes  by  means  of  a  deformation  of 
polymer  thread  in  a  water  flow  [1].  On  the  other  hand,  some  kinds  of  the  surfactants  make  a  rod-like  micell 
with  the  connection  of  spherical  micells  in  water  [2],  and  this  rod-like  micell  has  the  same  function  as  the  poly¬ 
mer  thread.  As  compared  with  the  water  flow,  it  could  be  expected  that  a  flow  rate  is  increased,  that  is,  a 
pumping  power  is  reduced,  and  the  heat  loss  from  a  pipe  wall  is  decreased  in  the  thermal  energy  transport  sys¬ 
tem  by  using  the  Toms  effect.  Many  investigations  have  been  conducted  on  the  flow  drag  reduction  and  heat 
transfer  characteristics  of  water  solution  with  surfactants  and  polymers  (inaba  et  al  [3],  USUI  et  al.[4],  KAWA¬ 
GUCHI  et  al.[5],  etc.).  These  investigations  have  been  performed  in  a  straight  test  section,  but  very  little  con¬ 
sideration  appears  to  be  given  to  the  flow  with  flow  drag  reduction  additives  through  curved  pipes. 

In  the  present  study,  the  flow  drag  and  heat  transfer  reduction  characteristics  of  the  surfactant  solution  flow  in 
the  several  curved  pipes  have  been  studied  experimentally.  From  these  experimental  results,  useful  non- 
dimensional  correlative  equations  for  flow  resistance  and  heat  transfer  were  derived  by  various  parameters 
(curved  angle  from  a  curve  inlet  0,  radius  of  curvature  of  the  pipe  R,  flow  velocity  and  concentration  of  surfac¬ 
tant  in  water  solution.). 
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2. VISCOSITY  MEASUREMENT  OF  THE  SURFACTANT  SOLUTION 


The  flow  drag  additive  used  in  this  study  was  the  surfactant  of  Dodecytrimethyl  Ammonium  Chloride,  DTAC. 
The  water  solution  with  DTAC  as  a  working  fluid  was  made  by  mixing  both  DTAC  and  Sodium  Salicylate 
(counter-ion  of  DTAC).  The  concentration  of  sodium  salicylate  added  into  the  water  solution  was  the  same  as 
that  of  DTAC,  due  to  the  rod-like  micell  structure  formation  of  DTAC.  The  viscosity  of  the  DTAC  solution  was 
measured  with  both  a  capillary  viscometer  and  a  rotating  cylinder  viscometer.  The  measuring  accuracy  of  both 
the  capillary  and  rotating  cylinder  viscometer  was  examined  by  using  distilled  water  as  a  reference  fluid.  The 
obtained  results  of  distilled  water  with  the  rotating  cylinder  viscometer  agreed  with  the  water  within  a  standard 
deviation  of  ±1.9  %.  On  the  other  hand,  the  obtained  results  of  distilled  water  by  the  capillary  viscometer 
agreed  with  the  reference  data  of  water  within  a  standard  deviation  of  ±3.1  %.  The  Pseudoplastic  viscosity  K 
and  index  number  n  in  equation  (1)  of  the  DTAC  solution  were  estimated  by  the  obtained  results  of  the  DTAC 
solution  with  these  viscometers.  The  relationship  between  K  and  DTAC  concentration  Cd  is  shown  in  Fig.  1  for 
various  DTAC  solution  temperatures  Td.  And  the  relationship  between  n  and  Cd  is  presented  in  Fig.  2.  It  was 
understood  that  the  data  of  pseudoplastic  viscosity  K  of  the  DTAC  solution  were  almost  equal  to  those  of  water 
in  the  range  of  Cd  <1000  ppm.  However,  the  data  of  K  of  the  DTAC  solution  in  the  range  of  Cd  >1000  ppm  in¬ 
creased  with  increasing  of  Cd.  While,  the  data  of  n  for  the  DTAC  solution  are  almost  equal  to  n  =  0.95. 

The  index  number  n  of  the  DTAC  solution  was  expressed  by  the  following  equation  (2)  within  a  maximum  de¬ 
viation  of  ±4.01  %.  The  pseudoplastic  viscosity  K  of  the  DTAC  solution  was  expressed  by  the  following  equa¬ 
tion  (3)  within  a  maximum  deviation  of  ±17.8  %. 

t  =  K  •  yn  (!) 

n  =  0.95  (2) 

K  =  |±w  +  A  •  exp{B/Td  }  (3) 

'a  =  (-2.043xl0“5  xCd  +5.233xl0“7  xCd2)xlO'10 
B  =  4654 


Applicable  range:  Td  =  10  ~  25°C,  y  =  1-18  ~  72.41  j/ 
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Fig.  1.  Relationship  between  K  and  Cd  of 
the  DTAC  solution 


Fig.  2.  Relationship  between  n  and  Cd  of  the 
DTAC  solution 
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3.  EXPERIMENTAL  APPARATUS  AND  PROCEDURE 


The  Schematic  diagram  of  experimental  apparatus  for  drag  reduction  and  heat  transfer  measurements  is  pre¬ 
sented  in  Fig.  3.  The  present  experimental  apparatus  consisted  of  a  curved  test  section  for  flow  drag  and  heat 
transfer  measurement,  a  centrifugal  pump  as  fluid  circulation  power  source,  temperature  control  devices,  and  a 
test  fluid  circulation  pipe  line.  Test  fluid  temperature  in  a  storage  tank  was  controlled  by  circulating  brine 
cooled  with  a  refrigerator,  and  its  temperature  was  measured  with  T  type  thermocouples  at  the  inlet  and  outlet  of 
the  test  section.  The  curved  test  sections  were  made  of  stainless  steel  with  the  diameter  d  of  0.0177m.  An  en¬ 
trance  section  was  equipped  at  the  inlet  of  each  curved  test  section  pipe  in  order  to  obtain  a  full-developed  flow 
velocity  in  a  pipe.  The  experiments  for  the  flow  resistance  and  heat  transfer  were  carried  out  by  using  several 
curved  pipes  with  various  angle  from  the  inlet  of  curved  pipe,  0-  45°,  90° ,  180°  and  270°  ,  and  the  curvature 
ratio  of  R  (curvature  radius  of  the  pipe)  to  r  (radius  of  the  pipe)  R/r  of  10, 17, 25  and  50. 

The  pressure-loss  (A P)  in  the  axial  direction  of  the  curved  pipe  was  automatically  recorded  with  digital  signals 
from  a  differential  pressure  gauge  connected  by  pressure  taps  mounted  on  the  inlet  and  outlet  of  curved  test  sec¬ 
tion  pipe.  The  outlet  pressure  taps  consisted  of  four  small  holes  that  were  drilled  on  the  upside,  downside,  inside 
and  outside  walls  of  the  curved  pipe.  In  this  experiment,  the  average  pressure-loss  of  four  pressure-loss  meas¬ 
ured  in  four  measuring  position  was  used.  The  measuring  accuracy  of  pressure  measurement  system  was  esti¬ 
mated  within  ±  3.0  %  in  consideration  of  measuring  accuracy  of  the  differential  pressure  gauge.  The  pipe  fric¬ 
tion  coefficient  X  of  the  curved  test  pipe  was  calculated  from  the  following  equation  (  t  :  axial  length  of  the 
curved  pipe). 


t  1  2 

AP  =  A— — pUm2 
d  2 


(4) 


The  heat  transfer  experiment  was  carried  out  under  the  thermal  boundary  condition  of  a  uniform  heat  flux.  The 
uniform  heat  flux  condition  was  performed  by  the  curved  stainless  steel  pipe  charged  directly  with  electricity. 
The  inlet  heat  flux  from  the  stainless  pipe  to  the  water  solution  was  calculated  from  an  electric  input  power  Q. 
The  wall  temperature  of  the  curved  pipe  was  measured  at  40  positions  in  the  axial  as  well  as  in  the  circumferen¬ 
tial  direction  of  the  curved  pipe.  The  stainless  steel  pipe  was  thermally  insulated  by  a  glass  wool  insulates  mate¬ 
rial.  The  average  heat  transfer  coefficient  a  was  calculated  from 


a  = 


Q 

A -AT 


(5) 


Where,  AT  is  the  temperature  difference  between  the  average  heating  surface  Tw  and  the  bulk  mean  temperature 
of  the  test  fluid  Tm.  A  means  total  heating  surface.  The  accuracy  o  the  average  heat  transfer  was  estimated  within 
10-15  %. 

-Differential  pressure  gauge 


Manometer 

•Thermocouple 


wy  in  \  . 


Valve 


Refrigerator  Brjne  storage  Flow  pump 
pump  tank 


Fig.  3.  Schematic  diagram  of  experimental  apparatus 
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4.  EXPERIMENTAL  RESULTS  OF  FLOW  DRAG  REDUCTION  EFFECT 


Flow  Drag  Reduction  Effect 

The  relationship  between  a  pipe  friction  coefficient  X  and  the  modified  Reynolds  number  Re  ’  of  water  and  the 
DTAC  solution  in  the  curved  test  section  (  R/r  =  20,  6=180°  )  are  shown  in  Fig.  4  for  various  DTAC  concentra¬ 


tions  Cd  at  the  inlet  test  fluid  temperature  of  12  °C.  In  Fig.  4,  The  modified  Reynolds  number  Re’  was  calculated 
from  equation  (6)  by  using  equation  (1)  that  meant  a  Non-Newtonian  behavior  of  the  DTAC  solution. 


Re'=  81_n 


(6) 


In  Fig.  4,  equations  (7)  and  (8)  shown  by  solid  lines  indicate  previous  correlation  of  friction  factor  in  the  curved 
pipe  for  fully  developed  laminar  and  turbulent  flow  of  Newtonian  fluid,  respectively.  The  dash  lines  in  Fig.  4 
show  the  flow  resistance  in  the  straight  circular  pipe  for  the  laminar  and  turbulent  flow. 

—  = - - )  13.5  <  K  <  2000  L,  :  pipe  friction  coefficient  in  the  straight  pipe,  K  =  Re(r/R)0'5  J  (7) 

Xs  (l.56  +  logK)573  ‘ 

XtJr/t  =  0.029 +  0.304'^e(r/R)2]rO 25  [o.034<  Re(r/R)2  <300  (8) 

The  result  from  this  figure  revealed  that  the  pipe  friction  coefficients  X  of  the  DTAC  solution  and  water  showed 
good  agreement  with  the  previous  correlation  in  equation  (7)  in  a  laminar  flow  in  the  range  of  Re’  <  104.  On  the 
other  hand,  the  data  of  X  of  water  in  the  range  of  Re’  >  104  were  in  good  agreement  with  the  equation  (8)  in  a 
turbulent  flow.  While,  the  X  of  the  DTAC  solution  of  Re’  >  104  was  below  that  of  the  curved  pipe  water  flow  in 
equation  (8).  Therefore,  it  was  found  that  the  flow  drag  reduction  effect  of  the  DTAC  solution  appeared  in  the 
case  of  the  curved  pipe  flow.  This  effect  of  the  DTAC  solution  was  explained  by  the  fact  that  the  pipe  flow  was 
laminarized  by  suppression  of  an  occurrence  and  a  development  of  turbulent  vortexes  by  means  of  deformation 
of  a  rod-like  micell  structure  of  DTAC  in  the  solution.  However,  the  X  of  DTAC  solution  for  Q  =  56 1  ppm  were 
equal  to  equation  (8).  Under  the  condition  of  this  concentration,  the  rod-like  micell  structures  could  not  be 
formed  in  the  DTAC  solution  because  its  concentration  of  Cd  was  below  the  critical  micell  concentration  (cmc) 
of  making  a  rod-like  micell  structure.  Consequently,  the  data  of  X  increased  suddenly  with  increasing  of  Re’ 
over  the  value  of  cmc.  Finally,  the  data  of  X  approached  to  the  curve  of  equation  (8)  in  a  turbulent  flow.  This 
behavior  of  X  was  explained  by  the  fact  that  the  disappearance  of  Toms  effect  was  caused  by  destroying  a  rod¬ 
like  micell  structure  of  DTAC  by  a  strong  mechanical  shear  force  in  the  range  of  large  Re’  numbers. 


Fig.  4.  Relationship  between  X  and  Re  ’  ( R/r  =34,  9=  270°) 
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Re' 

Fig.  5.  The  difference  of  flow  resistance  in  the 
circumferential  position 


Fig.  6.  Relationship  between  Re’  and  X  for 
various  R/r  (6  =  270°,  Cd  =  1500  ppm) 


Flow  resistance  distribution  on  the  curved  pipe  in  the  circumferential  direction.  Figure  5  shows  the  flow 
resistance  distribution  of  water  and  the  DTAC  solution  on  the  curved  pipe  in  the  circumferential  direction.  As 
shown  in  Fig.  5,  the  X  of  water  and  the  DTAC  solution  at  the  inside  was  the  largest  one,  and  X  at  outside  was  the 
smallest  one  as  compared  with  the  data  of  other  three  side  positions.  The  value  of  X  at  low  and  upside  were 
equal  to  each  other,  and  were  between  those  at  the  inside  and  outside  position. 


Flow  drag  reduction  characteristics  for  various  curvature  ratios.  Figure  6  indicates  the  relationship  be¬ 
tween  Re'  and  X  of  the  DTAC  solution  for  three  curvature  radius  ratios.  Other  parameters  of  the  curved  test  sec¬ 
tion  were  fixed  at  0  =  270°  and  Cd  =  1500  ppm.  From  the  data  of  Fig.  6,  it  is  seen  that  the  Toms  effect  in  the 
curved  pipe  was  to  a  lesser  extent  effective  as  compared  with  that  in  the  straight  pipe  since  the  value  of  X  in  the 
curved  pipe  was  greater  than  that  of  straight  pipe  in  the  turbulent  flow.  This  phenomenon  was  caused  by  the  fact 
that  the  secondary  flow  by  the  centrifugal  force  predominated  over  the  flow  condition  in  the  straight  pipe.  How¬ 
ever,  the  value  of  X  in  the  curved  pipe  approached  to  that  in  the  straight  pipe  with  increasing  R/r,  since  the  cen¬ 
trifugal  force  was  inversely  proportional  to  curvature  radius  R  and  the  flow  pattern  in  the  curved  pipe  shifted 
gradually  to  that  in  the  straight  pipe  as  R/r  increased. 


Fig.  7.  Relationship  between  Re’  and  X  for  various  0  ( R/r  =  20,  Cd  =  1300  ppm) 
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Flow  drag  reduction  characteristics  for  various  curved  angle  9.  The  relationships  between  Re  ’  and  X  for 
four  curved  angles  of  6=  45°,  90°,  180°  and  270°  are  mentioned  in  Fig.  7.  Under  the  experimental  condition  of 
Cd  =  1300  ppm  and  R/r  =  20.  As  could  be  seen  from  Fig.  6,  it  was  found  that  the  Toms  effect  in  the  curved  pipe 
were  clearly  influenced  by  curvature  angle  0.  That  is,  as  the  0  is  decreased,  the  friction  factor  in  the  curved  pipe 
decreased  and  approached  to  the  that  in  the  straight  pipe.  Therefore,  it  could  be  concluded  that  there  was  the 
same  Toms  effect  as  the  straight  pipe  in  the  case  of  small  curvature  angle. 

From  the  experimental  data  of  X  for  the  DTAC  solution  in  the  curved  pipe,  the  correlation  of  the  DTAC  solution 
in  the  flow  drag  reduction  range  was  expressed  by  the  following  equation  (9)  within  a  standard  deviation  of  7.17 
%.  Where,  De  is  the  Dean  number  (=Re’x(r/R)0  5  ),  and  0  is  the  curvature  angle  from  the  inlet  part. 

f  \ -0.560 

X  =  6.75x  —  .00146 -De-0’500  (9) 

l  r 

Application  range  :  R/r  =  20-50,  9=71/4-3/2x71,  Cd  >  1000  ppm 

5.  EXPERIMENTAL  RESULTS  OF  HEAT  TRANSFER  REDUCTION  EFFECT 
Heat  Transfer  Reduction  Effect 

Referring  to  heat  transfer  coefficient  measurement  of  the  DTAC  solution,  the  relationship  between  Nu/Pr’  and 
Re ’  for  R/r  =  34  and  0  =  270°  is  shown  in  Fig.  8.  The  modified  Prandtl  number  Pr’  was  calculated  from  follow¬ 
ing  equation  (10)  by  using  equation  (1),  which  means  a  Non-Newtonian  behavior  of  the  DTAC  solution  in  the 
same  calculation  method  of  Re’  in  equation  (6).  The  thermal  conductivity  X’  and  specific  heat  Cp  of  the  DTAC 
solution  in  equation  (10)  were  selected  with  those  of  water  because  they  were  almost  equal  to  those  of  water  at  a 
given  same  temperature. 


Re' 

Fig.  8.  Relationship  between  Re’  and  Nu/Pr’ 173  ( R/r  =  34,  0=270°  ) 

Two  solid  lines  in  Fig.  8  refer  to  the  heat  transfer  equations  in  the  curved  pipe  for  a  laminar  water  flow  (Equa¬ 
tion.  (11)  and  for  a  turbulent  water  flow  (Equation.  (12)),  respectively.  And  the  straight  lines  indicated  by  the 
dash  line  in  Fig.  7  show  the  heat  transfer  in  the  straight  circular  pipe  for  the  laminar  and  turbulent  flow  obtained 
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for  a  straight  pipe  in  the  laminar  flow  range.  This  heat  transfer  enhancement  was  caused  by  the  secondary  flow 
in  the  curved  pipe,  which  caused  by  of  the  centrifugal  force.  However,  the  value  of  Nu/Pr’  1/3  for  the  DTAC  so¬ 
lution  was  below  that  of  water  flow  equation  (12)  in  the  turbulent  flow  range  of  Re’  >  104.  Therefore,  the  heat 
transfer  reduction  effect  of  the  DTAC  solution  in  the  curved  pipe  appeared  in  the  same  range  of  the  flow  drag 
reduction  effect  as  shown  in  Fig.  4. 


Nu  = 


0.32  +  3  — 

R 


0.86-0.8- 


R 


xRe0'5  Pr1/3 


,  ,  n  0.14+0.84- 
( d]  R 


V.  ^  J 


(11) 


Nu  =  0.021  Re085 


Pr 


0.4 


R 


o.i 


(12) 


Heat  transfer  reduction  characteristics  for  various  curvature  radius  ratios.  The  experimental  results  of 
the  effect  of  R/r  on  the  heat  transfer  reduction  for  the  DTAC  solution  are  shown  in  Fig.  9.  This  heat  transfer 
measurement  was  carried  out  by  using  the  same  curved  pipe  as  shown  in  Fig.  6.  The  present  experimental  re¬ 
sults  showed  that  the  values  of  Nu/Pr’  1/3  in  the  curved  pipe  were  greater  than  that  in  the  straight  pipe  in  the 
range  of  heat  transfer  reduction  effect.  As  compared  with  the  flow  drag  reduction  effect  (Fig.6),  the  influence  of 
R/r  on  Nu/Pr’  1/3  was  similar  to  that  on  the  pipe  friction  coefficient  X. 


Heat  transfer  reduction  characteristics  for  various  curvature  angle.  In  Fig.  10,  the  present  heat  transfer 
measurement  for  the  DTAC  solution  were  carried  out  with  the  several  curvature  angle  6  under  the  fixed  condi¬ 
tion  of  R/r  and  Cd ■  According  to  Fig.  10,  the  heat  transfer  coefficient  of  the  DTAC  solution  in  the  curved  pipe 
showed  the  tendency  to  approach  to  that  in  the  straight  pipe  with  decreasing  of  0. 


The  obtained  data  of  heat  transfer  coefficient  for  the  DTAC  solution  were  non-dimensionalized  in  terms  of  R/r,  0 
and  De  by  the  following  equation  (13)  within  a  standard  deviation  of  ±  7.76  %. 

\ -0.388 

•  e0125  .  De°  383  (13) 

j 

Application  range  :  R/r  =  20-50,  0=7t/4~3/2x7i,  Cd  >  1000  ppm 


Nu  _  f  R 
=  5.269  x  — 


Pr' 


1/3 
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Fig.  10.  Relationship  between  Nu  IPr’ 1/3  and  Re’  ( R/r  =20,  Cj  =  1300  ppm) 

6.  CONCLUSIONS 

From  measurement  results  of  the  viscosity,  drag  reduction  and  heat  transfer  coefficient  of  the  water  solution 

with  a  surfactant  (Dodecyltrimethyl  ammonium  Chloride  and  Sodium  Salicylate  as  a  counter-ion  ),  the  follow¬ 
ing  conclusions  were  obtained. 

1.  From  experimental  results  of  viscosity  for  the  DTAC  solution,  its  viscosity  showed  a  Non-Newtonian  be¬ 
havior.  A  useful  correlative  equation  for  viscosity  of  the  DTAC  solution  was  proposed. 

2.  Flow  drag  reduction  of  the  DTAC  solutions  was  measured  for  curvature  radius  ratio  ranging  from  20  to  50, 
and  0  ranging  from  45°  to  270°.  The  pipe  friction  coefficient  X  for  the  DTAC  solution  showed  good  agree¬ 
ment  with  the  previous  correlation  in  a  laminar  curved  pipe  flow,  while  X  of  the  DTAC  solution  was  smaller 
than  that  of  water  in  a  turbulent  curved  pipe  flow.  This  flow  drag  reduction  effect  of  the  DTAC  solution  in 
the  curved  pipe  was  to  a  lesser  extend  ineffective  as  compared  with  that  in  the  straight  pipe. 

3.  From  heat  transfer  experiments  for  the  DTAC  solutions  in  several  curved  pipes,  it  was  noticed  that  the  heat 
transfer  coefficient  in  the  turbulent  curved  pipe  flow  for  the  DTAC  solution  decreased  by  suppressing  tur¬ 
bulent  vortexes,  as  compared  with  that  of  water.  The  value  of  Nu  IPr’13  for  the  curved  pipe  was  over  that  in 
the  straight  pipe  flow  due  to  the  secondary  flow 

4.  Useful  correlative  equations  for  flow  drag  resistance  and  heat  transfer  of  the  DTAC  solution  were  proposed 
in  terms  of  some  non-dimensional  parameters. 
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ABSTRACT.  The  enhanced  heat  transfer  by  oscillating  flows  past  a  hot  circular  cylinder  is  studied  numerically 
under  the  conditions  of  a  constant  and  uniform  heat  flux  on  the  cylinder  surface  and  a  constant  temperature  at  far¬ 
away.  The  stagnant  ambient  fluid  is  initially  heated  by  the  cylinder  to  a  steady  temperature  distribution,  and  is  then  set 
forth  with  a  sinusoidal  oscillation  to  cool  the  cylinder.  The  velocity  field  is  first  computed  with  a  two-dimensional 
DNS  method,  and  then  used  to  calculate  the  temperature  distribution  at  the  same  instant.  The  transient  development  of 
temperature  deviation  from  the  initial  temperature  represents  the  enhanced  cooling  due  to  the  oscillating  flow.  This 
temperature  deviation  is  presented  graphically  to  demonstrate  the  existence  of  two  heated  regions  near  the  left  and 
right  stagnation  points  on  the  cylinder  against  fluid  oscillation.  The  development  of  the  temperature  pattern  due  to  the 
enhanced  cooling  is  found  to  be  highly  correlated  to  the  secondary  streaming  patterns  associated  with  the  oscillating 
flow. 


1.  INTRODUCTION 

Oscillating  flows  past  a  circular  cylinder  is  one  of  the  challenging  fluid  mechanics  problems.  Typical  phenomena 
include  streaming,  Honji  instability,  vortex  shedding  and  turbulence  generation  [1,  2].  There  are  two  dynamic 
parameters  to  characterize  the  problem:  the  Keulegan  Carpenter  number  KC  and  Reynolds  number  ReD,  which  are 
defined  respectively  by: 


KC  = 


T  J  *  X  * 
^  oo  1 

D* 


* 

D* 


and  ReD  = 


U  *D< 


where  Ux  *  is  the  amplitude  of  the  far-field  fluid  velocity  oscillation,  T*  the  period  of  oscillation,  D*  the  cylinder 
diameter,  A„  *  the  far-field  displacement  amplitude  and  v*  the  fluid  kinematic  viscosity  (Hereafter,  a  variable  with 
an  asterisk  denotes  a  dimensional  quantity). 

When  a  hot  cylinder  is  placed  in  a  cold  stagnant  ambience,  the  heat  generated  from  the  cylinder  is  transferred  mainly 
through  conduction  to  the  ambient  fluid  that  eventually  reaches  a  steady  state,  if  the  buoyant  free  convection  is 
neglected.  If  the  fluid  is  set  forth  with  an  oscillation,  additional  heat  is  transferred  away  from  the  cylinder  by  flow 
motion.  This  increase  in  the  rate  of  heat  transfer  subsequently  leads  to  the  cooling  of  the  heated  cylinder.  This  type  of 
heat  transfer  is  usually  termed  as  the  enhanced  heat  transfer  because  the  transfer  involves  no  net  mass  flow,  in 
difference  to  the  conventional  convective  heat  transfer  where  the  forced  flow  is  steady.  Applications  of  enhanced  heat 
transfer  include  those  in  a  hot  wire  anemometer  and  a  pulse-tube  heat  exchanger,  to  name  a  few.  To  our  knowledge, 
there  exists  little  works  on  the  enhanced  heat  transfer  due  to  oscillating  flows,  even  though  considerable  efforts  were 
devoted  to  the  convective  heat  transfer  in  a  steady  flow  past  a  stationary  circular  cylinder  [3].  Heat  transfer  enhanced 
by  the  vibrations  of  cylinder  in  steady  mean  flows  was  computed  recently  by  Karanth  et  al.  [4]  and  Cheng  el  al.  [5], 
who  focused  on  the  influences  of  vortex  shedding  and  lock-on  phenomena,  respectively.  Experimental  works  on  the 
same  topic  include  those  by  Saxena  &  Laird  [6]  and  Cheng  et  al.  [7].  In  both  experiments,  they  observed  considerable 
increase  in  heat  transfer,  maximum  60%  and  34%  respectively. 

In  the  present  study,  a  Direct  Numerical  Simulation  (DNS)  method  was  implemented  to  delineate  the  transient 
development  of  velocity  and  temperature  fields  of  an  oscillating  flow  past  a  heated  circular  cylinder.  We  limit  this 
study  to  the  regime  of  low  Reynolds  number  so  that  the  flow  is  laminar  and  two-dimensional  in  nature;  hence,  DNS 
can  be  described  simply  with  a  two-dimensional  formulation.  Steady  flows  of  air  past  a  stationary  circular  cylinder  are 
computed  first  for  code  validation.  Then,  a  case  study  for  airflow  of  ReD  =  200  and  KC  =  1  is  performed  to 
demonstrate  the  unique  flow  and  heat  transfer  characteristics  when  the  external  flow  is  oscillatory. 
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2.  MATHEMATICAL  FORMULATIONS 


Consider  the  stagnant  air  surrounding  a  circular  cylinder  under  the  environment  of  no  gravity  is  initially  heated  by  the 
cylinder  to  a  steady  temperature  distribution  0st  * ,  and  is  then  set  into  an  inviscid  flow  oscillation  according  to 
U*  *cos(27tt*/T*)  at  infinity.  The  governing  equations  for  air  flows  and  heat  transfer  are  the  two-dimensional 
continuity,  Navier-Stokes  and  energy  equations.  We  use  the  far-field  velocity  amplitude  U„  *  as  the  velocity  scale 
and  the  cylinder  radius  R*  as  the  length  scale.  The  convection  time  scale  and  the  pressure  scale  are  then  given  by 
R  */U„  *  and  p*(U„*)2  respectively,  where  p*  is  the  fluid  density.  Finally,  the  dimensionless  temperature  is 

defined  bv  e*~0"*  ,  where  0  *  is  the  initial  far-field  temperature  at  r*  =  r„  *,  Q*  the  total  heat  output  per  unit 
Q  */k  * 

length  from  the  cylinder  and  k*  the  thermal  conductivity  of  air.  The  dimensionless  governing  equations  in  cylindrical 
coordinates  become: 


^_  +  ^  +  I^  =  0 

9r  r  r  90 


gur  :  9ur  |  u9  9ur  ue2 
9t  9r  r  90  r 


dup  ,  5ue  ,  ue  ,  urue 

9t  '  dr  r  90  r 


90  1  9(rur0)  1 9(u60) 
9t  r  9r  r  90 


9p 


1  9p 


ReDPr 


J-( 

V>Ur-4^L-‘ 

ReDl 

r  r2  90  i 

2 

[Vue-4^- 

ReD 

^  6  r2  90 

'l  9 

r  9©4_1_9^0- 

r  9r 

l  9r  J  r2  902  _ 

where  p  =  dimensionless  pressure, 

ur  =  dimensionless  velocity  in  the  radial  direction, 

ue  =  dimensionless  velocity  in  the  circumferential  direction, 

0  =  dimensionless  temperature, 

ps2  1  pi  -j  o2 

ancl  v2  _  _  +  .  Here,  0=0°  is  aligned  with  the  direction  of  flow  oscillation. 

9r2  r  9r  r2  902 

Initial  Conditions:  Fluid  is  stagnant  and  the  temperature  field  is  described  by  the  steady  state  conduction. 


(1) 

(2) 

(3) 

(4) 


Thus,  for  t  <  0, 


ur  =  ue  =0  everywhere 


(5a,  b) 


0  =  0 


St 


to(r„/r) 

271 


(6) 


Boundary  Conditions:  For  the  velocity  field,  impermeable  and  no  slip  conditions  are  imposed  on  the  cylinder  surface, 
and  a  sinusoidal  potential  flow  along  the  x-axis  is  applied  at  far  field.  For  the  temperature  field,  constant  temperature 
gradient  condition  is  applied  on  the  cylinder  surface  and  constant  temperature  condition  to  the  far-away  boundary, 
respectively. 


At  r  =  1 , 

o 

II 

11 

3 

(7a,  b) 

9©  _  _  jl 

(8) 

9r  2?t 

At  r  =  rK, 

u  r  =  -(l  +  l/r„3)cos0cos(7rt/KC) 

(9a) 

u  e  = -(l  +  l/r„,2)sin0cos(7rt/KC) 

(9b) 
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©  =  0  (10) 

These  boundary  conditions  were  imposed  for  t  >  0.  Note  that  from  equation  (9)  the  dimensionless  oscillation  period  is 
given  by  T  =  2KC. 

3.  NUMERICAL  PROCEDURES 

The  numerical  code  adopted  a  staggered  grid  such  that  velocities  and  scalar  variables  (p  and  0)  were  located  at  the 
mesh  face  and  center  respectively.  In  the  code,  fractional  time  step  used  by  Kim  and  Moin  [8]  was  implemented  to 
solve  equations  (1-3).  Time  was  advanced  by  Adams-Bashforth  scheme,  whereas  the  convective  and  viscous  terms 
were  discretized  using  the  4th  order  and  2nd  order  central  difference  schemes  respectively.  After  the  velocities  were 
obtained,  the  temperature  distribution  at  that  time  step  was  calculated  by  solving  equation  (4)  with  the  power-law 
scheme  [9].  The  grids  were  uniformly  spaced  in  the  0  direction  and  exponentially  stretched  in  the  r  direction.  For  the 
present  study,  the  time  interval  At/T  was  lxl(T3 .  The  number  of  grids  in  the  r  and  0  directions  were  256  and  180 
respectively.  Lastly,  r„  was  set  to  be  100. 

4.  CODE  VALIDATION 

To  validate  the  numerical  code,  it  is  first  exercised  to  calculate  the  forced  convection  for  steady  flow  past  a  heated 
circular  cylinder,  under  the  condition  of  a  constant  temperature  at  the  cylinder  surface.  This  case  represents  the  limit 
case  of  KC  co  in  the  formulation  given  in  section  2,  except  the  difference  in  the  surface  boundary  condition  on 
temperature.  Figure  1  shows  the  variation  of  mean  Nusselt  number  NuD  with  the  Reynolds  number  ReD.  Here,  the 
Nusselt  number  is  defined  as  NuD  =  h*D*/k*,  where  h*  is  the  angular-averaged  heat  transfer  coefficient.  From  fig. 
1,  it  appears  that  the  present  results  agree  excellently  with  the  numerical  results  [10-12]  and  the  experimental  data  [13- 
16]  by  others. 


10  20  40  60  80  100  200 


Fig.  l.Nu„  vs.  ReD  for  a  steady  and  uniform  flow  past  a  circular  cylinder.  •,  Present  data;  +,  Chen  and 
Weng  [10];  O,  Dennis  et  al.  [11];  O,  Jian  and  Goel  [12];  □,  Hilpert  [13];  A,  Krall  and  Eckert  [14];  X, 
McAdams  [15];  V,  Tsubouchi  and  Masuda  [16]. 

5.  NUMERICAL  RESULTS 

With  the  confidence  in  code  validation,  the  code  is  then  used  to  compute  the  enhanced  cooling  of  a  heated  circular 
cylinder  subjected  to  the  oscillating  flows,  for  different  values  of  ReD  and  KC  at  fixed  Pr  =  0.7.  Due  to  the  limit  of 
text,  here  we  present  only  the  results  of  ReD  =  200  and  KC  =  1.  Before  showing  the  results,  the  definition  of  period- 
averaged  quantity  q  and  angular-averaged  quantity  <q>  are  provided  first. 

The  period-averaged  mean  q  is  defined  by: 

q(r,0,x)  =  i  £T//22q(r,0,t  +  x)dt . 
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The  period-averaged  result  at  the  n,h  cycle  implies  that  at  x  =  (n  -  1/2)T .  On  the  other  hand,  the  angular-averaged 
quantity  <q>  is  given  by: 

<  q  >  (r,  t)  =  r  q(r, 0,  t)d0 . 

2% 

Figure  2(a)  shows  the  transient  development  of  the  enhanced  cooling  of  surface  temperature  on  the  cylinder  wall 
during  the  first  100  cycles.  Here,  A0  is  defined  as  A©  =  ©st  -  ©  to  represent  the  enhanced  temperature  change  due  to 
flow  oscillations,  and  the  subscript  w  donates  the  value  on  the  cylinder  wall.  It  should  be  reminded  that  a  positive 
value  of  A©  implies  an  enhanced  cooling. 

From  fig.  2(a),  it  appears  that  the  mean  values  of  A©w  at  0  =  O' ,  30°  and  60'  all  increase  monotonically  after  the 
first  20  cycles.  To  demonstrate  the  initial  thermal  response  to  the  flow  oscillation,  the  first  40  cycles  are  enlarged  and 
shown  in  fig.  2(b).  It  can  be  seen  that  during  the  first  20  cycles,  the  oscillation  amplitude  are  still  changing.  In 
addition,  the  mean  values  of  the  curves  at  different  0  switch  their  trends  and  even  cross  each  other.  Explanation  will  be 
given  later. 


(b)  first  40  cycles.. 


Fig.  2.  Transient  development  of  A©  on  the  wall  at  various  0. 

To  demonstrate  how  the  mean  temperature  field  responses  to  the  convective  cooling  due  to  oscillating  flow,  the 
contours  of  the  period-averaged  A©  at  different  oscillation  cycles  are  plotted  in  fig.  3.  Note  that  each  closed  contour 
represents  the  location  where  the  local  temperature  change  caused  by  flow  oscillation  is  the  same.  In  each  figure,  four 
regions  are  found,  two  on  the  x-  and  two  on  the  y-axis.  These  regions  are  symmetrical  with  respect  to  the  two  axes.  For 
convenience,  these  four  regions  are  denoted  as  A,  B,  C  and  D  respectively,  as  labeled  in  fig.  4(a)  as  an  example.  The 
values  of  A©  in  regions  B  and  D  at  different  the  cycles  are  all  positive,  whereas  those  in  regions  A  and  C  are  negative 
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(i.e.  temperature  is  higher  than  that  of  stagnant  conduction).  This  redistribution  of  the  temperature  is  associated  with 
the  secondary  mean  flow  named  streaming,  of  which  the  transient  streaming  patterns  are  given  next  in  fig.  4. 
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(d)  at  the  60th  cycle. 
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(e)  at  the  80th  cycle. 

(f)  at  the  100th  cycle. 

Fig.  3.  Transient  development  of  heat  transfer  enhancement.  The  labels  on  the  closed  contours  are  A©  . 

In  fig.  4,  the  streamlines  of  the  secondary  mean  flow  as  computed  from  the  period-averaged  velocities  are  plotted. 
Here,  the  stream  function  v|/  is  defined  as: 


r  * 


In  the  figures,  it  can  be  seen  that  there  are  eight  recirculation  cells  (four  inner  and  four  outer)  at  all  times,  in  agreement 
with  the  observation  by  Tatsuno  [17].  The  pattern  becomes  symmetrical  with  respect  to  both  x  and  y  axes  at  the  100th 
cycle.  In  the  first  quadrant,  the  inner  cell  re-circulates  in  the  clockwise  direction,  while  the  outer  cell  in  the  counter¬ 
clockwise  direction.  The  direction  of  this  mean  circulation  reverses  in  the  fourth  quadrant.  Therefore,  along  the 
positive  x-axis,  the  circulation  of  the  inner  cells  carries  the  cold  fluid  towards  the  cylinder  surface,  whereas  that  of  the 
outer  cells  carries  the  hot  fluid  toward  the  outer  boundary.  As  a  result,  the  local  temperature  deviation  in  region  A  as 
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shown  in  fig.  3  increases.  In  fact  the  temperature  redistribution  is  attributed  to  the  convection  effect  from  both  the  first 
order  oscillation  and  the  secondary  streaming.  The  contribution  due  to  first  order  oscillation  is  the  consequence  of  the 
correlation  between  the  oscillations  in  velocity  and  temperature,  and  is  confined  in  the  inner  region  near  the  cylinder. 
On  the  other  hand,  the  contribution  due  to  secondary  streaming  is  the  convection  of  the  secondary  mean  circulating 
flow  against  the  mean  temperature  gradient,  and  is  dominant  in  the  outer  region  of  the  cylinder.  As  a  result,  as  the 
inner  domain  is  cooled  by  the  oscillation  correction,  it  is  expected  that  the  temperatures  in  regions  A  and  C  will 
eventually  move  to  the  outer  region  as  shown  in  fig.  3(e)-(f). 
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Fig.  4.  Transient  streaming  patterns.  Two  nearby  contours  represent  the  difference  in  ig  being  0.008. 

The  transient  development  of  A0W  distribution  over  on  the  upper-half  of  the  cylinder  is  shown  in  fig.  5.  Due  to 
heating  effect  in  regions  A  and  C,  the  value  of  A0W  in  all  the  curves  is  lowest  (hottest)  at  8  —  0  and  180  (except 

the  one  at  the  10th  cycle),  and  becomes  leveled  in  45°  <  6  <  135° .  At  the  10th  cycle  (see  fig.  4),  the  outer  recirculation 
cells  are  still  weak  but  the  inner  cells  have  been  fully  developed.  The  inner  cells  transport  the  cold  fluid  towards  the 
two  (left  and  right)  stagnation  points  of  the  cylinder  and  bring  the  hot  fluid  away  from  the  top  and  bottom  ends  of  the 
cylinder.  As  a  result,  the  lowest  value  of  A0W  occurs  at  0  =  90  .  This  phenomenon  also  explains  the  initial  transient 
behavior  of  A©w  in  fig.  2. 
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Fig.  5.  The  distribution  of  mean  temperature  drop  A0W  over  the  cylinder  surface  at  different  cycles  of 
oscillation. 

Figure  6  shows  the  results  of  A  <  0  >w  in  the  first  100  cycles,  which  is  the  angular-averaged  values  of  A0W  .  It  also 
represents  the  averaged  mean  temperature  drop  on  the  cylinder  surface  as  cooled  by  the  oscillating  flow.  This  averaged 
value  is  always  positive,  i.e.,  the  cooling  of  the  cylinder  increases  monotonically  during  the  entire  computation. 
Apparently,  the  cooling  of  the  cylinder  does  not  reach  the  steady  state  at  the  end  of  100  cycles  of  flow  oscillation. 


Fig.  6.  The  averaged  surface  temperature  drop  A  <  ©  >w  during  the  first  100  cycles  of  oscillation. 

6.  CONCLUSING  REMARKS 

Enhanced  heat  transfer  in  oscillating  flows  past  a  circular  cylinder  has  been  studied  for  the  first  100  cycles,  and  the 
transient  temperature  change  was  illustrated  graphically.  The  results  of  the  present  study  show  that,  due  to  the  flow 
direction  of  secondary  streaming,  redistribution  of  heated  fluid  generated  two  heated  regions  near  the  left  and  right 
stagnation  points  of  cylinder.  Despite  the  existence  of  these  heated  regions,  it  is  also  found  that  the  value  of  A  <  0  >„ 
is  always  positive  (i.e.  cooling)  and  increases  with  time.  The  results  of  fig.  6  shows  that  the  surface  cooling  of  the 
circular  cylinder  continues  even  after  100  cycles  of  oscillations,  while  the  oscillating  flow  is  basically  stationary.  The 
slow  development  of  the  mean  temperature  then  becomes  a  challenging  task  in  numerical  computation,  because  of  its 
long  time  scale  as  compared  with  the  short  time  scale  of  flow  oscillation.  The  details  on  tackling  this  long  time  scale 
problem  will  be  presented  in  the  next  paper. 

ACKNOWLEDGEMENT 

This  work  was  supported  by  the  grants  R195/96.EG15,  HKUST815/96E  and  HKUST6165/98E  of  Hong  Kong  SAR 
Government. 


737 


REFERENCES 


1.  T.  Sarpkaya,  1986,  “Force  on  a  Circular  Cylinder  in  Viscous  Oscillatory  Flow  at  Low  Keulegan-Carpenter 
numbers,”  Journal  of  Fluid  Mechanics,  vol.  165,  pp.  61-71. 

2.  M.  Tatsuno  and  P.  W.  Bearman,  1990,  “A  visual  study  of  the  flow  around  an  oscillating  circular  cylinder  at  low 
Keulegan-Carpenter  numbers  and  low  Stokes  numbers,”  Journal  of  Fluid  Mechanics,  vol.  211,  pp.  157-182. 

3.  S.  W.  Churchill  and  B.  Bernstein,  1977,  “A  correlating  equation  for  forced  convection  from  gases  and  liquids  to  a 
circular  cylinder  in  crossflow”,  Journal  of  Heat  Transfer,  vol.  99,  pp.  300-306. 

4.  D.  Karanth,  G.  W.  Rankin  and  K.  Sridhar,  1994,  “A  finite  difference  calculation  of  forced  convective  heat  transfer 
from  an  oscillating  cylinder,”  International  Journal  of  Heat  and  Mass  Transfer,  vol.  37,  no.  11,  pp.  1619-1630. 

5.  C.-H.  Cheng,  J.-L.  Hong,  and  W.  Aung,  1997,  “Numerical  prediction  of  lock-on  effect  on  convective  heat  transfer 
from  a  transversely  oscillating  circular  cylinder,”  International  Journal  of  Heat  and  Mass  Transfer,  vol.  40,  no.  8, 
pp.  1825-1834. 

6.  U.  C.  Saxena  and  A.  D.  K.  Laird,  1978,  “Heat  transfer  from  a  cylinder  oscillating  in  a  cross-flow,”  Journal  of 
Heat  Transfer,  vol.  100,  pp.  684-689. 

7.  C.-H.  Cheng,  H.-N.  Chen  and  W.  Aung,  1997,  “Experimental  study  of  the  effect  of  transverse  oscillation  on 
convection  heat  transfer  from  a  circular  cylinder,”  Journal  of  Heat  Transfer,  vol.  1 19,  pp.  474-482. 

8.  J.  Kim  and  P.  Moin,  1985,  “Application  of  a  fractional-step  method  to  incompressible  Navier-Stokes  equations,” 
Journal  of  Computational  Physics,  vol.  59,  pp.  308-323. 

9.  S.  V.  Patankar,  1980,  Numerical  Heat  Transfer  and  Fluid  Flow,  Hemisphere,  Washington,  DC. 

10.  C.  H.  Chen  and  F.  B.  Weng,  1990,  “Heat  Transfer  for  incompressible  and  compressible  fluid  flows  over  a  heated 
cylinder,”  Numerical  Heat  Transfer,  part  a,  vol.  18,  pp.  325-342. 

11.  S.  C.  R.  Dennis,  J.  D.  Hudson  and  N.  Smith,  1968,  “Steady  laminar  forced  convection  from  a  circular  cylinder  at 
low  Reynolds  number,”  Physics  of  Fluids,  vol.  11,  pp.  933-940. 

12.  P.  C.  Jian  and  B.  S.  Goel,  1976,  “A  numerical  study  of  unsteady  laminar  forced  convection  from  a  circular 
cylinder,”  Journal  of  Heat  Transfer,  vol.  98,  pp.  303-307. 

13.  R.  Hilpert,  1933,  “Warmeagabe  von  geheizten  Drahten  and  Rohren  im  Luftstrom,”  F orschungsarbeiten  auf  dem 
Gebiete  des  Ingenieurwesens,  vol.  4,  pp.  215-224. 

14.  K.  M.  Krall  and  E.  R.  G.  Eckert,  1973,  “Local  heat  transfer  around  a  cylinder  at  low  Reynolds  number,”  Journal 
of  Heat  Transfer,  vol.  95,  pp.  273-275. 

15.  W.  H.  McAdams,  1954,  Heat  Transmission,  McGraw  Hill,  New  York. 

16.  T.  Tsubouchi  and  H.  Masuda,  1967-68,  “On  the  experimental  formulae  of  heat  transfer  from  single  cylinders  by 
forced  convection,”  Reports  of  the  Institute  of  High  Speed  Mechanics,  vol.  19,  pp.  221-239. 

17.  M.  Tatsuno,  1973,  “Circulatory  streaming  around  an  oscillating  circular  cylinder  at  low  Reynolds  numbers,” 
Journal  of  the  Physical  Society  of  Japan,  vol.  35,  no.  3,  pp.  915-920. 


738 


K.  Solar  Energy  and  Nuclear  Energy 


739 


NUMERICAL  INVESTIGATION  OF  THE  FLUID  FLOW  AND  HEAT  TRANSFER 
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Abstract.  In  order  to  obtain  a  high  solar  fraction /with  a  thermal  solar  system  for  domestic  hot  water  supply, 
it  is  desirable  to  build  up  and  maintain  as  long  as  possible  a  thermal  stratification  in  the  hot  water  store.  For  this 
purpose,  special  precautions  must  be  taken  while  charging  the  store  with  hot  fluid  from  the  collector  loop.  One 
concept  to  charge  the  store  in  a  stratified  way  is  to  use  a  store  with  a  mantle  heat  exchanger.  A  TRNSYS  [1] 
simulation  study  with  idealized  assumptions  shows,  that  this  store  concept  could  improve  the  efficiency  of  solar 
domestic  hot  water  systems  considerably.  In  order  to  investigate  in  greater  detail  the  possibilities  of  charging  a 
store  in  a  stratified  way  by  using  a  mantle  heat  exchanger,  numerical  simulations  of  the  fluid  flow  and  heat 
transfer  phenomena  inside  the  annular  gap  have  been  carried  out.  The  commercial  Computational  Fluid 
Dynamics  (CFD)-software  FLUENT  has  been  used  for  this  purpose.Two-dimensional  as  well  as  three- 
dimensional  models  were  used.  Because  of  the  transient  process  of  charging  a  long  calculation  time  is  required. 
Hence  only  the  fluid  flow  and  the  heat  transfer  in  an  annular  gap  are  examined.  Thermal  stratification  inside  the 
gap  was  assumed  as  initial  condition.  Both  the  area  around  the  inlet  pipe  as  well  as  the  entire  geometry  are 
investigated  in  detail.  The  results  show  that  charging  in  a  stratified  way  works  well  if  the  incoming  fluid  is 
hotter  than  the  fluid  at  the  top  of  the  annular  gap.  In  the  case  of  charging  the  annular  gap  with  a  relatively  cold 
fluid,  the  stratification  is  partly  destroyed  in  the  upper  part  of  the  gap.  In  the  bottom  part  on  the  other  hand, 
where  the  temperatures  are  lower  than  that  of  the  charging  fluid,  the  stratification  is  widely  preserved. 
Concluding  it  can  be  said  that  stores  with  a  mantle  heat  exchanger  can  be  considered  a  very  interesting 
alternative  to  existing  store  concepts,  that  make  great  efforts  to  obtain  and  maintain  thermal  stratification. 

1.  INTRODUCTION 


In  many  Central  European  countries  and 
particularly  in  Germany  there  is  an  increasing 
market  for  thermal  solar  systems  for  domestic 
hot  water  supply  and  space  heating.  They 
usually  consist  of  a  collector,  a  hot  water  store, 
an  auxiliary  heat  exchanger  and  a  controller.  In 
recent  years  they  have  more  and  more  been 
developed  into  high-tech  systems,  see  Fig.  1. 
The  hot  water  store  is  charged  on  sunny  days 
via  a  solar  loop.  It  generally  contains  a  water- 
glycol  mixture  as  heat  transfer  fluid.  The  store 
is  discharged  via  the  domestic  hot  water  loop. 
A  conventional  boiler  (auxiliary  heater)  is  used 
to  maintain  the  temperature  level  (e.g.  60°C)  in 
the  top  of  the  store  (e.g.  during  bad  weather 
periods).  Finally  the  controller  ensures  the 
correct  operation  of  the  entire  system.  One  of 
the  central  components  determining  the  solar 
fraction  /  is  the  hot  water  store.  Hence  this 
component  will  now  be  considered  in  detail. 

As  mentioned  before  the  hot  water  store  is 
discharged  via  the  domestic  hot  water  loop.  Hot 


hot  water 


4= 

cold  water 


Fig.  1.  Schematic  construction  of  a  conventional 
solar  system  for  domestic  hot  water 
preparation 
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water  is  taken  from  the  upper  part  of  the  store  while  cold  water  is  supplied  to  the  the  bottom  of  the  store,  see 
Fig.  1.  Because  of  its  higher  density,  the  cold  water  remains  in  the  lower  part  of  the  store  and  a  temperature 
stratification  will  develop.  If  necessary,  the  water  in  the  upper  part  of  the  store  is  maintained  at  a  preset 
temperature  with  an  auxiliary  heater.  Therefore,  this  part  will  be  called  “auxiliary  volume”  Faux.  The  size  of  this 
volume  is  a  criterion  for  the  comfort  of  the  solar  system  for  domestic  hot  water  supply  and  must  be  adapted  to 
the  user’s  behaviour.  In  conventional  stores,  the  fluid  from  the  solar  loop  enters  the  heat  exchanger  in  the  lower 
part  of  the  store  and  is  cooled  down.  Hence  this  part  of  the  store  will  be  called  solar  volume  VSoi-  The  aim  is  to 
maintain  a  thermal  stratification  inside  the  store,  so  that  the  preset  temperature  is  better  kept  and  auxiliary  heat  is 
saved.  In  addition,  the  temperature  of  the  heat  transfer  fluid  leaving  the  heat  exchanger  towards  the  collector 
will  be  lower  than  within  a  fully  mixed  store.  This  decreases  the  “reduced  temperature  difference”  T*m  = 

/£giob,c  of  the  collector  and  leads  in  turn  to  a  higher  collector  efficiency  77.  In  this  equation  is  the  mean 
collector  temperature,  £gi0b.c  the  irradiation  in  the  collector  plane  and  the  ambient  temperature. 

Finally,  a  comparison  of  two  stores  having  the  same  internal  energy  but  one  is  stratified,  the  other  fully  mixed, 
shows  that  the  availability  £XiS  of  the  stratified  store  is  larger  than  that  of  the  fully  mixed  one,  according  to 
equation  (1),  see  [2]: 


Ex,s  =ms 


(Ts  -Tam)"!, 


am 


•In- 


lam 


(1) 


the  ambient  Kelvin 


with  ms  being  the  mass,  cs  the  specific  heat,  Ts  the  Kelvin  temperature  of  the  store  and  Ta 
temperature. 

The  inevitable  heat  transport  by  conduction  in  the  water  and  in  the  walls  of  the  store  will  gradually  destroy  any 
stratification.  Since  this  kind  of  heat  transport  is  relatively  slow,  the  temperature  stratification  nevertheless  can 
be  considered  as  quasi  -stationary.  This  is  shown 
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by  a  simple  theoretical  example  in  which  heat  is 
transported  by  conduction  in  a  water  column  of  the 
height  Hs=  1.5  m  (conduction  in  the  wall  of  the 
store  and  heat  losses  to  the  surroundings  are 
neglected).  A  temperature  step  profile  is  chosen  as 
initial  condition  with  a  temperature  of  60°C  in  the 
top  half,  and  20°C  in  the  bottom  part  of  the  store. 

Since  the  temperature  profile  is  stable,  no 
convection  occurs.  The  results  show,  that  the  step 
profile  changes  very  slowly.  It  takes  10  hours  until 
a  gradient  zone  occurs  in  1/3  of  the  entire  store 
height,  see  Fig.2.  This  time  interval  is 

approximately  the  maximum  time  period  between 
two  discharges  by  the  user.  With  an  immersed  heat 
exchanger  in  the  lower  part  of  the  store  the 
temperature  there  rises  very  quickly.  When  around 

noon,  the  highest  collector  temperatures  are  reached,  the  natural  convection  from  the  solar  heat  exchanger  will 
destroy  any  temperature  stratification  and  a  more  or  less  uniform  temperature  is  obtained  within  the  store. 
Compared  to  the  stratified  situation  the  temperature  will  be  lower  in  the  top  part  and  higher  in  the  bottom  part. 
With  an  increased  temperature  around  the  solar  heat  exchanger  it  might  well  be  that  the  decreasing  irradiation  in 
the  afternoon  cannot  be  used  or  only  to  a  small  extent.  For  such  a  case  the  mantle  heat  exchanger  is  assumed  to 
be  useful.  It  is  formed  by  a  mantle  around  the  actual  store,  with  the  fluid  flowing  in  the  annulus  around  the 
storage  vessel,  Fig.  3. 


30  40  50 

temperature  [°C] 


Fig.  2.  Dismantling  of  stratification  due  to 
conduction 


In  order  to  minimize  heat  losses  to  the  surroundings,  the  water  for  domestic  use  is  stored  in  the  inner  tank.  The 
inlet  of  the  solar  loop  is  connected  to  the  top  of  the  outer  tank.  The  oulet  is  connected  to  the  bottom  of  the  outer 
tank,  opposite  to  the  inlet.  Thus  the  fluid  of  the  solar  loop  flows  from  top  to  the  bottom  of  the  annular  gap  and 
with  a  low  flow  rate  it  can  be  expected,  thermal  stratification  develops  in  the  gap  and  stratification  will  be 
preserved  in  the  entire  store. 
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If  the  fluid  entering  the  gap  is  colder  than  the  water  in  the  auxiliary  part  of  the  store,  it  can  be  expected,  that,  it 
will  quickly  sink  down  to  a  level,  where  its  temperature  roughly  matches  its  surroundings.  If  on  the  other  hand, 
the  fluid  is  hotter  than  the  auxiliary  part,  heat  transfer  occurs  immediately.  Whether  this  really  happens  will  be 
checked  in  the  following  chapters  with  a  detailed  numeric  simulation  of  the  flow  field  in  the  annulus. 


2.  THERMAL  SOLAR  SYSTEM  WITH  A  STORE  USING  A  MANTLE  HEAT  EXCHANGER 


A  TRNS YS-simulation  study  was  carried  out.  For  reference  two  systems  were  used:  one  with  a  flat  plate 
collector  (FPC)  and  the  other  with  an  evacuated  tube  collector  (ETC)  [3].  Each  system  was  investigated  with 


both,  a  conventional  heat  exchanger  and  a 
mantle  heat  exchanger.  The  solar  fraction  /  of 
either  configuration  is  compared  to  that  of  the 
reference  system.  Two  modes  of  charging  the 
mantle  heat  exchanger  are  assumed:  stratified 
and  not  stratified.  The  solar  fraction  is  a 
measure  for  the  savings  of  fossil  fuel. 
Meteorological  data  for  simulating  one  year  of 
operation  are  those  of  the  test  reference  year  of 
Wurzburg.  Hot  water  demand  was  modelled  for 
a  typical  Central  European  four  person’s 
household  (  Qhad  -  2937  kWh/a  corresponding 
to  a  total  consumption  of  200  1/d  of  hot  water  at 
a  temperature  of  ft  =  45  °C.  The  required 
temperature  is  adjusted  by  mixing  the  hot  water 


Fig.  3.  Scheme  of  a  solar  system  using  a  mantle  heat 
exchanger 


from  the  auxiliary  part  of  the  store  (60°C  <  0 
<95°C)  with  cold  water  of  a  temperature  f>  = 

10°C.  Hot  water  is  drawn  from  the  store  at 
three  different  times  of  the  day  (80  1  at  7  p.m. 

and  7  a.m.  and  40  1  at  noon).  The  mass  flow  rate  of  the  respective  hot  water  discharges  is  =  396  kg/h.  The 
remaining  data  of  the  individual  components  of  the  reference  systems  (e.g.  collector  efficiency,  control  strategy, 
...)  were  taken  from  well  designed  systems  investigated  in  a  comparison  test,  performed  at  the  ITW  for  a 
German  consumer  magazine  [4],  For  charging  the  store  ( mso!  =  50  kg/(h  m2  collector  area)  )  with  the  mantle 


heat  exchanger  two  cases  were  examined:  In  the  first  the  fluid  from  the  solar  loop  enters  the  store  at  the  top,  in 
the  second  case  the  fluid  enters  the  gap  below  the  auxiliary  volume  of  the  store  (in  this  example  the  auxiliary 
volume  occupies  the  upper  half  of  the  store),  see  Fig.  3.  Here,  heat  transfer  occurs  only  in  the  solar  part  and  not 
in  the  auxiliary  part.  The  results  of  the  simulations  are  summarized  in  Table  1. 


Table  1.  Comparison  of  the  Solar  Fraction  of  Different  Solar  Systems 


reference 

system 

system  with  mant 
(collector  hot  le 

le  heat  exchanger 
g  at  half  height) 

system  with  mantle  heat  exchanger  j 
(collector  hot  leg  at  top)  | 

/[%] 

with  s 
cha 

/[%] 

tratified 

rging 

A /[%] 

withou 

ch 

/[%] 

t  stratified 
arging 

Af[% ] 

with  s 
cha 

fl%] 

tratified 

rging 

A f\%] 

withou 

ch 

/[%] 

it  stratified 
arging  1 

system  with  FPC 

iMfl 

0,3 

-1.26 

16,5 

-30.26 

system  with  ETC 

r48,40 

-1.45 

■m 

27,7 

-22,15  | 

The  results  show,  that  the  solar  fraction /increases  only  when  stratification  is  maintained  during  charging.  If  this 
is  not  the  case,  the  solar  fraction  is  reduced  drastically.  The  cause  for  this  is,  that  under  operating  situations  with 
collector  hot  leg  temperatures  being  below  those  of  the  heated  part  of  the  store,  heat  is  removed  from  the  top  to 
the  lower  part  of  the  store. 
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That  means,  that  the  auxiliary  part  has  to  be  heated  in  turn  by  the  auxiliary  heater  and  the  back  flow  to  the 
collector  is  raised,  due  to  the  higher  temperature  in  the  solar  part  of  the  store.  It  is  possible  to  avoid  this  effect  by 
decreasing  the  mass  flow  rate  in  the  solar  loop.  With  these  so-called  “low  flow  systems”  the  temperature  at  the 
collector  outlet  increases  quickly.  Moreover,  the  impulse  of  the  incoming  fluid  is  small,  so  that  the  thermal 
stratification  is  not  penetrated.  Fiinfgeld  [5]  determined  improvements  of  the  solar  fraction  up  to  10%  (relative) 
for  low  flow  systems  ( mso ,  =10  +  20  kg/(h  m2  collector  area)  )  with  charging  stratified.  But  such  improvements 
are  only  possible  for  solar  fractions /below  40%.  They  will  become  smaller  for  systems  with/more  than  50%. 
Since  the  preservation  of  the  thermal  stratification  during  charging  appears  to  be  crucial  for  the  improvement,  a 
CFD-  analysis  of  fluid  flow  and  heat  transfer  in  the  annular  gap  is  performed. 

3.  CFD-ANALYSIS  OF  FLUID  FLOW  AND  HEAT  TRANSFER  IN  THE  ANNULAR 
GAP  OF  A  STORE  WITH  A  MANTLE  HEAT  EXCHANGER 

The  results,  presented  in  the  section  above,  show,  that  solar  systems  for  domestic  hot  water  supply  using  a  low 
flow  concept  combined  with  a  mantle  heat  exchanger  only  have  advantages  over  conventional  systems,  if  the 
assumption  was  made,  that  thermal  stratification  is  preserved.  Whether  this  assumption  is  justified  will  be 
shown  by  a  numerical  simulation  of  the  transient  charging  process.  The  commercial  CFD-package 
FLUENT/UNS  [6]  is  used  for  this  purpose.  It  solves  the  Navier-Stokes  equations  with  a  finite  volume  method. 

The  superposition  of  forced  convection  and  free  convection,  makes  it  relatively  difficult  to  solve  the  problem 
numerically.  The  buoyancy  forces  due  to  density  differences  are  normally  described  by  means  of  the 
Bousssinesq-  approximation.  Gray  and  Giorgini  [7]  have  derived  a  number  of  criteria  for  the  validity  of  the 
Bousssinesq-  approximation.  Three  of  these  criteria  are: 


/3gT 

Pr  <  0.1 

1  d»-e 

<0.1, 

PIL  T. 

<0.1, 

(2) 

CP 

P  dJ 

cP  © 

with  0  =  (Th-Tc),  denoting  the  maximal  temperature  difference,  /3  the  volumetric  thermal  expansion  coefficient, 
g  the  gravitational  acceleration  and  L  the  characteristic  length. 


When  combined,  the  three  relationships  enclose  the  gray  colored  domain  in  Fig.  4  in  which  the  Boussinesq- 
approximation  is  valid  results  for  water  of  fr  =  15°C. 

For  the  store  considered  here,  the  operation 
conditions  seem  to  fall  outside  the  area  of  validity. 

Merker  [8]  points  out  however,  that  these 
restrictions  are  too  severe  and  the  Boussinesq- 
approximation  has  a  greater  range  of  validity. 

Therefore,  further  considerations  should  be  made.  In 
Fig.  5  and  Fig.  6  the  density  differences  Ap  =  p(O) 
p(40°C)  for  water  and  for  a  water-glycol-  mixture 
are  presented.  Tabulated  values  are  used  for  the 
density  of  water  and  water-  glycol,  respectively,  see 
[9].  The  density  difference  was  also  determined  with 
the  Boussinesq  approximation.  The  deviations  are 
very  small  for  the  water  glycol  mixture.  The 
deviations  are  comparatively  large  for  water  and  low 
temperatures.  Whether  the  Boussinesq  approxima¬ 
tion  can  be  applied  or  not,  and  whether  a  turbulence 
model  has  to  be  employed  for  the  numerical 
simulation  of  the  fluid  flow  in  the  annulus  will  be 
checked  with  a  simplified  two-dimensional  example. 


Fig. 


Length  [m] 

4.  Range  of  validity  of  the  Bousinesq- 
approximation  for  water  (<L  =  15°C  and 
/?„,=!, 013  bar) 


743 


Fig.  5.  Temperature  dependency  of  the  density 
difference  for  water 


Fig.  6.  Temperature  dependency  of  the 

density  difference  for  water-glycol 


3.1  Two-Dimensional  Calculations 


L/3 


CN 


Because  of  the  large  requirement  on  “Central  Processing  Unit”  CPU-resources  the  preliminary  investigations  are 
carried  out  for  a  two-dimensional  model  which  corresponds  to  a  section 
of  the  annulus,  Fig.  7.  The  section  extends  over  half  the  store-  height 
and  1/3  of  the  mantle  circumference  in  length.  Although  not  all  physical 
processes  are  considered  with  this  two-dimensional  model,  this 
investigation  offers  the  possibility,  to  gain  an  impression  of  the  effect  of 
different  simulation  conditions.  Starting  again  from  a  reference  case,  see 
Table  2,  further  calculations  with  different  simulation  parameters  are 
carried  out  (e.g.,  the  use  of  a  turbulence  model,  or  temperature- 
dependent  density, ...). 


'Inlet 


Table  2.  Data  of  the  Reference  Model 


Geometry 

Initial-  and  boundary  condition 

1  Height 

Hs=  1,2  m 

Inlet 

parabolic  velocity 
profile,  with 
wm=  0,084  m/s 

Length 

L  -  0,78  m 

Inner  0  dx 

Dt  =  0,48  m 

fr*,  =  50  °C  resp.  70°C 

Pipe  0 

dRohr= 0,016 

Outlet 

const,  pressure 

Length 

Si  =  0,1  m 

Wall 

outer  surface:  adiabat, 
inner  surface:  temp¬ 
erature  profile 

Distance 

s2  -  0,02  m 

Initial 

temperature 

fro=60 

O 

Cu 


pressure-outlet 


Fig.  7.  Geometry  of  the  two-  dimen 
sional  investigations 


The  inlet  velocity  of  the  water-glycol-mixture  (30  %  glycol)  corresponds  to  that  of  a  low  flow  system. 
Therefore,  a  laminar  fluid  flow  in  the  annular  gap  is  assumed  for  the  reference  case.  For  the  coupling  of  pressure 
and  the  velocity  a  SIMPI JE-method  is  used.  The  buoyancy  forces  in  the  momentum  equation  are  described  by 
the  Bousssinesq  approximation.  The  time  increment  for  the  simulation  is  At  =0,01  s.  The  grid  of  the  calculated 
section  has  9636  volume  elements.  The  velocity  field  in  the  annular  gap  was  initialized  with  that  of  a  stationary 
isothermal  fluid  flow. 

Two  cases  are  examined:  The  fluid  entering  the  annular  gap  is  either  colder  (frm  =  50°C)  than  that  in  the 
auxiliary  heating  part  (fr,n  =  60°C)  or  hotter  (frin  =  70°C).  The  thermophysical  properties  for  the  fluid  correspond 
to  a  water-glycol  mixture  (30  %  glycol)  with  40°C  [9]. 
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The  temperature  fields,  resulting  from  different  simulations  conditions  for  the  first  case  an  after  42  seconds,  are 
shown  in  Fig.  8.  Due  to  the  density  difference,  the  colder  fluid  entering  the  gab,  always  sinks  down. 
Consequently  the  stratification  can  be  maintained  in  principle.  The  results  determined  with  the  RNG-k-e 
turbulence -model  (k  =  710'5  m2/s2,  e  =  910‘5  m2/s3)  are  almost  identical  to  those  of  the  reference  case.  The 
difference  between  the  two  results  of  a  simulation,  which  were  computed  with  a  and  this  one,  calculated  with 
the,  are  already  more  visible.  Switching  from  the  Boussinesq  approximation  to  the  use  of  a  temperature 
dependent  density  lead  to  more  visible  differences. 


Reference 


RNG  k-e  Modell 


m 


Fig.  8.  Temperature  fields  after  42  seconds  of  charging  the  hot  water  store  with  50°C  warm  water 


fr.  =70' 


0,084nVs 


Qualitatively,  the  results  of  all  three  calculations  agree  well.  But  in  the  calculation  with  the  temperature 
dependent  density,  the  incoming  colder  fluid  stretches  further  downwards  than  in  the  reference.  The  boundary 
layer  grows  less  quickly.  This  indicates 
that  the  buoyancy  forces  are 
underpredicted  by  the  Boussinesq 
Approximation.  The  conclusion  of  the 
first  simulations  is,  that  the  use  of  a 
turbulence  model  is  unnecessary.  Despite 
the  differences  between  the  results  with 
and  without  the  Boussinesq 
approximation,  the  approximation  will  be 
further  retained,  because  of  the 
comparability  to  the  reference  case. 

Charging  the  store  with  a  relatively  hot 
fluid  (frjn  =  70°C)  is  shown  in  Fig.  9.  Here 
the  hot  fluid  is  stratified  in  the  upper  part 
of  the  store,  see  Fig.  9.  All  results 
obtained  so  far,  agree  with  Furbo  and 
Shah’s  [10]  results.  The  authors  examined 
a  store  with  a  “mantle  tank”  exper¬ 
imentally  and  concluded  that  a  thermal 
stratification  could  be  developed  and 
maintained. 


=60' 


t  =  2As 


t  =  42s 


Fig.  9.  Temperature  fields  after  42  seconds  of  charging 
the  hot  water  store  with  70°C  hot  water 


Finally  the  results  will  be  confirmed  by  means  of  a  three-dimensional  calculation,  presented  in  the  following. 

3.2  Three  Dimensional  Calculations 

The  examined  geometry  is  shown  in  Fig.  10.  Table  3  lists  some  of  the  data  necessary  for  the  simulation.  In  order 
to  limit  the  CPU  time,  the  water  in  the  inner  tank  was  not  modelled.  Due  to  symmetry  only  half  of  the  annulus  is 
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modelled.  The  starting  temperature  of  the  fluid  in  the  upper  half  of  the  annulus  ( Hs  >  0,6  m)  is  fr0  =  60°C.  This 
initial  condition  is  obtained  when  the  upper  half  of  the  hot  water  store  is  kept  at  this  temperature  by  the  auxiliary 
heater.  In  the  lower  part  of  the  store,  up  to  a  height  of  Hs  =  0.2  m,  the  initial  temperature  is  20°C.  This  condition 
is  the  result  of  discharging,  when  cold  water  flows  into  the  lower  part  of  the  store.  In  the  section  between  these 
temperatures  (0,2  <H$<  0,6),  a  linear  temperature  profile  from  20°C  to  60°C  is  assumed.  A  time  step  of 
At  =  0,001  s  is  used  for  the  simulations. 


Table  3.  Data  for  the  Calculation  of  the  Entire  Geometry 


j  Geometry 

Initial-  and  boundary  condition 

Height 

Hs  =  1,2  m 

Inlet 

parabolic  velocity  profile 
with 

0,084  m/s 
=  50  °C  resp..  70°C 

Outer  0 

Da  -  0,52  m 

Inner  0 

D,  -  0,48  m 

Pipe0 

dpipe= 0,016 

Outlet 

const,  pressure 

Length 

ii  =  0,1  m 

wall 

outer  surface:  adiabatic, 
inner  surface:  temp¬ 
erature  profile 

Distance 

=  0,02  m 

Initial 

temperature 

fr0=20°C  for  Hs< 0.2  m 
20oC<00<60  for 

0.2m  <HS  <Hs  <  0.6  m 
fr0=60°C  for  Hs  >0.6  m 

Number 

of 

elements 

90606 

The  temperature  distributions  in  the  annular  gap  at  different  times  of 


charging  with  warm  fluid  of  0^  =  50°C  are  presented  in  Fig.  11.  It  can  be  Fig.  10.  3D-Geometry 
seen,  that  the  incoming  fluid  sinks  down  directly  after  the  inlet,  because  of 

the  effect  of  gravity.  In  the  course  of  its  flow,  the  sinking  fluid  meets  colder  fluid  levels  and  the  temperature 
gradient  (responsible  for  the  sinking)  decreases.  Consequently,  the  sinking  cold  front  broadens.  As  soon  as  the 
sinking  fluid  meets  a  fluid  colder  than  itself,  the  flow  direction  reverses.  This  phenomenon  can  be  explained  as 
the  result  of  a  sort  of  impact.  The  same  flow  pattern  can  be  observed  in  experimental  investigations  [11].  In  the 
bottom  part,  where  the  temperatures  are  lower  than  those  of  the  charging  fluid,  the  stratification  is  preserved. 
Summarizing  it  can  be  said,  that  in  this  case,  the  thermal  stratification  is  preserved  during  charging  the  store. 
The  heat  will  be  stored  in  a  stratified  way. 


t 


Fig.  11.  Temperature  field  in  the  annular  gap  for  different  times  during  charging  with  warm  fluid  of 
50°C  (temperature  scale  from  20°C  to  60°C) 
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Finally  charging  is  examined  with  fluid  (ftin  =  70°C)  hotter  than  the  water  in  the  store  (6  =  60°C).  The 
temperature  field  in  the  annular  gap  after  116  seconds  is  shown  in  Fig.  12.  Except  for  the  inlet  temperature  no 
other  data  were  modified  compared  to  the  above  calculation.  Although  a  steady  mass  flow  exists  in  the  gap  and 
hot  fluid  enters  at  the  top  while  cold  fluid  leaves  at  the  bottom,  the  temperature  stratification  is  not  disturbed.  On 
the  contrary,  an  additional  layer  of  hot  fluid  forms  at  the  top  of  the  store.  This  is  possible,  because  of  the  low 
flow  rate.  The  results  confirm,  that  charging  the  store  at  the  top  with  hot  water  is  uncritical. 

ft  in  =70°C 


ft  ta=60»C 


ft  =20°C 

t  =  116  s 

Fig.  12.  Temperature  field  in  the  annular  gap  after  116  s,  charging  with  hot  fluid  of 
70°C  (temperature  scale  from  20°C  to  70°C) 

4.  SUMMERY 

Solar  stores  can  be  improved  applying  low  flow  and  a  mantle  heat  exchanger.  A  TRNSYS  simulation  performed 
with  the  assumption  that  a  thermal  stratification  is  maintained,  shows  how  much  the  solar  fraction  can  be 
increased,  when  a  store  with  a  mantle  heat  exchanger  is  used  in  combination  with  a  low-  flow  system.  In  order 
to  verify  that  thermal  stratification  is  preserved  in  the  store,  the  fluid  flow  and  the  heat  transfer  in  the  annular 
gap  are  examined  by  means  of  a  CFD  analysis.  The  results  show,  that  charging  the  store  with  fluid  hotter  than 
that  in  the  store,  is  uncritical.  In  this  case,  the  stratification  survives  very  well.  If  on  the  other  hand,  the  incoming 
fluid  is  colder  than  the  auxiliary  heating  part  of  the  store,  a  slight  mixing  of  levels  with  different  temperatures 
will  occur  and  the  stratification  is  partly  destroyed.  The  stratification  is  still  maintained  in  that  part  of  the  store, 
which  is  colder  than  the  incoming  fluid.  The  numerically  determined  results  agree  qualitatively  with  the  results 
obtained  by  Furbo,  Shah  [10].  Their  experiments  with  a  low  flow  system  combined  with  a  store  with  a  mantle 
heat  exchanger  also  show,  that  the  stratification  is  maintained. 
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ABSTRACT.  In  this  paper,  a  solar  collector  utilizing  electro-hydro-dynamical(EHD)  effect  is  proposed  for 
improvement  of  the  collector  efficiency.  The  EHD  solar  collector  is  cylindrical  and  a  double  structure  made  of 
glass.  Between  the  outer  cylinder  and  the  inner  cylinder,  there  are  black  round  stones  for  thermal  storage  and 
R 123  as  heat  transporting  medium  is  supplied  in  the  inner  cylinder.  Two  line  electrodes  are  arranged  at  upside  of 
the  surface  of  R123  and  the  top  of  the  outer  cylinder  is  covered  by  a  disk  electrode  made  of  copper.  On  the  disk 
electrode,  a  heat  exchanger  is  put.  By  applying  direct  high  voltage  between  the  electrode,  corona  wind  occurs  in 
the  vapour  of  R123.  In  result,  we  are  able  to  expect  heat  transfer  enhancement  from  the  collector  toward  the  heat 
exchanger  and  improvement  of  collector  efficiency. 

1.  INTRODUCTION 

Generally  speaking,  any  heat  transfer  mechanism  is  complicated  when  an  electric  field  is  applied.  Complex 
interactions  between  electric,  flow  and  temperature  fields,  require,  in  some  cases,  that  the  governing  equations 
be  solved  simultaneously.  However,  in  the  case  of  forced  convection  heat  transfer  with  negligible  natural 
convection,  the  temperature  fields  are  determined  theoretically  by  the  flow  fields.  In  cases  of  condensation  heat 
transfer,  the  flow  of  condensate  determines  the  heat  transfer  rate.  Therefore,  the  heat  transfer  enhancement 
techniques  utilizing  electric  fields  are  frequently  called  electro-hydro-dynamical  augmentation  methods  of  heat 
transfer.  Earlier[l,2],  one  of  the  authors  attempted  to  apply  corona  wind  to  improve  the  solar  collector 
efficiency.  In  this  case,  a  source  of  electricity  on  the  market  was  used  to  cause  corona  wind  in  the  vapour  of 
R123.This  paper  meals  with  the  EHD  solar  collector  using  an  outdoor  source  with  the  solar  cells.  In  this  paper,  it 
is  experimentally  clarified  that  the  heat  transfer  is  enhanced  by  EHD  effect,  that  of,  corona  wind  in  the  solar 
collector. 


2.  EXPERIMENTAL  APPARATUS 

The  EHD  solar  collector  is  cylindrical  and  a  double  structure  made  of  glass  shown  in  Fig.l.  Between  the  outer 
cylinder  and  the  inner  cylinder,  there  are  black  round  stones  for  thermal  storage  and  R123  as  the  heat 
transporting  medium  was  supplied  in  the  inner  cylinder.  Two  line  electrodes  are  arranged  at  upside  of  the 
surface  of  R 123  and  the  top  of  the  outer  cylinder  is  covered  by  a  disk  electrode  made  of  copper.  On  the  disk 
electrode,  a  heat  storage  is  put  .By  applying  direct  high  voltage  between  the  electrodes,  corona  wind  occurs  in 
the  vapour  of  R 123. As  results,  the  heat  transfer  is  enhanced  from  the  heat  collector  toward  the  heat  storage.  A 
system  of  the  EHD  solar  collector  is  shown  in  Fig.2.  The  outdoor  source  is  composed  of  solar  cell,  invertor, 
transformer  and  rectifier.  The  output  of  solar  cell  is  converted  to  direct  high  voltage  by  using  the  inverter, 
transformer,  and  the  rectifier. 


3.  RESULTS  AND  DISCUSSION 

The  temperatures  of  the  heat  storage  was  compared  in  case  of  applying  voltage  between  electrodes  of  the  EHD 
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solar  collector  and  not  applying  voltage.  The  temperatures  of  the  heat  storage  are  shown  in  Fig.3.  These 
experiment  were  carried  out  in  the  month  of  December.  It  is  seen  that  the  temperature  of  the  heat  storage  in  case 
of  applying  voltage  is  higher  than  that  of  not  applying  voltage.  The  maximum  difference  of  the  temperature  in 
two  case  is  4(°C).  The  effect  of  corona  wind  is  recognized.  Because  the  heat  storage  was  enhanced  by  applying 
the  direct  high  voltage  between  two  line  electrodes  and  the  disk  electrode. 


^Thermometer 


Outer 

cylinder 


Inner  cylinder 


Black  round 
stones 


Fig.l  A  schematic  of  the  EHD  solar  collector 


Fig.2  A  system  of  the  EHD  solar  collector 
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Temperature(°C) 


25 


Volume  of  R123:300(cc) 

Volume  of  water  in  heat  storage  :200(cc) 
Corona  discharge  electrode : 


5  h 


-Temperature  of  water  in  heat  storage  in  case  of  applying  voltage 
-Temperature  of  water  in  heat  storage  in  case  of  not  applying  voltage 
-  Outdoor  temperature 


0 

10:00 


10:30 


11:00  11:30  12:00  12:30  13:00  13:30  14:00 


Time  of  the  day 


Fig.3  Water  temperature  in  the  heat  storage 

4.CONCLUSIONS 

A  system  of  the  EHD  solar  heat  collector  was  tested  by  utilizing  the  outdoor  source  of  electricity  with  the  solar 
cells.  It  was  experimentally  clarified  that  the  temperature  of  the  heat  storage  in  case  of  applying  voltage  between 
electrode  of  the  EHD  solar  collector  was  higher  than  that  of  not  applying  voltage.  Namely,  the  effect  of  corona 
wind  was  recognized. 
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ABSTRACT.  The  present  paper  presents  theoretical  analysis  of  the  instantaneous,  daily,  and  yearly 
enhancement  in  solar  energy  collection  of  tilted  flat-plate  solar  collector  augmented  by  a  plane  reflector.  The 
shadow  effect  due  to  the  reflector  on  the  collector  is  considered  in  the  analysis.  A  FORTRAN  computer  program 
has  been  constructed  based  on  the  analysis  to  optimize  different  operational  and  design  parameters  of  plane 
reflector-tilted  flat-plate  solar  collector  systems.  These  parameters  include  reflector-collector  system  orientation 
and  tilt  angles,  collector  elongation  ratio,  and  reflector  overhang  ratio. 

1.  INTRODUCTION 

Fixed  flat-plate  solar  energy  devices  suffer  from  drawbacks  such  as  relatively  high  initial  cost  and  low  solar 
energy  collection  and  energy  output,  specially,  in  winter  when  energy  demand  is  high.  The  use  of  inexpensive 
plane  reflectors  to  enhance  the  solar  energy  collection  of  tilted  flat-plate  solar  collectors  can  provide  acceptable 
efficiencies  at  higher  operating  temperatures  with  minimal  tracking. 

The  geometrical  arrangement  of  plane  reflector-collector  systems  with  the  reflector  located  below  the  collector 
was  investigated  by  McDaniels  et  al.[l],  Baker  et  al.[2],  and  Larson  [3].  They  determined  optimal  tilts  of  the 
reflector  and  collector  for  winter  space-heating  applications.  Other  investigators  analyzed  the  performance  of  a 
flat-plate  solar  collector  with  a  single  plane  reflector  located  either  south  or  north  facing  [4-7].  Their  results 
showed  that  the  single  reflector-collector  system  is  suitable  for  providing  selective  performance  enhancement  in 
winter  or  in  summer.  Garg  and  Hrishikesan  [8],  and  Narasimha  Rao  et  al.  [9]  optimized  the  reflectors  tilt  angles 
of  a  two  plane  reflectors-collector  system  with  the  reflectors  located  north/south  and  east/west  facing, 
respectively.  The  enhancement  achieved  in  solar  collection  of  a  horizontal  flat-plate  collector  by  four  plane 
reflectors  located  south,  north,  east,  and  west  facing  was  analyzed  by  Kumar  et  al.  [10]. 

The  present  paper  aims  to  optimize  the  different  operational  and  design  parameters  of  plane  reflector-tilted  flat 
plate  solar  collector  systems  for  achieving  maximum  daily  and  yearly  solar  energy  collection. 

2.  ANALYSIS 

The  schematic  diagram  of  the  plane  reflector-tilted  collector  under  consideration  is  shown  in  Fig.l.  The  plane 
area  ABCD  represents  the  reflector,  while  the  tilted  flat-plate  solar  collector  is  represented  by  EFGH.  The  area 
EFgh  represents  the  horizontal  position  of  the  collector.  To  generalize  the  analysis  for  any  orientation  of  the 
plane  reflector-tilted  flat  plate  solar  collector  system,  an  off-south  angle  (Q  is  considered.  The  analysis  is  based 
on  the  following  assumptions: 

1.  The  global  solar  radiation  is  considered  in  the  present  analysis. 

2.  The  plane  reflector  is  specular  with  a  constant  reflectivity  (pr  =  0.88),  irrespective  of  the  radiation  incidence 
angle. 

3.  The  transmittance-absorptance  products  of  the  collector  are  functions  of  the  incidence  angles  of  both  the 
incident  and  reflected  radiation. 

4.  Shading  of  the  reflector  on  the  collector  is  taken  in  consideration. 

For  a  unit  vector  (Ib)  along  the  solar  beams  incident  on  the  plane  reflector  corner  C  shown  in  Fig.l,  the 
components  of  Ib  in  the  coordinate  system  (xl,  yl,  zl)  can  be  represented  as  follows: 
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Fig.  1.  Schematic  diagram  of  the  plane  reflector-tilted  collector  system. 


Ibxl  =  cos(as)  cos(  ys) 

for 

0  <  ys  <  360° 

(1) 

Ibyl  =  -cos(as)  sin(  ys) 

for 

0<Ys^360° 

(2) 

!bzi  =-sin(as) 

(3) 

A  rotation  C  about  the  zl-axis  results  in  another  coordinate  system  (x,  y,  z)  as  shown  in  Fig.l.  Then,  a  rotation 
[3m  about  y-axis  results  in  the  coordinate  system  (x2,  y2,  z2)  as  shown  in  Fig.2.  As  a  result,  the  components  of  lb 
in  the  coordinate  system  (x2,  y2,  z2)  can  be  expressed  as  follows: 

Ibx2  =  !bxi  cos^m)  cos(?)  -  Ibylcos(^m)sin(5)-  Ibzlsin(/3m) 

for 

-90°  <  (3m  <  90° 

-180°  <C<  180° 

(4) 

Iby2  =Ibxlsin(?)  +  Ibyl  cos(?) 

for 

-180°  <£<  180° 

(5) 

lbz2  =Ibxlsin(An)cos(g)  -Ibylsin(/3m)sin(?)+  Ibzlcos(/3m) 

for 

-90°  <  (3m  <  90° 

-180°  <  £  <  180° 

(6) 

Applying  the  lows  of  planar  reflection,  the  components  of  the  unit  vector  (Rb)  along  the  reflected  ray 
z2)  coordinate  system  can  be  expressed  as  follows: 

in  (x2,  y2, 

Rbx2  =Ibx2 

for 

-90°  <  pm  <  90° 

(7) 

Rby2  =  Iby2 

(8) 

Rbz2  =  “*bz2 

for 

-90°  <  (3m  <  90° 

(9) 

752 


The  components  of  the  unit  vector  Rb  at  point  C  in  the  coordinate  system  (xl,  yl,  zl)  can  be  expressed  as 
follows: 


Rbxj  =  Rbx2  cos(An)  cos(?)  +  Rby2sin(g)  +  Rbz2sin(/3m)  cosfc) 

for 

-90°<pm<90° 

-180°  <C<  180° 

(10) 

Rbyl  =  -Rbx2  cos(An)  sin(c)  +  Rby2  cos(^)  -  Rbz2  sinC^u)  sinfe) 

for 

-90°  <  pm  <  90° 

-180°  <  ^  <  180° 

(11) 

Rbzj  =  _Rbx2  s*n(^m)  +  Rbz2  cos(An ) 

for 

-90°  <  (3m  <  90° 

(12) 

As  a  result  of  the  above  analysis,  the  azimuth,  altitude  and  incidence  angles  of  the  reflected  beam  incident  on  the 
tilted  surface  of  the  collector  can  be  obtained  as  follows: 


yT  =  -  tan" 
yr  =  90° 


Rbyi  /Rbxi 


Y  r 


=  180°- tan-1 


yr  =  270° 


yT  =  360°-  tan  1 


Rbyi  1  Rbxl 


ar  =  -  tan 


-1 


Rbzl' 


Rbxl  +  Rbyl 


1/2 


aT  =  90° 
aT  =  -90° 


for 

Rbx]<°,RbyI>0 

(13a) 

for 

Rbxl  =  °  ,Rbyl>0 

(13b) 

for 

Rbxl>°,RbyI>0 

Rbxl  >  0  ’  Rbyl  <  0 

(13c) 

for 

Rbxl  =  °,Rbyl<0 

(13d) 

for 

Rbxl  <  0  ,  RbyI  <0 

(13e) 

(14a) 

for 

Rbxl=Rbyl=  °*  Rbz<  0 

(14b) 

for 

Rbxl  =Rbyl=  °>  0 

(14c) 
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(15) 


where  (3C'  is  a  modified-tilt  angle  of  the  collector  as  shown  in  Fig.  1 .  This  angle  depends  on  the  position  of  point 
K,  at  which  the  reflected  beam  from  the  reflector  comer  C  is  incident  on  the  tilted  plane  of  the  collector,  and  can 
be  calculated  as  follows: 


/3*  =  tan  1[cos(7r-ym)tan03c)]  (16) 

3.  COLLECTOR  AREA  ILLUMINATED  BY  THE  REFLECTOR 

The  area  of  the  tilted  collector  illuminated  by  reflected  beams  from  the  reflector  depends  on  the  reflector- 
collector  system  geometry  and  Sun  position  (tXs  and  ys).  It  is  represented  in  Fig.l  by  the  plane  area  EFQKP.  This 
area  can  be  computed  from  a  knowledge  of  the  position  of  point  K  Based  on  the  knowledge  of  the  system 
geometry  and  reflected  beam  angles  ( c t,  and  yr),  the  position  of  point  K  can  be  easily  determined  in  the 
coordinate  system  (Xc,  Yc,  Zc)  at  point  A  as  illustrated  in  Fig.l. 

4.  COLLECTOR  AREA  SHADOWED  BY  THE  REFLECTOR 

As  a  result  of  fixing  the  reflector-collector  system  in  position,  the  reflector  may  cast  a  shadow  on  the  collector 
surface  at  certain  times.  For  any  orientation  of  the  reflector-collector  system,  the  conditions  responsible  for 
causing  this  shadow  can  be  summarized  as  follows: 

1.  If  (3m>  0,  and  <  (3 m  ,  and  90°  < |  (ym-ys)  I  <  270° 

2.  If  (3m<0,  and  as>  I P m I ,  and  270°  < | (ym-ys)  I  <90° 

3.  If  (3m<  0,  and  90°  <  |  (ym-ys)  |  <  270° 

In  these  cases,  the  solar  beam  incident  on  the  reflector  comer  C  continues  on  to  the  shadow  point  K  as  shown  in 
Fig.3  (i.e.  0^=  oq  and  ysh  =  ys  +180°  ).  Based  on  the  knowledge  of  the  system  geometry  and  shadow  angles  (a^ 
and  y  sh  ),  the  coordinates  of  point  K,  shown  in  Fig.3,  can  be  determined.  Consequently,  the  collector  shadow 
area  EFQKP,  shown  in  Fig.3,  can  be  computed  in  a  similar  way  to  that  used  for  computing  the  illuminated  area. 


Fig.  3.  Schematic  diagram  of  the  plane  reflector-tilted  collector  system  in  case  of  shadow. 
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5.  SOLAR  ENERGY  COLLECTION  CALCULATION 


The  rate  of  total  energy  absorbed  by  the  solar  collector  with  no  reflector  can  be  calculated  as  follows: 

Qa  ~  [(Ta)bc^'x:  +  (^®0dc(^dc  +  ^rc)]^c 

The  components  of  the  global  solar  radiation  incident  on  the  collector  tilt  surface  are  estimated  theoretically  by 
ASHRAE  model  [II],  While  the  transmittance- absorptance  products  of  these  components  are  evaluated  from 
correlation  given  in  Duffie  and  Beckman  [12], 

The  rate  of  energy  reflected  from  the  plane  reflector  and  absorbed  by  the  collector  can  be  evaluated  as  follows: 

Qr  =  [MbrcPrGbr  cos0r]A;iI  (18) 

where  Gbr  is  estimated  at  the  reflector  tilt  angle  ((3J,  while  (xa)brc  is  evaluated  at  the  reflected  beam  incident 
angle  on  the  collector  surface  (0r). 

For  shadow  caused  by  the  reflector  on  the  collector,  the  loss  of  energy  rate  absorbed  by  the  collector  can  be 
calculated  as  follows: 

Qsh  =  HbcGbc]Ash  (19) 


The  instantaneous  enhancement  (boost)  factor  in  solar  energy  collection  of  tilted  collector  by  plane  reflector  can 
be  expressed  as  follows: 

IBF  =  l  +  (Qr-Qsh)/Qa  (20) 


Based  on  the  analysis  discussed  in  the  previous  sections,  a  FORTRAN  77  computer  program  has  been 
constructed  to  compute  the  instantaneous,  daily,  and  yearly  enhancement  (boost)  factors  in  solar  energy 
collection  of  the  collector  for  different  operational  and  design  parameters  of  the  reflector-collector  system.  The 
program  contains  a  subroutine  for  predicting  the  global  solar  radiation  intensities  Gbc,  GdC,  Grc,  and  Gbr.  The 
program  contains  also  several  subroutines  for  computing  day  length,  solar  angles,  reflected  beam  angles, 
illuminated  and/or  shadowed  area  of  the  collector,  and  collector  transmittance-absorptance  products  ((xa)^, 
(xa)dc,  and  (xa)brc). 


6.  RESULTS  AND  DISCUSSIONS 

The  numerical  calculations  of  the  present  analysis  have  been  carried  out  for  a  plane  reflector-tilted  collector  at 
Cairo,  Egypt  (i.e.  4>l0C  =  <|>st  =  30°).  The  main  characteristics  of  the  input  data  to  the  computer  program  are  as 
follows: 

1.  The  reflector  height  (Lr)  is  equal  to  the  collector  length  (Lc). 

2.  The  reflector  tilt  angle  is  the  noon  optimum  angle,  i.e.  the  angle  at  which  the  illuminated  point  K,  shown  in 
Fig.  1 ,  coincides  on  the  collector  comer  G  at  noon. 

For  selected  days  represent  winter  and  summer  solstices  and  spring  equinox,  the  effect  of  the  tilt  angle  of  a  south 
facing  reflector  (i.e.  £  =  0.0)  on  the  daily  boost  factor  in  the  integrated  daily  solar  energy  collection  of  the 
collector  is  represented  in  Fig.4.  For  all  the  selected  days,  Fig.4  shows  that  the  daily  boost  factor  reaches  its 
maximum  value  at  a  reflector  tilt  angle  equal  to  the  reflector  noon  optimum  tilt  angle  of  each  day.  For  a  plane 
reflector-tilted  collector  system  with  the  reflector  oriented  south  facing  or  north  facing  (i.e.  C,  =  0.0°  or  180.0°), 
the  effect  of  the  collector  tilt  angle  on  its  yearly  solar  energy  collection  at  different  latitudes  is  shown  in  Fig.5. 
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Figure  5  shows  that  the  optimum  tilt  angle  of  the  collector  is  about  (<}>  -  10.0°)  for  the  south  facing  reflector, 
while  it  is  about  (<{>  +  10.0°)  for  the  north  facing  one.  For  a  collector  tilted  at  its  optimum  tilt  angle,  Fig.5  shows 
that  the  south  facing  reflector  gives  higher  yearly  solar  energy  collection  than  the  north  facing  one.  For  a  south 
facing  reflector-collector  system  with  the  collector  at  its  optimum  tilt  angle  corresponding  to  the  local  latitude 
(i.e.  Pc=20.0°  ),  Fig.6  shows  the  collector  yearly  boost  factor  for  five  different  categories  of  tilting  the  reflector. 
These  categories  are  tilting  the  reflector  once  a  day  at  its  noon  optimum  angle,  once  a  month  at  the  noon 
optimum  angle  of  the  15  titi  day  of  each  month,  once  a  season  at  the  noon  optimum  angle  of  winter  and  summer 
solstices  and  spring  and  autumnal  equinox,  twice  a  year  at  the  noon  optimum  angle  of  winter  and  summer 
solstices,  and  once  a  year  at  the  noon  optimum  angle  of  spring  and/or  autumnal  equinox. 


P  ,  deg. 

Fig.  4.  Effect  of  the  tilt  angle  of  the  south  facing  reflector  on  the  collector  daily  boost  factor. 


Fig.  5.  Effect  of  the  collector  tilt  angle  on  its  yearly  solar  energy  collection. 


Once/day  Once/month  Once/season  Twice/year  Once/year 

Fig.6.  Effect  of  the  south  facing  reflector  tilt  angle  categories  on  the  collector  yearly  boost  factor. 
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Figure  6  shows  that  changing  the  reflector  tilt  angle  once  a  day,  once  a  month,  once  a  season,  twice  a  year,  and 
once  a  year  provides  yearly  enhancement  in  the  solar  energy  collection  of  16.9%,  16.3%,  14.4%,  13.3%,  and 
6.6%  respectively.  Figure  7  shows  the  effect  of  the  collector  elongation  ratio  W</Lc  on  the  collector  daily  and 
yearly  boost  factors  with  the  reflector  tilted  once  a  day  at  its  noon  optimum  angle.  This  figure  shows  that  the 
collector  daily  boost  factor  increases  with  the  increase  of  Wc/Lc  ratio  in  winter,  spring  and  autumnal  seasons.  In 
contrast,  the  increase  of  Wc/Lc  ratio  over  2.0  causes  a  slight  decrease  in  the  collector  daily  boost  factor  in 
summer  season.  This  is  a  result  of  the  shadow  cast  on  the  collector  by  the  reflector  at  the  beginning  and  end  of 
the  summer  days.  Besides,  Fig.7  shows  that  the  optimum  elongation  ratio  for  maximum  yearly  boost  factor  is 
about  4.0.  Similar  results  are  also  noticed  for  the  effect  of  the  reflector  overhang  ratio  L(/Lc  on  the  daily  boost 
factor  as  shown  in  Fig.  8. 

1.5 
1.45 
1.4 
o  1-35 
42  1.3 
I  1.25 

o 

pa  1.2 
1.15 
1.1 
1.05 
1 

0  1  2  3  4  5  6  7  8  9  10  11  12  13  14  15 

Wc  /he 

Fig.  7.  Effect  of  collector  elongation  ratio  on  its  daily  boost  factor. 
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Fig.  8.  Effect  of  the  reflector  overhang  ratio  on  the  collector  daily  boost  factor. 

7.  CONCLUSIONS 

From  the  theoretical  analysis  of  tilted  flat-plate  solar  collectors  augmented  by  plane  reflectors,  it  is  concluded 
that: 

1 .  Tilting  the  reflector  at  its  noon  optimum  tilt  angle  provides  maximum  daily  boost  factor. 

2.  For  a  reflector  height  (U)  equal  to  the  collector  length  (Lc),  the  optimum  tilt  angle  of  the  collector  is  about 
(<j)  -10.0°)  and  (<)>  +10.0°)  for  a  south  and  a  north  facing  reflector,  respectively. 

3.  Changing  the  tilt  angle  of  the  south  facing  reflector  at  its  noon  optimum  angle  up  to  twice  a  year  provides 
more  than  10.0%  yearly  enhancement  in  the  collector  solar  energy  collection. 
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4.  The  south  facing  reflector  provides  higher  yearly  solar  energy  collection  than  the  north  facing  one. 

5.  For  maximum  yearly  solar  energy  collector,  the  optimum  elongation  ratio  of  the  collector  ’Wc/Lc  is  about 
4.0,  while  that  of  the  reflector  overhang  ratio  Lo/Lc  is  about  1.0. 

6.  The  present  analysis  is  an  efficient  tool  to  optimize  the  plane  reflector-tilted  flat-plate  solar  collector 
systems. 
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NOMENCLATURE 


A  =  Area,  m2. 

DBF  =  Daily  boost  factor. 

G  =  Global  solar  radiation  intensity,  W/m2. 
IBF  =  Instantaneous  boost  factor. 

L  =  Length,  m. 

Q  =  Rate  of  energy,  W. 

W  =  Width,  m. 

YBF  =  Yearly  boost  factor. 

Greek  letters 

a  =  Beam  altitude  angle,  deg.  (0°  to  90°  ). 
p  =  Surface  inclination  angle,  deg. 

(0°  to  ±90°  ;  towards  x-direction  is  +ive). 
8  =  Declination  angle,  deg.  (0°  to  ±23.45°). 

y  =  Azimuth  angle,  deg.  (0°  to  ±360°  ; 

clockwise  from  north  is  +ive). 

0  =  Incidence  angle,  deg. 

p  =  Reflectivity  of  reflector. 

(xa)  =  Transmittance-absorptance  product. 

<(>  =  Latitude,  deg.  (0°  to  ±90°;  north  is  +ive). 


£  =  Off-south  angle,  deg.  (0°  to  ±180°). 

=  (Ym-  180°)  deg. 

Subscripts 
a  =  Absorbed. 

be  =  Beam  radiation  incident  on  the  collector, 
br  =  Beam  radiation  incident  on  the  reflector, 
bre  =  Reflected  beam  radiation  from  the  reflector, 
c  =  Collector. 

dc  =  Diffuse  radiation  incident  on  the  collector. 

ill  =  Illuminated. 

loc  =  Local. 

m  =  Reflector. 

o  =  Reflector  overhang. 

r  =  Reflected. 

rc  =  Reflected  radiation  from  the  surroundings, 

s  =  Solar  beams, 

sh  =  Shadow, 

st  =  Standard. 
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ABSTRACT.  This  paper  deals  with  the  suitability  of  Fresnel  lenses  of  imaging  and  nonimaging  designs  for 
solar  energy  concentration.  The  paper’s  scope  is  the  review  of  long  known,  and  recently  developed  Fresnel 
lenses,  and  the  analyes  of  their  characteristics  for  utilization  as  solar  concentrators,  putting  an  emphasis  on  a 
lens  designed  by  the  authors.  Nonimaging  optics  are  presented  as  offering  the  possibilities  needed  for  a 
breakthrough  of  Fresnel  lenses  in  commercial  solar  energy  concentration,  both  in  photovoltaic  and  thermal 
power  conversion. 


1.  INTRODUCTION 

Fresnel  lenses  are  used  as  solar  concentrators  since  they  offer  high  optical  efficiency  along  with  minimal  weight 
and  low  cost.  Applications  that  demand  medium  and  high  concentration  ratios  (>20),  such  as  monocrystalline 
photovoltaic  generation  of  electricity,  are  often  equipped  with  imaging  Fresnel  lenses.  Accurate  tracking  has  to 
be  employed  to  keep  the  focus  of  the  lens  in  place  on  the  receiver.  Fresnel  lenses  are  to  find  a  much  wider  field 
of  utilization,  if  their  optics  are  adjusted  to  the  requirements  of  a  seemingly  moving  sun. 

Nonimaging  optics  (Welford,  Winston  1989)  offer  the  possiblity  to  design  Fresnel  lenses  as  stationary 
concentrators  with  low  concentration  ratios.  For  medium  flux  applications,  nonimaging  Fresnel  lenses  are 
forgiving  errors  due  to  installation,  low  precision  tracking,  and  the  finite  size  of  the  sun.  Not  photographic 
imaging  counts,  but  the  homogeneous  illumination  of  a  receiver.  Two  pairs  if  acceptance  half  angles  are 
defined,  0  in  the  cross-sectional  plane,  and  14/  perpendicularly  to  it.  They  are  spanning  a  part  of  the  hemisphere, 
thus  opening  a  window  through  which  the  concentrator  ‘sees’  the  sun.  Fresnel  lenses  of  nonimaging  design  are 
usually  (but  not  necessarily)  of  convex  shape,  while  their  imaging  counterparts  are  most  often  flat. 

2.  FRESNEL  LENS  DESIGNS  FOR  THE  COLLECTION  OF  SOLAR  ENERGY 

Initially,  most  Fresnel  lenses  propositioned  for  solar  energy  use  had  not  been  designed  for  collection  of  solar 
rays.  These  lenses  were  imaging  devices  subject  to  strong  focal  forshortening,  once  the  solar  rays  were  no 
longer  entering  at  an  angle  normal  to  the  collectors  surface.  Imaging  lenses  are  designed  starting  with  their  focal 
length.  The  design  principle  is  trying  to  eliminate  aberrations  in  order  to  accomplish  a  most  exact  focus.  While  a 
neat  focal  point  is  characteristic  to  very  high  concentration  ratios  (defined  as  ratio  of  aperture,  or  lens  area,  to 
receiver  area),  imaging  is  not  necessary  for  collecting  solar  energy.  If  not  for  some  cases  where  high 
concentration  is  needed,  why  should  one  trouble  oneself  with  accurate  tracking  of  the  sun  due  to  the  use  of 
imaging  lenses  under  the  appearently  moving  sun? 

Table  1  gives  an  overview  of  recently  achieved  developments  in  the  design  of  Fresnel  lenses  suitable  for  solar 
energy  collection.  The  designs  listed  are  not  evaluated  but  can  be  described  by  certain  characteristics.  Fresnel 
lenses  can  be  designed  according  to  principles  and  assumptions  which  are  listed  below.  The  number  of  designs 
in  Table  1  is  not  exhaustive  but  common  trends  are  emerging. 

Design  Principles 

Nonimaging  optics:  The  lens  in  question  is  designed  according  to  the  principles  of  nonimaging  optics,  which 
were  discovered  in  the  1970’s,  and  found  well  suited  for  solar  energy  applications. 
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Table  1:  Maior  Developments  in  Fresnel  Lenses  Suitable  for  Solar  Energy  Applications. 


Year 

Researcher(s) 

Application 

1822 

Fresnel' 

Lighthouse 

1951 

Miller  et  al. 

Condensers 

1973 

Szulmayer 

Solar 

1975 

Nelson  et  al. 

Solar 

1977 

Collares-Pereira  et  al.2 

Solar 

1978 

O’Neill 

Solar 

1979 

Collares-Pereira 

Solar 

1979 

Kritchman  et  al. 

Solar 

1981 

Lorenzo,  Luque 

Solar 

1984 

Tver’yanovich 

Solar 

1997 

Erismann3 

Infrared 

1999 

Leutz  et  al. 

Solar 

-  -  O 

0  0  0 

0  0  0 

0  0  0 

-  0  - 

-  0  - 

0  0  0 


-  o  - 

-  -  0 

-  -  o 

-  -  o 


-  -  -  o  - 

0  o  o  -  - 


'First  aspherical  lens,  refer  to  Ancin 
2Refractive  index  n  — »  °°,  idea  W.  T. 
3Aspherical  lens  in  spherical  shape 


et  al.,  1989 
Welford 


Solution  numerical  only:  The  nature  of  the  mathematics  used  in  Fresnel  lens  design  sometimes  does  not  allow 
an  analytical  solution.  If  the  number  and  extent  of  assumptions  are  to  be  reduced,  numerical  solutions  may  be 
called  for.  As  this  generally  requires  a  large  numer  of  iterations,  computer  based  simulations  are  needed. 


Cross-sectional  angle  0:  Any  lens,  whether  of  rotational  symmetry  (3D),  or  line  focusing  (2D)  is  designed  with 
the  help  of  a  cross-sectional  acceptance  half  angle  which  determines  the  part  of  the  sky  the  lens  may  ‘see’. 
Imaging  lenses  are  generally  designed  focusing  paraxial  rays  only,  0  =  0.  However,  the  absorber,  first,  is  larger 
than  the  focal  point,  and  second,  can  be  moved  out  of  focus,  in  a  way  that  some  rays  incident  at  an  angle  0  are 
collected. 


Perpendicular  angle  \|/:  The  focal  areas  of  line  focusing,  2D-lenses  (imaging  or  nonimaging)  are  sensitive  to 
changes  of  the  incidence  angle  not  only  in  the  cross-sectional,  but  also  in  perpendicular  plane.  The  significance 
of  this  has  often  been  overlooked  when  designing  Fresnel  lenses  for  solar  applications,  where  2D  characteristics 
are  desired. 

Minimum  deviation  prism:  Optical  losses  during  refraction  at  a  prism  are  least  at  the  minimum  deviation  prism, 
where  the  angles  of  incident  and  exiting  rays  to  the  respective  prism  surface  are  equal. 

Edge  ray  principle:  This  principle  goes  along  with  nonimaging  design  of  Fresnel  lenses.  Light  incident  at 
maximum  combinations  of  acceptance  half  angles  is  directed  towards  one  end  of  the  absorber.  Fresnel  lenses  as 
a  rule  refract  light  incident  from  left  of  the  optical  axis  of  each  prism  towards  the  right  side  of  the  absorber,  and 
vice  versa. 


Fashionable  design:  Solar  energy  applications,  as  well  as  manufacturing  technologies  usually  require  the  outer 
side  of  the  lens  to  be  flat.  Given  this  and  the  principle  of  minimum  deviation  prisms,  an  optimum  convex  shape 
of  the  Fresnel  lens  emerges  from  the  simulation.  Relaxing  either  principle,  the  design  of  lenses  of  other  shapes  is 
possible.  ‘Fashionable’  could  mean  circular,  for  example. 
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Assumptions 

Thin  lens,  / »  d:  When  the  thickness  of  the  lens  d  becomes  small  in  comparison  to  its  focal  length  /,  the  sine 
theorem  can  be  applied  during  the  simplified  simulation  of  the  lens.  Furthermore  the  lens  is  often  assumed  to 
have  no  thickness  at  all  at  the  thinnest  point,  d  =  0.  With  this  assumption,  it  becomes  possible  to  set  up  an 
equation  describing  the  refracted  (but  not  relocated)  rays  emerging  from  a  prism,  in  relation  to  prism  center  and 
absorber. 

Prism  size.  Ax  ->  0:  The  size  of  prisms  in  comparison  to  the  absorber  width  is  assumed  to  be  small  in  all 
designs.  Each  prism  is  designed  only  once,  but  with  some  Ax  >  0  extending  from  the  design  point,  ideally  in 
both  directions.  If  that  Ax  becomes  too  large,  the  direction  of  the  ray  emerging  from  one  of  the  extremes  of  the 
prism  may  not  point  to  the  absorber.  In  combination  with  the  edge  ray  principle  of  nonimaging  designs,  extreme 
rays  from  extreme  ends  of  the  prism  will  miss  the  absorber.  For  imaging  designs,  any  prism  width  greater  than 
zero  is  influencing  imaging  quality,  since  the  width  of  the  ray  emerging  from  the  prism  is  always  larger  than  the 
focal  point,  with  width  zero.  In  some  imaging  designs  with  very  high  optical  quality  requirements,  one  of  the 
active  prism  surfaces  if  curved  to  account  for  this  potential  error,  as  was  Fresnel’s  original  center  prism.  Prisms 
cannot  be  made  smaller  than  a  multitude  of  wavelengths,  if  the  rules  of  geometrical  optics  should  hold  accurate. 

Flat  lens:  Fresnel  lenses,  in  particular  imaging  Fresnel  lenses  are  often  assumed  to  be  flat.  This  does  not  have  to 
be  the  case,  imaging  lenses  can  be  shaped,  as  nonimaging  Fresnel  lenses  can  be  designed  as  flat  lenses. 
Optimized  nonimaging  lenses  with  smooth  outer  surface  must  be  shaped  to  allow  for  concentration  of  light 
incident  from  both  the  left  and  the  right  extremum  given  by  the  acceptance  half  angle(s). 

Nonimaging  Optics 

Nonimaging  optics  were  discovered  for  their  use  in  solar  energy  with  the  discovery  of  the  (reflective,  not 
refractive)  Compond  Parabolic  Concentrator  (CPC)  by  Winston  (1974),  refined  by  Rabl  (1976).  A  book  named 
‘The  Optics  of  Nonimaging  Concentrators’  by  Welford  and  Winston  (1978),  later  enlarged  as  ‘High  Collection 
Nonimaging  Optics’  (Welford  and  Winston,  1989),  became  the  standard  text  for  nonimaging  applications  in 
solar  energy,  and  other  fields.  The  linear  CPC  is  designed  starting  with  a  cross-sectional  acceptance  half  angle 
spanning  part  of  the  hemisphere,  thus  accepting  a  fraction  of  the  sun’s  energy,  collecting  solar  rays  whenever 
the  collector,  enabled  and  restrained  by  the  acceptance  half  angle,  is  able  to  ‘see’  the  sun.  The  higher  the 
concentration  ratio,  the  smaller  the  acceptance  half  angle.  The  CPC’s  mirror  walls  are  of  parabolical  shape.  A 
nonimaging  concentrator  is  called  ideal  when  all  light  within  the  limits  of  the  edge  rays  is  refracted  onto  the 
absorber.  Nonimaging  Fresnel  lenses  approach,  but  do  not  reach  the  ideal  due  to  blocking  and  unused  tip  losses 
inherent  in  the  prisms’  design,  and  the  effects  of  refraction  in  the  perpendicular  plane. 

It  did  not  take  long  until  the  concept  of  nonimaging  optics  was  applied  to  (refracting)  Fresnel  lenses.  In  the 
1970’s,  both  Kritchman  et  al.  (1979a,  1979b,  1981,  1984),  and  Collares-Pereira  et  al.  (1977,  1979)  designed 
bifocal  Fresnel  lenses,  which  are  essentially  nonimaging  devices.  Both  groups  of  designers  intended  to  construct 
nonimaging  lenses  to  enhance  the  ability  of  the  lens  to  collect  rays  from  a  appearantly  moving  sun  within  a 
cross-sectional  pair  of  acceptance  half  angles.  O’Neil  (1978)  designed  a  focusing  lens,  but  realized  that  his  lens 
could  compensate  for  tracking  errors  within  narrow  limits.  Lorenzo  and  Luque  followed  1981,  and  are  followed 
by  the  work  of  Leutz  et  al.,  which  is  probably  the  first  nonimaging  design  of  a  Fresnel  lens  offering  finite  size 
prisms  and  a  lens  thick  enough  for  manufacturing,  taking  into  account  the  perpendicular  acceptance  half  angle. 
These  milestones  of  development  have  been  listed  in  Tab.l,  to  compare  design  principles  and  assumptions 
made. 


3.  IMAGING  FRESNEL  LENSES 

Typical  imaging  (flat)  Fresnel  lenses  are  designed  as  focusing  devices,  i.e.  the  main  parameter  is  the  focal  length 
of  the  lens.  Flat  nonimaging  Fresnel  lenses  have  not  yet  been  published,  although  this  would  not  be  impossible 
(only  if  one  surface  has  to  remain  smooth).  As  long  as  certain  assumptions  are  made,  focusing  lenses  can  be 
solved  analytically.  Such  assumptions  include  the  (reasonable)  definition  of  the  lens  as  thin,  meaning  that  its 
focal  length /must  be  much  greater  than  its  thickness  d,f»  d.  Two  papers  were  published  in  1951  (Miller  et 
al,  and  Boettner,  Barnett).  The  former  group  had  designed  and  constructed  Fresnel  lenses  for  technical 
applications  beginning  in  1948,  taking  advantage  of  the  new  plastic  materials.  Their  lens  designs  are  of  imaging 
type,  and  the  losses  at  a  Fresnel  lens  as  well  as  the  spectral  behaviour  of  the  prisms  (Oshida,  1961)  are  already 
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well  understood. 


Research  has  focused  on  the  development  of  evaluation  techniques  for  Fresnel  lenses  under  solar  radiation.  Ray 
tracing  has  been  applied  to  find  whether  an  incident  ray  hits  an  absorber,  or  misses  it  (Nelson  et  al.,  1975).  The 
forshortening  of  the  lens’  focus  has  destroyed  many  hopes  to  successfully  use  imaging  Fresnel  lenses  as  solar 
collectors.  Tracking  is  an  expensive  option,  and  has  only  recently  been  developed  to  a  stage  of  maturity. 
Harmon  (1977),  who  evaluates  mass-produced  focusing  Fresnel  lenses  for  their  applicability  in  photovoltaics, 
probably  captures  what  most  results  of  simple  lens  analyses  indicate,  when  he  describes  the  lens  as  being 

“...an  inefficient  concentrator  with  losses  that  begin  at  20  per  cent  and  rise  to  about  80  per  cent  as  the 
focal  distance  decreases.  However,  the  lens  is  capable  and  adequate  for  low  concentration  purposes  with 
photovoltaic  systems.  The  most  attractive  aspects  of  using  this  lens  as  a  solar  concentrator  are  its 
availability  and  its  potential  low  cost.” 

Designs  can  become  more  complicated  than  the  typical  focusing  lens  outlined,  when  a  cover,  or  a  coating  is 
involved,  or  when  the  lens  sports  grooves  on  both  sides.  In  these  cases,  analytical  solutions  can  no  longer  be 
offered,  and  numerical  calculations  are  introduced.  One  reason  why  research  has  in  the  past  often  treated  only 
the  feasibility  of  existing  focusing  devices  for  solar  energy  applications  might  be  the  lack  of  computing  power 
solving  numerical  problems  for  lenses  with  hundreds  of  prisms,  which,  done  by  hand,  should  be  a  mighty  task 
indeed. 

The  design  of  some  simple  Fresnel  lenses  shall  be  conducted  to  enable  evaluation  of  focusing  lenses  for  use  as 
solar  collectors.  The  focal  length  of  a  plano-convex  Fresnel  lens  condenser  can  be  written  with  the  lens  formula 

1/f  =  1/i  +  l/o  (1) 

where  the  conjugates,  i.e.  the  distances  of  image  and  object  points  from  the  refracting  surface  of  the  thin  lens, 
are  denoted  i,  and  o,  respectively.  In  case  of  the  plano-convex  collector  lens,  o  =  °°,  and  1/f  =  1/i. 

The  f/number  is  a  measure  for  the  aperture  of  the  lens.  It  describes  the  ratio  of  effective  focal  length  to  diameter 
of  the  lens.  The  f/number  is  a  measure  for  the  flux  concentration  of  the  imaging  lens;  while  the  geometrical 
concentration  ratio  C  approaches  the  theoretical  maximum,  the  heat  flux  in  the  focal  point  is  related  to  the 
amount  of  radiation  concentrated. 

f/number  =  f/2R  (2) 

with  R  denoting  the  distance  of  the  extreme  paraxial  ray  from  the  optical  axis  of  the  system.  Smaller  f/numbers 
mean  larger  apertures,  and  vice  versa.  Fresnel  lenses  are  free  from  spherical  aberration  since  every  step  is 
designed  separately  for  focusing.  Due  to  their  thinness  both  absorption  losses  within  the  material,  and  the 
change  of  those  losses  over  the  lens  profile  are  small.  Fresnel  lenses  can  be  designed  as  very  ‘fast’  lenses, 
having  a  small  f/number.  Only  Fresnel  lenses  ‘faster’  than  f/0.5,  i.e.  with  a  diameter  twice  their  focal  length  are 
called  “impractical”  by  Fresnel  Technologies  (1995). 

A  typical  imaging  Fresnel  lens  with  grooves  facing  inwards  shall  be  presented  here.  The  design  has  an  analytical 
solution,  and  follows  Tver’yanovich  (1984).  In  accordance  with  Fig.l,  three  equations  can  be  set  up  to  describe 
the  lens.  The  prism  angle  a  is  the  goal  of  a  simulation  written. 


n  sin  a  =  sin  P  (3a) 

tan  to  =  R/f  (3b) 

P  =  a  +  co  (3c) 

Some  iterations  yield  an  expression  for  tan  a 

tan  a  =  (R/f )  (cos  co  /  n  -  cos  co)  (4) 
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x,  mm 

Figure  1:  Simple  Fresnel  lens  with  grooves  facing  inward.  Analytical  solution. 

Substutiting  cos  to  with  the  expression  f  /(R2  +  f 2  )m  gives  a  final  expression  for  the  prism  angle  a  in  terms  of 
focal  length  f,  and  aperture  R. 

tan  a  =  R  /  (n  (R2  +  f 2  )l/2  -  f )  (5) 

The  result  of  a  simulation  based  on  this  Eqn.5  is  shown  in  Fig.l.  From  the  figure,  it  becomes  obvious  that  the 
lens  has  at  its  thinnest  points  no  thickness  at  all.  The  focal  lenght  is  taken  as  f  =  100  mm,  and  the  aperture  runs 
for  0  <  R  <  R^,  by  steps  of  R  /  10  where  Rmax  =  f  to  reach  an  f/number  of  0.5  for  this  lens.  Similar  procedures 
can  be  applied  to  generate  lenses  with  grooves  facing  outward  (Tver’yanovich,  1984),  or  a  ‘dome’  shaped  lens, 
where  f  =  const. 


4.  NONIMAGING  FRESNEL  LENSES 

Shaped  Fresnel  lenses  of  bifocal,  or  nonimaging  type  are  more  recently  developed  lenses  for  collection  of  solar 
rays.  Of  course,  imaging  lenses  can  be  designed  with  curvature,  too,  but  the  curvature  is  most  advantagous  for 
solar  energy  applications  with  linear  nonimaging  designs,  since  light  incident  from  both  sides  of  the  optical  axis 
can  be  concentrated  without  violating  the  smooth  surface  requirement.  Most  probably,  the  late  W.  T.  Welford 
deserves  the  honour  to  be  credited  with  the  initial  idea  for  the  design  of  curved  lenses,  based  on  his  experiences 
with  nonimaging  optics  that  led  to  his  and  R.  Winston’s  book  (Welford,  Winston  1978).  Collares-Pereira  et  al. 
acknowledge  a  private  communication  with  Welford  in  their  first  paper  on  the  subject,  which  in  turn  is  referred 
to  in  the  first  paper  of  Kritchman’s  group. 

Contrary  to  imaging  devices,  nonimaging  Fresnel  lenses  are  designed  starting  not  with  the  focal  length  of  the 
lens,  but  with  a  pair  of  design  angles,  termed  ‘acceptance  half  angles’.  These  acceptance  half  angles  are  opening 
the  collector’s  aperture  which  is  explicitly  designed  to  accept  rays  incident  from  directions  within  a  certain 
angle.  As  opposed  to  reflective  mirrors,  the  behaviour  of  lenses  depends  both  on  the  incidence  in  the  cross- 
sectional  plane,  and  on  the  one  in  the  perpendicular  plane.  When  designing  collectors  with  line  focus  (2D),  this 
makes  a  difference,  as  is  seen  from  the  prism’s  optics.  Although  Collares-Pereira  (1979)  realizes  the  importance 
of  the  perpendicular  fraction  of  the  incoming  ray  when  tracing  rays  through  his  lens,  he  did  not  include  the 
perpendicular  ray  into  its  design.  Neither  did  any  of  the  other  authors  listed  before  1999,  even  though  most 
lenses  for  solar  energy  applications  are  expected  be  used  as  linear  2D-concentrators,  with  N-S  orientation  and 
daily  tracking. 

An  example  for  a  nonimaging  linear  lens  for  daily  tracking  and  seasonal  tilt  is  given  in  Fig.2.  The  lens  ‘sees’  a 
fraction  of  the  sky  defined  by  its  acceptance  half  angles  9  and  \\l.  Light  incident  within  these  angles  is  refracted 
upon  the  absorber.  The  system  being  nonimaging,  there  is  a  rather  diluted  linear  image  of  the  sun  on  the 
absorber,  reducing  the  ‘hot  spot’  problem  of  imaging  concentrators. 

Collectors  with  rotational  symmetry  (3D)  offer  the  possibility  of  higher  concentration,  and  flux  ratios,  but  are 
usable  only  with  accurate  two-axis  tracking.  Line  focusing  lenses  are  suitable  for  one-axis  tracking,  as  the 
perpendicular  design  angle  is  causing  less  severe  focal  forshortening  than  the  cross-sectional  acceptance  half 
angle.  Linear  nonimaging  Fresnel  lenses  can  be  used  as  stationary  concentrator  with  small  concentration  ratios, 
thus  overcoming  the  focal  shortcomings  of  imaging  devices. 
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Figure  2:  Nonimaging  linear  Fresnel  lens  numerically  designed  by  Leutz  et  al.,  1999.  Schematic 
of  acceptance  half  angles:  cross-sectional  0  and  perpendicular  y.  Oversized  prisms. 

5.  CONCLUSIONS  AND  COST  CONSIDERATIONS 

This  paper  lists  some  design  principles  used  and  assumptions  made  by  the  designers  of  various  Fresnel  lenses 
that  have  been  developed  in  the  last  250  years.  Interest  in  Fresnel  lenses  for  solar  energy  applications  rose  in  the 
latter  half  of  the  20th  century  due  to  the  availability  of  plastics,  especially  Polymethylmetacrylate  (PMMA) 
which  has  a  good  transmissivity  and  resistance  for  sunlight.  The  design  of  more  and  more  sophisticated  Fresnel 
lenses  goes  along  the  lines  of  two  related  developments.  Manufacturing  technology  has  improved  from 
moulding,  grinding,  and  polishing  glass  by  hand  to  diamond  turning  machines  operating  at  accuracies  of  less 
than  1/1000  mm.  For  many  design  problems  in  optics  there  are  no  analytical  solutions.  Only  with  the  help  of 
numerical  simulations  by  computer,  available  since  the  1970’s,  modem  Fresnel  lenses  can  be  calculated.  Two 
design  trends  can  be  observed: 

1.  Imaging,  often  flat  lenses  focusing  paraxial  rays  with  concentration  ratios  ideally  approaching  infinity; 
these  systems  need  accurate  two-axis  tracking.  Their  suitability  for  most  solar  applications  is  questionable 
due  to  their  sensitivity  of  tracking,  or  manufacturing  errors.  Even  the  size  of  the  solar  disk  could  pose  a 
problem.  Judged  from  our  own  experiments  with  shaped  imaging  lenses,  it  can  be  said  that  focal  aberrations 
with  imaging  Fresnel  lenses  are  impractically  large  for  their  use  as  solar  concentrators,  unless  high 
precision  tracking  is  to  be  employed.  Even  if  the  absorber  should  be  designed  larger,  and  positioned  closer 
to  the  back  of  the  lens,  the  moving  focus  would  soon  exceed  the  scope  of  the  receiver.  Additionally, 
imaging  lenses  create  a  more  or  less  defined  focal  area,  which  leads  to  ‘hot  spots’  on  oversized  absorbers. 
Thus,  the  only  way  to  successfully  utilize  imaging  Fresnel  lenses  in  solar  energy  concentration  is  to  employ 
accurate  tracking. 

2.  Nonimaging,  most  often  convex  shaped  lenses  for  low  and  medium  concentration,  one-axis  tracking,  or 
stationary  collectors.  Nonimaging  Fresnel  lens  concentrators  are  thought  to  be  very  competitive  solar 
collectors.  Their  optical  qualities  approach  those  of  the  CPC  collector  family  (Lorenzo,  Luque  1982). 
Fresnel  lenses  are  lightweight,  and  cost  effective.  If  tracking  requirements  are  kept  to  a  minimum,  savings 
in  crystalline  photovoltaic  surface  area  due  to  concentration  will  off  set  the  cost  of  the  Fresnel  lens.  O’Neill 
(1994)  expects  a  levelized  electricity  price  for  large  photovoltaic  systems  incorporating  Fresnel  lenses,  and 
produced  at  a  rate  of  30  MW/a,  of  US  7-15  cents/kWh. 

Of  the  more  sophisticated  lenses  mentioned,  some  have  never  left  the  computer  of  the  designer,  some  prototypes 
have  been  built,  and  only  the  imaging  lens  of  O’Neill  (1978,  1992,  1994)  has  found  its  way  to  mass-production. 
A  company  has  been  set  up  in  1983,  found  support  with  the  United  States  Department  of  Energy,  and  supplies 
photovoltaic  modules  incorporating  the  lens.  The  largest  projects  using  the  two-axis  tracking  systems  are  two 
plants  of  100  kW  each,  in  Texas,  U.S.A.  Although  convex  shaped,  nonimaging  lenses  can  be  manufactured  as 
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flat  lenses  and  bent  into  shape,  significantly  lowering  manufacturing  complexity.  As  the  solar  market  grows, 

Fresnel  lenses,  in  particular  nonimaging  devices,  are  expected  to  increase  their  share. 
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ABSTRACT.  The  performance  of  a  compact  solar  collector  based  on  latent  heat  storage  is  investigated 
experimentally.  In  this  collector  the  absorber  plate-container  unit  performs  the  function  of  absorbing  the  solar 
energy  and  storing  phase  change  material  (PCM).  The  solar  energy  is  stored  in  paraffin  wax  that  is  used  as  a 
PCM  and  is  discharged  to  cold  water  flowing  in  pipes  located  inside  the  wax.  The  collector’s  effective  area  is 
assumed  lm2  and  its  total  volume  is  divided  into  5  sectors.  The  experimental  apparatus  is  designed  to  simulate 
one  of  the  collector’s  sectors,  with  apparatus-absorber  effective  area  of  0.2m2.  Outdoor  experiments  are  earned 
out  to  demonstrate  the  applicability  of  using  a  compact  solar  collector  for  water  heating.  A  total  of  20 
thermocouples  are  used  to  record  the  temperature  variation  of  PCM.  The  time  wise  temperatures  of  the  PCM  are 
recorded  during  the  processes  of  charging  and  discharging  together  with  the  solar  intensity.  Experiments  are 
conducted  for  different  water  flow  rates  of  0.0083  to  0.0217kg/h  m2  and  the  useful  heat  gain  (Qu)  is  calculated. 
The  effect  of  the  water  flow  rate  on  (Qu)  is  studied.  The  heat  transfer  coefficients  are  calculated  for  the  charging 
process.  The  propagation  of  the  melting  and  freezing  front  are  studied  during  the  charging  and  the  discharging 
processes. 

Experimental  results  show  that  in  the  charging  process  average  heat  transfer  coefficient  increases  sharply  after 
increasing  the  melt  layer  thickness  as  the  natural  convection  grows  strong.  The  local  heat  transfer  coefficient  is  a 
strong  function  of  distance  from  the  top  of  the  wax  container  as  well  as  the  time.  In  the  discharge  process  the 
useful  heat  gained  increases  as  the  water  mass  flow  rate  increases. 

1.  INTRODUCTION 

An  efficient  energy  management  program  must  invariably  involve  energy  storage  to  be  able  to  cater  to 
fluctuating  demands  and  at  the  same  time  to  obtain  a  higher  performance  from  the  primary  power  plant.  Energy 
storage  systems  also  assume  greater  significance  in  the  context  of  waste  heat  utilization  and  in  situations  dealing 
with  intermittent  supplies  of  input  energy  like  solar  energy.  In  view  of  this  the  use  of  latent  heat  storage  systems 
has  attracted  much  attention  in  the  past  few  years  considering  their  amenability  for  higher  energy  densities. 

Many  studies  concerning  the  thermal  characteristics  of  heat  exchangers  based  on  PCMs  have  been  devoted  to 
the  thermophysical  properties  and  to  the  problems  associated  with  the  physicochemical  behavior  of  PCM  (Lane 
[1],  Abhat  [2]).  Successful  utilization  of  PCM  as  a  heat  storage  media  mainly  depends  on  developing  efficient 
and  low  cost  means  of  containment.  For  passive  or  air-cooled  active  solar  system,  several  methods  of 
encapsulating  PCMs  have  been  developed  [3]  and  [4].  liken  and  Toksoy  [5]  reviewed  the  energy  storage 
systems  using  heat  exchangers  with  different  geometry  and  the  solution  methods  for  related  phase  change 
problems.  Rabin  et  al.  [6]  proposed  a  new  type  of  integrated  collector  storage  system  for  low-temperature  heat 
supply. 

In  the  present  work  an  experimental  investigation  of  the  proposed  apparatus  is  represented.  The  charging  and 
discharging  processes  are  carried  out  for  paraffin  wax  as  a  PCM.  A  parametric  study  is  carried  out  to  study  the 
effects  of  the  water  flow  rate  and  the  variation  of  solar  energy  on  the  discharging  and  the  charging 
characteristics.  The  heat  transfer  characteristics  is  also  discussed. 
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2.  EXPERIMENTAL  SETUP 


An  experimental  model  of  one  sector  of  the  compact  solar  collector  is  designed  and  built  to  investigate  the 
charging  and  the  discharging  processes.  The  volume  and  the  construction  of  each  sector  are  decided  according 
to  the  input  solar  energy  during  the  charging  process.  A  schematic  cross-section  of  the  components  of  the 
experimental  model  is  shown  in  Fig.  1.  The  experimental  apparatus  consists  of  a  steel  absorber-container  unit  of 
1.3  m  in  length  and  cross-section’s  dimensions  are  as  shown  in  figure.  The  absorber  plate  is  inclined  by  an  angle 
equals  45°.  The  sides  of  the  container  are  thermally  isolated  with  50-mm  thick  layer  of  polyurethane  and  outside 
wooden  layer  of  20mm  in  thickness.  A  copper  pipe  of  12mm  inner  diameter  and  1.35  m  long  is  embedded  inside 
the  PCM  to  carry  the  heat  transfer  fluid  inside  the  collector.  A  3mm  thick  transparent  glass  cover  is  placed 
25mm  apart  from  the  absorber  plate.  A  50mm  thick  polyurethane  layer  is  placed  over  the  cover  to  provide 
thermal  insulation  in  the  discharging  process. 


Table  1.  Physical  Properties  of  Paraffin  Wax 


Volumetric  latent  heat  of  fusion  Xp 

165  kJ/dm3 

Melting  temperature  Tm 

53.5  °C 

Solid  phase  density 

0.81  kg/dnr* 

Liquid  phase  density 

0.78  kg/dm3 

Thermal  conductivity 

0.21  W/mK 

Specific  heat 

2.5  kJ/kg.K 

CASE 

INSULATION 

WAX  CONTAINER 
ABSORBER  PLATE 

GLASS  COVER 

WATER  PIPE 


Fig.  1.  Schematic  of  the  experimental  apparatus  cross  section 

In  the  charging  process  water  inlet  and  outlet  valves  are  closed.  The  charging  process  starts  when  the  absorber 
plate  is  exposed  to  the  solar  ray.  The  temperature  distribution  along  the  surface  of  the  absorber  plate  is  measured 
at  three  sections  as  shown  in  Fig.  2. a.  Increasing  its  temperature  by  solar  radiation  leads  to  increase  the 
temperature  of  the  PCM  contained  in  the  test  section.  The  PCM  melts  when  its  temperature  reaches  the  melting 
point.  The  temperature  in  the  radial  distribution  of  the  PCM  is  measured  with  20  Cu-Co  thermocouples  after 
each  a  period  of  30  minutes.  Figure  2.b  shows  the  positions  of  the  thermocuples  located  in  the  cross  section  of 
the  test  section.  Solar  intensity  is  measured  in  the  same  inclination  of  the  absorber  plate.  The  ambient  air 
temperature  is  also  measured.  The  charging  process  ends  when  the  PCM  melts  completely. 
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Fig.  2.  A  position  of  thermocouples 

In  the  discharge  process  water  inlet  and  outlet  valves  are  opened.  The  water  inlet  and  outlet  temperatures  are 
measured  with  two  thermocuples  inserted  inside  the  heat  flow  pipe  at  its  inlet  and  its  outlet.  The  temperature 
distribution  inside  the  PCM  around  the  heat  flow  pipe  is  measured  with  twelve  thermocuples  as  shown  in  Fig. 
2.c.  The  inlet  temperature  is  approximately  constant  (Ti  -33  ±2°C).  The  mass  flow  rate  is  ranged  from  0.0083  to 
0.0217kg/m2  h  (from  0.1  to  0.26  lit/min  for  an  absorber  area  of  0.2  m2). 

3.  RESULTS 


Charging  Process 

Temperature  distributioa  Experimental  results  for  the  charging  process  where  the  PCM,  is  initially  in  the 
solid  state,  is  heated  by  solar  energy  radiation  and  then  is  melted  are  shown  in  Fig.  3.  The  figure  represents  the 
relations  between  the  time  and  the  temperature  of  the  PCM  at  some  selected  points  located  in  Fig.  3.  The  figure 
shows  that  the  temperature  of  the  thermocouples  increases  gradually  in  the  solid  state  with  low  temperature 
gradient  due  to  the  low  thermal  conductivity  of  the  solid  PCM.  The  temperature  of  the  upper  position  located 
thermocouple  reaches  the  melting  point  first,  and  then  the  temperature  difference  between  the  upper  position 
thermocouples  and  the  lower  position  ones  increases.  After  complete  melting  the  difference  in  temperature 
between  the  top  and  the  bottom  decreases  due  to  the  enhancement  of  natural  convection.  Similar  characteristics 
of  heating  curves  are  observed  at  the  other  positions  along  the  PCM. 

Heating  curves  show  that  the  tope  positions  are  higher  in  temperature  than  the  lower  ones.  This  behavior  may  be 
attributed  to  the  used  geometry  of  the  test  section.  In  addition  after  melting  of  the  top  portion  the  enhancement 
of  the  free  convection  in  the  liquid  phase  of  the  PCM  decreases  the  difference  between  the  temperature  of  liquid 
PCM  and  that  of  absorber  plate.  However,  at  the  bottom  the  low  thermal  conductivity  and  the  thickness  of  the 
solid  PCM  increase  the  thermal  resistance. 


Fig.  3.  Temperature  distribution  inside  the  PCM  (charging  process) 
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Solid-liquid  interface.  Figure  4  shows  the  solid-liquid  interface  contours  as  a  function  of  time  using  average 
input  solar  intensity  of  750  W/m2.  The  figure  shows  that,  the  PCM  starts  to  melt  at  a  layer  adjacent  to  the 
absorber  plate.  As  the  layer  thickness  increases  and  the  natural  convection  grows  strongly,  heat  is  no  longer 
transported  directly  across  the  melt  layer,  but  is  carried  along  the  back  face  of  the  absorber  plate  to  the  interface 
by  the  recirculating  flow.  For  each  advanced  time  the  melt  layer  thickness  at  the  upper  portion  is  greater  than  the 
lower  one.  This  indicates  that  significant  natural  convection  motions  are  confined  to  the  uppermost  portion  of 


Fig.  4.  Sequential  melting  contour  (charging  process)  Fig.  5.  Model  of  melting  front  in  charging  process 

Heat  transfer  characteristics.  During  the  charging  process  the  local  heat  transfer  coefficient  may  be 
evaluated  from  the  local  thermal  energy  balance  at  the  melting  surface  as  shown  in  Fig.  5.  An  instantaneous 
energy  balance  at  the  interface  may  be  written  as: 
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This  energy  balance  is  used  to  determine  the  local  heat  transfer  coefficient  hx,„  which  is  defined  by: 
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Then  from  equations  (1)  and  (2)  local  heat  transfer  coefficient  hx,t  at  any  location  x  and  at  any  time  t  is 
determined  from: 
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Where 


is  measured  from  the  experimental  data  as  shown  in  Fig.  5  and 


is  calculated  as: 
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The  surface  area  Ax,t  is  calculated  by  multiplying  the  surface  width  (a)  by  the  length  of  the  wax  container.  Then 
average  heat  transfer  coefficient  hm ,  at  any  time  may  be  obtained  as: 
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^m,t  —  fehx.t  *  ^x,t)/^x,t 


(5) 


The  variation  of  the  local  heat  transfer  coefficients  with  the  width  of  the  absorber-container  unit  for  solar 
intensity  of  750  W/m2is  presented  in  Fig.  6.  The  presence  of  the  heat  flow  pipe  affects  the  region  around  it.  The 
heat  transfer  coefficient  calculations  are  performed  outside  that  region  but  within  that  region  the  results  are 
interpolated  as  shown  in  the  figure.  Examination  of  the  figure  reveals  that  the  local  heat  transfer  coefficient 
terminates  to  be  almost  nearly  equal  to  zero  then  increase  with  the  time.  The  local  heat-transfer  coefficient 
decreases  monotonically  with  increasing  the  distance  from  the  back  wall  of  unit  (with  x).  However,  it  slightly 
increases  near  the  bottom  of  the  unit  due  to  the  bottom  wall  temperature  effect.  The  conduction  in  the  welded 
bottom  wall  from  the  absorber  plate  increases  the  bottom  wall  temperature. 


Fig.  6.  Local  heat  transfer  coefficient  (charging  process) 


The  average  heat  transfer  coefficient  along  the  interface  and  the  solar  intensity  as  a  function  of  time  are  shown 
in  Fig.  7.  At  the  starting  of  melting  the  average  heat  transfer  coefficient  has  small  values  that  indicates  the  heat 
is  transferred  by  conduction.  After  a  while  the  average  heat  transfer  coefficient  increases  sharply  due  to  the 
increase  of  the  thickness  of  the  liquid  PCM  see  Fig.  4,  that  leads  to  a  great  increase  in  the  natural  convection. 


Fig.  7.  Average  heat  transfer  coefficient  (charging  process) 


Discharge  Process 

Temperature  distribution.  During  the  discharge  process,  the  temperature  distribution  of  the  PCM  at  12 
thermocouples  around  the  heat  flow  pipe  (shown  in  Fig.  2.c)  versus  time  is  displayed  in  Fig.  8. a,  b,  c  for  water 
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flow  rate  of  0.0217  kg/m2  h.  Inspection  of  each  figure  shows  that  the  curves  may  be  divided  into  three  stages  I, 
II,  III.  In  the  first  stage  I,  PCM  temperature  decreases  gradually  around  its  freezing  point  then,  in  the  second 
stage  it  remains  approximately  constant.  The  primarily  decrease  in  temperature  is  due  to  the  release  of  sensible 
heat  at  the  liquid  PCM;  In  the  second  stage  the  PCM  starts  to  solidify,  the  approximately  horizontal  lines,  stage 
II,  correspond  to  latent  heat  releasing.  The  decrease  in  temperature  at  the  end  of  stage  II  represents  sensible  heat 
releasing  stage  III  of  the  solid  state  PCM.  The  temperature  of  the  thermocouples  located  in  the  closest  positions 
to  the  heat  flow  pipe  decreases  gradually  with  no  apparent  latent  heat  releasing  period.  This  due  to  the  self¬ 
blocking  of  the  solid  PCM  around  the  heat  flow  pipe. 


0  0.5  1  1.5  2  2.5  3  3.5  4  4.5 

time  h 


Fig.  8.  Temperature  distribution  around  the  pipe  (discharging  process) 

Solid-liquid  interface.  During  the  discharge  process,  solid-liquid  interface  could  be  found  using  the  readings 
of  the  thermocouples  around  the  heat  flow  pipe.  Figure  9. a  and  b  show  the  solid-liquid  interface  contours  as  a 
function  of  time  using  two  different  water  mass  flow  rates.  Examination  of  the  two  figures  shows  that 
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propagation  of  the  melt  contour  is  similar  for  the  use  mass  flow  rates.  Freezing  takes  place  primarily  below  the 
heat  flow  pipe,  with  little  occurring  at  the  top  and  the  sides.  This  is  due  to  the  natural  convection-taking  place  in 
the  liquid  PCM.  In  the  melting  zone  the  relatively  cold  PCM  moves  downward  due  to  the  gravity  effect  along 
with  a  decrease  in  temperature  in  the  lower  portion.  After  a  primarily  period  of  time,  during  which  solid  PCM 
layer  thickness  increases,  then  natural  convection  effect  decreases.  The  elliptic  shape  of  the  frozen  PCM 
gradually  changes  by  time  to  approximately  circular  shape.  This  may  be  attributed  to  indicate  that  the  heat 
transfer  is  dominated  by  conduction. 


Fig.  9.  Sequential  frozen  contour  (discharging  process) 

Useful  heat  gained.  During  the  discharge  process  the  useful  heat  gained  is  given  by  the  following  equation: 

Qu  =m.Cp.(T0Ut-Tin)  (6) 

Figure  10  shows  the  pattern  of  variation  in  the  useful  heat  gained  (Qu)  in  relation  to  time  at  two  different  water 
flow  rates.  As  shown  in  the  figure  the  useful  heat  gained  increases  as  flow  rate  increases. 


Fig.  10.  Useful  heat  gained  (discharging  processe) 
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4.  CONCLUSIONS 


Experiments  are  carried  out  to  investigate  the  heat  transfer  characteristics  of  a  compact  solar  collector  during  the 

charging  and  discharging  processes.  The  following  conclusion  may  be  drawn  within  the  parameters  covered  in 

the  present  study. 

1.  During  the  charging  process  the  solid-liquid  profiles  being  formed  through  melting  are  approximately 
similar  irrespective  to  the  time. 

2.  In  the  discharging  process  the  solid-liquid  interface  takes  an  elliptic  shape  at  the  sensible  heat  releasing 
stage  due  to  natural  convection.  However,  the  shape  tends  to  be  more  circular  at  the  latent  heat  releasing 
stage. 

3.  The  useful  heat  gained  increases  as  the  water  mass  flow  rate  increases. 

4.  The  sharp  decrease  of  the  heat  gained  during  the  latent  heat  releasing  stage  is  due  to  the  low  thermal 
conductivity  of  the  solid  paraffin  wax. 

5.  In  the  charging  process  the  local  heat  transfer  coefficient  decreases  monotonically  with  increasing  the 
distance  from  the  top  of  the  wax  container.  In  the  case  of  increasing  solar  intensity  by  using  reflector  the 
local  heat  transfer  coefficient  shows  different  trends  due  to  the  natural  convection. 

6.  During  the  charging  process  the  average  heat  transfer  coefficient  is  very  small  at  the  starting  of  melting 
indicating  that  the  heat  is  transferred  by  conduction.  It  increases  with  the  time,  as  the  natural  convection 
grows  stronger  with  the  increase  of  the  melt  layer  thickness. 


NOMENCLATURE 


A  surface  area  of  each  melt  sector,  m2 
a  width  of  each  melt  sector,  m 

cp  Specific  heat  of  cooling  water,  J/kg°C 
hm  t  average  heat  transfer  coefficient,  W/m2 
hx  t  Local  heat  transfer  coefficient,  W/m2 
L  Latent  heat  of  fusion,  J/kg 

m  Mass  flow  rate,  kg/hm2 

n  normal  direction  of  the  melt  surface 

k]  Thermal  conductivity  of  liquid  PCM,  W/m.K 


ks  Thermal  conductivity  of  solid  PCM, 
W/m.K 

T]  Temperature  of  liquid  PCM,  °C 
Tm  Melting  temperature  of  PCM,  °C 
Ts  Temperature  of  solid  PCM,  °C 
Tw  Absorber  wall  temperature  of,  °C 

t  time,  sec 

Qu  Useful  heat  gained,  W 

S  Thickness  of  PCM,  m 
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ABSTRACT,  Details  of  a  solar  thermal  water  pump,  which  operates  using  a  low  boiling  liquid  is  briefly 
described.  The  values  of  efficiencies  of  such  a  pump  reported  by  the  earlier  researchers  [1,2]  are  very  low  - 
being  of  the  order  of  about  0.1  percent.  In  this  paper  an  attempt  is  made  to  find  out  the  reasons  for  such  low 
efficiencies.  A  few  changes  to  be  made  in  the  experimental  set  up  to  improve  the  performance  of  the  pump  re 
discussed.  Also  suggested  are  the  modifications  required  in  the  analysis  to  reduce  the  large  difference  reported 
by  the  researchers  between  the  measured  and  predicted  performances. 

1.  INTRODUCTION 

A  perusal  of  the  literature,  on  the  subject  of  solar  water  pump,  reveals  that  a  pump  can  be  operated  mainly  on 
any  of  the  following  three  principles:  (1)  Pump  driven  by  turbine  operating  with  steam  or  an  organic  vapour 
generated  using  solar  flat  plate  collectors  or  concentrators;  (2)  Pump  driven  by  electricity  obtained  from  solar 
cells;  (3)  An  unconventional  pump  in  which  the  vapour  of  a  low  boiling  point  liquid  generated  through  flat  plate 
collectors  provides  the  motive  power  for  lifting  water,  while  the  condensation  of  the  vapour  and  the  subsequent 
decrease  in  pressure  provides  for  suction. 

In  the  first  method  not  only  that  the  capital  cost  of  the  system  is  high,  but  also  the  operation  and  maintenance 
problems  are  many  because  of  the  number  of  stages  involved  in  conversion  of  solar  energy  to  hydraulic  work.  In 
the  second  method,  the  present  cost  of  the  solar  cells  makes  the  system  uneconomical.  The  third  method 
appears  to  be  an  attractive  proposition.  Researchers  [1-3]  have  worked  on  a  pump,  operating  on  this  principle, 
with  n-pentane  as  the  working  substance.  Not  only  are  the  values  of  the  efficiencies  reported  by  these 
investigators  are  low,  but  also  the  difference  between  the  predicted  and  observed  efficiencies  is  large.  This 
paper  is  intended  to  discuss  these  aspects. 


2.  SYSTEM  DESCRIPTION 

The  pump  consists  of  an  array  of  flat  plate  solar  collectors  and  a  set  of  tanks  to  displace  the  water.  n-Pentane  is 
heated  in  the  flat  plate  collectors  by  thermosiphon  flow.  When  the  pressure  in  the  separation  tank  reaches  the 
pressure  corresponding  to  the  discharge  head  of  the  pump,  valves  1  &  2  are  opened  slowly.  Pentane  vapour 
separating  in  tank  S  enters  vessel  A  containing  water.  Water  in  vessel  A,  in  turn,  is  gradually  transferred  to 
vessel  B  which  initially  contains  air  at  atmospheric  pressure.  Air  in  vessel  B  gets  compressed.  When  the 
pressure  of  air  in  vessel  B  reaches  the  pressure  corresponding  to  the  discharge  head  of  the  pump,  the  compressed 
air  will  displace  water  in  vessel  C  to  the  overhead  tank  D  to  effect  the  required  pumping. 

When  water  in  vessel  C  is  completely  pumped  out,  valves  1  &  2  are  closed.  At  this  instant  vessel  A  contains 
pentane  vapour  and  vessel  B  contains  water  and  compressed  air.  Valve  3  is  now  opened  to  the  required  extent  to 
allow  the  water  from  overhead  tank  D  to  flow  through  the  cooling  coils  in  vessel  A.  As  pentane  vapour  starts 
condensing  the  pressure  in  vessel  A  decreases  and  eventually  reaches  the  value  that  corresponds  to  the 
saturation  pressure  of  pentane  at  the  condensing  temperature.  During  this  period  water  in  vessel  B  returns  to 
vessel  A.  This  reduces  the  pressure  of  air  in  vessel  B,  which  in  turn  permits  the  well  water  to  be  sucked  into 
vessel  C  through  the  one  way  valve  4.  The  system  is  now  ready  to  perform  the  next  cycle  of  events. 

In  the  p  -  v  diagram  shown  in  Fig.2,  1-2-3-4-1  shows  the  processes  undergone  by  pentane  in  the  first  cycle  of 
events.  The  time  lag  between  the  first  cycle  of  pumping  the  water  and  the  second  cycle  equals  the  time 
required  to  generate  pentane  vapour  and  the  condensation  of  the  vapour  in  the  first  cycle.  During  the  period  of 
condensation,  pentane  in  the  collectors  is  being  continually  heated  by  solar  energy.  Hence,  at  the  start  of  the 
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second  cycle  of  pumping  the  water,  the  temperature  and  hence  the  pressure  of  pentane  will  be  higher  than  those 
at  the  beginning  of  the  first  cycle.  This  pressure  is  shown  as  the  one  that  corresponds  to  states  5  and  6  in  Fig.2. 
Valves  1  &  2  are  opened  slightly  at  this  instant.  Pentane  vapour  at  state  6  in  the  separation  tank  S  expands  to 
state  7  to  reach  the  pressure  corresponding  to  the  discharge  head. 


Fig.l.  Schematic  of  a  solar  thermal  water  pump. 
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The  process  of  lifting  water  and  the  subsequent  condensation  of  pentane  in  tank  A  follows  the  same  pattern  as 
before.  The  processes  undergone  by  pentane  during  this  cycle  is  shown  in  Fig.2,  by  2-5-6-7-8-1.  Similar  sets  of 
events  occur  in  the  subsequent  cycles  and  the  pump  continues  to  operate  as  long  as  the  pentane  m  the  collectors 
can  get  heated  up. 

3.  REASONS  FOR  THE  LOW  EFFICIENCY  OF  THE  PUMP 

Low  efficiencies  of  devices  operating  on  flat  plate  collectors  are  too  well  known.  However,  in  this  case,  the 
efficiency  is  rather  very  low,  which  is  clearly  shown  in  Fig.3.  These  values  are  taken  from  reference  1  &  2.  This 
necessitates  a  careful  investigation. 


(1)  The  manner  in  which  the  pentane  vapour  displaces  water  in  vessel  A,  requires  a  careful  review.  Since 
the  rate  of  vapour  generation  through  flat  plate  collectors  is  low  due  to  obvious  reasons,  the  water  can 
only  be  displaced  slowly  by  this  vapour.  Slow  displacement  causes  condensation  of  some  amount  of 
vapour  during  the  pumping  process.  This  requires  more  pentane  to  do  the  job  than  the  estimated 
quantity.  To  improve  the  performance,  it  is  essential  that  the  pentane  vapour  displaces  water  as  quickly 
as  possible. 

(2)  In  the  experimental  work  of  the  other  researchers  [1,2],  the  flat  plate  collectors  are  operating  at 
unnecessarily  very  high  temperatures  beyond  10.30  hours.  This  reduces  the  collection  efficiency  and 
thus  the  overall  efficiency  of  the  pump. 

(3)  The  exposed  area  of  the  collector  is  not  optimized  in  the  work  of  the  other  researchers. 

(4)  Volumes  of  vessels  A,  B  and  C  are  not  also  optimised. 

(5)  Heat  loss  in  vessel  B  is  not  considered. 


4,  MODIFICATIONS  SUGGESTED  TO  INCREASE  THE  EFFICIENCY  OF  THE  PUMP 

The  disadvantage  associated  with  the  slow  displacement  of  water  by  vapour  can  only  be  eliminated  by 
resorting  to  instantaneous  filling.  This  could  be  achieved  by  having  a  storage  tank,  where  the  vapour 
could  be  collected  at  the  required  pressure  to  be  used  as  and  when  required.  This  avoids  the 
condensation  of  vapour  in  vessel  A  during  the  process  of  pumping  the  water. 

When  the  collector  reaches  the  minimum  pressure  required  to  operate  the  pump  there  is  no  need  to 
further  heat  the  pentane  in  the  collectors.  From  this  instant  onwards  as  and  when  the  pentane  vapour  is 
used  for  pumping  water  the  collector  must  be  able  to  replenish  this  vapour  by  making  use  of  solar 
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energy  to  just  supply  the  required  enthalpy  of  vaporisation.  However,  the  amount  of  pentane  vapour 
used  by  the  pump  in  each  cycle  is  much  less  than  the  generating  capacity  of  the  collectors.  This  causes 
the  pentane  in  the  collectors  to  be  unnecessarily  heated  to  very  high  temperatures  at  the  cost  of 
efficiency.  This  problem  can  only  be  eliminated  by  proper  optimisation  of  the  volumes  of  vessels  A,  B 
&  C  and  the  collector  just  supplies  only  that  mass  of  pentane  vapour  which  the  vessels  A,  B  &  C  can 
handle  in  each  cycle.  If  this  is  not  possible  one  or  more  parallel  pumping  can  be  done  using  the  vapour 
generated  by  the  collectors. 

(3)  Vessel  B  has  to  be  insulated  very  well.  It  is  also  advisable  to  have  a  insulating  float  in  vessel  B.  This 
reduces  the  problem  of  condensation  of  pentane  vapour  during  the  period  of  pumping. 

5.  DIFFERENCE  BETWEEN  PREDICTED  AND  MEASURED  PERFORMANCES 

In  the  work  of  the  cited  Researchers  there  has  been  large  difference  in  the  two  efficiencies.  The  marked 
difference  between  the  observed  and  predicted  performance  can  be  attributed  to  several  reasons.  The  major 
factor  is  that  the  practical  number  of  cycles  per  day  is  very  much  less  than  the  predicted  number  of  cycles  as 
shown  in  Fig  4. 


Fig.4.  Number  of  cycles  per  day  vs  discharge  head 

This  is  because  (i)  The  pump  requires,  at  the  beginning,  a  higher  pressure  than  the  discharge  pressure  for  it  to 
operate,  (ii)  The  actual  condensation  time  is  high  compared  to  the  predicted  one.  (iii)  Quite  often  the  pump  has 
to  be  stopped  from  working  to  remove  the  liquid  pentane  floating  on  water  in  vessel  A.  (iv)  There  is  also  a  heat 
loss  from  the  pentane  vapour  to  the  surroundings  and  also  water  in  vessel  A.  When  these  factors  are  considered 
in  theory  this  predicted  efficiency  reduces  there  by  decreasing  the  difference  between  the  two. 

6.  CONCLUSION 

The  above  analysis  shows  that  considerable  modifications  can  be  made  in  the  experimental  set  up  to  improve  its 
efficiency.  The  assumption  made  in  the  theory  should  suit  the  practical  conditions  to  have  a  clear  picture  of 
what  is  happening  in  the  pump.  This  work,  both  experimental  and  theoretical  is  in  progress. 
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ABSTRACT.  In  the  present  work,  the  possibility  of  spent  nuclear  fuel  rejuvenation  in  fusion  reactors  is 
investigated  for  different  fuels  and  coolants.  Cumulative  Fission  Fuel  Enrichment  (CFFE)  and  neutronic 
performances  of  the  (D,T)  driven  hybrid  blankets,  fueled  with  U308  and  UF4,  are  investigated  under  first  wall 
load  of  5  MW/m2.  Fissile  fuel  zone  is  considered  to  be  cooled  with  three  coolants,  flibe  (Li2BeF4),  Natural 
Lithium  (Li)  and  Eutectic  Lithium  (LinPb83)  respectively.  In  the  fuel  zone  is  considered  to  be  cooled  with  the 
different  coolants  mentioned  above  with  volume  fraction  of  45.5%,  E  =  1:1,  for  each  coolants.  Again,  the 
behavior  of  the  fuels  mentioned  above  are  observed  during  48  month  for  discrete  time  intervals  of  At  =15  days 
and  by  a  plant  factor  of  75%.  At  the  end  of  the  operation  time,  calculations  have  shows  that  (CFFE)  values  have 
varied  between  4.51%  and  8.49%  depending  on  the  fuel  and  coolant  type.  The  best  enrichment  performance  is 
obtained  in  Li2BeF4  coolant  blankets  for  each  fuels.  CFFE  reach  maximum  value  (8.49%)  in  UF4  fueled  blanket 
(in  Row#  1)  after  48  months.  The  lowest  CFFE  value  (4.51%)  is  in  U308  fueled  blanket  (in  Row#  8)  and  Natural 
Lithium  coolant  at  the  end  of  the  operation  period.  So,  the  enrichment  would  be  sufficient  for  LWR  reactor.  The 
best  Tritium  Breeding  Ratio  (TBR),  1.5054,  is  obtained  in  U308  fueled  blanket  with  Eutectic  Lithium  (Li) 
coolant.  At  the  beginning  of  the  operation,  TBR  values  were  1.2942  in  U308  fueled  blanket  1.2175  in  UF4  fueled 
blanket.  At  the  end  of  the  operation,  TBR  reach  1 .5034  in  U308  fueled  blanket  and  1 .45 10  in  UF4  fueled  blanket. 

1.  INTRODUCTION 

Energy  requirements  are  supplied  in  increasing  proportion  by  nuclear  reactors.  The  maximum  capability  of 
fossil  fuel  and  hydraulic  energy  has  almost  been  reached.  Renewable  energy  sources  lack  any  advantage  due  to 
irregular  energy  production.  Therefor,  the  21st  century’s  energy  requirement  is  nearly  impossible  to  meet  by  the 
classic  methods  of  present-day  energy  production[l].  Logistical  problems,  such  a  fuel  transport  and  distribution, 
and  environmental  problems,  such  as  particulate  pollution  and  excessive  C02  in  the  atmosphere,  could  limit  the 
usage  of  fossil  fuel  for  energy  production.  So,  nuclear  energy  has  important  role  in  future  energy  projection  of 
developing  country.  Nuclear  energy  production  ratio  in  all  king  of  energy  production  vary  between  30  and  50% 
in  Hungry,  Switzerland,  Sweden  and  some  other  countries.  This  ratio  is  higher  than  60-70%[l]. 

High  energy  fusion  neutron  having  a  14.1  MeV  energy  will  be  release  in  a  (D,T)  fusion  reactor.  75%  of  the 
fusion  energy  is  carried  by  these  neutrons  in  the  form  of  kinetic  energy.  The  important  criteria  is,  either  the 
neutron  energy  is  absorbed  by  the  fuel  to  breed  useful  nuclear  materials  or  converted  to  thermal  energy  by 
collision  with  moderator  or  coolant.  All  these  processes  can  occur  in  the  blanket  of  the  hybrid  reactor  [2].  The 
possibility  of  rejuvenation  of  nuclear  fuel  in  a  hybrid  blanket  is  an  attraction  field  for  early  generation  fusion 
reactors.  Present-generation  nuclear  power  plants  are  producing  nuclear  waste  materials  in  substantial  quantities, 
resulting  in  a  concern  from  the  standpoint  of  safety  and  proliferation  of  nuclear  materials.  Hence,  methods  to 
reduce  the  amount  of  radioactive  waste  inventory,  as  well  as  to  reduce  the  amount  of  fissionable  material  are 
required  to  operate  nuclear  plants  will  be  beneficial.  On  the  other  hand,  nuclear  reactors  become  more  attractive 
when  earth's  tritium,  uranium  and  deuterium  resources  are  considered. 

Today,  a  great  number  of  LWRs  are  operational  to  meet  the  increasing  demand  on  nuclear  energy  production. 
They  require  substantial  quantities  of  slightly  enriched  (3-4%)  nuclear  fuel  and  use  essentially  the  natural 
uranium  as  fuel.  It  is  estimated  that  natural  uranium  source  will  be  used  up  around  the  middle  of  the  21st  century. 
In  these  reactors  the  235U  isotope  of  the  natural  uranium  is  the  reactive  material  and  has  an  abundance  of  only 
0.7%.  As  the  LWRs  have  modest  conversion  ratio  (0.6-0.7).  plutonium  production  is  also  relatively  slow. 
Hence,  LWRs  can  exploit  only  about  1%  of  natural  uranium  fuel,  and  still  99%  of  the  fissionable  natural 
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uranium  resource  not  being  used  for  energy  production.  These  reactors  produce  great  amount  of  actinides  as 
nuclear  waste  material  which  are  one  of  the  nuisances  of  present  day.  Previous  work  has  demonstrated  in 
extensive  studies  that  the  nuclear  waste  actinide  material  can  be  used  with  great  efficiency  as  the  fissile  fuel 
component  of  a  so  called  fusion-fission  (hybrid)  reactor .  In  a  hybrid  reactor,  the  actinides  can  be  converted  into 
new  type  of  fissile  materials  with  very  high  thermal  fission  cross  sections  which  may  turn  out  to  become  very 
precious  nuclear  fuel  for  special  applications[3-5].Bum-up  of  the  actinides  that  the  basic  nuclear  fuel  material 
uranium  is  subject  to  diverse  nuclear  transmutation  in  the  course  of  the  energy  production  process  in  a  nuclear 
power  plant,  such  as,  (n,y),(n,2n),(n,p)  ,(,a),  ect.  in  fusion  fission  reactor  blankets  and  the  rejuvenation  of 
nuclear  fuel  for  multiple  recycling  in  critical  nuclear  reactor  were  subjects  of  investigation[6-9]. 


In  the  present  work,  a  hybrid  blanket  system  has  been  investigated  for  U3O8  and  UF4  fuels  with  coolant  flibe, 
natural  lithium  and  eutectic  lithium  respectively.  The  main  objective  is  to  study  the  rejuvenation  behavior  in  a 
hybrid  blanket  coupled  with  a  substantial  electricity  production  in  situ.  In  order  to  allow  comparison  of  the 
evaluated  neutronic  parameters  with  previous  studies  on  the  hybrid  reactors,  an  experimental  hybrid  blanket 
geometry  is  chosen,  which  was  evaluated  and  presented  to  the  international  scientific  community  on  different 
occasions[10,ll,4]. 


2.  BLANKET  GEOMETRY 


Fig.  1.  Cross  -  Sectional  view  of  the  investigated  blanket  (Dimensions  are  given  in  cm) 


The  main  emphasis  is  concentrated  on  a  detailed  neutronic  treatment  of  rejuvenation  procedure  in  a  fusion- 
fission  hybrid  reactor  fueled  with  U308  and  UF4  respectively.  Fissile  fuel  zone  is  considered  to  be  cooled  with 
three  coolants  ,  flibe  (Li2BeF4),  Natural  Lithium  (Li)  and  Eutectic  Lithium  (LinPbgj)  with  volume  fraction,  a 
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volumetric  ratio  of  coolant-to-fuel  (e),  of  45.5%  for  each  coolant,  respectively.  The  fissile  fuel  zone  is  composed 
of  fuel  rods  which  contain  fuels  mentioned  above  in  10  row  in  radial  direction.  The  radial  reflector  is  made  of 
Li20  and  C(  graphite)  in  a  sandwich  structure.  This  measure  reduces  the  neutron  leakage  drastically,  leads  to 
better  neutron  economy[ll]  and  supply  more  tritium  production.  The  calculation  is  performed  on  an 
experimental  hybrid  blanket  geometry  which  was  presented  to  the  international  scientific  community  on 
different  occasions[8-15].  Fig.  1.  shows  the  basic  structure  of  the  investigated  hybrid  blanket  in  this  study.  The 
atomic  densities  and  material  composition  of  the  investigated  hybrid  blanket  in  this  work  are  given  in  Table  1. 

In  this  concept,  a  line  neutron  source  in  a  cylindrical  cavity  simulates  the  fusion  plasma  chamber.  The  latter  is 
surrounded  by  a  first  wall  made  of  304-stainless  steel.  Recent  work  has  shown  that  in  fusion  reactors,  a  first  wall 
made  of  SS-304  without  Mo  and  Nb  components  would  give  a  C-  class  nuclear  waste  material  after  a  life  time 
of  30  years  which  will  be  suitable  for  shallow  burial  after  the  decommissioning  of  the  fusion  reactor[16,17].  The 
neutronic  performance  of  fuel  zone  is  investigated  in  6  different  modes. 

1.  U308  fuel  with  Flibe  coolant  in  the  hybrid  blanket  (Mode  1) 

2.  U3Og  fuel  with  Natural  Lithium,  coolant  the  in  hybrid  blanket  (Mode  2) 

3.  U3Og  fuel  with  Eutectic  Lithium  coolant  in  the  hybrid  blanket  (Mode  3) 

4.  UF4  C  fuel  with  Flibe  coolant  in  the  hybrid  blanket(Mode  4) 

5.  UF4  fuel  with  Natural  Lithium,  coolant  in  the  hybrid  blanket(Mode  5) 

6.  UF4  fuel  with  Eutectic  Lithium  coolant  in  the  hybrid  blanket  (Mode  6) 

3.  NUMERICAL  CALCULATION 


3.1  Calculation  Methods 

Neutronic  analysis  of  fusion-fission  (hybrid)  blankets  have  been  realized  by  using  ANISN-ORNL[18]  computer 
code  that  solves  Boltzmann  Transport  Equation  and  neutron  transport  and  activity  cross  section  data  libraries 
TRANSX-2[19]  and  CLAW-IV  [20]  in  Si6-P3  approximation,  by  using  Gaussian  quadrate  sets  to  obtain  a  high 
accuracy  for  the  deep  neutron  penetration  problems[21]  during  different  stages  of  this  study.  The  letter 
represents  an  extended  version  of  Los  Alamos  National  Laboratory(LANL)  cross  section  data  library 
CLAW  [22]. 

Temporal  variations  of  the  fissile  fuel  in  the  blanket  are  evaluated  for  neutron  energy  flux  ( $>  w  =  2.22*  1014 
(14.1  MeW)  (n/cm2  sec))  of  5  MW/m2  on  the  first  wall.  The  plant  factor  (PF)  is  taken  as  75%.  For  neutronic 
calculations,  the  fuel  zone  is  divided  into  10  equidistant  sub-zone,  as  shown  in  Fig.l.  This  corresponds  to  the  ten 
fuel  rows  in  the  fissile  zone  in  order  to  follow  the  space  and  time  dependent  nuclide  density  variations  more 
accurately.  Line  neutron  source  on  the  first  wall  is  preferred  to  a  line  neutron  source  including  fusion  plasma 
conditions  because  effects  on  the  neutronic  performance  of  the  hybrid  blanket  of  plasma  density  up  to  1021 
(D,T)/cm3  were  ignored. 

The  nuclear  quality  of  the  fuel  has  been  followed  in  each  fuel  rod  individually  while  considering  variations  in 
the  neutron  spectrum  and  in  the  atomic  densities  of  all  fissile  and  fissionable  isotopes  over  the  radial  coordinate 
within  the  fissile  zone  for  discrete  time  intervals  At=15  days  for  (D,T)  fusion  modes.  The  change  of  the  fuel 
composition  during  hybrid  reactor  plant  operation  is  evaluated  for  discrete  time  interval  At,  as  follows: 

For  Breeding  reactions  (indices  b) 

+AN2  =  PF.  At.Nl .  J  obl  (E)  xlEO(E)  dE  +  AtAbl.Nl  (1) 

E 

Indices  1  and  2  denote  mother  and  daughter  isotopes,  respectively. 

For  Depletion  reactions  (indices  dep) 

+AN  =  PE  At.N.{  Cfdep(E)  AEOfE)  AE  +  AtAN  (2) 

E 
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Equations  (1)  and  (2)  consider  the  variations  of  the  atomic  densities  of  the  fissionable  isotope  through  both 
nuclear  transmutations  and  as  well  as  radioactive  decay. 

Table  1.  Number  Densities  of  Nuclides  the  Blankets  zone  at  Start-up 


Zone 

Dimension  [cm] 

Material 

Species 

Atomic 

Densities 

(1024cm'3) 

Cavity 

0-18.7 

Air 

First  Wall 

18.7-20.0 

SS-304 

I2C 

7.873-4 (a) 

Si 

6.734-4 

Cr 

1.728-2 

Fe 

5.926-2 

Ni 

8.055-3 

Fuel 

Zone 

Fuel 

U308 

u235 

5.674-5 

U0* 

8.048-3 

O 

2.162-2 

uf4 

~  u233 

4.175-5 

u23S 

5.805-3 

F 

2.339-2 

Clad 

SS-316 

Si 

1.540-4 

Cr 

1.496-4 

“Mn 

1.579-4 

Fe 

5.189-4 

Ni 

7.368-4 

Mo 

9.020-5 

Coolants 

Flibe 

(Li2BeF4) 

‘Li 

8.255-4 

'Li 

1.015-2 

yBe 

5.489-3 

F 

2.196-2 

Natural 

Lithium 

(Li) 

*Li 

1.586-3 

'Li 

1.950-2 

Eutectic 

Lithium 

(Lii7Pb83) 

1.902-4 

'Li 

2.340-3 

Pb 

1.235-2 

Tritium 

Breeding 

Zone 

30.4-42.4 

Li20 

°Li 

4.638-3 

46.4-51.4 

'Li 

5.704-2 

57.4-61.4 

O 

3.084-2 

Reflector 

Zone 

42.4-46.4 

A1 

3.014-3 

51.4-57.4 

Graphit 

C 

1.128-1 

61.4-77.4 

a-  Read  as  7.873xl0'4 


3.2  Temporal  Change  of  the  General  Neutronic  Data 

Table  2  shows  general  integral  data  for  all  investigated  cases  for  the  (D,T)  fusion  driver  at  the  beginning  and  at 
the  end  of  a  plant  operation  period  of  48  months.  The  Tritium  Breeding  Rate  (TBR)  has  the  highest  value  for 
natural  lithium  coolant,  followed  by  eutectic  lithium  coolant,  and  flibe.  The  excess  tritium  produced  in  blanket  is 
to  be  used  by  external  satellites  (D,T)  fusion  reactors.  On  the  other  hand,  (D,T),  reactor  must  be  designed  self- 
sustaining  with  respect  to  tritium  supply.  TBR  varies  between  1.2921  and  1.5034  depending  on  the  type  of  fuel, 
coolant  and  volume  fraction  at  the  end  of  the  operation.  The  highest  and  lowest  values  are  1.5034  and  1.2921  in 
mode  3  and  mode  4  respectively. 

In  all  type,  The  TBR  become  higher  than  unity.  Therefore,  the  blankets  with  (D,T)  mode  is  self-sufficient  with 
respect  to  tritium  breeding  and  can  provide  enough  tritium  for  their  own  fusion  driver.  Tritium  production  in  ^i 
isotope  increases  almost  linearly,  caused  by  an  increase  of  the  neutron  population  due  to  the  accumulation  of 
fissile  fuel  in  the  blanket.  Total  energy  generation  in  the  blanket  namely  energy  multiplication  factor  can  be 
denoted  by  M.  M  has  increased  linearly  over  a  4  years  of  plant  operation  because  of  fissile  fuel  accumulation  in 
the  blanket.  M  varies  between  2.7362  and  4.6344  depending  on  the  type  of  the  fuel,  coolant  during  the  operation 
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period.  The  highest  and  lowest  values  are  4.6344  and  2.7362  in  mode  land  mode  6  with  volume  fraction  of 
45  5%  £  =  IT,  respectively.  So,  M  increases  only  by  about  48%  in  the  mode  1  at  the  end  of  the  opera.  The 
increase  of  M  can  be  considered  relatively  low  for  a  hybrid  reactor.  Note  that  a  quasi-invariable  energy 
production  over  the  operation  period  is  essential  to  exploit  the  installed  non-nuclear  island  of  the  plant  (turbines, 
generators,  heat  exchangers  etc.)  at  an  optimal  level. 

The  spatial  nonuniformity  of  the  fission  energy  density,  defined  with  the  help  of  peak-to  average  fission  power 
density  ratio  "  T  "  .  This  has  a  favourable  effect  with  regard  to  a  uniform  exploitation  of  the  fissile  zone  in  the 
blanket.  At  the  beginning  of  the  operation  peiod,  the  hihgest  and  lowest  values,  T ,  are  1.4752  and  1.2550  in 
mode  1  and  in  mode  5  respectively.  At  the  end  of  operation  period,  the  highest  and  lowest  values  are  1.6146  and 
1 .2779  in  mode  1  and  mode  5  respectively.  As  there  is  an  increase  of  the  neutron  multiplication  in  the  blanket, 
the  neutron  leakage  ”  L"  in  radial  direction  out  of  the  blanket  increases  slightly. 

Table  2.  Neutronic  Data  per  (D,T)  Fusion  Neutron  in  Investigated  Blankets 


Time 

Flibe 

Nat.  Lithium 

Eutec. 

Lithium 

(Month) 

u3o8 

uf4 

u3o8 

uf4 

u3o8 

uf4 

0 

T6 

1.0714 

1.0319 

1.2293 

1.1585 

1.2942 

1.2175 

T7 

0.1270 

0.1290 

0.1904 

0.1932 

0.0943 

0.0961 

TBR 

1.2010 

1.1654 

1.4196 

1.3540 

1.3885 

1.3156 

If 

0.1280 

0.0916 

0.1357 

0.0970 

0.1317 

0.0943 

vlf 

0.5938 

0.4664 

0.6235 

0.4917 

0.5990 

0.4707 

M 

3.1404 

2.6992 

3.3110 

2.8328 

3.1969 

2.7362 

r 

1.4752 

1.2490 

1.3786 

1.2550 

1.4745 

1.3494 

L 

0.0727 

0.0687 

0.0928 

0.0861 

0.0912 

0.0824 

48 

T6 

1.1794 

1.1556 

1.3005 

1.2388 

1.4066 

1.3506 

T7 

0.1303 

0.1318 

0.1941 

0.1963 

0.0968 

0.0953 

TBR 

1.3122 

1.2921 

1.4946 

1.4374 

1.5034 

1.4510 

If 

0.2393 

0.1845 

0.2020 

0.1501 

0.2384 

0.1897 

vEf 

0.8619 

0.7362 

0.7930 

0.6574 

0.8566 

0.7453 

M 

4.6344 

3.9639 

4.2046 

3.5598 

4.6294 

3.0329 

r 

1.6146 

1.4480 

1.4193 

1.2779 

1.5416 

1.4069 

L 

0.0796 

0.0755 

0.0982 

0.0913 

0.0995 

0.0907 

T6,  6Li(n,cc)T  reaction  ;T7,  7Li(n,a)T  reaction  ;  TBR  ,  Tritium  Breeding  Ratio;  £  f  ,  Fission  Reaction  ;  v£  f  , 
Fission  Neutron  Breeding;  M  .  Energy  Multiplication;  T ,  Average  Power  Density  in  Fuel  Zone;  L  Radial 
Neutron  Leakage 

3.3  Fissile  Fuel  Breeding 

Fig.2.  shows  the  temporal  variations  of  the  Cumulative  Fissile  Fuel  Enrichment  (CFFE)  (235U,  239Pu,  241Pu)  over 
a  total  operation  period  of  t=48  months  for  selected  fuel  rods  (row#l,  row#3  and  ,  row#5,  row#8,  row#10  for 
ten-row  fuel  zone)  in  (D,T)  driven  hybrid  reactor  modes  for  flibe,  natural  lithium  and  ,  eutectic  lithium  cooled 
blankets,  respectively.  One  can  observe  that  the  fuels  become  usable  in  LWR  after  a  time  of  about  24-36  months 
depending  on  the  coolant,  fuel  and,  the  position  of  the  fuel  rods  in  the  fissile  zone.  One  can  notice  that  UF4  fuel 
has  a  slightly  higher  enrichment  ability  than  U308  fuel.  CFFE. value  change  between  4.5  and  8.49  %  depending 
on  the  position  of  the  fuel  rods  in  fissile  zone  and  mode. 

The  highest  and  lowest  CFFE  value  is  in  (row#  1)  mode  4  and  (row#  6,7)  mode  2  respectively,  at  the  end  of  the 
48  months.  During  all  stages  of  the  rejuvenation  process,  all  fissionable  isotopes  in  fuel  will  contributed  to 
nuclear  heat  generation  and  consequently  to  the  electricity  production  of  the  hybrid  reactor. 

3.4  Fuel  Burn-up  Grade  ...  . 

For  a  reactor  engineer,  it  would  be  most  interesting  to  estimate  the  grade  of  fissile  fuel  utilization  in  the  course 
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the  rejuvenation  process  in  the  hybrid  blanket  in  situ.  This  ban  be  measured  easily  with  the  help  of  fissile  fuel 
bum-up(BU).  It  can  be  calculated  as  follows: 

BU  =  (PF.At.Ef  2.22xl014Fw.Cf.||Ef (E)cb(E).dE.dV)/mFU  (3) 

Where  Ef  =  energy  per  fission,  200  MeV,  Cf  ^conversion  factor,  1.6021xl0"19  MW  s/lMeV,  Fw=  are  of  the 
first  wall,  mpu  =  nuclear  fuel  charge,  :  Neutron  Flux.  Fig.3  (A)  shows  the  average  fuel  bum-up  in  the  hybrid 
blanket  as  a  function  of  plant  operation  period.  Bum-up  levels  become  comparable  over  4  years  to  those  LWRs. 
Bum-up  value  is  the  lower  in  UF4  fueled  modes  than  other  mode.  The  lowest  bum-up  level  is  in  UF4  fueled 
blanket  and  flibe  coolant  during  operation  period. 


Operation  Period  ( Month)  Operation  Period  (Month) 


Fig.  2.  Temporal  increase  of  fissile  fuel  quality  in  the  blanket  with  different  coolant  and  volume  fraction 
of  45.5(e=l:l),  I,  fuled  with  U3O8  fuel,  II,  fuled  with  UF4  fuel 


3.5  Figure  -of-Merit 

It  would  be  interesting  to  evaluate  the  fuel  regeneration  ability  of  hybrid  reactors  in  form  of  a  Figure-Of-Merit 
(FOM)  which  can  be  defined  as  ratio  of  the  amount  of  net  239Pu  mass  generated  to  the  fission  power  output  of 
the  hybrid  blanket.  Mathematical  formulation  of  FOM  in  net  239Pu  [gr/jMWfl,  year)]  or  [kg/fGW*  year)]  can  be 
described  as  folio ws[23]. 

rapu  =  PF.At2.22xl014.Fw  .Cp,  .jj  fer,23^'  (E)  -  IdeP,239Pu  (E)]d>(E)dE.dV  (4) 

=  3.968xlO~22gr/P239Pu 

FOM  =  mPu/Pth  (5) 

Pth  *  thermal  power  production  in  the  blanket.  Fig.3  (B).  depicts  the  FOM  values  for  all  modes.  At  startup,  the 

FOM  values  are  high  in  all  modes.  A  rapid  accumulation  of  the  fissile  fuel  component  239Pu  causes  a  increase  of 
fission  power  production  in  the  hybrid  blanket  with  the  all  modes.  FOM  values  of  UF4  fuel  are  higher  than  U308 
fuel.  Flibe  cooled  blanket  breeds  the  fissile  fuel  more  efficiently  than  other  coolants.  In  all  modes,  FOM  values 
decrease  during  the  operation  period  while  M  increase  as  can  be  seen  Table  2.  The  FOM-values  in  Fig.3  (B).  are 
comparable  to  those  reported  in  other  fission-fission  (hybrid)  reactor  design  studies[24]. 
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Operation  Period  (Month)  Operation  Period  (Month) 


Fig.  3  (A).  Temporal  increase  of  fissile  bur-up(BU)  in  the  investigated  blankets,  (B)  Temporal  variation  of 
the  FOM,I:  fuled  with  U3O8  fuel,  II  filled  with  UF4  fuel 


0  6  12  18  24  30  36  42  48  0  6  12  18  24  30  36  42  48 

Operation  Period  (Month)  Operation  Period  (Month) 


Fig.  4.  Temporal  variation  of  the  percentages  of  the  isotopes  during  rejuvenation  with  (D,T)  fusion  driver, 

I:  fuled  with  U308  fuel,  II  fuled  with  UF4  fuel 

Fig  4  shows  isotopic  percentage  of  238Pu  and  239Pu  in  the  bred  plutonium  for  all  modes.  Isotopic  percentage  of 
238Pu  is  lower  than  240Pu  in  flibe  coolant,  but  higher  in  other  coolants.  It  would  be  of  primary  interest  to  follow 
the  non-prolific  level  of  the  plutonium  fuel  during  rejuvenation.  The  intensity  of  spontaneous  fission  neutrons  in 
2«Pu  is  about  50000  times  higher  than  in  239Pu  so  that  only  a  few  percent  of  240Pu  would  already  denaturate  the 
generated  plutonium  to  a  non-prolific  level[25].  Previous  analyses  has  indicated  that  the  240Pu  content  must  be 
<5%  in  weapon  grades  plutonium  fuel[26,27].  Therefore,  240Pu  in  excess  of  10%  can  be  considered  as  sufficient 
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to  denaturate  the  plutonium  safely.  The  isotopic  percentage  of  240Pu  at  the  end  of  the  operation  period  has  higher 

value  in  modes  with  flibe  coolant,  this  value  is  lower  than  5%  as  can  be  seen  from  Fig.4. 

4.  CONCLUSIONS 

In  this  study,  possibility  of  fuel  rejuvenation  .for  various  coolants  has  analyzed  in  hybrid  blankets.  The  main 

conclusions  are  as  follows: 

1.  The  breeding  periods  vary  between  24  and  36  months  to  reach  a  CFFE  =  3-7.01%,  depending  on  the  type 
of  fuel  and  coolant  and  after  4  years  operation  period,  CFFE  values  can  reach  between  4.50  and  8.49%  , 
depending  on  the  type  of  fuel  and  coolant.  This  can  help  to  construct  compact  LWRs  with  moderate  power 
levels  300  MWe).  The  best  rejuvenation  performance  is  obtained  with  flibe  coolant  and  .  UF4  fueled  hybrid 
blanket  is  superior  compared  to  the  U308  fuels  for  rejuvenation  purposes. 

2.  A  fusion  breeder  fueled  with  (UF4  or  U308)  produce  weapon  grade  239Pu.  It  must  be  denatured  for 
commercial  utilization.  Fusion  driven  fuel  rod  containing  (UF4  or  U308)  breed  higher  quality  nuclear  fuel 
compared  to  fission  reactor. 

3.  The  isotopic  percentage  of  ^“Pu  in  the  plutonium  has  a  higher  value  (8.032%)  in  mode  4  at  the  end  of  the 
operation  period.  In  all  modes  with  flibe  and  eutectic  lithium  coolant,  the  isotopic  percentages  of  ^Pu  is 
higher  than  5%  at  the  end  of  the  operation  period,  but  it  is  lower  than  5%  in  all  modes  with  natural  lithium 
coolant.  So,  Fuel  can  be  considered  sufficient  to  denature  the  plutonium  safety  in  the  blankets  with  flibe  and 
eutectic  lithium  coolant.  During  operation  period,  it  is  possible  to  breed  a  high  quality,  but  denatured 
plutonium  for  LRWs.  This  is  an  important  factor  with  regard  to  international  safeguarding.  The  proposed 
system  offers  an  extremely  high  level  of  safeguarding. 

4.  Thus,  the  calculations  have  shown  that  the  same  fuel  rods  after  irradiation  in  any  of  the  investigated  modes 
can  be  used  directly  in  LWRs.  The  fusion  driven  hybrid  blankets  can  breed  nuclear  fuel  with  safeguarding. 

5.  REFERENCES 

1.  J.A.  Maniscalo,..et  al..  Recent  Progress  in  Fusion-Fission  (Hybrid)  Reactor  Design  Studies',  Nuclear 
Technology  /Fusion,  1  (4),  p.  419,(1981). 

2.  H.Yapici,  I.  Ciirtuttii,  V.  Ozceyhan,  et  al,  '  Potential  of  a  fusion-fission  hybrid  reactor  using  for  various 
coolants  to  breed  fissile  fule  for  LWRs'  .Annals  of  Nuc.  Ener  ,  Elsevier  Pergamon,  Received  23  July, 
accepted  27  October  (1998),  U.K 

3.  S.  Sahin,  M.  Al-Eshaik,  ’  Fission  Power  Flatting  in  Hybrid  Blankets  Using  Mixed  Fuel',  Fus.Tech.,  Vol.12, 
p.295,  (1987). 

4.  S.  Sahin,  A.  Erisen,  A,  and  Y.  Qebi.,  'A  Fast  Hybrid  Blanket  with  Flat  Fusion  Power  over  a  long  Operation 
Period'.  Trans.  Am..  Nucl..  Soc.  54,  134,  (1987). 

5.  S.  Sahin.  A.  Erisen,  and  Y.  Qebi,  'Realization  of  a  Flat  Fission  Power  Density  in  a  Hybrid  Blanket  over  long 
Operation  Periods’,  Fusion  Technology,  Vol.15,  p.37,(1989). 

6.  S.  Sahin.  and  H.  Yapici,  'Rejuvenation  of  CANDU  Spent  Fuel  in  a  Hybrid  Blanket',  Trans.  Am,  Nucl  Soc. 
59,105,  (1989). 

7.  S.  Sahin,  and  H.  Yapici,  'Investigation  of  the  neutronic  potential  of  moderated  and  fast  (D,T)  hybrid 
blankets  for  rejuvenation  of  CANDU  spent  fuel'.  Fusion  Tech..  16,331,  (1989). 

8.  S.  Sahin,  E.  Baltacioglu,  and,  H.Yapici,,  '  Potential  of  a  catalyzed  fusion  driven  hybrid  reactor  for  the 
regeneration  of  CANDU  spent  fuel’ ,  Fusion  Tech. ,  20,26,  (1991). 

9.  S.  Sahin,  H.  Yapici,  and  E.  Baltacioglu,  Rejuvenation  of  LWR  Spent  Fuel  in  a  Catalyzed  fusion-Fission 
Hybrid  Blanket',  Kemtechnik,  59(6),  270,  ( 1994). 

10.  S.  Sahin,  M.Abdul  Raoof.  M, '  Neutronic  Parameters  of  a  Clindrical  Hybrid  Blanker  Driver  By  a  Simulated 
Line  Source',  Fusion  Technol.  ,Vol.l0,  p.1315,  (1986). 

1 1.  S.  Sahin,  T.A.  Al-Kusayer  et  al,  Preliminary  Design  Studies  of  a  Cylindrical  Expperimental  Hybrid  Blanket 
with  Deuterium-Tritium  Driver' ,  Fusion  Technology  ,  Vol.10,  p.  84,  (1986). 

12.  S.  Sahin,  H.Yapici,  and  ,E.  Baltacioglu,’  Heavy  water  reactor  spent  fuel  regeneration  with  fusion  neutrons', 
Trans.  Am.  Nucl.  Soc.  1989.  60,176,  (1989). 

13.  S. Sahin.,  S.Unalan,  and  H.Yapici,  'Decrease  of  the  CANDU  Spent  Nuclear  Waste  Inventories  in  Fusion- 
Fission  (Hybrid)  Reactors,  International  Journal  of  Energy  Environment  Evonomics',  4(1)  ,  pp.  67-97, 
(1996). 


785 


14.  S.  Sahin,.H.  Yapici.,'  Rejuvenation  of  CANDU  Spent  Fuel  in  a  Hybrid  Blanket',  Trans.  Am.  Nucl._Soc.,  59, 

15.  S.  Sahin,  and  H.Yapici,  'Investigation  of  Neutronic  Potential  of  Moderated  and  Fast  (D,T)  Hybrid  Blankets 
for  Rejuvenation  of  CANDU  Spent  Fuel',  Fusion  Technology  ,  16,  p.331,  (1989). 

16  J  D.  Lee,  'Waste  Disposal  Assessment  of  HYLIEE-II  Structure' ,  Fus.  Tech.,  Vol.26,  No.  4,  p.174,  (1994). 
17.  S.  Sahin,  R.  Moir,  and  S.  Unalan,  'Neutronic  Investigation  of  a  Power  Plant  Using  Peaceful  Nuclear 
Explosive'.  Fusion  Technology,  Vol.26  No.  4,  pp. 1311-1325,  (1994). 

18  Jr.  En<de,  ,  'A  One-  Dimensional  Discrete  Ordinates  Transport  Code  with  Anisotropic  Scattering ,  K-1693, 
Oak  Ridge  National  Laboratory,  Oak  Ridge,  TN,  W.W,1970, ).  ANISN,  update  (1996). 

19.  R.E.  MacFarlane,.’TRANSX-2,  A  code  for  Interfacing  MATXS  Cross  -  Section  Libraries  to  Nuclear 

Transport  Codes',  LANL,  (1993).  . 

20.  T.A.  Al-Kusayer,  S.  Sahin.,  and  A.  Drira.,’  Coupled  30  Neutrons  12  Gamma  Ray  Cross  -  Section  with 
Retrieval  Programs  for  Radiation  Transport  Calculations.  Radiation  Shielding  Information  center ,  RSIC 
Newsletter.  Oak  Ridae  National  Laboratory,  CLAW-IV,  May  (1988). 

21.  Bondarenko,  'Group  Constant  for  Nuclear  Reactor  Calculations,  Consultant  Bureau,  New  York,1964. 

22.  RJ.  Barett,  R.E.  MacFarlane,  'CLAW  couple  30  neutrons,  12  gamma-ray  group  cros  section  for  neutron 
trgncpnrt  populations'-  LA-7808-MS.  Los  Almos  Scientific  Laboratory,  Los  Alamos,  Nm.,1979. 

23.  H.Yapici,  O.  Ipek,  V.Ozceyhan,  A.  Eri*  en,  ’  Analysis  of  the  Rejuvenation  Performance  By  Using  Uranium 
Fuels(UN,UC,U02,U3Si2)  And  Different  Coolants  For  Various  Volume  Fraction  In  The  Hybrid  Blanket', 
Annals  of  Nuclear  Energy.  Elsevier  Pergamon,  accepted  04  June,  1999,  U.K. 

24.  E.  Greenspan,  "Fusion-Fission  Hybrid  Reactor,  Advances  in  Nuclear  Science  and  Technology',  Vol.16, 
Plenum  Press,  New  York, (1984). 

25.  W.  Mayer,  S.S.  Loyalka,  et  al.,  'The  Homemade  Nuclear  Bomb  Syndrome,  Nuclear  Safety,  Vol.18, 

p.427., (1977).  ^  „  , 

26.  S.  Sahin,  J.  Ligou,  The  Effect  of  the  Spontaneous  Fission  of  Plutonium-240  on  the  Energy  Release  m  a 
nuclear  Explosive',  Nuclear  Technology.  Vol.  50,  No.  1,  p.  88,(1980). 

27.  S.  Sahin,  Reply  to  the  Remarks  on  the  Pluntonium-240  Induced  Preignition  Problem  in  a  Nuclear  Device', 
Nuclear  Technology,  Vol.  54.  No.  3,  p.  431,  (1980). 


786 


L.  Thermal  Storage 


787 


GENERAL  MODEL  OF  ANALYZING  THE  THERMAL  PERFORMANCE  OF 
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ABSTRACT.  The  present  study  describes  and  classifies  latent  heat  thermal  energy  storage  (LHTES)  systems 
according  to  their  structural  characteristics.  A  general  model  is  developed  for  analyzing  the  thermal 
characteristics  of  the  various  typical  LHTES  systems  to  simulate  thermal  characteristics  such  as  instantaneous 
heat  transfer  rate,  instantaneous  thermal  storage  capacity,  etc.  of  the  various  typical  LHTES  systems.  The  model 
is  verified  using  experimental  data  in  the  literature.  An  illustrative  example  is  undertaken  to  analyze  the  thermal 
performance  of  various  LHTES  systems.  The  general  model  can  be  used  to  select  and  optimize  the  system 
structure  and  to  simulate  the  thermal  behavior  of  various  typical  LHTES  systems. 

1.  INTRODUCTION 

Efficiency  and  environmental  concerns  have  increased  the  importance  of  thermal  energy  storage  (TES)  systems 
in  such  fields  as  solar  energy  systems,  greenhouses  and  power  plants.  Among  the  available  technologies  for 
thermal  storage  systems,  latent  heat  thermal  energy  storage  (LHTES)  systems  can  store  a  great  amount  of 
thermal  energy  in  a  small  volume  with  a  relatively  small  temperature  variation.  Recently,  for  the  purpose  of 
effective  load  leveling  of  electric  power  system,  much  attention  has  been  given  to  cool  storage  air-conditioning 
systems. 
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Many  theoretical  studies  concerning  the  thermal  characteristics  of  LHTES  systems  have  been  undertaken. 
Multi-layer[l],  shell-and-tube[2-5]  and  spherical[6-8]  systems  based  on  PCM  (phase  change  material)  were 
studied.  Since  those  researchers  all  focused  on  the  thermal  performance  of  a  specific  type  of  LHTES,  the 
applicable  range  of  their  models  is  quite  limited.  In  fact,  many  LHTES  systems  used  in  practical  applications 
which  at  first  seem  to  be  different,  share  common  features  from  the  heat  transfer  point  of  view.  The  present 
work  will  (1)  identify  the  common  features  of  various  LHTES  systems  often  used  in  practical  applications  and 
(2)  build  a  general  model  capable  of  analyzing  the  thermal  characteristics  of  various  LHTES  systems. 

2.  CLASSIFICATION  AND  THE  COMMON  FEATURES  OF  TYPICAL  LHTES  SYSTEMS 


Typical  LHTES  systems  used  in 
engineering  applications  can  be  classified 
based  on  their  structural  characteristics  as 
packed  bed  systems  and  shell-and-tube 
systems.  For  packed  bed  systems,  the 
PCM  container  can  be  spherical, 
rectangular,  cylindrical,  etc.  The  systems 
can  also  be  divided  according  to  the  flow 
type  as  internal  flow  or  external  flow 
(including  parallel  flow  and  cross  flow). 

Flat-plate  structures  and  shell-and-tube 
structures  with  internal  flow  are  outward 
phase  change  systems,  while  shell-and- 
tube  structures  with  parallel  flow  or  cross 
Some  typical  LHTES  systems  often  used  in  engineering  applications  are  shown  in  Fig.  1 .  The  systems  all  have 
PCM  or  uniform  PCM  capsules  distributed  uniformly  in  the  system.  The  heat  transfer  in  each  system  is  two- 
dimensional  conduction  with  solid-liquid  phase  change  and  an  unknown  fluid  temperature  variation  along  the 
axial  direction.  The  PCM  thermal  resistance  and  the  effective  heat  transfer  area  both  vary  with  time  and  space. 
The  analysis  of  the  different  type  of  LHTES  differs  in  the  value  of  some  characteristic  parameters,  such  as 
characteristic  dimension,  thermal  resistance,  etc.  All  systems  share  common  feature  as  summarized  shown  in 
Fig.2.  The  parameters  for  the  various  systems  in  the  figure  are  listed  in  Table  1 . 

3.  GENERAL  MODEL  OF  SOLID-LIQUID  LHTES  SYSTEMS 
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Phase  change 
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Fig.2  Schematic  of  general  LHTES  system 

flow  and  spherical  packed  bed  are  inward  phase  change  systems. 


The  analysis  is  simplified  by  assuming 

(1)  Axial  conduction  in  PCM  and  natural  convective  heat  transfer  in  liquid  PCM  are  negligible. 

(2)  Ste«l  and  the  HTF  capacitance  can  be  ignored  which  means  that  the  sensible  thermal  storage  capacity 
can  be  neglected  compared  with  latent  thermal  storage  capacity. 

(3)  For  inward  phase  change  structures,  L»r0. 


General  Heat  Transfer  Model  of  Solid-Liquid  LHTES  Systems 

0Ar„(t,x)  ,  , 

The  energy  equation  for  the  PCM:  Hm  -pp - - =  U-P-|Tf(t,x)  -Tm| 

1  at 


(i) 


The  energy  equation  for  the  HTF:  rhf  •  c  f  •  —  ’ t’  —  =  -U  ■  P  •  (Tf  (t,  x)  - Tm)  (2) 

dx 

where  U  =  hf-Rr  (3) 


and  Rr  =  • 


Rf 


Rf  +R»  +RP 


subject  to  the  initial  conditions  A<.p(t=0,  x)=Ac  p0(x),  Tf(t=0,  x)=Tf,0 
and  the  boundary  condition  Tf(t,  x-0)=Tf  in(t). 

The  analysis  can  be  simplified  using  the  following  dimensionless  parameters 


(4) 
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Of  = 


NTU 


Tf-T„  T  - 


a„t 


Tf.h,  _Tm 


,  Ac.0  Fo  =  -P^-,  X=p  Ste  =  >prm 


c»4-T, 

H„ 


hf  A  hfP  ^  Rw+R 

=  -i— ,  <E>  =  — — 


mfc 


f^p.f 


kp 

where  aD  —  -  ,  Rr  = 


Rf  Bi 
Rf 


■  —  f  (]Bi,  Ac.p  )  — - 

V  ’  1  +  Bi  • 


<5 


Ppcpp  1  Rf  +RW  +  Rp 
The  dimensionless  parameters  can  be  used  to  transform  equations  (l)-(4)  into  dimensionless  equations 
3Ac.„(Fo,X) 


dFo 


38f(Fo,X) 

ax 


■  =  Ste-Bi-Rr(Fo,X)-|0f(Fo,X) 


=  -NTU  •  Rr  (Fo,  X)  •  0f  (Fo,  X) 


Subject  to  the  initial  conditions  Ac  p(Fo  =  0,X)  =  Ac  p  0(X) ,  0f  (Fo  -  0,X)  - 


Tf,0-Tp 

Tf*-Tp 


(5) 

(6) 


and  the  boundary  condition  0f  (Fo,X  =  0)  =  1 

Numerical  Algorithm 

Integrating  equations  (5)-(6)  give 

Ac,p(Fo,x)  =  Ac,P,o(x)+  J0FoSte  •  Bi  •  Rr(Fo,x)-|0f  (Fo,X]|  •  dFo  (7) 

0f(Fo,X)  =  exp(-/0xNTU-Rr(Fo,X)-dX) 

0f(Fo,x)and  Acp(Fo,X)  can  be  obtained  by 

integrating  numerically  over  space  and  time.  The 
integration  required  iteration  at  each  step  since  Rr 
is  implicitly  a  function  of  Ac  p  .  From  the  initial 

condition,  Ac  p(Fo  =  0,X)  =  Ac-p(0,X)  •  Ac  p  increases 
with  time  for  both  charging  and  discharging 
processes.  As  Ac  p(Fo,X)  approaches  I,  the  phase 

change  front  has  crossed  the  entire  PCM  region 
and  can  no  longer  move  radically.  Therefore,  the 
actual  heat  transfer  area  will  begin  to  decrease 
(Fig.3).  The  axial  position  where  the  PCM  is  completely  solidified/melted  is  designated  as  Xm(Fo).  For  Ste«l, 
the  thermal  storage  capability  of  that  region  can  be  neglected.  So  the  actual  heat  transfer  area  can  be  written  as 

A,,;,  (Fo)  =  A  •  (l  -  Xm  (Fo))  (9) 

The  lower  limit  for  the  integration  in  equation  (8)  can  then  be  replaced  by  X^CFo). 

The  dimensionless  overall  heat  transfer  coefficient  based  on  the  overall  heat  transfer  area  is 


790 


(10) 


U*(Fo)  =  t 


U(X,Fo) 

hf(X,Fo) 


=  Jxi>Rr(Fo,X)-dX 


For  a  given  LHTES  system,  Acp(Fo,X)  and  0f  (Fo,X)  are  calculated  first  and  then  the  transient  heat  transfer 

rate,  thermal  storage  capacity  and  molten  mass  fraction  for  a  thermal  discharging  process  or  frozen  mass 
fraction  for  a  thermal  charging  process  are  computed  using 

q(Fo)  =  riif  •  cp  f  •  |6f  (Fo,X  =  1)  -  0f  (Fo,X  =  0)|  ■  (Tm  -  Tf  ,ta  (Fo))  (11) 


Q(Fo)  =  J0F°q(Fo)dFo 


(12) 


Fr(Fo)  = 


J0F°q(Fo)dFo 
Ac  •  (1  -  e)  •  pp  •  Hm 


=  JoAc,p(Fo,X)-dX 


(13) 


Model  Parameters  for  Each  System 

The  key  point  in  applying  the  general  model  for  each  system  is  to  determine  suitable  parameters  for  each 
system.  The  parameters  used  in  the  model  are  listed  for  each  type  of  LHTES  system  in  Table  1.  Of  the 
parameters,  the  equations  for  <J»  were  determined  using  the  thermal  resistance  and  those  for  the  other  parameters 
were  obtained  according  to  the  geometric  characteristics  of  various  systems. 

ApplicAbilitv  of  the  General  Model 

The  model  can  be  used  to  analyze  two  dimensional  solid-liquid  latent  heat  transfer  problems  with  an  unknown 
fluid  temperature  distribution  along  the  axial  direction  for  all  the  LHTES  systems  listed  in  Table  1 .  The  general 
model  can  calculate  the  instantaneous  HTF  temperature  distribution,  the  instantaneous  phase  change  interface 
along  the  axial  direction,  the  heat  transfer  rate,  the  thermal  storage  capacity,  the  overall  heat  transfer  coefficient, 
the  effective  heat  transfer  area  and  the  molten/frozen  PCM  mass  fraction.  Some  of  these  parameters  are 
important  but  difficult  to  measure  for  monitoring  the  charging  or  discharging  processes.  The  model  can  also  be 
used  when  the  mass  flow  rate  and/or  the  HTF  inlet  temperature  vary  with  time  and  when  the  convective  heat 
transfer  coefficient  varies  with  time  or  space  and  it  is  also  valid  for  simultaneous  charging  and  discharging 
processes  and  for  when  the  PCM  is  initially  partially  solidified. 

4.  MODEL  VALIDATION 

The  general  model  was  used  to  simulate  the  thermal  behavior  of  several  types  of  LHTES  systems  such  as  flat- 
plate  system,  shell-and-tube  designs  with  parallel  flow  and  packed  beds  with  spherical  capsules. 

The  simulated  results  are  compared  with  the  results  of  a  quasi-steady-state  analysis  for  one-dimensional 
conditions  and  experimental  data  respectively. 

Comparison  with  Ouasi-Steadv  Solution 

Ref.  [9]  studied  the  phase  change  process  for  a  single  infinite  flat-plate,  a  single  cylinder  and  a  single  sphere  full 
of  PCM  with  constant  wall  temperature.  The  results  of  the  present  model  are  compared  with  the  quasi-steady 
solution  for  these  one-dimensional  phase  change  problems.  The  present  model  was  used  with  the  extreme 
condition  that  the  fluid  mass  flow  rate  is  large  enough  so  that  the  temperature  difference  between  the  inlet  and 
outlet  can  be  neglected.  The  relative  deviations  between  the  two  sets  of  results  range  from  0.5-4.5  %. 

Comparison  with  Experimental  Data 

The  model  predictions  were  compared  with  the  experimental  data[10]  for  a  spherical  packed  bed  LHTES 
system.  The  experimental  system  had  an  ice-storage  unit  packed  with  ice  spheres.  The  experimental  conditions 
were:  ro=0.0485m,  rmax=0.0475m,  Ac=0.785m2,  8=0.24,  L=2.5m,  kw=12.4W  m^K’1,  Tm=0°C  and  Hm=334kJ/kg. 
Ice  was  used  as  the  PCM  and  glycol  solution  (33wt.%  glycol)  was  used  as  the  HTF.  The  computational  result 
and  the  experimental  data  are  compared  for  both  cool  charging  and  discharging  processes  in  Figs.  4  and  5.  The 
reasonable  agreement  between  them  shows  that  the  model  can  be  used  to  predict  the  thermal  performance  of 
various  systems. 
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Table  1.  Characteristic  parameters  for  each  system  used  in  the  general  model 


(a)  Comparison  of  the  outlet  HTF  temperature  (b)  Comparison  of  the  thermal  storage  capacity 

Fig.  4  Model  validation  with  experimental  data 
(Cool  charging  process,  mf  =3.913kgs',  hf=83.2  Wm'2K'’  [12]) 


(a)  Comparison  of  the  outlet  HTF  temperature 


(b)  Comparison  of  the  thermal  storage  capacity 


Fig.  5  Model  validation  with  experimental  data 
(Cool  discharging  process,  m1=2.613kgs'1,  hf=76.2Wm'2K'1[12]) 


5.  ILLUSTRATIVE  EXAMPLE 


For  a  given  LHTES  system  in  Fig.  3,  relating  known  parameters  are:  Tm=20°C,  Hm=200kJkg\cpp=2.0kJkg'1K'1, 
pp=1000kgm'3,  Ac=lm2,  L^=2m,  e=0.35  and  HTF  is  air,  Tf  in=10°C. 

The  instantaneous  thermal  behavior  including  the  timewise  variation  of  the  heat  transfer  rate,  the  frozen  mass 
fraction,  the  dimensionless  heat  transfer  coefficient  and  effective  heat  transfer  area  of  flat-plate  system  (F), 
shell-and-tube  system  with  internal  flow  (I)  and  sphere  packed  bed  (S)  are  presented  in  Fig.  6.  The  values  of  the 
overall  performance  for  each  system  are  listed  in  Table2  and  the  convective  heat  transfer  coefficients  for  the 
various  structures  were  obtained  from  the  formula  in  Refs.  [11-14].  The  shell-and-tube  system  with  internal  flow 
has  the  best  performance  for  these  conditions.  In  addition,  the  results  indicate  that  the  decrease  trend  of  heat 
transfer  area  is  approximately  linear.  The  PCM  solidifies  faster  near  the  entrance  than  near  the  exit,  which 
reduces  the  effective  heat  transfer  area. 


Table.2  The  Value  of  Relative  Parameters  of  Each  Structure 


Flat-plate  (F) 

Shell-and-tube  with  Internal 
flow  (I) 

Sphere  packed  bed  (S) 

^lp.max 

0.02 

0.0364 

0.06 

nr 

0.0108 

0.0215 

0.06 

Cell  number 

33 

240 

1 
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(a)  Variation  of  heat  transfer  rate  and 
frozen  mass  fraction 


(b)  Variation  of  dimensionless  overall  heat  transfer 
coefficient  and  effective  heat  transfer  area 


Fig.  6  Thermal  behavior  of  different  LHTES  systems  (kp^O.SWm^K1,  V/A=0.02,  V|«=4ms'1, 
solid  lines  refer  to  the  left  coordinate  and  dash  lines  refer  to  the  right  coordinate) 


6.  CONCLUSIONS 

The  common  features  of  various  LHTES  systems  often  used  in  practical  applications  were  used  to  develop  a 
general  heat  transfer  model  which  is  valid  for  variable  flow  rates  and  variable  inlet  HTF  temperatures,  and  for 
finned  structures.  The  general  model  can  be  used  to  simulate  the  thermal  behavior  under  various  operating 
conditions.  The  model  was  verified  by  experimental  results  in  the  literature.  In  addition,  an  illustrative  example 
is  undertaken  to  analyze  the  thermal  performance  of  different  LHTES  systems  with  the  model.  The  general 
model  provides  guidance  for  system  selection  and  optimization  and  performance  simulation  of  solid-liquid 
LHTES  systems. 
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NOMENCLATURE 


A  =  overall  heat  transfer  area,  m2 
Ac  p  =  cross  sectional  area  over  which 
phase  change  has  occurred,  m2 
Ac  =  cross  sectional  area  of  LHTES  system,  m2 
cp  =  specific  heat,  J  kg^K'1 
Fr  =  molten/ffozen  PCM  mass  fraction 
hf  =  convective  heat  transfer  coefficient, 

W  m'2K_1 

Hm  =  heat  of  fusion,  Jkg'1 
k  =  thermal  conductivity,  W  nf'K'1 
L  =  length,  m 

m  f  =  heat  transfer  fluid  mass  flow  rate,  kgs'1 
P  =  wetted  perimeter  of  fluid  duct, 
heat  transfer  area  unit  length,  m 
q  =  heat  transfer  rate,  W 

Q  =  thermal  storage  capacity,  J 

r  =  radius,  m 

R  =  thermal  resistance,  KW'1 

Ste  =  Stefan  number 

t  =  time,  s 

Tf  =  heat  transfer  fluid  temperature,  K 
Tm  =  PCM  melting  temperature,  K 
U  =  overall  heat  transfer  coefficient,  W  m'2K4 
vf  =  heat  transfer  fluid  velocity,  m  s'1 
V  =  volume,  m3 
W  =  width,  m 
x  =  axial  coordinate,  m 
Greek  symbols 
p  =  density,  kg  m'3 

8  =  thickness,  m 

e  =  LHTES  system  porosity 

O  =  structural  thermal  resistance  coefficient 

r|  =  coordinate  of  phase  change  interface  or 
fluid  duct ,  see  Fig.3,  m 


Subscripts 

ave 

■  average 

eff 

=  effective 

f 

i 

=  fluid,  fin 
=  inside 

in 

=  inlet 

max 

=  maximum 

0 

=  outside 

out 

=  outlet 

P 

=  PCM 

w 

=wall 
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ABSTRACT.  Thermal  energy  storage  is  of  importance  in  effective  use  of  thermal  energy  for  many  application 
to  utilize  such  as  renewable  energies  including  solar,  geothermal,  sky  radiation,  and  load  leveling  to  reduce  peak 
electricity  demand.  Among  several  thermal  energy  storage  technologies,  the  latent  heat  thermal  energy  storage 
(LHTES)  system  using  phase  change  material  (PCM)  is  useful  in  charging  and  discharging  a  large  amount  of 
heat  during  melting  and  solidification.  The  LHTES  systems  are  also  considered  to  be  very  promising  to  reduce 
carbon  dioxide  (C02)  emissions  and  to  mitigate  global  warming.  Man’s  activities  have  exceeded  a  critical  level 
at  which  their  effects  give  an  impact  to  earth’s  environment. 

A  lot  of  investigations  concerning  the  LHTES  systems  have  been  reported  in  recent  years.  However,  almost  all 
of  the  past  investigations  have  been  well  classified  into  category  of  a  low  temperature  range.  In  the  future,  the 
high-density  heat  storage  system  for  industrial  applications,  space  crafts  and  automobiles  will  be  of 
importance.The  high-temperature  LHTES  systems  are  capable  of  having  the  high-density  TES  and  permit  heat 
extraction  at  a  constant  high-temperature  condition.  But  some  investigations  are  necessary  for  the  heat  transfer 
enhancement  since  thermal  conductivity  of  the  PCM  is  relatively  low.  In  the  present  paper,  the  charging 
characteristics  of  the  high-temperature  LHTES  system  are  discussed  numerically.  As  an  application,  the  present 
LHTES  system  is  applied  to  solar  Rankine  engine  will  be  introduced  and  the  possible  thermal  performance  and 
validity  of  this  engine  will  be  also  discussed. 


1.  INTRODUCTION 

Melting  and  solidification  of  phase  change  material  (PCM)  is  of  practical  importance  in  latent  heat  thermal 
energy  storage  (LHTES)  systems  which  are  considered  to  be  very  promising  to  use  thermal  energy  for  many 
applications  such  as  solar  energy  utilization  system  and  load  leveling  at  power  plants.  Further,  the  LHTES 
systems  are  considered  to  be  very  promising  to  reduce  carbon  dioxide  (C02)  emissions.  Among  several  thermal 
energy  storage  technologies,  the  LHTES  system  using  PCM  is  useful  in  charging  and  discharging  a  large  amount 
of  heat  during  melting  and  solidification. 

A  pioneering  analysis  of  the  melting  of  an  unfixed  solid  PCM  in  a  horizontal  cylinder  was  done  by  Bareiss  and 
Beer[l].  They  presented  a  theoretical  model  for  close-contact  melting  between  the  PCM  solid  and  the  cylinder 
wall,  when  the  Stefan  number  is  relatively  small.  The  proposed  equation  is  quite  useful  to  obtain  the  melting 
rates  for  the  case  where  the  flow  effect  in  a  melt  layer  is  presumed  to  be  minor.  Using  assumptions  similar  to  the 
lubrication  theory,  Bahrami  and  Wang[2]  investigated  melting  in  a  spherical  capsule  and  presented  a  closed  form 
solution  for  the  melting  process.  Moallemi  and  Viskanta[3]  analyzed  the  problem  of  melting  around  a  moving 
cylindrical  heat  source  and  also  performed  experiments  with  paraffin  as  PCM. 

Two  melting  modes  are  involved  in  melting  in  enclosures.  One  is  close-contact  melting  between  the  solid  bulk 
and  the  capsule  wall,  and  another  is  natural  convection  melting  in  the  liquid  (melt)  region.  Close-contact  melting 
processes  for  a  single  enclosure  have  been  solved  using  several  numerical  methods  (e.g.  Saitoh  and  Kato[4]).  In 
addition  close-contact  melting  heat  transfer  characteristics  including  melt  flow  in  the  liquid  film  under  inner  wall 
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temperature  distribution  were  analyzed  and  simple  approximate  equations  were  already  presented  by  Saitoh  and 
Hoshi[5]. 

Investigations  concerning  the  thermal  energy  storage  (TES)  for  solar  energy  utilization  system  have  been 
reported  in  recent  years.  LHTES  unit  using  form-stable  high-density  polyethylene  (HDPE)  was  developed  by 
Abe  et  al.[6].  An  experiment  was  performed  for  both  charging  and  discharging  modes.  Esen  et  al.[7]  optimized 
the  thermal  performance  of  the  cylindrical  latent  heat  storage  tanks  theoretically.  Numerical  works  pertaining  to 
cyclic  phase  change  and  energy  storage  in  solar  heat  receivers  have  been  done  by  Hall  et  al.[8]. 

In  the  present  paper,  we  will  propose  high-temperature  LHTES  system  (accumulator).  Most  of  the  conventional 
LHTES  systems  utilize  PCM  with  relatively  low  melting  point.  The  principal  purpose  of  the  past  LHTES  system 
was  applications  to  space  heating  /  cooling.  However,  since  fossil  fuel  like  petroleum,  coal,  and  natural  gases 
will  sooner  or  later  run  out  in  the  next  century,  natural  energy  like  solar,  wind,  and  biomass  will  rise  as  one  of 
alternative  energy  sources. 

One  of  the  most  promising  means  to  produce  power  from  these  natural  energies  is  the  solar  Rankine  engine 
which  operates  under  low  temperature  range  below  200°C.  Among  other  possibilities  is  of  course  photo  voltaic 
(PV)  cell.  Solar  heat  is  collected  and  stored  as  pressured  hot  water  in  the  LHTES  tank  (accumulator)  in  day  time, 
and  the  steam  turbine  or  other  expander  will  be  operated  whenever  energy  demand  exists.  Dynamic  power 
generation  system  other  than  PV  system  will  be  the  key  technology  in  the  near  future. 

This  paper  describes  the  theoretical  design  of  the  high-temperature  LHTES  tank  including  contact  melting 
process  in  the  vertical  cylindrical  capsule,  and  clarifies  the  charging  characteristics.  And  it  is  shown  that 
evaporated  steam  mass  is  approximately  doubled  compared  to  the  conventional  one  if  the  latent  heat  TES  system 
were  adopted. 


2.  THEORETICAL  FORMULATION 


Heat  Conduction  Melting 

The  vertical  cylindrical  capsule  seems  to  be  more  practical  than  horizontal  one  for  high-temperature  LHTES 
system  in  consideration  of  capsule  material,  manufacturing  and  cost.  A  schematic  model  and  coordinate  system 
used  in  the  numerical  solution  are  shown  in  Fig.l.  The  primary  assumptions  made  in  the  present  study  are 
following: 

(1)  The  properties  are  constant, 

(2)  Volumetric  expansion  during  melting  is  negligible, 

(3)  Natural  convection  is  negligible. 


Fig.l  Schematic  model  for  high-temperature  LHTES  accumulator 
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The  governing  energy  equations  for  the  liquid  and  the  solid  region  can  be  described  as  below,  considering  the 
above  assumptions.  Symbols  are  listed  at  end  of  paper. 


Liquid: 

at 


:  ai 


fd2lx  ldT^ 

dr2  +  r  8r 


Rm(t)  <  r  <R 


(1) 


Solid: 


at 


■  =  a, 


f  d2Ts  ]  1  8TS 
8r2  r  8r 


0<r<Rm(t)! 


(2) 


The  initial  condition  and  the  boundary  condition  are 
Initial  condition: 


Ts(r,0)  =  TC  0<r  <R 

(3) 

Boundary  conditions: 

/*■ n 

P 

r+ 

ii 

r-+ 

V 

o 

(4) 

3T-®-,>=0  t  >0 . 

ar 

(5) 

A  heat  balance  equation  at  the  solid-liquid  interface  is  given  by 

pL^^  =  pLRm(t) 
dt 

(6) 

,  3Ts(Rm(t),t)  .  ar,(Rm(t),t)  „ 
=  ks - -  k,  -  t>u. 


Here,  we  will  adopt  the  SOR  (Successive  Over-Relaxation)  method  for  numerical  integration  of  governing 
equations. 

Close  Contact  Melting 
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Formulation  will  be  shown  for  the  close-contact  melting  in  bottom  of  a  vertical  cylindrical  capsule  initially 
packed  with  the  solid  PCM.  A  model  and  coordinate  system  used  in  the  present  analysis  are  shown  in  Fig.2.  It  is 
assumed  that  the  liquid  film  between  the  solid  PCM  and  capsule  wall  is  very  thin. 

The  momentum  equation  can  be  simplified  to 


dx  'V 


(7) 


The  boundary  conditions  on  the  capsule  inner  wall  (y=0)  and  at  the  solid-liquid  interface  (y=S  )  are 


y  =  0:  u  =  v  =  0,  T  =  Tw 
y  =  5:  u  =  0,  v  =  -s,  T  =  Tm 


A  mass  balance  in  a  small  element  surrounded  by  dx  and  5  is  given  by 
Pi  ■  2tvx.\q  udy  =  27tjgpssxdx  . 


(9) 


The  energy  balance  equation  for  the  liquid  film  is  described  as  below 


_d_ 

dx 


u(T  -  Tm)dy  =  a 


3T 

_3T 

3y 

y=5  dy\ 

y=0_ 

(10) 


The  following  approximate  solution  yields  for  molten  gap  width  <5* . 

g*  _  p*f(Ste) 

2s 


(11) 


where, 


f(Ste)=V25  +  10Ste  -5 

The  melting  velocity  of  the  solid  PCM  can  be  determined  from  the  following  force  balance  equation. 
2ftJo  pxdx  =  ApgVs 

The  melting  velocity  of  solid  PCM  is  as  follows: 


(12) 


(13) 


s  = 


— p*3ArPrf3(Ste)-^ 
24 F  V  'tiR3 


-.1/4 


(14) 


3.  NUMERICAL  RESULTS  AND  DISCUSSION 

Figure  3  shows  the  complete  melting  time  when  the  volume  of  a  vertical  cylindrical  capsule  is  kept  constant.  A 
shell  and  tube  type  heat  exchanger  system  is  practical  for  high-temperature  LHTES  system  in  consideration  of 
manufacturing.  The  vertical  cylindrical  capsule  with  large  aspect  ratio  give  better  thermal  performance  than  the 
horizontal  one  in  charging  and  discharging  processes. 
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Molten  mass  fraction  versus  real  time  under  the  same  cylinder  length  is  shown  in  Fig.4.  Complete  melting  time 
decreases  with  decreasing  cylinder  diameter.  About  15-20%  of  the  total  mass  melts  due  to  close-contact  melting 
at  the  bottom  of  the  cylinder. 


Fig.4  Time  variation  of  molten  mass  fraction  with  cylinder  diameter 


4.  APPLICATION  TO  SOLAR  RANKINE  ENGINES 

As  an  application,  a  kind  of  solar  Rankine  engine  will  be  constructed  and  the  possible  thermal  performance  and 
validity  of  this  engine  will  be  discussed.  Solar  Rankine  engines  are  composed  of  solar  collector,  thermal  energy 
storage  tank,  and  steam  expander.  High-temperature  water  produced  by  the  solar  collector  is  stored  in  the 
LHTES  tank.  Steam  from  this  tank  operates  the  steam  expander.  Figure  5  shows  outline  of  this  solar  Rankine 
cycle  system.  The  volume  and  pressure  of  LHTES  tank  are  indicated  as  Vo[m3]  and  /’[kg/cm2].  The  steam 
consumption  rate  in  the  expander  is  Gs[kg/s].  Another  parameters  are  shown  in  the  figure. 
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Fig.5.  Solar  Rankine  system 


The  quantity  of  evaporation  is  given  by 

(15) 

(16) 

Figure  6  shows  a  comparison  of  pressure  variation  between  the  LHTES  system  and  the  conventional  steam 
accumulator  for  the  evaporation  time.  It  is  clearly  seen  that  the  present  LHTES  system  is  superior  to  the 
conventional  steam  accumulator. 


dG  _  1  - 1)  d  ( u"~u'N  |  G  d(i"-X)  |  1  dfcpcMVpcMipcM) 
dP  ”  X  dp[  v"-v'  J  X  dP  X  dP 

where 


Fig.6  Pressure  variation  and  evaporation  time 
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Figure  7  shows  the  effect  of  melting  point  of  the  PCMs  on  pressure  variation.  The  PCM  with  higher  melting 
point  gives  a  higher  pressure  plateau  and  can  elongate  the  complete  evaporation  time. 


Fig.7  Comparison  of  PCMs 

Figure  8  shows  the  evaporated  steam  mass  with  varying  the  packing  factor  rj  and  charging  pressure.  The 
evaporated  steam  mass  by  the  present  LF1TES  system  is  twice  as  much  as  that  by  the  conventional  steam 
accumulator. 


Fig.8  Evaporated  steam  mass 
5.  CONCLUDING  REMARKS 

The  high-temperature  latent  heat  thermal  energy  storage  system  with  applications  to  solar  Rankine  power 
systems  and  other  energy  storage  systems  was  proposed  in  this  paper.  The  following  conclusions  may  be  drawn 
from  the  present  study. 
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1.  Mathematical  formulation  for  the  LHTES  tank  with  vertical  PCM  cylinder  was  done  and  the  melting 
characteristics  were  clarified  in  detail. 

2.  The  principal  performance  including  the  evaporated  steam  mass  was  estimated  if  this  system  were  applied  to 
solar  Rankine  cycle  engine. 

3.  The  evaporated  steam  mass  by  the  present  system  is  twice  as  much  as  that  by  the  conventional  steam 
accumulator. 
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NOMENCLATURE 


Archimedes  number 

thermal  diffusivity 

specific  heat  at  constant  pressure 

diameter 

quantity  of  evaporation 
steam  consumption 
gravitational  acceleration 
enthalpy 

thermal  conductivity 
latent  heat 
length  of  cylinder 
pressure 
Prandtl  number 
melting  front 
coordinates 

latent  heat  of  evaporation 

Stefan  number 

shift  velocity  of  solid  bulk 


R  :  capsule  radius 

T  :  temperature 

Tc  :  initial  temperature 

Tm  :  melting  point 

Tw  :  wall  temperature 

t  :  time 

u,  v  :  velocity 

u’,u”  :  internal  energy 

v’,  v”  :  specific  volume 

Greek  symbols 

8  :  width  of  molten  gap 

V  :  packing  factor  of  PCM 

P  :  density 

Subscripts  and  Superscripts 
l  :  liquid 

s  :  solid 

*  rdimensionless  quantity 
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ABSTRACT.  A  theoretical  model  is  developed  to  analyze  the  characteristics  of  the  thermal  storage  and  heat 
transfer  processes  in  the  packed  bed  system.  Dimensionless  formulae  are  developed  using  theoretical  and 
numerical  analysis.  Dimensionless  radius  of  the  phase  change  interface  in  the  spherical  capsules,  dimensionless 
axial  temperature  variation  in  the  heat  transfer  fluid  and  the  thermal  storage  in  the  packed  bed  system  can  be 
obtained  through  a  numerical  method,  with  alternative  iteration  between  temperature  and  thermal  resistance. 
Simulation  results  are  carefully  compared  with  experimental  results.  Dimensionless  correlations  are  developed 
for  air  and  liquid  respectively.  These  simple  formulae  provide  guidelines  for  the  design  and  optimization  of  the 
packed  bed  thermal  system. 


Nomenclature 

A — sectional  area  of  the  tube,  m2 
Bi  — Biot  number 
cp  —  specific  heat,  kJ/kg'°C 
D  —  tube  diameter,  m 
Fo  — Fourier  number 

hf — convective  heat  transfer  coefficient,  W/m2-°C 
Hm  —  heat  of  fusion  of  PCM,  kJ/m3 
k — thermal  conductivity  of  PCM,  W/m*°C 
L  —  tube  length,  m 

mf — mass  flow  rate  of  heat  transfer  fluid,  kg/s 
mfA — total  mass  flow  rate  of  heat  transfer  fluid,  kg/s 
NTU  —  number  of  transfer  unit 
q  —  energy  stored  in  PCM,  J 
q  —  dimensionless  q 
Q  —  total  energy  stored  in  PCM,  J 
Q — dimensionless  Q 
r — radius,  m 

rp  —  phase  change  interface  radius,  m 
rp  — dimensionless  rp 

Rp  —  convective  resistance  between 
fluid  and  PCM,  m,0C/W 


R — thermal  conductive  resistance,  m-°C  /W 
Ste  —  Stefan  number 
t  —  time,  s 

Tf — fluid  temperatur,  -°C 

T,  —  tube  wall  temperature,  °C 

Tm — PCM  phase-change  temperature,  ,0C 

x  —  axial  coordinate,  m 

X  —  dimensionless  x 

8  —  interspace  radio 

Op  —  thermal  diffusivity  of  PCM,  m2/s 

p  —  density,  kg/m3 

9  f  —  dimensionless  temperature  of  fluid 

Subscripts 
f  —  heat  transfer  fluid 
i  —  inside  wall  of  tube 
o  —  outside  wall  of  tube 
in  —  inlet 
out — outlet 
t — tube 

p  —  phase  change  material 


1.  INTRODUCTION 

Since  phase  change  materials  (PCMs)  have  large  latent  heats  and  store  thermal  energy  at  approximately  constant 
temperature,  PCMs  are  widely  used  in  solar  energy  systems,  air-conditioning  systems  and  space-based  power 
plants  [1,2].  Packed  bed  thermal  storage  system  is  a  kind  of  latent  heat  thermal  storage  geometry  widely  used  in 
practical  systems,  especially  in  ice  storage  for  central  air-conditioning  systems.  After  cooling  fluid  flows 
through  the  packed  bed  thermal  storage  system  causing  the  PCM  inside  the  spherical  capsules  to  solidify,  the 
PCM  can  absorb  a  large  amount  of  energy  as  latent  heat.  Detailed  study  of  phase  change  storage  units  is  needed 
to  provide  a  basis  for  design  and  optimization  of  this  kind  of  phase  change  heat  exchanger. 
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A  typical  PCM  unit  similar  to  that  in  Fig.l  was  studied  in  this  paper.  The  energy  balance  equations  are 
simplified  using  an  order  of  magnitude  analysis.  Then  a  theoretical  model  is  developed  to  analyze  the 
characteristics  of  the  thermal  storage  and  heat  transfer  processes  in  the  packed  bed  system.  Dimensionless 
formulae  are  developed  using  theoretical  and  numerical  analysis  to  widen  the  applicability  of  the  theoretical 
model.  Dimensionless  radius  of  the  phase  change  interface  in  the  spherical  capsules,  dimensionless  axial 
temperature  variation  in  the  heat  transfer  fluid  and  the  thermal  storage  in  the  packed  bed  system  can  be  obtained 
through  a  numerical  method,  with  alternative  iteration  between  temperature  and  thermal  resistance. 

Although  numerical  method  can  obtain  precise  results  for  specific  situations,  the  results  can  not  be  easily 
generalized  to  other  situations.  So  it  is  necessary  to  present  simple  relationships  of  these  parameters.  Numerical 
results  were  obtained  from  the  PCM  energy  storage  module  over  a  wide  range  of  the  governing  parameters. 
Over  50000  data  were  used  to  determine  the  dimensionless  correlations.  Because  the  parameter  ranges  for  liquid 
or  gas  heat  transfer  fluids  are  very  different,  the  respective  correlations  were  derived  separately.  The  results  of 
these  correlations  compare  well  with  the  previous  numerical  data.  Correlations  for  the  temperature  distribution, 
the  radius  of  the  phase  change  interface  and  the  amount  of  energy  storage  clearly  illustrate  the  effects  of  the 
governing  parameters.  These  simple  formulae  provide  guidelines  for  the  design  and  optimization  of  the  packed 
bed  thermal  system. 


2.  MATHEMATICAL  FORMULATION  AND  SOLUTION 

Fig.  1  presents  a  typical  module,  which  consists  of  a  hollow  tube  with  a  heat  transfer  fluid  flowing  through  the 
PCM  spherical  capsules.  The  following  assumptions  are  made  to  simplify  the  analysis: 

1)  The  physical  properties  of  the  phase  change  material  in  both  the  liquid  and  solid  phases  are  constant 


(a)  cross  section 


(b)  longitudinal  section 


Fig.l  The  schematic  of  latent  heat  storage  module 

2)  Thermal  conduction  in  the  axial  direction  is  neglected  in  both  the  phase  change  material  and  the  heat  transfer 
fluid. 

3)  The  flow  of  the  heat  transfer  fluid  is  fully  developed  and  turbulent. 

4)  Thermal  convection  in  the  phase  change  material  in  the  liquid  phase  is  neglected. 

5)  The  PCM  is  initially  at  its  phase-change  temperature. 

6)  The  natural  convection  heat  transfer  coefficient  between  the  heat  transfer  fluid  and  the  tube  is  constant. 

7)  Ste«l,  which  means  that  the  sensible  heat  can  be  neglected  compared  with  the  latent  heat  in  the  PCM. 

Assumption  (1)  is  widely  used  in  the  literature  because  previous  research  has  shown  that  it  has  little  influence 
on  the  results.  Since  the  tube  length  is  very  large  compared  to  the  diameter  of  spherical  capsules,  assumptions 
(2)  and  (3)  are  reasonable.  In  addition,  the  flow  is  usually  turbulent  to  enhance  the  heat  transfer.  Assumption  (4) 
gives  conservative  results  that  do  not  deviate  much  from  experimental  result  because  the  cooling  and  heating 
processes  tend  to  be  near  the  phase  change  temperature.  Assumption  (6)  is  reasonable  for  the  small  temperature 
ranges  usually  used  in  PCM.  Assumption  (7)  implies  that  Hm  »  cp>  p  ,  which  is  appropriate  for  many  phase 
change  materials. 
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The  mathematical  model  is  based  on  the  following  equations: 


Ptf  •  mf  (0  =  hf  •  ^  •  (Tt (x,  t)  -  Tf  (x, t)) 

v  ox  2r„ 


Tt(x,t)  -Tf  (x,t)  _ _ Rc _ 

Tm-Tf(x,t)  Rc +Rt +Rp(x,t) 

pp  •  Hm  •  4ti •  rp2 (x,t)^0  =  -hf  (x, t)  ■  4;t •  r02  •  |Tt (x, t)  - Tf (x, t)| 

subject  to  the  following  boundary  condition: 

Tf  (x  =  0,  t)  =  Tyj  (t) , 

and  the  initial  conditions: 

rp(x,t  =  0)  =  tj 
Tf  (x,  t  =  0)  =  Tm 

where  m  At)  ,  Rc,  Rt  and  Rp  can  be  expressed  as  follows: 


ihf  (t)  = — — —  —  -  riifA  (t) 

f  3(l-e)  A 


„  1  _  1  [1  1  ]  /  \  1  11 

Rc=— — : - .  R,  - ,  R„(x,t)  = - 

47t-r2-hf  4tc  -  kt  I  Tf  r0  I  p  47t-kplrp  q 


The  following  dimensionless  parameters  are  used  to  analyze  the  characteristics  of  the  PCM  heat  exchanger  unit: 
dimensionless  fluid  temperature:  0f  =  (Tf  -Tm)/(Tm  -Tm) 

dimensionless  length:  X  =  x/L 

dimensionless  phase  change  interface  radius:  rp  =  rp  / q 

2 

dimensionless  time:  Fo  =  apt/  q 


„  „  _  _  hf  Am?  -L/2r0  .  _  L 

number  of  transfer  units:  NTU  = - ; - =  hf  •  27tr0  •  - — - — 

hif  •  Cp,p  ritf '  ^p.p 


4  3  -3 

dimensionless  thermal  storage  :  q  =  qt  /(—  7tq  •  p  •  Hm)  =  1  -  rp 


Q  =  Jo^dX  =  Jq(1  —  rp  )dX 


Equations  (1)  and  (3)  can  be  rewritten  in  dimensionless  forms  as: 
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R, 


(4) 


^-  =  NTU-(l-0f) - — - 

ax  V  f/Rc+Rt+Rp 


^.pM  =  -9Ste-Bi-(l-ef) - * 

3Fo  v  '  R.  +  R 


Rc  +  Rt  +Rp 


subject  to  the  following  boundary  condition: 

6f(X,Fo)  =  0,  for X=0,  Fo> 0 
and  the  initial  conditions: 

rp(X,Fo)  =  1,  for0<X<l,Fo=0 

Gf  (X,Fo)  s  1 ,  for  0  <  X<  1,  Fo= 0 

where 


ste  =  CP.P  -|Tm  -Tin|/Hm  -  Bi  = 


jhf  '  ro 
kp  •  3r; 


The  solutions  are: 


rP  =  3  1  —  fo°9Ste  •  Bi  •  (l  -  6f  )• 


R, 


0f(X,Fo)=l-exd 


-  NTU  •  Rc  •  Jo 


Rc  +Rt  +Rp 

dX 


-dFo 


(5) 


(6) 


(7) 


Rc+R.+Rp 

V  / 

Equations  (1-3)  and  Eqs.  (6)  and  (7)  are  also  suitable  for  time-dependent  inlet  temperature  and  mass  flow  rate. 

To  solve  the  problem,  the  tube  wall  conductive  resistance  R,  is  neglected  because  R,  is  small  relative  to  Rc  and 
Rp  ,  then  equations  (6 )  and  (7)  are  rewritten  as  follows: 


rP(Xi  F0j)  =  jl -  Jo°9Ste  •  Bi  •  (l  -  9f  )• 


Rr 


Rc  +Rt  +  Rf 


-dFo 


1-  iQSte-Bi^l-e^X^FoJ)- 


k=l 


l  +  Rp(Xi,FOj)/Rc 


-AFo 


0f  (xi,F0j)=  1  -  exp  -  NTU  ■  Rc  •  J, 


,x  dX 

Jo 


=  1  -  exp[-NTU  •  AX  •  £- 


Rc  +  Rt  +  Rt 

] 


(8) 


(9) 


k=il  +  Rp(X;  F0j)/Rc 
(XpiAX;  i=l,...M;  FOj=jAFo;  j=l,...N) 
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To  obtain  a  solution,  rp(X;FOj)  and  0f  (X;,FOj)  are  alternatively  computed  until  a  convergence  for  each  time 
step.  Therefore,  the  method  is  called  the  alternative  iteration  between  temperature  and  thermal  ^resistance 
method.  The  converged  results  were  assumed  to  be  reached  when  the  maximum  relative  change  of  rP(Xj  Foj) 
and  0f(x;,FOj)  between  the  consecutive  iterations  was  less  than  lxlO"4.  Different  grid  sizes  for  the  same 

problem  were  tested  and  it  was  demonstrated  that  the  numerical  solutions  were  essentially  independent  of  the 
grid  size  used.  The  final  grid  size  AX=0.05,  the  time  step  AFo=0.  1  in  gas  fluids  cases  and  AX=0.05,  AFo=0.05 
in  liquid  fluids  cases. 


2.  COMPARISON  OF  RESULTS 

Fig.2-Fig.7  compare  the  present  numerical  solutions  with  some  experimental  results  of  literature  [3].  The 
dimensionless  numerical  solutions  are  rewritten  in  dimension  form  in  order  to  compare  with  the  experimental 
results.  The  difference  between  the  two  results  is  inevitable  because  the  experiments  are  not  exactly  fit  for  the 
model  (shown  in  Fig.l).  The  ice  is  not  entirely  filled  in  the  spherical  capsules  and  the  interspace  ratio  is  8-9%. 
The  heat  transfer  and  the  energy  storage  capacity  decrease  when  capsule  surface  is  dirty.  As  a  result,  all 
experimental  results  are  less  than  theoretical  results.  By  examining  the  results  of  Fig.2-Fig.7,  we  observe  that 
the  difference  between  the  numerical  and  the  experimental  results  is  relatively  great  at  the  beginning  of  the 
energy  storage.  The  reason  is  that  the  sensible  heat  is  neglected  in  the  theoretical  model  but  it  is  an  important 
factor  at  the  beginning  of  the  experiments.  The  error  between  the  numerical  and  the  experimental  results  can  be 
neglected  near  the  end  and  the  trends  of  the  two  results  are  similar.  This  proves  the  theoretical  model  is  correct. 


Fig.2  Comparison  of  thermal  storage  Q  (  Tj„=10oC,  th  j  =7m3/h  ) 


Fig.3  Comparison  of  thermal  storage  Q  (  Tin=10clC,  m  f  =9m3/h  ) 


808 


t(min) 

Fig.4  Comparison  of  thermal  storage  Q  ( Tjn=10°C,  thj  =llm3/h ) 


t(min) 

Fig.5  Comparison  of  thermal  storage  Q  ( Tjn=-10°C,  ihj  =15m3/h  ) 


Fig.6  Comparison  of  thermal  storage  Q  (  Tin=-9°C,  rhj  =15m3/h  ) 
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t(min) 

Fig.7  Comparison  of  thermal  storage  Q  ( Tin=-8°C,  rh  j  =15m3/h ) 

4.  DIMENSIONLESS  CORRELATIONS  AND  DISCUSSION 

From  equations  (8)  and  (9),  the  governing  parameters  are: 


rp  =  f1(Ste,Bi,NTU,Fo,X) 

(10) 

6f  =f2(Ste,Bi,NTU,Fo,X) 

(11) 

Numerical  results  were  obtained  for  the  PCM  energy  storage  module  over  a  wide  range  of  the  governing 
parameters.  Over  50000  data  were  used  to  determine  the  dimensionless  correlations.  Because  the  parameter 
ranges  for  liquid  or  gas  heat  transfer  fluids  are  very  different,  the  respective  correlations  were  derived  separately 
using  the  least  square  method. 

a)  Liquid  Heat  Transfer  Fluid 

The  liquid  mass  flow  rate  is  large  in  most  cases,  so  NTU  and  the  dimensionless  temperature  6  f  can  be  assumed 
to  be  zero  on  the  condition  that  L/D  is  not  large. 

The  dimensionless  correlations  are  then: 


rp  =  l-1.45xBi0133xSte0'715  xFo0’711,  for  0  <  rp  <0.25 
?p  =  l-1.121x Bi0266  x Ste0'883  x Fo0,875 , for  0.25  <rp  <1 

(12) 

6f(X,Fo)  =  0 

(13) 

Q  =  JofidX  =  Jo(l-rp)dX  =  l~rp 

(14) 

The  parameter  ranges  for  these  correlations  are:  Bi=  10-50  and  Ste=0.05~0.30.  Figs. 8  and  9  compare  the 
numerical  data  with  the  values  of  equations  12  and  14.  The  average  errors  between  the  correlations  and  the 
numerical  data  are  5.25%  and  4.76%,  respectively. 

The  expressions  show  that  Ste  and  Fo  primarily  affect  the  results  while  the  influence  of  Bi  is  small.  Therefore 
the  effect  of  the  convective  coefficient  hf  on  heat  transfer  rate  is  not  large  since  the  greatest  heat  transfer 
resistance  is  not  on  the  fluid  side  but  on  the  PCM  side. 
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rpfnumerical  results) 

Fig.8  Comparison  of  rp  predicted  by  the 
numerical  data  and  the  correlation 


Fig.9  Comparison  of  q  predicted  by  the 
numerical  data  and  the  correlation 


b)  Gaseous  Transfer  Fluid 

Dimensionless  correlations  can  be  derived  for  a  system  using  a  gaseous  heat  transfer  fluid  using  the  same 
method: 

rp  =  1  -  0.576  xFo1438  xSte1'445  xBi1120  xe(_0'807xNTUxX),  for  0  <  rp,s  <  0.9 
rp  =  1  -0.476  xFo1'241  xSte1'236  xBi1'394  xe(_1  075xNTUxX),  for  0.8  <  rp,s  <1 

0  =  1-0.7 15 xSte0175  xBi0310  xFo0178  xe(_0-561xNTUxX),for  0  <  0  <  0.45 
0  =  1-0.88 lx Ste0179xBi0-272  xFo0182  x e(_0-504xNTUxX) , for  0.4  <  0  <  1 

Q  =  Jo^dX  =  Jq  (1  — rp  )dX 

The  parameter  ranges  are:  Ste=0.05~0.30,  Bi=l~5,  NTU=5~30  and  X=0.1~1.0.  The  comparisons  between  the 
numerical  data  and  equations  (15-16)  are  shown  in  Figs.  10  and  11. 

l 

0.8 
»n 

I  0.6 

"3 

l  °'4 

'a 

u 

0.2 

0 

0  0.2  0.4  0.6  0.8  1 

rp  (numerical  results) 


(15) 

(16) 

(17) 


Fig.10  Comparison  of  rp  predicted  by  the  numerical  data  and  the  correlation 


811 


Fig.  11  Comparison  of  0  predicted  by  the  numerical  data  and  the  correlation 


In  contrast  to  the  liquid  heat  transfer  fluid,  Bi  is  also  an  important  parameter  along  with  Ste  and  Fo  affecting  the 
heat  transfer  rate  for  gaseous  heat  transfer  fluid.  Therefore,  increasing  hf  causes  Tp  to  increase  very  rapidly. 

NTU  affects  the  slope  of  rp  -x  curve:  The  bigger  NTU  is,  the  bigger  the  absolute  value  of  the  slope  of  rp  -x 

curve  is.  Thus,  Fo,  Ste  and  Bi  strongly  influence  the  dimensionless  temperature  0.  NTU  is  the  primary  factor 
affecting  the  axial  variation  of  0.  Increasing  NTU  will  increase  the  difference  between  the  inlet  and  outlet 
temperatures. 


5.  CONCLUSIONS 

1.  The  temperature  distribution  and  the  rate  of  solidification  in  a  packed  bed  thermal  storage  system  with 
spherical  capsules  are  discussed  considering  the  axial  temperature  variation  of  the  heat  transfer  fluid  in  the 
system.  The  results  compare  well  with  previous  experimental  data. 

2.  Correlations  for  the  temperature  distribution,  the  rate  of  solidification  and  the  heat  flux  in  the  phase  change 
material  are  then  developed  for  gaseous  and  liquid  heat  transfer  fluids  to  clearly  illustrate  the  effects  of  the 
governing  parameters.  These  formulae  provide  guidelines  for  the  design  and  optimization  of  tube  PCM  heat 
exchangers. 
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ABSTRACT.  Direct  contact  melting  takes  place  in  many  natural  and  technological  processes.  Important 
applications  of  this  process  are  thermal  storage  systems.  In  these  systems,  phase  change  material  (PCM)  is 
stored  in  a  small  capsule  that  is  melted  by  heating  peripherally.  In  this  melting  process,  melting  rate  is  important 
factor  for  the  efficiency  of  the  system.  In  this  paper,  utilization  of  vibrating  motion  of  heating  wall  is  proposed 
to  enhance  the  melting  rate.  Effect  of  vibrating  motion  of  the  heating  wall  is  studied.  Non-steady  heat  transfer 
phenomena  of  direct  contact  melting  process  is  studied  theoretically  while  only  steady  state  is  studied  in  recent 
analytical  researches.  In  this  paper,  it  is  clarified  that  the  vibrating  motion  of  heating  wall  enhances  the  heat 
transfer  and  melting  rate. 


1.  INTRODUCTION 

Direct  contact  melting  processes  take  place  in  lots  of  natural  and  technological  processes.  Recently,  this  process 
is  investigated  as  a  basic  mechanism  of  a  thermal  energy  storage  system.  In  this  system,  Phase  Change  Material 
(abbreviated  to  PCM)  is  packed  in  a  capsule.  In  melting  process,  capsules  are  heated  peripherally.  Solid  PCM  is 
pushed  toward  the  heating  wall  by  its  weight.  A  thin  liquid  layer  is  formed  between  the  contact  surface  of  the 
heating  wall  and  solid  PCM.  The  melted  liquid  PCM  flows  out  through  this  gap.  Almost  all  melting  occurs  in 
this  thin  liquid  layer. 

Many  basic  research  studies  were  made  about  this  process  not  only  experimentally,  but  also  numerically  and 
analytically.  They  are  summarized  by  Bejan  [1].  The  melting  rate  is  an  important  factor  for  the  efficiency  of  the 
thermal  storage  system.  Several  researches  were  performed  to  enhance  this  melting  rate.  Oka  and  Hasegawa  [2] 
and  Taghavi  [3]  suggested  utilization  of  the  rotating  motion.  Saito,  et  al.  proposed  that  of  the  heating  wall  with 
grooves  [4]-[7],  In  order  to  enhance  the  melting  rate,  it  is  important  to  reduce  the  pressure  in  the  gap  and  to 
bring  the  melting  surface  close  to  the  heating  wall.  Oka  and  Hasegawa  advocated  for  the  use  of  porous  material 
as  a  heating  wall  [8]-[10]. 

In  this  paper,  we  demonstrate  that  vibrating  motion  is  an  effective  method  to  enhance  the  melting  rate  and  heat 
transfer  between  the  solid  and  the  heating  wall.  Our  study  will  be  a  theoretical  analysis  of  the  vibrating  problem. 

2.  FULL  GOVERNING  EQUATIONS 

Since  the  main  purpose  of  this  paper  is  the  investigation  of  the  effect  of  vibration  motion,  it  is  best  to  use  a 
simple  geometry  so  that  analytical  methods  can  be  employed.  In  this  paper,  two  dimensional  flat  heating  wall  is 
considered  (Fig.l).  Cylindrical  coordinates  system,  r,  z  are  used.  In  the  course  of  melting,  the  whole  solid  PCM 
is  assumed  to  be  at  the  melting  temperature,  Tm 

There  are  several  limiting  conditions  under  which  the  melting  process  can  be  analyzed, . 

(1)  external  force  is  given  (2)  melting  Rate  is  given  (3)  gap  height  is  given 

In  former  researches,  case  (1)  is  used, because  this  condition  is  closely  related  to  the  practical  cases.  Oka,  et  al. 
investigated  and  compared  these  three  conditions  and  found  that  from  mathematical  point  of  view  these  three 
cases  are  essentially  the  same  [11].  In  this  paper,  case  (2)  is  studied  to  build  up  the  governing  equations,  because 
of  the  simplicity  of  the  reduction. 

The  horizontal  heating  wall  is  vertically  vibrated  with  a  harmonic  excitation  of  given  amplitude  and  frequency. 
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Liquid  Layer  Thickness  =h(t,r)-H(t) 


Fig.  1  Coordinate  system 

That  is,  the  heating  wall  position  is  given  by  H(t)  =  ecoscot.  When  the  PCM  is  melting  close  to  the  heating  wall, 
a  thin  liquid  layer  is  formed  between  the  melting  surface  and  the  heating  wall.  Let  the  position  of  the  melting 
surface  be  h(r,  t),  then  the  gap  thickness  is  h(r,  t)  -  H(t).  The  melted  liquid  flows  through  this  layer  with 
holizonal  velocity  component,  u,  and  vertical  one,  v.  Denote  the  temperature  of  the  liquid  by  T,  wall 
temperature  by  Tw  which  is  given  and  constant. 

The  temperature  difference  between  the  heating  wall  and  the  melting  temperature  is  relatively  small.  So,  all 
physical  quantities  such  as  viscosity  and  conductivity  are  assumed  constant.  The  governing  equations  in 
dimensional  form  are  as  follows; 


ut  +  uur  +  vu2  =  -^pr  +  vf  j- (ru)r  [  +  uz 


1  f  1 

vt+uvr+vvz= — pz  +  v  —  (rTr )  +  Tk 

P  lr 


T,  +  uTr  +  vTz  =y\  -(rTr)r  +TZ 


z  =  h(r,t) :  u  =  0,  v  =  -W,T  =  Tm.  -pc%Tz  =  psL- W 


(1) 

(2) 

(3) 

(4) 

(5) 


z  =  H(t)  =  ecoscot :  u  =  0,v  =  Ht,T  =  TW  (6) 

Eq.(l)  is  the  balance  of  mass,  Eqs.  (2)  and  (3)  are  the  horizontal  and  vertical  component  of  the  balance  of  linear 
momentum  and  Eq.  (4)  is  the  energy  balance,  all  for  an  incompressible  Navier-Stokes-Fourier  fluid  in 
cylindrical  co-ordinates.  Eqs.  (5)  and  (6)  describe  the  non-slip  and  thermal  boundary  conditions  at  the  moving 
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wall  and  moving  PCM  boundary  (melting  surface).  The  PCM  is  pushed  to  the  heating  wall  by  the  force  F.  This 
force  is  a  reaction  force  that  is  obtained  by  integrating  the  pressure  between  gap. 


F  =  2tiJ  o  p-rdr 


(7) 


3.  NON-DIMENSIONALIZED  EQUATIONS 

To  non-dimensinoalize  the  above  equations,  typical  scales  will  now  be  introduced;  they  in  turn  define 
dimensionless  quantities  which  provide  information  about  the  significance  of  the  viscous  terms  arising  in  the 
equations  describing  the  problem.  Let  F0,  ho,  W0  be  scales  for  the  external  force,  gap  thickness  and  vertical 
velocity  of  the  fluid  at  the  melting  wall.  Considering  the  balance  of  the  heat  flux  at  the  melting  surface  and  the 
latent  heat,  vSt=h0W0  is  obtained.  That  is,  St=h0Wo/%  is  a  measure  for  the  ratio  of  vertical  heat  convection  (due 
to  melting)  to  conduction.  Further  more,  balancing  the  horizontal  pressure  gradient  with  the  corresponding 
viscous  term,  we  obtain  the  estimate, 


1  1  F0  1  RW0  7tpvW0R 

—  y ..  ........  s  JK.  —  '■ 

pRrcR2  h02  h0  h03 


Where  R  is  the  radius  of  the  cylindrical  PCM.  If  W0  is  given,  h0,  F0  are, 

u  _XStp  _  JtpvR4  „r  4 
ho  Fo 


Wn 


-Wn 


JZ  3  ”0 

xSt3 


The  other  hand,  there  are  several  time  scales  in  this  problem.  That  is. 


(a)  Time  Scale  of  Oscillation(non- steadiness):  1/co 

(b)  Time  Scale  of  Fluid  How:  h<)/W0 

(c)  Heat  Transfer  (Fourier  Number):  h02/% 

(d)  Time  Scale  of  Melting:  (PCM  Volume)  /  (:n;W0R  2 ) 


(8) 


(9) 


Using  relation  eq.  (9),  the  ratio  of  (c).  to  (b).  is  equal  to  St .  The  ratio  (b).  to  (a),  measures  the  importance  of  the 
non-steady-term  to  the  convection  terms  in  the  Navier-Stokes  equation  defined  here  as  y  =  h0co/ W0  .  Then  the 
ratio  of  (c).  to  (a),  is  expressed  as  ySt  ,i.e.,  the  ratio  of  the  heat  transfer  to  the  non-steadiness.  Negligibility  of  4. 
is  tantamount  to  the  assumption  that  process  can  be  regarded  as  periodic. 


More  over,  the  order  of  h0  /R  is  10‘3  -  10'4.  Typical  value,  AT  ~  1-10°C,R  -  5 -10cm  and  the  external  force 
-10-100N  are  used  which  were  used  in  the  experiments  done  by  Saito,  et  al.  (1991a).  This  is  small  for  the  most 
ordinary  conditions,  so  that  we  can  neglect  the  terms  that  include  h0  /  R  .  In  this  paper,  we  consider  the  region 
of  small  AT,  say,  AT  -  1-10  ,  which  gives  the  order  of  Stefan  number  St  =  cAT/L,  10'2  ~  10'3.  In  this  case, 
the  order  of  Reynolds’  number,  Re  =  h0  •  W0  /  v  =  St  /Pr ,  is  10'3  ~  1CT4.  As  for  water,  Prandtl  number  is  Pr  =  13 . 
Reynolds’  number  is  10  times  smaller  than  Stefan  number.  Terms  that  include  Re  can  be  neglect,  while  Pmdtl 
number  may  be  negligible  in  many  practical  cases. 

Using  these  parameters,  non-dimensionalized  governing  equations  take  the  following  form; 


-(ru)r  +  v2  =0 
r 


(10) 


UZZ  =Pr 


(ID 


p2  -0 


(12) 
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Tzz=St(yTt+uTr+vTz) 
z  =  h(r,  t) :  u  =  0,  v  =  -1,  T  =  0,  -Tz  =  1  +  yh  t 
z  =  ecost:u  =  0,  v  =  eysint,  T  =  1 


(13) 


F  =  2nJ  o  p  •  rdr  (16) 

4.  SIMILAR  SOLUTIONS  FOR  LIQUID  PART 

We  can  see  that  the  system,  eqs.  (10)-(15)  admits  a  similarity  solution  of  the  form, 

u  =r<t>z(z,t),v  =  -2<t>(z,t),p  =  3A(t)(l-r2)  (17) 

h:  function  of  time  only  (independent  form  r) 

Substituting  this  into  the  governing  equations,  (10)-(15),  yields  the  single  equation 

*Jz,t)=-12A(t)  (18) 

Integrating  this  twice,  and  invoking  the  boundary  conditions,  this  equation  can  be  solved  remaining  the  gap  h 
unknown; 

4>(z,t)  =  —  [(h  -zf  {2(z-ecost)+h-ecost}]+  —  (1^) 

2  4 

where  A  is  given  as; 

=  1  +  eysint  (20) 

(h-ecost)3 

The  gap  h  is  determined  by  solving  energy  equation,  eq.  .(13).  Force  is  given  by  integrating  eq.(16),  that  is 
F  =  67tA(t)jo(l-r2)Tdr  =  |nA(t)  (21) 

5.  TEMPERATURE  FOR  NON-CONVECTION  CASE 

As  h  is  function  of  time  only,  the  boundary  condition  for  temperature  in  eqs.  (14)  and  (15)  are 
z  =  h(t):T  =  0,Tz  =-(l  +  Yht)  (22) 

z  =  ecost :  T  =  1  (23) 

When  convection  terms  in  energy  equation,  (13)  can  be  neglected,  energy  equation  is  reduced  to  heat  conduction 
equation  by  putting  St=0, 

Tzz=0  <24) 

that  has  a  solution  remaining  the  gap  h  unknown; 
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T  = 


h  -z 

h-Ecost 


(25) 


Substituting  this  into  the  second  boundary  condition  in  eq.(22),  we  get  the  final  equation  that  determines  the  gap 
h; 


yht  =-l+ - - -  (26) 

h  -  e  cos  t 

As  the  first,  let’s  assume  the  amplitude  of  the  vibration,  s  is  small.  The  gap  h  can  be  expanded  in  power  series  of 
E. 

h  =  1  +  Eh  x  +E2h2  +  ...  (27) 

(Oth  order  solution  is  obviously  1) 

Substituting  this  into  eq.(26),  expanding  the  second  term  in  right  hand  side  using  Taylor  expansion  and 
correcting  equating  coefficients  of  equal  powers  of  E,  we  obtain; 

yhu +h,  =cost  (28) 


yh2t  +h2  = h x2  +cos2  t-2ht 


cost 


(29) 


yh3t  +h3  =  2h1h2  -hj3 

+  (-2h2  +  3h,2)cost-3h1  cos2  t  +  cos3  t  (30) 

yh4t  +h4  =2h!h3  +h22-3h12h2  4-h^ 

+  2(-h3-3h1h2+2h13)cost  (31) 

-3(-h2  +2h!2)cos2  t-4h2  cos3  t  +  cos4  t 


etc. 

Now  we  are  looking  for  the  periodical  solutions,  homogeneous  solutions  that  converge  zero  can  be  neglected. 
Periodical  solutions  are  as  follows; 

hi  = — -(cost +  y sin  t)  (32) 

1  +  y 

y2  y2 

2(1 +  Y2)2  2  (l  +-  y  2  )2  (l  +  4  y  2 ) 

h  Y3 

4(1  + y2  f  (l  +  4y2 ) 

+  - —I -  - -  [2y(5  -  41y2  +  26y4  )cos  3t  -  (l  -  40y2  +  91y4  -  12y6  )sin  3t]  (34) 

4(1  +  y2  j3  (l  +  4y2  ](l  +  9y2 ) 


[2y  (2  -  y  2  )sin  2 1  +  (l  -  5y  2  )cos  2t 


(33) 
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Y4(3-7Y2-4Y4) 
4(l  +  Y2)3(l  +  4Y2) 


+  [terms  including  cos  2t,  sin  2t, ...] 


We  are  interested  in  the  average  gap  height  rather  than  the  periodical  motion,  average  gap  height,  h  is 
calculated  from  constant  terms  in  eqs.  (33)  and  .(35).  That  is; 


h  =  h  +  e2h2  +  e4h4  =1  + 


.2  ,  Y4  3-7Y2-4y4)  a 


2(1  + Y2 )~  4(i  +  y2)3(i  +  4y2) 


(Odd  order  terms  don’t  affect  the  average  gap  height) 

Fig.  2  displays  how  and  h4  arising  in  eq.  (36)  vary  as  functions  of  the  Strouhal  numbers.  Evidently,  the  first 

correcting  term,  |h2|  takes  positive  values.  This  means  that  the  vibrating  motion  always  enhances  the  gap 

height.  In  this  paper,  the  melting  rate  is  fixed;  thus,  as  the  gap  height  becomes  larger,  the  total  force  is  reduced. 
However,  this  result  can  also  be  interpreted  for  the  solution  when  the  total  force  is  given  and  holds  fixed:  in  this 

case,  the  vibrating  motion  should  reduce  the  gap  height.  On  the  other  hand,  the  second  correcting  term,  |h4| 
takes  negative  values,  thus  reducing  the  gap  height  again  somewhat.This  term  should  be  small  in  comparison  to 
jh^j  in  order  not  to  change  the  sign  of  the  combination  and  indeed  |h4|  is  smaller  than  |h^j .  From  Fig.  2,  it  is 

seen  that  this  is  the  case  for  ye  (0,10)  which  corresponds  to  1/ CO  =  103  -104,  valid  under  many  practical 

situations.  Fig.  3  displays  the  gap  height  as  a  function  of  y  for  various  values  of  8.  It  is  seen  that  the  gap  height 
can  be  increased  by  approximately  10%  by  the  vibrating  motion  of  the  heating  wall. 

6.  EFFECT  OF  CONVECTION  TERMS-STEFAN  NUMBER 

In  many  practical  condition,  Stefan  number,  St  is  small  so  that  it  can  be  neglected.  However  in  some  cases,  it  is 
becoming  large.  In  these  cases,  convection  effects  are  no  longer  negligible.  Here,  we  consider  the  convection 
effect  in  the  energy  equation.  If  the  Stefan  number  is  small  compared  to  unity,  the  first  order  perturbation  can  be 
considered.  More  specifically,  let  temperature  be  expanded  in  a  power  series  of  the  Stefan  number  as  follows, 

T  =  T0 +St-T[ +...  (37) 

The  zeroth  order  term,  T0  is  given  by  eq.(25).  Letting  h  be  unknown  function  again  the  first  order  term,  T,  is 
obtained  by  solving  the  equation, 

Tizz  =  st(yr0t  +  u0T0r  +  v0T0z )  (38) 


T0  =  — - — ,  u  o  =  -3  A(h  -  z\z  -  8  cos  t)r 
h-ecost 


r.  ,  ,1  z-ecost  .  .  11-z. 

Vn  =  A(h  -  z)(z  -  8  cos  t)[h  -  z  -  (z  -  8  cos  t) J— - +  8Y  sm  t  - 

h-ecost  h-ecost 


z  =  h(t):z  =  ecost:T!  =0  (41) 

As  eqs.  (39)-(40)  are  polynomials  of  z,  T lzz  is  also  given  by  a  polynomial  of  z.  Then  it  can  be  integrated  by  z 
with  boundary  conditions  eq.  (41).  Calculation  is  straightforward  but  the  result  is  too  long  to  print  out. 

The  other  hand,  the  unknown  function,  h  and  its  derivative,  ht  are  included  in  the  expression  of  T 1  that  are 
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determined  by  the  boundary  condition, 
Tz(z  =  h)=-(l  +  yht) 


(42) 


Fig.  2  Each  order  solutions  for  gap  height  Fig.  3  Gap  height  change 


To  solve  this  equation,  h  and  T  are  expanded  in  power  series  of  e  and  St.  Here,  solutions  up  to  the  first  order  are 


considered.  That  is, 

h  =h00  +  h01  +...+St(h10  +hu+)  +  ...  (43) 

T  =  Tqo  +T0i  +-+St(h10  +  h„+)  +  ...  (44) 

Tqoz  ,  are  calculated  from  T0  and  T i : 

Tooz=  1  (45) 

TMl=h10+i  (46) 

T01z  =h01  “C°St  <47) 

Tnz  =yh01t-2h01h10+hn  +  2h10  cost-sin  t  +  ^ysin  t  (48) 

Substituting  these  into  eq.  (42),  the  equations  that  determine  h  are  given  by 

hoo=  1  (49) 

Yhiot +hio  “^hio 

yh01t  +h0I  =cost^>  h01  - — ^(cos+ysin  t)  (51) 

1  +  y 
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(52) 


1  1.3. 

Yhnt  +hn  =  —  hoit  -2h0ih10  +2h10  cos  t--sm  t  +  —  ysm  t 

hoo  and  hoi  are  given  explicitly  and  hi0  and  hu  are  given  by  ordinary  differential  equations  that  are  solved 
successively.  Substituting  the  solutions  of  hoo  and  hoi  and  hiointo  eq.(52),  the  differential  equation  that 
determines  hu  is 

yhut  +hn 

=  —  {42  cos  t  +  (10  -  9y)sin  t}+ - — —  {-  2  l(cos  t  +  y  sin  t)+  10(sin  t  -  y  cos  t )}  (53) 

60  30(1 +  y2) 

The  zeroth  order  solution  of  8  becomes, 


This  means  that  the  gap  height  h  is  getting  smaller  by  the  convective  effect.  This  effect  appears  in  non- vibration. 
As  for  the  first  order  solution  of  8,  non-homogeneous  terms  of  eqs.  (51)  and  (53)  are  proportional  to  sin  t  and 
cos  t  so  that  hj  =  h0i  +St-hu  does  not  effect  the  average  gap  height.  The  effect  of  convection  will  appear  in 

higher  order  terms. 


7.  CONCLUSIONS 

Direct  contact  melting  process  that  takes  place  in  a  capsule  for  thermal  storage  system  is  investigated 
theoretically.  Vibrating  motion  of  heating  wall  is  proposed  to  enhance  melting  rate  and  heat  transfer.  The 
process  on  a  flat  heating  wall  is  investigated  analytically  using  perturbation  method.  Axi-Symmetric  Cylindrical 
coordinate  system  is  used.  Case  under  on-convective  condition  and  constant  melting  rate  is  studied.  By  vibrating 
motion,  the  average  gap  height  is  getting  large.  This  means  heat  transfer  is  enhanced.  It  is  easily  interpreted  that 
the  average  gap  height  is  reduced  and  melting  rate  is  getting  large  when  total  force  is  given.  This  effect  appears 
in  1000~10000Hz  frequency  in  many  practical  condition.  The  gap  height  is  enlarge  10%  by  vibrating  motion. 

REFERENCES 

1.  A.  Bejan,  Single  Correlation  for  Theoretical  Contact  Melting  Results  in  Various,  Geometries,  bit.  Comm. 
Heat  &  Mass  Transfer,  Vol.  19  (1992),  p.473. 

2.  M.  Oka,  and  E.  Hasegawa,  Contact  Melting  of  Rotating  Phase-Change  Material  on  a  Heated  Wall,  Trans. 
JSMEB,  Vol.  56-524  (1990)  p.  1131,  (Japanese). 

3.  K.  Taghavi,  Analysis  of  Direct-Contact  Melting  Under  Rotation  Trans.  ASME,  Jour.  Heat  Transfer,  Vol.  112 
(1990),  p.  137. 

4.  A.  Saito,  et  al.,  Heat  Transfer  Enhancement  in  Direct  Contact  Melting  Process,  Trans.  68th  JSME  Annual 
Meeting,  Vol.  B  (1991-3)  p.  242  (Japanese). 

5.  A.  Saito,  et  al.,  Analytical  Study  on  Heat  transfer  Enhancement  in  Direct  Contact  Melting  Process,  Trans, 
the  28th  Japan  Heat  Transfer  Symposium,  (1991-5),  p.29  (Japanese). 

6.  A.  Saito,  et  al..  Analytical  Study  on  Heat  transfer  Enhancement  in  Direct  Contact  Melting  Process,  Trans. 
Japanese  Assoc,  of  Refrigeration,  Vol.  8-2  (1991-7)  p.141  (Japanese). 

7.  A.  Saito,  et  al.,  Heat  Transfer  Enhancement  in  Direct  Contact  Melting  Process,  Trans.  JSME  B  Vol.  57-541 
(1991-9),  p.3141  (Japanese) 

8.  M.  Oka,  and  E.  Hasegawa,  Direct  Contact  Melting  Process  on  a  Porous  Heating  Wall,  1995  IMECE  HTD- 
Vol.  321,  p.733. 

9.  M.  Oka,  and  E.  Hasegawa,  Direct  Contact  Melting  Process  on  a  Curved  wall  Coated  with  a  Porous  layer, 
5th  Int.  Sym.  Thermal  Eng.  &  Sc.  for  Cold  Regions,  (1996-5),p.207. 

10.  M.  Oka,  and  E.  Hasegawa,  Contact  Melting  Process  on  an  Arbitrary  shape  wall  Coated  by  Porous  layer, 
31st  IECEC,  (1996-8), p.2084. 

1 1.  M.  Oka,  and  E.  Hasegawa,  On  the  Steady  Melting  of  a  Phase-Change  Material  Placed  on  a  hot  Wall,  Trans. 
.JSME  Vol.  B  Vol.  55  (1989),  p.1653. 


820 


BEHAVIOR  OF  CHARGE  AND  DISCHARGE  OF 
THERMAL  ENERGY  IN  A  STORAGE  TYPE  HEAT  EXCHANGER 
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ABSTRACT.  Heat  exchanger  with  thermal  energy  storage  is  a  good  candidate  that  suited  for  the  waste  heat 
recovery.  Phase  change  material  is  very  suited  for  this  kind  of  application  for  the  use  of  latent  heat.  A  heating 
chamber  with  enhancement  coil  was  built  to  study  the  behavior  of  pentaerythritol  (C(CH30)4)  subjected  to 
heating  and  cooling  process.  The  specific  heat  was  measured  and  latent  heat  was  calculated  for  the  samples  after 
different  cycles  of  charge  and  discharge  process.  Then  a  numerical  simulation  was  performed  to  understand  the 
transient  temperature  distribution  of  pentaerythritol  subjected  the  constant  input  heat  flux.  Finally,  a  shell  and 
tube  heat  exchanger  was  modified  to  act  as  a  storage  type  heat  exchanger  and  pentaerythritol  was  chosen  as  the 
thermal  energy  storage  medium  and  filled  inside  the  tube.  A  hot  air  generator  with  heating  capacity  36kW  and 
flow  rate  26  CMM  was  used  as  the  hot  air  supplier.  The  maximum  temperature  of  the  supplied  air  is  350  °C. 
This  full  scale  test  facility  was  used  to  simulate  the  usage  of  storage  type  heat  exchanger  as  a  recupeator  in  a 
boiler. 


1.  INTRODUCTION 

The  crisis  of  global  warming  made  the  reduction  of  carbon  dioxide  (C02)  from  the  burning  of  fossil  fuel 
necessary  for  the  sustainable  of  our  world.  A  high  efficiency  of  energy  usage  and  reduction  of  the  consumption 
of  fossil  fuel  are  the  important  ways  to  achieve  this  purpose.  Waste  heat  recovery  from  a  boiler  or  any  other 
industrial  furnace  is  an  easy  way  to  increase  the  efficiency  of  energy  usage.  There  are  several  types  of  heat 
exchangers  that  can  be  used  as  a  recuperator  in  the  waste  heat  recovery  system  [1].  Heat  exchanger  with  thermal 
energy  storage  is  a  good  candidate  that  suited  for  the  waste  heat  recovery.  Traditional,  the  material  with  high 
heat  capacity  was  used  as  the  material  to  storage  thermal  energy.  It  is  easy  to  fabricated  and  have  been  used 
extensively  in  the  boiler  as  a  recuperator  to  preheat  the  supplied  air.  The  disadvantages  of  this  kind  of  heat 
exchanger  are  (1)  the  large  amount  of  energy  storage  material  is  needed  to  meet  the  heat  duty  and  (2)  the  large 
thermal  stress  is  induced  due  to  the  large  temperature  difference  during  the  operation  cycle.  In  order  to  solve 
these  two  problems,  the  phase  change  material  was  employed  as  the  thermal  energy  storage  medium.  In  this 
study,  a  shell  and  tube  heat  exchanger  was  modified  to  act  as  a  storage  type  heat  exchanger  and  pentaerythritol 
(C(CH30)4)  was  chosen  as  the  thermal  energy  storage  medium  and  filled  inside  the  tube.  The  experimental 
facility  was  set  up  to  learn  the  behavior  of  the  phase  change  material  during  the  repeated  charge  and  discharge 
of  thermal  energy  at  the  different  processes.  In  this  study,  some  of  the  thermal  and  physical  properties  of 
pentaerythritol  were  examined  experimentally  in  advance  to  understand  its  phenomena  during  phase  change 
process.  After  that  a  series  of  experiments  were  performed  to  study  the  total  amount  of  thermal  energy  that  can 
be  charged  and  discharged  during  each  cycle.  The  variation  of  the  thermal  energy  storage  capacity  with  time 
was  calculated  in  order  to  understand  the  speed  of  decay  of  the  pentaerythritol. 

2.  PROPERTIES  OF  PENTAERYTHRITOL 

Prior  to  the  application  of  pentaerythritol  in  the  storage  type  of  heat  exchanger,  a  small-scale  experimental 
facility  was  set  up  to  observe  its  physical  phenomena  during  the  phase  change.  This  facility  was  also  used  to 
study  the  thermal  properties  of  pentaerythritol  and  its  heat  transfer  mechanism  during  the  heating  and  cooling 
process. 

Experimental  Set-Up 

One  heating  chamber  was  constructed  for  this  series  of  experiments  to  study  the  behavior  of  pentaerythritol 
during  the  phase  change  can  be  shown  in  Fig.  1.  The  double  shell  chamber  made  by  stainless  steel  with  two 
observing  windows  on  the  outer  shell  and  heating  element  inside  the  inner  shell.  A  pressure  gauge  and  release 
valve  was  installed  on  the  top  to  prevent  the  overpressure  due  to  the  evaporation  of  the  pentaerythritol.  The 
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maximum  output  power  of  the  heating  element  is  800W.  The  cooling  water  was  circulated  on  the  top  and  bottom 
cover  to  protect  the  O-ring  and  increase  the  cooling  rate  during  the  cooling  process.  Three  K-type 
thermocouples  (T.C-1  to  3  as  shown  in  Fig.l)  were  inserted  between  the  two  shells  to  measure  the  temperature 
variation  and  distribution  of  the  pentaerythritol.  Another  thermocouple  (T.C-4)  was  put  on  the  inner  shell  for  the 
purpose  of  heating  control  to  avoid  the  evaporation  of  pentaerythritol.  The  thermocouples  were  put  in  the  half 
height  of  the  heating  element  and  immersed  in  the  pentaerythritol.  In  order  to  increase  the  heat  transfer  rate  from 
inner  shell  to  the  outer  shell,  the  enhancement  element  made  by  copper  with  the  start  shape  was  also  inserted. 


Fig.l.  The  heating  chamber  for  study  the  behavior  of  pentaerythritol 


Experimental  Observation 

The  temperature  variation  for  the  pentaerythritol  during 
heating  and  cooling  process  was  studied  with  the 
heating  chamber.  In  this  series  of  experiments,  518  g  of 
pentaerythritol  was  put  in  the  chamber.  The  heating 
power  was  controlled  at  400  W.  When  the  temperature 
at  T.C-1  was  reached  249  °C,  we  turned  off  the  heating 
power  and  cooling  water.  It  is  meant  that  the 
pentaerythritol  was  cooled  by  natural  convection 
through  outer  shell  only.  The  temperature  variation 
during  this  process  can  be  shown  in  Fig.2.  It  is  found 
that  there  is  a  constant  temperature  region  during  the 
cooling  process.  That  means  a  phase  change  was 
occurred  at  the  temperature  around  180  °C. 


Tim#(soc ) 

Fig.2.  Temperature  variation  during  the  heating 
and  cooling  process 


In  order  to  understand  the  behavior  of  pentaerythritol  during  the  phase  change,  another  series  of  experiments 
with  continue  heating  and  cooling  were  performed.  During  these  experiments,  the  sample  of  pentaerythritol  was 
taken  after  several  cycles  of  process.  The  specific  heat  for  these  samples  was  measured  with  Differential 
Scanning  Calorimeter.  The  result  was  shown  in  Fig.3.  It  is  found  that  there  are  two  peak  of  specific  heat.  One  is 
located  at  about  187  °C,  the  other  at  about  255  °C.  From  the  experimental  observation,  it  is  found  that  there  is 
not  any  visible  phase  change  occurred  at  the  first  peak  specific  heat  temperature.  This  is  so-called  form-stable 
phase  change.  The  peak  specific  heat  was  resulted  from  the  change  of  crystal  structure  of  pentaerythritol. 
However,  the  quick  change  from  solid  to  liquid  and  evaporated  to  the  gas  was  occurred  at  the  same  temperature. 
The  physical  observation  shown  that  the  hole  was  existed  near  the  inner  wall  if  the  temperature  of 
pentaerythritol  was  higher  than  the  temperature  of  second  peak  specific  heat.  The  result  was  shown  in  Fig.  4. 
This  is  the  result  of  second  peak  specific  heat.  The  latent  heat  around  the  first  peak  and  second  peak  specific 
heat  were  also  calculated  and  shown  in  Table  1. 
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Fig.  3  The  variation  of  specific  heat  Fig.  4  Result  shown  the  vaporization  near  wall 


Table  1  Latent  Heat  of  Pentaerythritol  After  Different  Cycles 


Sample 

Cycles 

Phase  change 
temperature  (°C) 

Latent  Heat 

(J/g) 

Phase  change 
temperature  (°C) 

Latent  Heat 

(J/g) 

1 

1 

187 

239 

258 

24.8 

2 

5 

187 

209 

254 

16.0 

3 

10 

187 

235 

257 

20.7 

4 

15 

187 

230 

257 

16.2 

5 

20 

187 

217 

252 

14.9 

6 

25 

187 

218 

249 

13.2 

7 

30 

187 

223 

253 

17.6 

3.  NUMERICAL  SIMULATION 

A  numerical  simulation  was  also  performed  to  study  the  temperature  variation  of  pentaerythritol  during  the 
phase  change  cycle.  The  ASYSY  was  used  in  this  simulation.  Due  to  the  geometry  symmetry  of  the  g  heating 
chamber,  the  control  volume  used  in  this  simulation  can  be  chosen  the  area  surrounded  by  the  dash  line  as 
shown  in  Fig.l.  Several  assumptions  were  applied:  (1)  the  uniformed  heat  flux  (400W  for  heating)  was  applied 
on  the  inner  shell;  (2)  the  natural  convection  was  employed  on  the  outer  shell;  (3)  the  thermal  properties  were 
constant  except  specific  heat  of  pentaerythritol;  (4)  2-D  model  was  used. 

The  first  simulation  was  performed  for  the  heating  chamber  with  and  without  the  enhancement  coil.  The  results 
for  these  two  cases  were  shown  in  Fig. 5.  It  was  found  that  it  took  only  about  430  seconds  for  the  T.C-1  to  reach 
the  evaporation  temperature  for  the  heating  chamber  without  enhancement  coil  and  only  the  near  wall  region 
had  reached  the  phase  change  temperature.  However,  it  took  about  5000  seconds  for  the  T.C-1  to  reach  the 
evaporation  temperature  for  the  heating  chamber  with  enhancement  coil  and  almost  all  the  pentaerythritol  inside 
the  chamber  was  subjected  to  phase  change.  This  is  due  to  the  low  thermal  conductivity  of  pentaerythritol.  This 
is  why  we  inserted  the  enhancement  coil  made  by  copper  inside  the  heating  chamber  [2,3].  The  transient 
temperature  distribution  for  the  pentaerythritol  during  the  heating  and  cooling  process  can  be  shown  in  Fig.6. 


(a)  with  enhancement  coil 


(b)  without  enhancement  coil 


Fig.  5  The  numerical  results  for  the  temperature  distribution 
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(a)  16  seconds  (heating)  (b)  133  seconds  (heating) 


(c)  5000  second  (T.C-1  >  249  °C)  (d)  5250  seconds  (cooling) 

(end  of  heating) 


(e)  6300  seconds  (cooling)  (f)  16000  seconds  (end  of  cooling) 


Fig.  6  The  transient  temperature  variation  of  pentaerythritol  during  one  cycle 

The  comparison  of  numerical  results  and  experimental  for  5  cycles  is  shown  in  Fig.  7  [4]. 

4.  FULL  SCALE  TEST  FACILITY 

In  this  study,  a  shell  and  tube  heat  exchanger  was  modified  to  act  as  a  storage  type  heat  exchanger  and 
pentaerythritol  was  chosen  as  the  thermal  energy  storage  medium  and  filled  inside  the  tube.  A  hot  air  generator 
with  heating  capacity  36kW  and  flow  rate  26  CMM  was  used  to  simulate  the  hot  exhaust  gas  from  the  boiler. 
The  maximum  temperature  of  the  supplied  air  was  350  °C.  Two  identical  heat  exchangers  were  applied  in  this 
testing  facility  (Fig.8).  During  the  experiments,  hot  air  was  forced  through  one  heat  exchanger  and  the  cold  air 


passed  the  other  heat  exchanger.  The  flow  passage  of  both  hot  and  cold  air  was  reversed  when  the  amount  of 
energy  storage  was  full.  This  meant  that  the  pentaerythritol  inside  the  storage  type  heat  exchanger  during  the 
heating  process  passed  the  phase  change  region,  i.e.,  subject  the  crystal  structure  change.  This  experimental 
facility  was  set  up  to  learn  the  behavior  of  the  phase  change  material  during  the  repeated  charge  and  discharge 
of  thermal  energy  processes. 
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Fig.  7  Comparison  of  numerical  and 
experimental  data  for  5  cycles 


Fig.  8  Full  scale  test  facility 


5.  RESULTS  AND  DISCUSSION 


The  results  shown  in  Fig.4  indicated  that  the  temperature  for  the  second  peak  specific  heat  is  the  critical  point 
for  the  usage  of  pentaerythritol.  The  phase  change  for  the  pentaerythritol  that  occurred  at  this  temperature  not 
only  liquefied  but  also  evaporated.  After  the  vaporization  occurred,  the  cooling  process  can  not  totally  recovery 
them  back  to  the  solid  state.  This  phenomena  suggests  that  pentaerythritol  should  be  maintained  lower  than  this 
temperature  to  avoid  vaporization.  This  also  posts  some  limitation  for  the  application  of  pentaerythritol.  The 
capacity  of  thermal  energy  storage  for  a  storage  type  heat  exchanger  with  phase  change  material  is  dependent  on 
the  change  of  latent  heat.  It  can  be  expressed  as  the  variation  of  specific  heat  (as  shown  in  Fig.  3).  The  results 
for  the  pentaerythritol  after  30  cycles  of  testing  show  that  the  latent  heat  for  the  first  phase  change  region  is 
almost  maintained  at  constant  (as  shown  in  Table  1).  This  means  that  the  thermal  properties  are  not  affected 
significant  by  the  cycles. 


6.  CONCLUSIONS 

1 .  Most  of  the  phase  change  material  is  low  thermal  conductivity,  so  the  heat  transfer  enhancement  is  required 
inside  the  container  in  order  to  use  all  of  the  material  in  the  container. 

2.  The  agreement  between  numerical  results  and  experimental  data  can  support  the  correct  design  of  container 
for  the  phase  change  material. 

3.  Pentaerythritol  is  a  good  candidate  for  the  thermal  energy  storage  material  for  the  system  operated  at  the 
temperature  lower  than  200  °C. 

4.  The  economic  and  overall  analysis  for  the  waste  heat  recovery  system  with  thermal  energy  storage  that 
employed  phase  change  material  need  more  study  in  order  to  set  up  the  criteria  for  the  application  of  phase 
change  material. 
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ABSTRACT.  A  thermal  energy  storage  medium  must  meet  the  requirements  of  a  stable  storage  material  with 
high  heat  capacity.  Heat  storage  based  on  the  sensible  heating  of  media  such  as  water,  rock  and  earth  represent 
the  first  generation  of  solar  energy  storage  subsystems  and  technology  for  their  utilization  is  well  developed. 
However,  recently  the  heat  storage  based  on  the  latent  heat  associated  with  a  change  in  phase  of  a  material  offers 
many  advantages  over  sensible  heat  storage.  The  most  important  characteristic  of  such  a  subsystem  is  its 
sufficient  storage  capacity.  The  PCM  (phase  change  material)  behavior  is  visualized  by  constructing  an  idealized 
model  thermal  capacitor  subjected  to  simulated  solar  system  environmental  conditions  which  include  thermal 
cycling  utilizing  the  latent  heat  of  paraffin  for  heating  and  cooling.  The  proposed  model  of  the  capacitor  is  of 
flat  plate  geometry  consisting  of  two  panels  compartments  forming  the  body  of  the  capacitor  containing  the 
paraffin,  welded  from  their  inner  surfaces  to  a  thin  copper  one  allowing  the  passage  of  the  water.  The  whole 
structure  was  assumed  to  be  insulated  to  minimize  heat  loss.  An  analysis  of  the  model  is  conducted  using 
Goodman  technique  [1].  To  generate  data  about  the  temperature  distribution,  the  melt  thickness,  and  the  heat 
stored  in  the  PCM  under  two  types  of  conditions  were  generated;  namely  (i)  constant  mass  flow  rate  tests  for 
various  water  inlet  temperatures  and  (ii)  constant  water  inlet  temperature  for  various  mass  flow  rate.  It  was 
found  that  water  outlet  temperature  increases  with  time  until  it  becomes  nearly  equals  to  the  inlet 
temperature.Increasing  the  mass  flow  rate  for  a  given  inlet  temperature,  decreases  the  time  required  for  outlet 
temperature  to  reach  a  given  value.  Increasing  inlet  temperature  for  a  given  mass  flow  rate  gives  a  very  rapid 
decrease  in  the  time  required  for  the  outlet  water  temperature  to  reach  a  given  value.  Instantaneous  rate  of  heat 
storage  was  determined  from  the  inlet-to-  exit  temperature  differential  and  measured  flow  rate.  This  rate  was 
then  integrated  numerically  to  determine  the  cumulative  total  energy  stored  as  a  function  of  time  .It  was  found 
that  the  instantaneous  rate  of  heat  storage  decreases  till  reaching  a  nearly  constant  value.  The  total  or  cumulative 
heat  storage  as  a  function  of  time,  showed  a  nearly  linear  trend  in  the  mid-range  time,  and  it  increased  with 
increasing  inlet  temperature. 


1.  INTRODUCTION 

Solar  energy  systems  for  heating  and  cooling  are  considerably  more  complex  in  practice  than  conventional 
systems  because  they  usually  evolve  from  the  integration  of  several  systems  which  include  collector,  a  heat 
storage  unit  and  heat  exchanger  to  dissipate  heat  to  the  building.  Perhaps,  the  great  need  and  challenge  exists  in 
the  area  of  the  energy  storage  subsystems  because  solar  energy  is  not  a  constant  supply.  The  lack  of  viable 
system  to  store  this  energy  is  one  of  the  major  limitations  encountered  in  many  residential  heating  systems 
which  utilize  this  unconventional  energy  source.  One  of  the  most  widely  used  storage  systems  is  sensible  heat 
storage,  which  utilize  very  large  volume  of  storage  media.  These  systems  are  not,  in  general  rapidly  responsive 
and  obviously  offer  little  control  of  operating  temperature.  Systems  which  can  lead  to  appreciable  reduction  in 
the  volume  of  storage  medium.  Temperature  control  and  give  a  rapid  response,  is  one  based  upon  a  solid  liquid 
phase  transformation.  Many  investigations  performed  in  the  field  of  the  phase  change  materials  reveal  that  the 
most  promising  materials  which  posses  the  characteristics  necessary  for  phase  change  material  are  certain 
classes  of  organic  compound  such  as  the  paraffin  hydrocarbon  and  fatty  acids  [2].  The  thermal  behaviour  of 
paraffin  wax  is  studied  extensively  by  [3]  Sharma,  et  al  [4].  Storage  systems  using  paraffin  wax  have  been 
studied  by  Hajieva  et  al  [5] and  Morrison  et  al  [6]. 

Although  many  investigations  are  performed  in  storage  systems,  yet,  they  still  need  appropriate  relation  which 
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can  be  used  to  design  a  heat  storage  subsystems  (thermal  capacitor)  based  on  the  utilization  of  the  energy 
absorbed  during  a  solid-liquid  phase  transformation  of  long  chain  paraffin  hydrocarbons.  So,  the  object  of  this 
work  is  to  develop  an  appropriate  model  through  careful  analysis  which  may  be  used  to  describe  the 
performance  of  thermal  capacitor  and  to  verify  the  validity  of  the  model  by  comparing  the  theoretical 
predictions  with  the  results  of  other  theoretical  techniques  and  carefully  controlled  earlier  experiments. 


2.  ANALYTICAL  WORK 

The  storage  medium  consisting  of  a  phase  change  material  combines  sensible  and  latent  heat  storage  while 
providing  high  heat  capacity  and  high  rate  of  heat  transfer  to  the  latent  heat  storage  material.  The  development 
of  an  analytical  model  which  would  predict  the  performance  of  thermal  energy  storage  units,  must  simulate  solar 
system  environmental  conditions  including  thermal  cycling.  So,  the  analysis  should  be  based  on  physical 
changes  occurring  during  the  operation  of  thermal  capacitor. 


The  operations  of  the  thermal  capacitor  could  be  divided  into  three  regions  during  a  heat  storage  cycle;  namely, 
(i)  a  premelting  region,  (ii)  a  melting  region,  (iii)  a  postmelting  region.  In  the  premelting  and  postmelting 
regions,  heat  is  absorbed  by  the  phase  change  material  as  a  sensible  heat.  In  the  melting  region  heat  is  absorbed 
as  latent  heat  of  fusion  as  the  phase  change  material  undergoes  phase  transformation  (solid  <-»  liquid).  Similar 
regions  can  be  identified  for  a  heat  dissipation  cycle. 


Numerical  Simulation 

Basic  model  and  assumptions  A  simplified  model 
was  assumed  to  have  a  flat  plate  geometry  consisting 
of  two  chambers  filled  with  paraffin  wax  and  joined 
together  forming  a  narrow  channel  allowing  the  flow 
of  the  fluid.  Fig.  1  . 

Goodman  technique  \  1  1  The  mathematical  model 
used  in  this  analysis  is  based  on  some  assumptions: 

1.  The  initial  temperature  of  the  paraffin  is  the 
melting  temperature. 

2.  The  process  under  consideration  consists  of 
melting,  then  heating  the  resulting  liquid. 

3.  Heat  conduction  in  y-  direction  only. 

4.  The  temperature  gradient  across  the  fluid  passage 
wall  is  negligible. 

5.  Heat  losses  from  the  storage  unit  to  the 
surroundings  are  negligible. 

Governing  equations  A  solution  using  the  “Heat- 
Balance  Integral”  is  utilized  for  solving  the  location  of 
the  melt  line  in  heat  -  conduction  problems  involving 
a  change  of  phase,  and  is  summarized  by  the 
following  equations: 
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Fig.  1  Simplified  Thermal  Capacitor  Model 
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at  y=s(x,t) 


(4) 


Wj  =  0 


W]-0ands  =  0,  at  t=0 

where  “w  “and  “co”  are  the  excess  temperatures  and  are  given  by: 

wiTi“TM  ;  co  =  u-Tm 

The  excess  energy  (p  in  the  liquid  phase  produced  by  phase  transformation  is  given  by: 


(5) 

(6) 


s(t) 

tp  =  J Wj(y,x,t)dy  ,  0<  y  <  s(x,t) 

o 

The  heat  supplied  to  a  region  which  has  undergone  a  change  of  phase  or  , 
“heat  balance  integral”  is  given  by: 


dtp  L  ds  kty  9w,  (8) 

dt  cp  dt  pCp  dy 

The  temperature  distribution  in  the  region  that  has  undergone  a  phase  change  can  be  obtained  by  assuming  a 
second  degree  polynomial  for  wi  at  any  given  time  of  the  form. 

2  (9) 

Wj=a  +  by  +  cy 

Three  conditions  are  necessary  in  order  to  obtain  the  constants;  mainly  got  from  boundary  conditions  equations  . 
The  resultant  for  the  location  of  the  phase  boundary  is  given  by: 


[(1  +  2p)  +  (2  +  p)s]  [l  +  ps(2  +  s)F2 


2(p  - 1) ,  [l  +  ps(2  +  s)]1/2  [l  +  s)p]1/2 

Vp  1  +  Vp  1  +  Vp 


-  4p(p  -  I)ln-1  +  P(2  +  S)  +  [UPS(2  +  S>11'2  +  <P2  +  5p)^  +  V  +  4p  -  2)s 

2p  2 

-(l  +  2p) 


(10) 


where  the  normalized  variables  are  given  by: 


hVt  (11) 

kiyL 


hs  (12) 

kly 


p  =  l  + 


2co„ 

L/Cp 


The  ratio  of  the  wall  temperature  to  the  fluid  temperature  is  given  by: 


(13) 
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w,(0,  t)  (p-l)s2  +  2(p  -  2)s  -  2  +  2[l  +  ps(2  +  s)]I/2 


(14) 


to„ 


(p-l)(2  +  s)2 


An  energy  balance  on  an  elemental  section  of  the  thermal  capacitor  gives: 


^N,n  T0n 


Q 

Cpwft 


(15) 


where”  Q”  is  the  total  heat  absorbed  (or  rejected)  by  the  fluid  when  the  phase  boundary  moves  a  distance  “s”  , 
and  is  given  by: 


Q-Q1+Q2 

(16) 

Q  -  sALp  +  Wl(0,t)  CppAs 

(17) 

where  Q!  is  the  energy  absorbed  because  of  a  change  in  phase  (melting)  and  Q2  is  the  energy  absorbed  because 
of  sensible  heating. 

The  complete  analysis  of  the  thermal  capacitor  is  carried  out  by  dividing  the  capacitor  into  sixteen  strips  of 
equal  size  as  illustrated  in  Fig.  2  and  then  applying  the  Goodman  solution  separately  to  each  strip.  For  the  first 
strip  the  free  stream  temperature  initially  is  assumed  to  be  equal  to  the  inlet  temperature  to  the  capacitor  and  that 
the  material  in  the  capacitor  undergoes  a  phase  change  over  a  thickness  s,  (s’)  calculated  from  equation  (10)  for  a 
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Fig.  2  Division  of  the  Capacitor  into  16  strips 

given  time  t.  The  outlet  temperature  of  the  fluid  in  the  first  strip  is  calculated  now  from  equations  (15),  (16)  and 
(17)  and  a  new  (average)  free  stream  temperature  computed  from: 


to 


T  +  T 

1N,I  T  10. 


(18) 


The  iterative  procedure  is  repeated  to  give  a  second  value  for  "  cok~,i ". 


829 


The  aforementioned  computational  procedure  is  used  for  each  strip.  Finally,  the  outlet  temperature  of  the  last 
strip  gives  the  emergent  temperature  of  the  fluid  from  the  capacitor. 

3.  RESULTS  AND  DISCUSSIONS 

A  type  of  thermal  capacitor  capable  of  storing  solar  energy  as  latent  heat  of  fusion  through  the  use  of  pure 
paraffin  hydrocarbon  was  analyzed  using  the  "Goodman  Technique"  previously  described.  The  present  work 
predicts  the  behavior  and  performance  of  this  type  of  phase  change  subsystem.  A  computer  program  has  been 
constructed  to  analyze  this  system,  aiming  at  computing  the  amount  of  heat  or  energy  stored  in  such  a  phase- 
change  material;  paraffin  wax,  useful  in  energy  systems  storage,  together  with  temperature  distribution  along 
fluid  passage, and  the  rate  of  storing  heat  from  fluid  entrance  to  exit.  Also  the  thickness  of  melted  layer  of  the 
wax  was  computed  for  the  strips  which  form  the  whole  wax  used  in  the  capacitor. 

Computer  Pro2ram  Validation 

The  validation  of  the  computer  program  used  to  analyze  the  proposed  model  has  been  done  by  comparing  the 
results  obtained  from  this  theoretical  analysis  based  on  Goodman  technique,  to  those  obtained  from  other 
techniques,  [7],  by  using  same  paraffin  wax  properties  and  same  boundary  and  initial  conditions.  The  paraffin 
hydrocarbon  (n.  Eicosane)  used,  has  the  following  properties: 

1.  Melting  point,  96.5°F. 

2.  Latent  heat  of  fusion,  107.5  Btu  /  lb 

3.  The  initial  inlet  temperature  supply  144°F. 

4.  The  mass  flow  rate,  322  lb/hr. 

Figure  1  shows  the  schematic  diagram  of  the  capacitor,  together  with  initial  and  boundary  conditions. 

The  verification  of  the  present  work  has  been  based  on  the  comparison  of  the  different  techniques  from  the 
points  of  view  of: 

1 .  Fluid  outlet  temperature. 

2.  Cumulative  heat  stored. 

These  parameters  have  been  plotted  as  functions  of  time  in  Fig.3  and  Fig.4.  It  is  obvious  that  the  Goodman 
technique  modeled  by  the  present  computer  program  is  in  good  agreement  with  the  other  ones. 


Fig.  3  Variation  of  experimental  intlet  and  outlet  temperature  and  analytical  outlet 
temperature  with  time  for  &  mean  inlet  temperature  of  144°F  and  a  collant 
flow  rate  of  322  lb/hr 
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Fig.  4  Variation  of  total  heat  storage  with  time  for  a  mean  inlet  temperature  of  144 
°F  and  a  collant  flow  rate  of  322  lb/hr 


Analysis  of  paraffin  wax  (  Pentacosane) 

The  phase  change  material  used  in  this  work  is  the  “Pentacosane”.  Its  physical  properties  are  given  in  Table  1, 

[3]. 


Table  1  Properties  of  Pentacosane 


Material 

No.  of  carbon 

atoms 

Melting 

point,°C 

Latent  heat  of 
fusion  kJ/kg 

Density  kg/m3 
at  20°C 

Specific  heat, 
Solid  (s), liquid  (1) 

Paraffin  wax 
(Pentacosane) 

25 

53.56  °C 

238 

m 

2.95  ( s ) 
2.51(1) 

Effect  of  Fluid  Mass  Flow  Rate  on  Temperature  Distribution  at  Constant  Fluid  Inlet  Temperature, Tw,  = 
65°C 


The  variations  of  fluid  channel  wall  temperature  (XTS) 
with  time  along  each  strip  for  the  whole  sixteen  strips, 
at  different  mass  flow  rates  (m.f.r);  30  and  90  kg/hr,  at 
constant  inlet  temperature,  Tin  =  65°C  are  given  in  Fig. 
5(a,b).  It  is  obvious  that  the  temperature  increases  with 
time  and  the  rate  of  increase  in  temperature  decreases 
from  first  to  last  strip,  that  is  because  the  first  strip  is 
adjacent  to  the  inlet  of  the  fluid  and  then  will  be  hotter 
than  those  below. 
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Comparing  the  behaviour  of  the  wax  for  two  different 
fluid  mass  flow  rates,  it  is  clear  that  it  behaves  „ 
similarly,  that  is  to  say  that  wax  temperature  increases  p 
with  time,  but  it  is  obvious  that  for  all  strips,  the  time  i 
decreases  with  increasing  mass  flow  rate  to  reach  a  » 
completely  melted  strip.  This  may  be  proved  by  | 

comparing  the  melting  time  of  one  of  the  strips;  strip 
16,  which  is  the  outlet  of  the  fluid,  as  shown  in  Fig.  6  . 

Fig. 


(a)  mass  flow  rate  (m.f.r.)=30kg/hr 


0  10  20  30  40  50  60  70  80  90  100 


Time.t,  min. 

(b)  mass  flow  rate  (m.f.r.)=90kg/hr 

Temp,  of  fluid  channel  wall  with  time  Ti„  65°C 


The  outlet  fluid  channel  wall  temperature  (XTS)  from  each  stnp.versus  strip’s  number  at  specified  times;  at 
which  one  or  more  strips  get  melted,  are  shown  in  Fig. 7  .  Increasing  time,  tends  to  increase  the  number  of 
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melted  strips,  and  for  the  same  time,  the  temperature  in  each  strip  decreases  going  from  fluid  inlet  to  fluid  outlet 
Increasing  fluid  mass  flow  rate,  the  number  of  melted  strips  increases  for  the  same  time.  This  is  verified  by  the 
relation  given  in  Fig. 8  ,  which  represents  the  time  of  melting  versus  the  number  of  melted  strips. 


0  10  20  30  40  50  60  70  80  90  100 

Time.t.min. 


strip  no. 


Fig.  6  Fluid  Temp,  of  the  channel  wall  with  time,  (a)  mass  flow  rate  (m.f.r.)=30kg/hr 

for  different  flow  rates  at  strip  16,  =65°C 


No.of  melted  strips 

Fig.  8  Effect  of  mass  flow  rate  on  the  no.  of 
melted  strips  at  Tin  =65°C 

Effect  of  Fluid  Inlet  Temperature  at  Constant  Fluid 
Mass  Flow  Rate  on  Temperature  Distribution 

The  effect  of  fluid  inlet  temperature,  at  a  specific  fluid 
mass  flow  rate,  on  temperature  distribution  with  time  is 
presented  in  Fig.9.  Increasing  fluid  inlet  temperature, 
tends  to  increase  the  outlet  temperature  or  the  the 
temperature  of  the  last  strip,  and  to  decrease  time.  This 
means  that  the  charging  process  is  more  efficient  with 
higher  fluid  inlet  temperature. 


0  1  2  3  4  5  6  7  8  9  10  11  12  13  14  15  16 

strip  no. 


(b)  mass  flow  rate  (m.f.r.)=90kg/hr 

Fig.  7  Temp,  of  fluid  channel  wall  at  different 
time  with  strip  no.,  Tn,,  65°C 


Fig.  9  Effect  of  fluid  inlet  temp,  on  temp,  of 
fluid  channel  wall  at  a  mass  flow  rate  = 
60kg/hr 


Effect  of  mass  flow  rate  (m.f.r.)  on  melt  thickness  CXS)  at  constant  inlet  temperature,  =  65°C 

For  different  mass  flow  rates  (30,  90  kg/hr)  and  constant  inlet  temperature  65  C,  the  melt  thickness  progress  of 
wax,  increases  with  time  as  shown  in  Fig.  10(a,b).  From  these  figures,  it  is  obvious  that  the  rate  of  increasing  of 
of  wax  melt  thickness  (XS),  decreases  going  downstream  from  the  first  strip  to  the  last  one;  that  is  because 
going  from  up  to  down,  the  strips  are  hotter  as  the  hot  fluid  goes  downwards,  and  the  heat  transfer  is  higher  at 
the  fluid  inlet.  For  different  fluid  mass  flow  rates  and  constant  inlet  temperature,  it  is  clear  that  for  all  strips,  the 
time  taken  for  melting  a  certain  thickness  of  paraffin  wax  decreases  with  increasing  mass  flow  rate.  The 
previous  results  are  verified  by  comparing  the  melt  thickness  of  paraffin  with  time  for  strip  16,  which  is  the 
outlet  of  the  fluid,  at  three  different  mass  flow  rates.  Fig.  11. 
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Fig.  10  Wax  melted  thick  vs  time,  Tin=  65°C 
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Fig.  11  Wax  melted  thick  for  different  flow 
rates  at  strip  16,  Tin  =  65°C 
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mass  flow  rate  (m.f.r)  =  30kg/hr 
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(b)  mass  flow  rate  (m.f.r)  =  30kg/hr 

Fig.  13  Total  heat  stored  vs  time,  Tin=  65°C 


Fig.  14  Effect  of  mass  flow  rate  on  total  heat 
stored  wi,  strip  16,  Tta  =  65°C 


Time.t,  min. 


Fig.  12  Effect  of  fluid  inlet  temp,  on  wax  melt  thick 
at  a  mass  flow  rate  =  60kg/hr 


Fig.  15  Effect  of  fluid  inlet  temp  Tin  on  total 
heat  stored,  at  a  mass  flow  rate, 
(m.f.r.)=60kg/hr 


Effect  of  fluid  inlet  temperature  at  constant  fluid  mass  flow  rate,  on  melt  thickness  (XS) 

The  effect  of  fluid  inlet  temperature,  at  a  specific  fluid  mass  flow  rate,  on  wax  melt  thickness  with  time  is 
presented  in  Fig.  12.  Increasing  fluid  inlet  temperature,  tends  to  decrease  melting  time. 

Effect  of  mass  flow  rate  on  cumulative  heat  stored  (OT)  at  constant  inlet  temperature,Tin=65°C 

The  cumulative  storage  of  heat  with  time  in  all  the  strips  are  shown  in  Fig  13.  The  heat  stored  is  accumulated 
from  the  first  to  the  last  strip,  so  that  the  heat  stored  in  strip  number  (2)  for  example  is  the  summation  of  heat 
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stored  in  strip  (1)  and  that  of  strip  (2),  that  is  to  say,  the  stored  heat  corresponding  to  strip  (16)  is  the  total 
cumulative  heat  stored  in  the  whole  paraffin  wax  contained  in  the  reservoir.  By  comparing  the  heat  stored  at 
three  different  mass  flow  rates  with  time,  it  is  to  be  noticed  that,  increasing  mass  flow  rate,  increases  total  heat 
stored  and  decreases  the  time  taken  to  store  maximum  possible  heat.  Fig.  14  confirms  the  fact  that  at  a  specified 
time  for  a  specified  strip  namely  the  last  one,  the  heat  stored  in  paraffin  wax  is  higher  at  higher  mass  flow  rate. 


Effect  of  fluid  inlet  temperature  at  constant  fluid  mass  flow  rate,  on  total  heat  stored  (QT)  Q 

The  variation  of  cumulative  heat  stored  with  time  for  three  different  inlet  temperatures,  mainly,  65,  80  and  95  C 
at  a  specified  mass  flow  rate  is  given  in  Fig.  15.  It  is  obvious  that  increasing  inlet  temperature,  increases  the 
total  heat  stored,  and  decreases  the  time  required  to  store  maximum  possible  heat. 

4.  CONCLUSIONS 

A  latent  heat  storage  unit  I,  simulated  using  an  analytical  model  based  on  Goodman  technique,  has  been 
developed.  The  model  was  handled  assuming  uniaxial  heat  conduction  with  change  of  phase  and  a  absence  of 
natural  convection  in  the  phase  change  material.  The  storage  mode  was  only  considered  in  this  study.  The 
outlet  temperature  rises  rapidly  to  a  plateau  and  remains  relatively  constant  throughout  the  melting  process.  The 
plateau  depends  upon  the  inlet  fluid  temperature  and  fluid  mass  flow  rate.  The  paraffin  melt  time  depends  also 
upon  fluid  flow  rate  and  fluid  inlet  temperature,  the  melt  time  varied  from  40  minutes  at  90  kg/hr  mass  flow  rate 
to  100  minutes  at  30  kg/hr ,  and  from  30  minutes  at  fluid  inlet  temperature  of  95°C  to  65  minutes  at  65°C  .  High 
flow  rate  and  high  fluid  inlet  temperature,  tends  to  increase  storage  rate  as  the  melt  time  decreases. 

NOMENCLATURE 

cp  =  specific  heat  of  paraffin  T  i 

h  =  heat  transfer  coefficient  between  the  wall  T2 

and  the  fluid  TM 

kly  =  effective  thermal  conductivity  of  paraffin  TN 

for  liquid  phase  in  y-  direction  T„, 

L  =  latent  heat  of  fusion  of  paraffin  u 

s  =  melt  thickness  p 

t  =  time  a 
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=  thermal  diffusivity  of  liquid  paraffin 


834 


MECHANISM  OF  HEAT  AND  MASS  TRANSFER 
DURING  GAS  HYDRATE  COOL  STORAGE  PROCESS 


Liquan  Xiao,  Shiping  Wang 
Institute  of  Chemical  Engineering 
South  China  University  of  Technolog)7 
Email:  shawgon@163.net:  Tel.:  8620-8711-2997 

Keywords:  gas  hydrate,  cool  storage,  heat  and  mass  transfer 

ABSTRACT.  Gas  hydrate  cool  storage  systems  have  been  developed  since  the  end  of  1980s.  Compared  with 
the  prevalent  ice-storage  systems,  gas  hydrate  cool  storage  systems  are  characterized  by  higher  phase-change 
temperature  and  very  large  latent  heat  released  during  phase-change  process.  Higher  phase-change  temperature 
can  avoid  the  decease  of  the  COP  of  water-chiller  unit  and  make  the  air-conditioning  system  more  effective. 
This  paper  analyzed  the  complicated  process  of  heat  and  mass  transfer  inside  an  indirect-contact  gas  hydrate 
cool-storage  tank  It’s  indicated  that  condensation,  evaporation  and  hydration  are  a  combined  and  mutually- 
influenced  process.  A  qualitative  model  is  disgust  to  explain  the  behavior  of  hydrate  cool  storage. 

1.  INTRODUCTION 

In  1990s,  the  use  of  air-conditioning  equipment  improves  so  rapidly  in  China's  metropolis  as  to  causes  the  urban 
consumption  of  electric  power  increases  fiercely.  The  most  electric  consumption  is  always  coincident  with  the 
peak  of  electric  network  so  that  it  augments  the  difference  between  peak  and  valley  therefore  aggravates  the 
working  condition  of  power  system.  Under  this  circumstance,  the  technology  of  cool  storage  comes  into  being, 
the  principle  of  which  is  to  operate  the  chiller  during  valley  periods  and  store  cool  energy  to  feed  the  peak 
demand  during  daytime.  The  popular  saying  for  this  is  "cutting  the  mountain,  leveling  the  valley".  Cool  storage 
can  effectively  mitigate  the  burden  of  electric  network  and  plays  a  more  and  more  important  role  in  the  economy 
of  China. 

Because  it’ll  absorb  a  great  quantity  of  heat  during  ice  fusion,  the  thermal  capacity  of  ice  is  very  large.  Using  ice 
for  cool  storage  medium  is  prevalent  all  over  the  world.  The  ice  forming  temperature  is  0  °C  that  is  much  lower 
than  the  chilled  water  temperature  of  common  air-conditioning  unit.  Thus  when  water  chiller  unit  is  working 
under  ice-forming  condition,  the  COP  of  the  refrigeration  system  decreases  which  makes  the  electricity 
consumption  increases.  On  the  other  hand,  the  phase-change  temperature  of  some  kind  of  gas  hydrate  is  within 
the  favorite  scope  of  5  °C-12  °C  and  at  the  same  time,  the  heat  of  phase-change  process  is  comparable  with  that 
of  ice.  The  above  characteristic  makes  gas  hydrate  a  very  promising  candidate  of  cool-storage  medium. 

The  idea  of  cool  storage  using  gas  hydrate  was  first  mentioned  by  Tomlinson  [1]  of  Oakridge  National 
Laboratory  in  the  year  of  1982.  Since  then,  U.S  and  Japan  energetically  paid  their  attention  to  the 
industrialization  research  of  cool-storage  using  gas  hydrate.  Yutaka  [2]  is  the  foremost  authority  in  using  gas 
hydrate  as  indirect-contacting  cool-storage  equipment. 

This  paper  aims  at  the  analysis  of  heat  and  mass  transfer  process  during  gas-hydrate  cool-storage  process  in  the 
indirect-contact  equipment.  Combined  with  some  of  our  experiment  results  on  our  small  pilot-plant,  a 
qualitative  model  is  established  to  give  some  guidance  to  the  practical  design  of  gas-hydrate  cool-storage 
system. 


2.  INTRODUCTION  OF  INSTALLATION 

Our  test  plant  is  somewhat  resembles  of  Yutaka's  system  in  which  it  has  involved  the  principle  of  heat  pipe, 
activating  the  hydration  process  by  the  cycle  of  evaporation  and  condensation  of  refrigerant.  The  sketch  of  our 
test  plant  is  indicated  as  Figure  1 . 

The  cylindrical  cool  storage  tank  is  made  of  stainless  steel  and  can  resist  pressure  of  1.6  MPa.  There  are  two  sets 
of  heat  exchangers  inside  it:  the  condenser  in  the  upper  part  of  the  tank  and  the  evaporator  in  the  lower  part  of 
the  tank.  Cool  storage  medium  is  divided  into  three  layers:  the  liquid  layer  in  the  bottom,  the  water  layer  in  the 
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middle  and  the  gas  layer  on  the  top  of  the  tank,  the  thickness  of  each  layer  is  indicated  respectively  by  Hb  Hw> 
Hg.  There  are  four  viewing  windows  on  the  peripheral  of  the  tank.  The  whole  tank  is  kept  adiabatic  using 
polyurethane  foam  sheet.  Our  plant  differs  from  that  of  Yutaka's  in  that  our  plant  cancelled  the  returning  tube  of 
condensed  liquid.  It  is  confirmed  from  our  result  that  this  cancellation  is  beneficial  to  the  hydration  because: 

1)  the  liquid  droplet  can  re-evaporate  when  penetrating  the  water  layer,  absorbing  the  heat  of  hydration, 
making  the  temperature  homogeneous; 

2)  a  large  amount  of  droplet  can  increase  the  contact  area  of  two  phase  of  refrigerant  and  water  and  thus 
accelerate  hydration; 

3)  descending  of  droplet  along  with  the  rising  of  gas  bulb  reinforce  the  disturbance  of  water  layer  and  help 
boost  the  mass  transfer. 

Experimental  phenomena  are  reported  elsewhere  [3,4],  This  paper  will  focus  on  the  process  of  heat  and  mass 
transfer  inside  the  cool-storage  tank. 


5  &  7  S 
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Fig.  1.  Schematic  structure  of  cool  storage  tank 


3.  ANALYSIS  OF  COOL  STORAGE  PROCESS 

Actual  cool-storage  process  includes  the  combination  of  condensation  of  vapor,  hydration  and  the  evaporation 
of  liquid  refrigerant  which  makes  the  process  much  complicated.  During  cool  storage,  the  condenser  makes  the 
partial  pressure  of  gaseous  refrigerant  drop,  which  brings  on  the  evaporation  of  liquid  and  the  decrease  of  water 
temperature.  When  the  water  temperature  sinks  to  the  hydrate-forming  point  generally  higher  than  ice  point, 
hydration  occurs  in  the  water  layer.  Heat  released  during  hydration  is  absorbed  by  the  evaporation  of  liquid 
refrigerant. 

3.1  Variation  of  Pressure  During  Cool  Storage 

The  condensation  and  evaporation  of  refrigerant  constitutes  a  cycling  process.  There  is  a  difference  AP  between 
the  partial  pressure  above  liquid  layer  and  the  corresponding  saturated  pressure  of  refrigerant  because  of 
condensation,  which  is  a  little  similar  to  the  capillary  suction  head  of  heat  pipe.  This  pressure  difference  AP  has 
great  influence  on  the  hydration  rate  and  the  property  of  formed  hydrate. 

Fig.  2  shows  the  variation  of  pressure  using  HFC-134a  as  hydration  medium  and  n-butanol  as  additive.  It's 
indicated  in  Fig.  2  that  at  the  beginning  of  cool-storage,  there's  a  sudden  drop  of  the  pressure  inside  the  tank 
which  is  exactly  the  above  mentioned  pressure  difference  AP.  The  descent  of  pressure  as  a  function  of  elapsed 
time  exhibits  a  configuration  of  exponential  decay. 
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Fig.  2.  Pressure  variation  during  cool  storage 

The  above  mentioned  pressure  difference  AP  must  be  equalized  with  three  forces  as  follows: 

3.1.1  Gravity.  The  static  pressure  caused  by  the  height  of  water  layer  Hw  will  prevent  freon  from  evaporating 
therefore  stagnate  the  hydration  rate.  It  is  naturally  deduced  from  this  conclusion  that  gas-hydrate  cool-storage 
equipment  should  be  designed  horizontal. 

3.1.2  Resistance  to  the  bulb  and  droplet.  The  resistance  of  the  hydrate  bulk  drifted  in  the  water  layer  to  the 
rising  bulb  and  descending  droplet  is  very  difficult  to  give  a  quantitative  analysis  because  of  the  co-existence  of 
triple  phase  of  gas,  liquid  and  solid.  Generally  speaking,  if  the  density  of  formed  hydrate  is  smaller  than  that  of 
water,  it'll  drift  on  the  surface  of  water  preventing  bulbs  and  droplets  from  rising  and  descending.  Our 
experiment  [5]  confirmed  that  the  addition  of  some  kind  of  additives  can  eliminate  hydrate  drift  and  accelerate 
hydration. 

3.1.3  Surface  tension  at  the  interface  of  refrigerant  and  water.  The  evaporation  of  freon  is  similar  to 
boiling  except  that  the  latter  is  regulated  by  the  superheat  of  container's  wall  but  the  former  is  a  process 
controlled  by  the  difference  of  partial  pressure.  Freon  bulb  must  overcome  the  bondage  of  surface  tension 
to  rise  into  upper  space.  It's  known  from  bulb  kinetics  that  the  intensity  of  boiling  heat  transfer  is  decided 
by  the  frequency  of  bulb  rising  f  the  relation  of  which  with  the  bulb  diameter  Dd  can  be  described  by 

following  equation  [6] : 

fDd  =  C  (1) 

At  the  other  hand,  rising  bulb  diameter  Dd  can  be  determined  by: 


In  the  above  formula,  0  is  the  contacting  tangle,  cr  is  the  surface  tension.  It  is  clearly  indicated  the  smaller  the 
surface  tension  is,  the  higher  the  frequency  of  bulb  rising  is,  and  the  more  rapid  evaporation  is.  Use  of  surfactant 
can  notably  decrease  the  surface  tension  of  freon-water  interface  therefore  accelerate  hydration. 


It  is  found  by  Miller  and  Smythe  [7]  that  the  pressure  is  exponentially  decaying  during  formation  of  C02 
hydrate  which  is  qualitatively  verified  by  the  result  showed  in  Fig.  2.  Their  expression  is: 


in  which,  t  is  the  elapsed  time. 


(3) 
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3.2  Heat  Balance  During  Cool  Storage 

Heat  balance  of  hydrate  cool-storage  plants  has  been  investigated  in  literature  [8]  and  the  following  equation  has 
been  deduced: 


ihf  •  AH  =  A  •  a  •  (Tf  -  Tc)  (4) 

The  left  is  heat  of  hydration  and  the  right  is  heat  conveyed  by  the  condenser,  mf  is  the  hydration  rate,  AH  the 
specific  hydration  heat  which  is  determined  as  following: 

AH  =  a2  -R-a3  -R  T  (5) 

where,  R  is  the  gas  constant,  a2  and  a3  is  the  constant  coefficient  in  phase  equilibrium  equation  of  Kirchhoffs 
type  as  following: 

lnp  =  aj +a2/T  +  a3 -lnT  (6) 

whereas  the  hydration  rate  ihf  is  determined  by  [9]: 


AE 

%  =  Cexp(-— )exp| 


AT 


s  y 


(7) 


where  AE  is  the  activation  energy  which  is  related  with  kind  of  refrigerant,  ATS  is  the  degree  of  supercooling.  It 
can  be  easily  seen  from  above  that  as  for  one  certain  refrigerant,  hydration  rate  will  increase  along  with  the 
augmentation  of  supercooling  and  pressure.  Equation  (7)  can  be  simplified  as: 


mf  =  B  •  exp( — — r-)  (8) 

ATsb 

The  coefficient  B  is  usually  called  rate  constant  which  reflects  the  kinetic  property  at  the  interface  of  refrigerant 
and  water,  hanging  on  variety  of  factors  such  as  area  of  interface,  rate  of  mass  diffusion,  temperature,  pressure 
as  well  as  the  kind  of  medium. 


3.3  Temperature  Variation  During  Cool  Storage 

Fig.  3  shows  the  temperature  variation  of  two  complete  cycles  of  cool  storage  and  release  using  HCFC-142b  as 
hydration  medium.  It  can  be  apparently  seen  that  the  temperature  of  gas  layer  is  always  lower  than  that  of  liquid 
layer  and  the  difference  between  them  is  corresponding  to  the  difference  of  partial  pressure  AP  on  the 
temperature-pressure  diagram. 


Fig.  3.  Temperature  variation  in  cool  storage  tank 


Fig.  3  shows  the  saturation  temperature  is  continually  decreasing  during  cool  storage  process  along  with  the 
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declining  of  pressure.  Therefore  it  is  necessary  to  lower  the  temperature  of  chilled  water  in  order  to  maintain 
condensation  which  killed  the  hydrate's  advantage  of  higher  phase-change  temperature.  That  is  to  say,  too  great 
supercooling  is  no  benefit  to  cool  storage. 

It's  known  from  Equation  (7)  that  the  hydration  rate  is  in  proportion  to  the  power  of  pressure.  Thus  refrigerant 
having  higher  saturated  vapor  pressure  such  as  HFC-134a  and  HFC-152a  is  more  likely  to  form  hydrate, 
whereas  those  of  which  the  saturated  vapor  pressure  is  relatively  low  such  as  HCFC-141b  is  less  active  in 
hydrate  forming  and  needs  great  supercooling  [10],  It  is  contradictory  to  the  practical  use  of  hydrate  cool 
storage. 

The  fact  that  additive  can  mitigate  the  pressure  drop  in  hydrate  forming  process  which  is  shown  in  fig.  2  also 
help  to  reduce  supercooling.  At  the  other  hand,  the  increase  of  medium  charge  seems  have  such  effect  due  to  the 
enhancement  of  medium's  recycling  amount  [11],  But  the  increase  of  medium  charge  will  result  in  the  expansion 
of  container's  volume,  there  must  be  an  optimal  value  of  the  amount  of  charge  which  is  determined  by  the  mass 
flow  of  cycling  medium.  This  problem  is  not  yet  mentioned  in  literature. 

3.4  Model  of  Heat  &  Mass  Transfer  During  Hydration 

Condensation,  evaporation  and  hydration  are  combined  and  mutual-influenced  process  in  cool  storage  container. 
Condensation  is  a  very  classical  problem  depicted  by  Nusselt  model,  whereas  evaporation  can  be  theoretically 
expressed  as  following  [12]: 


m„ 


■Jin  -  RT 


Ap 


(9) 


where  me  is  the  theoretical  maximum  evaporation  rate,  Ap  is  the  partial  pressure  difference  caused  by 
condensation  of  vapor. 

In  order  to  research  the  heat  and  mass  transfer  during  hydration,  Y.H.  Mori  [13]  investigated  the  behavior  of  one 
single  freon  bulb  with  some  evaporating  droplet  in  it  rising  through  water  layer  and  gives  the  heat  balancing 
equation  as: 


Qv=Qc+Qh  W 

where  Qc  is  the  heat  transferred  from  ambient  water  to  the  bulb,  Qh  is  hydration  heat  gain,  whereas  Qv  is  the 
heat  absorbed  by  the  evaporation  of  freon  droplet,  and: 

Q=7iD2ac(Tc-Td)  (u) 

where  D  is  the  diameter  of  bulb,  and  ac  is  the  convection  heat  transfer  coefficient  calculated  by: 

Nu=0.121(Pe)1/2  (12) 

where,  Nu=occ  D/K,  Pe=UD/IQ,  a.c,Kc  is  the  thermal  conductivity  and  thermal  diffusivity  of  water,  U  the 
velocity  of  bulb  rising  which  can  be  estimated  to  be  nearly  0.2m/s. 

Hydration  heat  Qh  can  be  deduced  from  above  formulas  (4)  through  (7),  and  Qv  is  easily  calculated  using 
basic  thermodynamic  theory. 

The  key  of  this  model  is  the  calculation  of  hydration  rate  mf  which  boils  down  to  the  determination  of  the  rate 
constant  Bin  Equation  (8).  As  far  as  the  current  state-of-the-art  of  hydrate  kinetic  is  concerned,  it  is  very 
difficult  to  quantitatively  calculate  it.  On  account  of  this,  the  above  model  is  merely  a  qualitative  one. 

4.  ANALYSIS  OF  COOL  RELEASE  PROCESS 

Cool  release  is  the  process  of  hydrate  decomposition  which  involving  three  phases  of  gas,  liquid  and  solid  which 
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is  more  complicated  than  the  melting  of  ice.  Attention  to  hydrate  decomposition  is  originated  from  the  purpose 
of  exploiting  large  amount  of  seabed  natural  gas  hydrate.  Compared  to  its  forming  process,  decomposition  of 
gas  hydrate  is  relatively  simple.  It  was  pointed  out  by  Kamath  et  al  [14]that  different  kind  of  gas  hydrate  comply 
with  the  same  rule  of  decomposition  as  following: 

_J_ dnij  _  2221  x  10"4(ATd)2  05  (13) 

Ah  dt 

which  indicates  that  the  control  criterion  of  decomposition  is  the  temperature  difference. 

4.1  Pressure  Variation  During  Cool  Release 

Fig.  4  shows  that  the  regaining  of  pressure  during  hydrate  decomposition  seems  to  be  a  near-linear  process  as 
differs  much  ffom  the  exponential  decay  of  pressure  drop  during  hydrate  forming.  Additives  have  some  effect 
on  the  slope  of  the  line.  Line  of  pressure  variation  of  pure  refrigerant  is  relatively  flat  which  means  that  hydrate 
decomposition  rate  is  low.  Adding  n-butanol  of  concentration  of  1.34  %  to  water  can  effectively  accelerate  the 
decomposition  process  but  more  addition  of  n-butanol  doesn't  bring  on  evident  effect. 

Such  phenomenon  is  originated  by  the  drifting  of  hydrate.  When  there  is  no  additive  in  solution,  the  formed 
hydrate  is  very  porous  and  loose  in  structure  and  lighter  than  water.  Heat  conducted  from  external  environment 
can  reach  hydrate  only  through  natural  convection  of  water.  Therefore  the  decomposition  of  hydrate  is  evidently 
stagnated  by  the  water  layer.  Certain  concentration  of  additives  will  make  the  formed  hydrate  denser  and  heavier 
than  water.  Formed  hydrate  will  deposite  to  the  surface  of  the  condenser  and  heat  can  be  directly  conducted  to  it. 
But  superfluous  additive  is  of  no  benefit  to  hydrate  decomposition. 
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Fig.  4.  Pressure  variation  during  cool  release 


4.2  Temperature  Variation  During  Cool  Release 

Fig.  5  shows  that  the  temperature  of  water  layer  rises  rapidly  at  the  beginning  of  decomposition.  This  is  because 
that  hydrate  decomposition  rate  is  so  low  that  it  is  not  adequate  to  absorb  the  entering  heat  which  result  in  the 
temperature  rising  of  water.  There  is  a  temperature  platform  thereafter  near  12.5°C  which  indicates  the  balancing 
of  entering  heat  and  the  absorbed  heat  during  hydrate  decomposition  which  is  a  kind  of  near-isothermal  process 
during  this  period  of  time.  It  is  worthwhile  to  note  that  near  mid-term  of  the  whole  process,  there  is  a  valley 
value  of  water  temperature  which  indicates  that  the  decomposition  rate  reaches  its  peak  value  at  this  time.  The 
water  temperature  goes  on  rising  gradually  until  the  end  of  decomposition  thereafter. 

The  above  phenomenon  can  be  explained  by  the  variation  of  the  coefficient  of  heat  transfer  diagrammed  in 
Fig.6.  It  is  clearly  shown  that  the  coefficient  of  heat  transfer  is  relatively  low  at  the  start  of  decomposition  and 
increases  rapidly  along  with  the  decomposition  of  hydrate.  Near  mid-term  of  the  process,  there  is  a  peak  value 
of  the  coefficient  of  heat  transfer  and  thereafter,  decreases  gradually  until  end  of  decomposition  as  is  similar  to 
the  variation  of  water  temperature.  Although  the  media  used  in  experiments  of  Fig.  5  and  Fig.  6  are  different,  the 
relative  peak  time  of  coefficient  of  heat  transfer  in  Fig.  6  coincide  with  the  relative  valley  time  of  water 
temperature  which  verifies  the  above  analysis  of  temperature  variation. 
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Fig.  5.  Temperature  variation  during  cool 
release  (R142b) 


Fig.  6.  Variation  of  coefficent  of  heat 
transfer  (R134a) 


The  above  variation  can  be  explained  from  the  mechanism  of  hydrate  decomposition  which  is  a 
conduction-controlled  process  differing  much  from  hydrate  forming.  At  the  start  of  decomposition, 
released  water  accumulate  around  hydrate  forming  a  film  of  water  which  increases  heat  resistance  resulting 
in  a  low  coefficient  of  heat  transfer.  When  more  and  more  hydrate  becomes  decompose,  large  amount  of 
gas  bulb  will  penetrate  the  water  film  and  diffuse  to  the  environment  bringing  on  the  reinforcement  of  the 
disturbance  of  water  film  and  the  increase  of  convective  coefficient  of  heat  transfer.  Along  with  the 
gradually  exhaustion  thereafter,  the  amount  of  gas  bulbs  reduces  drops  off  which  result  in  the  decrease  of 
the  coefficient  of  heat  transfer. 


5.  CONCLUSIONS 


It  can  be  concluded  from  above  analysis  that: 

1)  condensation,  evaporation  and  hydration  are  mutual-influenced  process  in  which  condensation  is  the  most 
pivotal; 

2)  some  kind  of  additive  can  evidently  reduce  surface  tension  at  the  freon-water  interface  and  greatly  improve 
the  characterization  of  formed  hydrate; 

3)  heat  and  mass  transfer  during  hydrate  forming  and  decomposition  boils  down  to  the  kinetic  of  hydrate. 
Higher  pressure  will  lead  to  higher  hydration  rate  and  coefficient  of  heat  transfer.  Under  atmospheric 
pressure,  a  large  degree  of  supercooling  is  needed. 

4)  pressure  drop  during  cool  storage  is  an  exponentially  decaying  process,  whereas  the  regaining  of  pressure 
during  cool  release  is  a  linear  increasing  process; 

5)  cool  release  is  a  mainly  conduction-controlled  process.  Different  kind  of  hydrate  exhibits  similar  behavior  in 
hydrate  decomposition. 

From  the  standpoint  of  practical  use,  mediums  of  atmospheric  saturation  pressure  are  more  likely  to  be  used  for 

industrialization.  Therefore,  the  reinforcement  of  heat  and  mass  transfer  during  hydration  of  such  mediums  is  a 

problem  needs  more  investigation  in  future. 
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ABSTRACT.  The  present  paper  has  dealt  with  the  examination  about  the  ice  thermal  storage  type  air 
conditioning  and  hot  water  system  for  the  house.  So  far,  the  achievement  of  the  latent  heat  storage  system  such 
as  ice  thermal  storage  system  was  more  difficult  for  the  house  than  that  of  the  sensible  heat  storage  system 
because  the  sensible  heat  storage  tank  becomes  complicated  structure  and  high  cost.  However,  we  have  achieved 
ice  thermal  storage  type  air  conditioning  and  hot  water  system  for  the  house  for  the  first  time,  by  setting  small 
thermal  storage  tank  including  new  thermal  storage  capsules  and  hot  water  storage  tank  under  floor  in  the  newly 
built  house. 


1.  INTRODUCTION 

Recently,  importance  of  energy  conservation  has  been  appealed  in  the  world  scale  to  control  C02  emissions,  one 
of  gases  making  global  warming,  for  the  prevention  of  global  warming.  Further,  development  of  thermal  energy 
storage  technology  using  electric  power  at  nighttime  attracts  big  attention  socially.  The  first  reason  is  that  using 
surplus  electric  power  at  nighttime  effectively  can  contribute  to  making  the  electric  power  load  uniform.  The 
second  reason  is  that  the  fossil  fuels  ratio  of  electric  power  generation  at  midnight  (from  1:00  a.m.  to  6:00  a.m.) 
is  lower  than  the  ratio  at  daytime  (C02  emissions  is  lower  about  20-25%  in  Japan).  Especially,  ice  thermal 
storage  type  air  conditioning  system,  which  is  set  the  thermal  storage  tanks,  is  commercialized  for  the  building 
and  the  factory  and  that  system  is  rapidly  popularized  for  these  several  years  in  Japan.  From  such  a  background, 
the  authors  are  now  developing  the  air  conditioning  and  hot  water  system  using  thermal  energy  storage 
technology  for  the  house.  Then,  this  paper  reports  the  outline  of  the  ice  thermal  storage  type  air  conditioning  and 
supplying  hot  water  system,  now  developing,  and  a  part  of  the  result  that  we  examined  actual  running 
characteristics  of  the  development  system  in  a  general  house. 

2.  OUTLINE  OF  THE  DEVELOPING  SYSTEM 

2.1  Merit  of  the  Developing  System 

This  system  can  conserve  space  and  time  in  constructing  in  addition  to  merit  of  low  running  cost  that  the 
conventional  thermal  storage  system  possesses  so  far.  Those  merits  are  enumerated  as  follows. 

1)  The  system  can  operate  the  ice  thermal  storage  mode  and  the  hot  water  supplying  mode  at  the  same  time  both 
at  daytime  and  at  nighttime. 

The  system  has  the  refrigerant  cycle  control  that  can  achieve  using  waste  heat,  produced  in  the  mode  of  ice 
thermal  storage  or  cooling,  to  supply  hot  water.  Especially,  The  system  can  achieve  not  only  using  waste 
heat  in  the  ice  thermal  storage  mode  at  nighttime  to  supply  hot  water  but  also  only  using  waste  heat  in  the 
cooling  mode  at  daytime  to  supply  hot  water. 

2)  The  system  can  operate  the  air  conditioning  mode  at  the  time  of  the  thermal  storage  mode  at  nighttime. 

The  cycle  control  of  this  system  can  achieve  the  air  conditioning  mode  at  the  time  of  the  thermal  storage 
mode  at  nighttime  (23:00-7:00)  if  necessary,  though  this  system  is  thermal  storage  system  using  the 
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electric  power  at  nighttime.  However,  the  amount  of  thermal  storage  decreases  at  nighttime. 

3)  The  system  can  produce  hot  water  of  high  temperature  (max:  85C). 

The  warm  water  of  about  60-65C  is  saved  in  the  hot  water  storage  tank  by  heat  pump  unit  using  refrigerant 
HCFC-22  and  when  there  is  the  demand  of  the  high  temperature  hot  water,  it  is  possible  to  heat  with  a 
supplementary  heater  (4kW)  afterwards,  to  burn  up  to  about  85C.  Moreover,  because  a  supplementary 
heater  is  set  up,  supplying  hot  water  with  a  supplementary  heater  is  enabled  as  emergency  treatment  when 
the  heat  pump  unit  breaks  down. 

4)  The  system  can  operate  the  automatic  reheating  and  the  manual  reheating  in  daytime. 

Whether  the  warm  water  of  about  55C  (correspond  to  the  amount  of  the  hot  water  of  about  2/3  at  the  hot 
water  setting  temperature:  65C)  is  always  kept  by  "  Automatic  reheating  switch  on  the  system  controller 
or  the  warm  water  of  about  55C  is  kept  by  "  Manual  reheating  switch  "  can  be  selected  for  corresponding 
also  in  case  of  hot  water  shortage  at  daytime. 

5)  The  ice  thermal  storage  tank  and  the  hot  water  storage  tank  can  be  set  up  in  the  house  below  the  floor  level. 

Because  the  ice  thermal  storage  tank  and  the  hot  water  storage  tank  of  this  system  are  set  up  after 
foundation  construction  of  the  newly  built  house,  the  space  below  the  floor  level  that  is  dead-space  so  far 
can  be  effectively  used. 

6)  Adopting  pipes  made  from  plastic  can  be  up  the  efficiency  in  the  connection  between  each  unit. 

Replacing  the  past  copper  pipes  to  the  polybutene  plastic  tube  with  the  heat  insulation  material  becomes 
some  merit.  The  first  merit  is  that  the  polybutene  plastic  has  both  heat-resistance  (the  highest  use 
temperature:  90C)  and  flexibility.  The  second  merit  is  making  construction  efficiency  up,  because  there  is 
no  need  to  connect  pipes  between  each  unit  on  the  way,  and  melting  and  connecting  the  polybutene  joints 
only  in  each  unit  entrance  can  connect  between  each  unit. 

2.2  System  Configurations 

This  system  is  composed  by  heat  pump  unit,  tank  unit  and  indoor  unit.  The  heat  pump  unit  is  constituted  from 
heat  source  unit  and  pump  unit  and  has  two  functions  of  air  conditioning  and  supplying  hot  water.  And  the 
system  is  separated  to  3  circuit,  heat  source  circuit,  thermal  storage  and  air  conditioning  circuit,  supplying  hot 
water  storage  circuit  as  showed  Fig.l.  In  this  system  cooling  and  heating  is  done  indirectly,  and  heat  medium 
inside  heat  source  circuit  is  refrigerant  HCFC-22,  heat  medium  inside  the  thermal  storage  and  air  conditioning 
circuit  is  brine  (ethylene  glycol  solution  30wt%)  and  heat  medium  inside  the  hot  water  storage  is  water.  And 
heat  transfers  from  HCFC-22  to  brine  and  from  HCFC-22  to  water  through  double  tube  heat  exchanger  for 
thermal  storage  and  air  conditioning  and  hot  water  storage.  This  system  can  operate  the  hot  water  storage  mode 
at  nighttime  to  store  thermal  energy  to  use  for  supplying  hot  water  at  daytime  and  operate  the  thermal  storage 
mode  at  nighttime  to  store  thermal  energy  to  use  for  air  conditioning  at  daytime.  So  that  this  system  can  shift  a 
part  of  load  at  daytime  to  load  at  nighttime. 

2.3  Heat  Pump  Unit 

The  heat  pump  unit  used  for  this  system  is  composed  by  the  heat  source  unit  (air  heat  source  type  heat  pump, 
standard  cooling  capacity  4.2kW,  refrigerant  HCFC-22)  and  the  pump  unit  which  provides  with  the  hot  water 
pump,  brine  pump,  switching  valves,  etc. 

First,  the  heat  source  unit  provides  with  three  heat  exchangers.  One  is  heat  exchanger  between  refrigerant  and 
air,  adopted  fin  and  tube  (called  air  heat  exchanger).  One  is  heat  exchanger  between  refrigerant  and  brine, 
adopted  double  for  air  conditioning  tubes  (called  brine  heat  exchanger).  The  other  one  is  heat  exchanger 
between  refrigerant  and  hot  water  adopted  double  tubes  with  the  leakage  detection  tube  for  hot  water  storage 
(called  hot  water  heat  exchanger).  Moreover,  the  heat  source  unit  provides  with  4-way  reversing  valves,  2-way 
reversing  valves,  and  the  temperature  type  expansion  valves  to  switch  the  refrigerant  circuit  to  each  running 
mode. 

On  the  other  hand,  the  pump  unit  on  the  thermal  storage  and  the  air  conditioning  circuit  side  provides  with  the 
brine  pump,  the  fixed  flow  quantity  valve,  and  3-way  reversing  valve  for  circulating  brine,  controlling  flow 
quantity  and  switching  the  circuits.  And  the  pump  unit  on  hot  water  storage  circuit  side  provides  with  the  hot 
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water  pump,  the  pressure  type  control  valve,  the  flow  control  valve,  and  the  supplementary  heater  (4kW)  for 
circulating  water,  controlling  flow  quantity  and  heating  to  supplement.  In  this  system,  the  fixed  flowing  quantity 
valve  keeps  constant  flow  quantity  of  brine  to  thermal  storage  tank  in  the  thermal  storage  mode  at  nighttime 
using  thermal  storage  and  air  conditioning  circuit,  not  concerned  with  presence  of  air  conditioning  demand  in 
indoor  unit.  And  the  pressure  type  control  water  valve  mechanically  controls  flow  quantity  of  water  into  heat 
exchanger  between  refrigerant  and  hot  water  by  detecting  condensing  pressure  in  heat  source  unit  to  get  hot 
water  of  about  60-65 C. 

2.4  Tank  Unit 

There  are  two  types  of  tank,  the  tank  for  thermal  storage  and  the  tank  for  the  hot  water  storage.  They  are  both 
made  from  polybutene  plastic  and  the  content  product  is  380  liters  per  one.  And  they  can  be  put  the  side  on  the 
foundation  below  the  floor  level  of  the  newly  built  house,  so  the  space  below  the  floor  level  that  is  dead-space 
so  far  can  be  effectively  used.  About  7,000  thermal  storage  capsules,  made  from  polyethylene  of  40mm  in  the 
diameter,  are  enclosed  in  a  thermal  storage  tank.  Both  water  as  thermal  storage  material  and  sub-cooling 
prevention  material  are  enclosed  internally  in  the  thermal  storage  capsules. 

In  the  ice  thermal  storage  mode  between  the  nights  of  summer,  the  low  temperature  brine  obtained  with  the  heat 
source  unit  is  transported  to  the  thermal  storage  tank.  And  the  low  temperature  brine  flows  in  the  space  surround 
the  thermal  storage  capsules  enclosed  in  the  ice  thermal  storage  tank  and  absorbs  heat  from  water  in  the  thermal 
storage  capsules,  so  water  is  cooled.  Finally,  thermal  energy  of  85,500kJ  for  one  in  the  thermal  storage  tank  is 
saved  by  running  the  ice  thermal  storage  mode  until  Ice  Packing  Factor  (volume  ratio  of  amount  of  ice  in  the 
thermal  storage  tank  to  the  tank  content  product)  becomes  about  60  vol%.  On  the  other  hand,  in  the  ice  thermal 
storage  mode  between  the  nights  of  winter,  the  high  temperature  brine  obtained  with  the  heat  source  unit  is 
transported  to  the  thermal  storage  tank.  Finally,  thermal  energy  of  19,100kJ  for  one  in  the  thermal  storage  tank 
is  stored  by  running  the  thermal  storage  mode  until  temperature  of  brine  in  the  thermal  storage  tank  outlet 
becomes  about  52C. 

Moreover,  to  evade  the  mixture  phenomenon  of  the  temperature  stratification  in  the  hot  water  storage  tank 
setting  horizontally,  exactly  to  control  the  thickness  of  the  mixture  layer  the  header  for  attenuating  water 
velocity  is  set  up  at  the  water  supply  entrance  to  the  hot  water  storage  tank. 

2.5  Indoor  Unit 

As  the  indoor  unit,  fan  coil  unit  is  adopted  and  2  way  reversing  valve  (ON-OFF  control)  is  set  up  in  each  fan 
coil  unit  for  the  plural  installation.  The  type  of  fan  coil  unit  includes  the  ceiling  built-in  type  for  Japanese-style 
room  and  the  floor  putting  type. 

3.  CYCLE  CONTROL  SPECIFICATION  OF  THE  DEVELOPING  SYSTEM 

3.1  Running  Mode 

This  system  can  operate  the  hot  water  storage  mode  at  nighttime  to  store  thermal  energy  to  use  for  supplying  hot 
water  at  daytime  and  operate  the  thermal  storage  mode  at  nighttime  to  store  thermal  energy  to  use  for  air 
conditioning  at  daytime.  So  this  system  has  some  running  modes  for  the  combination  of  the  following  items. 
Running  time  zone  ...  nighttime  (23:00-6:59) ,  daytime  (7:00-22:59) 

Running  mode  ...  1)  Ice  thermal  storage  &  hot  water  storage  mode 
2)  Ice  thermal  storage  mode,  3)  Cooling  mode 

4)  Thermal  Storage  &  hot  water  storage  mode 

5)  Thermal  Storage  mode,  6)  Heating  mode,  7)  Hot  water  storage  mode 

3.2  Control  Specification 

The  outline  of  control  specification  of  the  system  showed  is  shown  below  with  cycle  chart  of  each  running 
mode. 

1)  Ice  thermal  storage  &  hot  water  storage  mode  at  nighttime  (Fig.  1) 

In  heat  pump  unit,  hot  water  heat  exchanger  works  as  condenser  and  brine  heat  exchanger  works  as 
evaporator.  Then  brine  cooled  by  brine  heat  exchanger  is  circulated  by  brine  pump  and  water  inside  thermal 
storage  capsules  in  thermal  storage  tank  is  frozen  to  ice  by  the  cold  brine  to  store  ice  thermal  energy. 
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On  the  other  hand,  hot  water  (max:  65C)  heated  by  hot  water  heat  exchanger  using  waste  heat  is  circulated  by 
hot  water  pump  and  stored  to  hot  water  storage  tank.  (This  running  mode  is  completed  at  return  temperature 
from  the  hot  water  storage  tank  S2  >  40C) 

2)  Ice  thermal  storage  mode  at  nighttime  (Fig.  2) 

In  heat  pump  unit,  air  heat  exchanger  works  as  condenser  and  brine  heat  exchanger  works  as  evaporator. 
Then  brine  cooled  by  brine  heat  exchanger  is  circulated  by  brine  pump  and  the  cold  brine  freezes  water  inside 
thermal  storage  capsules  in  thermal  storage  tank  to  store  ice  thermal  energy.  (This  running  mode  is  completed 
at  return  temperature  from  the  thermal  storage  tank  SI  <  -6C) 

3)  Cooling  mode  at  daytime 
*Cooling  mode  A  at  daytime  (Fig.  3) 

First,  if  there  is  certain  thermal  energy  in  thermal  storage  tank  (return  temperature  from  the  thermal  storage 
tank  S1<7C),  heat  pump  unit  is  not  run  and  brine  is  circulated  by  brine  pump  to  transport  the  cold  brine  in 
thermal  storage  tank  to  indoor  units  for  cooling.  (This  running  mode  is  completed  at  return  temperature  from 
the  thermal  storage  tank  SI  >  7C) 

♦Cooling  mode  B  at  daytime  (Fig.  4) 

After  that,  if  there  is  uncertain  thermal  energy  in  thermal  storage  tank  (return  temperature  from  the  thermal 
storage  tank  SI  >7C),  heat  pump  unit  starts  to  run  and  brine  cooled  by  brine  heat  exchanger  is  circulated  by 
brine  pump  to  transport  the  cooled  brine  to  indoor  units  for  cooling. 

In  heat  pump  unit,  hot  water  heat  exchanger  works  as  condenser  and  brine  heat  exchanger  works  as 
evaporator.  So  the  system  can  recover  waste  heat,  namely  the  system  can  achieve  using  waste  heat  in  the 
cooling  mode  at  daytime  to  store  hot  water  in  hot  water  storage  tank  and  can  run  the  cooling  mode  in  indoor 
units  simultaneously. 

4)  Thermal  storage  &  hot  water  storage  mode  at  nighttime  (Fig.5) 

In  heat  pump  unit,  brine  heat  exchanger  works  as  condenser  and  air  heat  exchanger  works  as  evaporator. 
Then  brine  heated  by  brine  heat  exchanger  is  circulated  by  brine  pump  and  the  hot  brine  heats  water  inside 
thermal  storage  capsules  in  thermal  storage  tank  to  store  thermal  energy. 

On  the  other  hand,  hot  water  (max:  85C)  heated  by  a  supplementary  heater  is  circulated  by  hot  water  pump 
and  stored  to  hot  water  storage  tank.  (This  running  mode  is  completed  at  return  temperature  from  the  hot 
water  storage  tank  S2  >  65C) 

5)  Thermal  storage  mode  at  nighttime  (Fig.  5) 

In  heat  pump  unit,  brine  heat  exchanger  works  as  condenser  and  air  heat  exchanger  works  as  evaporator. 
Then  brine  heated  by  brine  heat  exchanger  is  circulated  by  brine  pump  and  the  hot  brine  heats  water  inside 
thermal  storage  capsules  in  thermal  storage  tank  to  store  thermal  energy.  (This  running  mode  is  completed  at 
return  temperature  from  the  thermal  storage  tank  SI  >52C) 

6)  Heating  mode  at  daytime 
♦Heating  mode  A  at  daytime  (Fig.  3) 

First,  if  there  is  certain  thermal  energy  in  thermal  storage  tank  (return  temperature  from  the  thermal  storage 
tank  S1>40C),  heat  pump  unit  is  not  run  and  brine  is  circulated  by  brine  pump  to  transport  the  hot  brine  in 
thermal  storage  tank  to  indoor  units  for  heating.  (This  running  mode  is  completed  at  return  temperature  from 
the  thermal  storage  tank  SI  <  40C) 

♦Heating  mode  B  at  daytime  (Fig.  6) 

After  that,  if  there  is  uncertain  thermal  energy  in  thermal  storage  tank  (return  temperature  from  the  thermal 
storage  tank  SI  <40C),  heat  pump  unit  starts  to  run  and  brine  heated  by  brine  heat  exchanger  is  circulated  by 
brine  pump  to  transport  the  hot  brine  to  indoor  units  for  heating. 

7)  Hot  water  storage  mode 

*  Hot  water  storage  mode  A  at  nighttime  (Fig.  7) 

In  heat  pump  unit,  hot  water  heat  exchanger  works  as  condenser  and  air  heat  exchanger  works  as  evaporator. 
Then  hot  water  heated  by  brine  heat  exchanger  is  circulated  by  hot  water  pump  and  hot  water  is  poured  into 
top  of  the  hot  water  storage  tank.  And  heat  pump  unit  is  run  until  return  temperature  from  the  hot  water 
storage  tank  S2  becomes  over  40C. 
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Heat  pump  unit  Tank  unit  Indoor  unit 


Fig.l.  Chart  of  cycle  of  the  ice  thermal  storage  &  hot  water  storage  mode  at  nighttime 


Heat  pump  unit  Tank  unit  Indoor  unit 


Fig.2.  Chart  of  cycle  of  the  ice  thermal  storage  mode  at  nighttime 


Heat  pump  unit  Tank  unit  Indoor  unit 


Fig.3.  Chart  of  cycle  of  the  cooling  mode  A  at  daytime  and  the  heating  mode  A  at  daytime 


Fig.5.  Chart  of  cycle  of  the  thermal  storage  &  hot  water  storage  mode  at  nighttime 


*  Hot  water  storage  mode  B  at  nighttime  (hot  water  storage  cycle  of  Fig.5  ) 

I?  temperature  of  supplying  hot  water  is  equal  to  85C,  after  hea,  pump  unt,  stops  running,  us  ng  a 

supplementary  heater  creates  ho,  water  of  about  85C  and  the  ho.  water  is  stored  to  ho  water  forage  tank, 
then  this  running  mode  is  completed  at  return  temperature  from  the  hot  water  storage  tank  S2  _  65C. 
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Heat  pump  unit  Tank  unit  Indoor  unit 


Fig.7.  Chart  of  cycle  of  the  hot  water  storage  mode  A  at  nighttime 


4.  RUNNING  CHARACTERISTIC  OF  THE  DEVELOPING  SYSTEM 
4.1  Characteristic  of  the  Heating  and  Supplying  Hot  Water  Mode 

The  authors  set  up  this  developing  system  in  a  general  house  at  the  end  of  1998  and  have  run  the  system  in 
winter  (Shiga  Pref.  in  Japan  on  February  23,  1999).  Fig.8-10  shows  one  example  of  the  result  of  operating  the 
system  in  a  general  house. 


Tim  e  (hh  :m  m  ) 

Fig.8.  Time  history  of  temperature  and  electric  power  consumption  related  to  hot  water  storage  cycle 


Tim  e  (hh:mm) 

Fig.9.  Time  history  of  temperature  and  electric  power  consumption  related  to  heat  pump  cycle 
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In  addition,  the  average  of  electric  power  consumption  and  the  amount  of  electric  power  consumption  at 
nighttime  and  daytime  in  winter  (from  February  to  March,  1999)  are  shown  in  Table  1  as  the  result  of  arranging 
each  unit  of  the  system. 


Table  1.  Results  of  amount  of  electric  power  consumption  of 
heating  and  supplying  hot  water  in  winter  (1999/2-3) 


Nighttime 

Daytime 

Sum.  of  day 

Heat  pump  unit 

6.93  (kWh) 

10.14  (kWh) 

17.07  (kWh) 

16.4% 

24.0% 

40.5% 

Heater  for  supplying 

hot  water 

16.38  (kWh) 

4.62  (kWh) 

21.00  (kWh) 

38.8% 

11.0% 

49.8% 

Pump  unit 

0.68  (kWh) 

1.92  (kWh) 

2.60  (kWh) 

1.6% 

4.5% 

6.2% 

Indoor  uint 

0.08  (kWh) 

1.43  (kWh) 

1.51  (kWh) 

0.2% 

3.4% 

3.6% 

Total  of  the  system 

24.07  (kWh) 

18.11  (kWh) 

42.18  (kWh) 

57.1  % 

42.9% 

100.0% 

The  following  were  clarified  from  these. 

1)  The  amount  of  electric  power  consumption  at  nighttime  was  24.1  kWh/day,  amount  of  electric  power 
consumption  at  daytime  was  18.1  kWh/day  in  the  average  of  this  period.  Then  load  shifting  ratio  from 
daytime  to  nighttime  becomes  about  57%,  so  that  we  can  say  that  the  developing  system  is  effective  to 
make  the  electric  power  load  uniform  though  operating  period  of  the  system  is  heating  period  in  winter. 

2)  Because  there  is  no  problem  on  thermal  environment  of  indoor  in  running  heating,  we  think  that  the 
developing  system  obtains  the  prospect  in  heating  capacity  and  indoor  amenity. 

3)  The  amount  of  electric  power  consumption  of  the  heater  for  supplying  hot  water  occupied  by  about  50%  of 
the  whole  and  it  proved  to  be  over  the  amount  of  electric  power  consumption  of  heat  pump  unit.  It  is  a 
factor  that  reheating  time  of  supplying  hot  water  became  long,  because  the  number  of  the  family  became 
seven  persons  more  than  four  persons  of  standard  set  number,  then  the  amount  of  supplying  hot  water 
increased. 

4)  The  supplementary  heating  function  using  an  electric  heater  enables  to  supply  the  hot  water  of  high 
temperature.  However,  the  amount  of  electric  power  consumption  increases  because  the  time  of  using  the 
electric  heater  becomes  long  when  the  amount  of  supplying  hot  water  increases.  Therefore,  it  was  clarified 
that  the  use  condition  (region  and  number  of  persons  of  the  family,  etc.)  for  this  system  to  improve  merit 
exist. 


850 


5.  CONCLUSION 


This  paper  reported  the  outline  of  the  ice  thermal  storage  type  air  conditioning  and  supplying  hot  water  system 
using  thermal  energy  storage  technology  for  the  house,  now  developing,  and  a  part  of  the  result  that  we 
examined  actual  running  characteristics  of  the  development  system  in  a  general  house.  Though  there  are  some 
problems  in  the  practical  use  of  the  ice  thermal  storage  system  which  has  the  function  of  air  conditioning  for  the 
house  and  supplying  hot  water,  we  think  that  this  system  has  the  possibility  of  practical  use  from  the  heating 
examination  result  at  this  time. 
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ABSTRACT.  This  paper  has  dealt  with  melting  heat  transfer  characteristics  of  ice  water  slurry  in  an  inside  tube 
of  horizontal  double  tube  heat  exchanger  in  which  hot  water  circulated  in  an  annular  gap  between  the  inside  and 
outside  tubes.  In  this  study,  two  kinds  of  heat  exchangers  were  used;  one  is  made  of  acrylic  resin  tube  for  flow 
visualization  and  the  other  is  made  of  stainless  steel  tube  for  melting  heat  transfer  measurement.  The  result  of 
flow  visualization  revealed  that  ice  particles  flowed  along  the  top  of  inside  tube  in  the  ranges  of  small  ice 
packing  factor  and  small  ice  water  slurry  velocity,  while  ice  particles  diffused  into  the  whole  of  tube  and  flowed 
like  a  plug  built  up  by  ice  particles  for  large  ice  packing  factor  and  high  velocity.  Moreover,  it  was  found  that 
the  flowing  ice  plug  was  separated  into  numbers  of  small  ice  clusters  by  melting  phenomenon.  Experiments  of 
melting  heat  transfer  were  carried  out  under  some  parameters  of  ice  packing  factor,  ice  water  slurry  velocity  and 
hot  water  temperature.  Consequently,  the  correlation  equation  of  melting  heat  transfer  was  derived  as  a  function 
of  those  experimental  parameters. 

1.  INTRODUCTION 

Recently,  a  thermal  energy  storage  systems  for  air  conditioning  has  been  developed  actively  for  the  purpose  of 
saving  energy  and  reducing  the  peak  electrical  demand  in  the  daytime  during  summer.  In  particular,  a  great  deal 
of  attention  has  been  paid  to  the  ice  thermal  energy  storage  system  since  it  would  be  beneficial  to  be  able  to 
utilize  the  large  latent  heat  of  melting  ice.  A  number  of  investigations  of  ice  thermal  energy  storage  systems  [1] 
have  been  carried  out,  such  as  static  ice  storage  system  in  which  ice  is  formed  on  the  cooling  coil  surface  in  a 
thermal  energy  storage  vessel  using  excess  electric  power  supply  during  the  night  time,  and  the  storaged  ice  is 
utilized  for  air  conditioning  load  during  the  day  time.  In  this  common  ice  thermal  storage  system,  a  cooled  water 
is  used  as  a  transportation  medium  of  cold  thermal  energy  from  the  thermal  storage  vessel  to  heat  exchanger  of 
air  conditioner.  However,  the  freezing  heat-transfer  performance  decreases  as  time  elapses,  because  the  ice  layer 
developed  on  the  cooling  coil  results  in  an  increase  in  thermal  resistance  for  ice  formation.  As  a  solution  to  this 
problem,  a  thermal  energy  storage/transport  system  with  ice  water  slurry  has  been  considered  [2-4],  This  system 
has  some  merits,  in  which  the  heat  transfer  performance  is  more  efficient,  and  the  transported  thermal  energy 
with  latent  heat  from  the  heat  storage  vessel  to  the  heat  exchanger  is  larger  than  that  of  the  common  chilled 
water  transport  system.  It  is  required  to  clarify  fundamental  heat  transfer  mechanism  of  ice  water  slurry  under 
various  conditions,  for  advanced  thermal  energy  storage  system  in  a  district  air  cooling. 

The  objective  of  the  present  study  is  to  investigate  the  heat  transfer  characteristics  of  flowing  ice  water  slurry  in 
a  straight  pipe,  and  thus  to  provide  fundamental  information  for  the  new  ice  thermal  energy  storage  system. 

2.  EXPERIMENTAL  APPARATUS  AND  PROCEDURE 

The  schematic  diagram  of  experimental  apparatus  is  shown  in  Fig.l.  The  apparatus  fundamentally  consists  of  a 
test  section,  an  ice  water  slurry  tank,  a  hot  water  circulating  loop,  and  associated  measuring  instruments.  The 
test  section  is  a  horizontal  double  tube  heat  exchanger  of  2,000  mm  in  length  with  an  entrance  section  of  800 
mm  in  length.  Ice  water  slurry  flows  in  an  inside  tube  of  the  heat  exchanger  and  hot  water  circulates  in  an 
annular  gap  between  the  inside  and  outside  tubes.  In  this  study,  two  kinds  of  heat  exchangers  are  used,  one  is 
made  of  acrylic  resin  tube  (inner  diameter  of  inside  tube:  d;=14  mm,  inside  tube  thickness:  t,=2.0  mm,  inner 
diameter  of  outside  tube:  d0  =  37  mm,  outside  tube  thickness  :  to=3.0  mm)  for  flow  visualization  and  the  other  is 
made  of  stainless  steel  tube  (dj=14  mm,  tpl.65  mm,  d0  —  37.1  mm,  to=2.8  mm)  for  melting  heat  transfer 
measurement.  The  ice  water  slurry  tank,  which  is  covered  with  insulation  material,  is  500  mm  in  height  and  500 
X  500  mm  in  cross  section  with  stainless  steel  plate  of  2  mm  in  thickness.  An  agitator  is  set  in  the  ice  water 
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slurry  tank  to  mix  water  and  ice  particles  for  getting  prescribed  ice  water  slurry  which  has  uniform  ice  packing 
factor  in  the  test  section  inlet. 

In  this  study,  ice  packing  factor  (EPF  =  volume  of  ice  /  volume  of  ice  water  slurry)  of  ice  water  slurry  is  very 
important  factor,  so  an  IPF  controller  and  an  EPF  measuring  device  are  used.  EPF  controller,  which  is  a  double 
tube,  is  shown  in  Fig.2.  Water  flows  out  from  ice  water  slurry  in  the  inside  tube  of  the  EPF  controller  through 
small  holes  of  1  mm  in  diameter  to  an  annular  gap  between  the  inside  and  outside  tubes.  IPF  of  ice  water  slurry 
in  the  inside  tube  is  controlled  with  water  out  valve. 

For  measuring  IPF  of  ice  water  slurry,  the  electric  conductivity  method  is  chosen  in  this  experiment.  It  is  a 
method  using  a  principle  that  the  electric  conductivity  of  mixture  depends  on  the  packing  rate  of  the  components 
of  the  mixture.  The  electrical  conductivity  of  ice  (c,=10'7~10'8  S/m)  shows  great  difference  from  that  of  water 
(tap  water,  ctw=5  X  10'3~1.2  X  10'2  S/m) ,  therefore  EPF  can  be  accurately  measured  using  this  method.  Figure  3 
shows  the  detail  of  the  EPF  measuring  device.  It  consists  of  an  electrode  for  ice  water  slurry,  an  electrode  for 
water,  an  electric  power  supply,  and  measuring  instruments.  The  electrode  for  water  is  used  to  correct  the 
difference  of  the  electric  conductivity  of  water  itself.  Considering  the  balance  between  the  resistance  rate  of  the 
ice  water  slurry  and  that  of  water,  the  theoretical  IPF  is  obtained  by  solving 
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the  following  Maxwell’s  equation  [5]. 


IFF  =  {  [  (Ymix/Yw)  -1  ]  /  [  (Ymix/Yw)  +  0.5  ]  }  X100  (1) 

Where  Yw  is  resistance  rate  of  water  which  is  reciprocal  of  electrical  conductivity  cw,  Ymix  is  that  of  ice  water 
slurry.  However,  the  Maxwell’s  equation  is  the  theoretical  one  based  on  that  ice  particle  is  spherical,  so  the 
relationship  between  Ymix/Yw  and  IPF  is  determined  as  shown  in  Fig.4.  As  a  result,  the  following  equation  is  used 
to  determine  EPF  of  the  ice  water  slurry  in  this  experiment. 

IPF  =  {  A  +  Bx  [(Ymix/Yw)  -  1]  /  [(Ymix/Yw)  +  0.5]  }  x  100  (2) 

A=- 0.0016,  B=l.l 

The  velocity  of  ice  water  slurry  in  the  test  section  is  controlled  by  a  vortex  pump  with  an  inverter. 
Thermocouples  (C.A.:  0.1  mm  O.D.)  are  set  in  the  test  section  to  measure  both  the  inlet  and  outlet  temperature 
of  the  ice  water  slurry  and  the  hot  water.  Mean  diameter  of  ice  particles,  which  are  made  by  rotary  ice  slicer  in 
this  experiment,  is  1.20  mm.  Figure  5  shows  the  distribution  of  ice  particle  diameter. 

The  experiments  are  performed  using  the  following  procedure.  Ice  particles  are  mixed  with  water  in  the  ice 
water  slurry  tank.  After  controlled  EPF  and  velocity  of  ice  water  slurry,  it  is  passed  through  the  test  section  and 
heated  by  hot  water.  The  amount  of  melting  heat  transferred  from  hot  water  to  ice  water  slurry  is  calculated  with 
the  difference  between  the  inlet  and  outlet  temperature  of  hot  water.  In  addition,  the  behavior  of  the  ice  particles 
passed  through  the  test  section  is  recorded  by  a  video  camera  using  the  test  section  for  flow  visualization. 
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For  the  present  experiment,  the  ice  water  slurry  velocity,  ub  ranged  from  0.15  to  0.6  m/s,  the  IPF  of  ice  water 
slurry  at  the  test  section  inlet,  IPF  to,  between  0  and  15%,  the  hot  water  temperature.  Thin,  between  20  and  30  °C, 
and  the  hot  water  velocity,  uh=0.35  m/s. 


Fig.  3.  Detail  of  IPF  measuring  device  FiS- 4-  Relationship  Y-A.  «■">  IpF 
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Fig.  5.  Diameter  of  ice  particle 
3.  RESULTS  AND  DISCUSSIONS 
Flow  and  Melting  Characteristics  of  Ice  Particles 

To  investigate  transport  characteristics  of  the  ice  water  slurry,  it  is  particular  interest  to  determine  distribution  of 
the  ice  particles  in  the  pipe.  Figure  6  presents  typical  flow  pattern  of  the  ice  particles  in  the  pipe  for  ice  water 
slurry  velocity  u;  =  0.2  m/s.  In  the  case  of  EPF  =  5  %,  the  ice  particles  flow  almost  perfectly  in  the  upper  part  of 
the  pipe  along  the  inner  surface  (floating  ice  flow)  because  of  its  buoyancy.  As  IPF  increases,  it  is  observed  that 
ice  particles  diffuse  into  the  whole  of  the  pipe  and  flow  like  a  plug  built  up  by  ice  particles.  In  this  experiment, 
for  u;  =  0.15-0.6  m/s,  approximately  the  same  phenomenon  is  observed  as  compared  with  that  for  u*  =  0.2  m/s. 

Figure  7  shows  the  melting  characteristics  of  ice  particles  in  the  pipe  under  condition  that  IPF  in  the  pipe  inlet 
:EPF  „  =  5  %,  velocity  of  ice  water  slurry:  u;  =  0.2  m/s,  hot  water  temperature,  T^  =  20  °C.  As  shown  in  Fig.7, 
the  flowing  ice  layer  becomes  thin  and  it  is  separated  into  numbers  of  small  ice  clusters  by  melting 
phenomenon.  In  addition,  it  is  observed  that  the  small  clusters  tend  to  rotate  along  the  inner  surface  of  the  pipe 
as  shown  in  Fig.7(d).  The  reasons  for  these  phenomena  may  be  considered  that  a  drag  force,  which  is  based  on 
the  difference  of  the  ice  water  slurry  velocity  distribution  in  the  pipe,  acts  on  the  ice  clusters. 
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Effects  of  Ice  Water  Slurry  Velocity  on  Exchaneed  Heat  and  Overall  Heat  Transfer  Coefficients 
Figure  8  presents  the  effects  of  ice  water  slurry  velocity,  u; ,  on  exchanged  heat  between  ice  water  slurry  and  hot 
water,  Q.  The  ordinate  also  denotes  IPF  of  ice  water  slurry  in  the  pipe  outlet,  IPFout.  In  addition.  Figure  9  shows 
relationship  between  overall  heat  transfer  coefficients,  K,  and  ice  water  slurry  velocity, U;.  The  overall  heat 
transfer  coefficients,  K,  is  defined  in  the  following  equations. 


K  =  Q  /  LA 

(3) 

AT  =  (AT;,,  -  AT0Ut)  /  lnCATu/AToJ 

(4) 

1 

1 

H 

II 

.9 

% 

(5) 

ATout  —  Tfljin  -  T;out 

(6) 

where  L:  length  of  pipe,  T^:  temperature  of  hot  water  at  inlet,  T^  and  Tiout:  temperature  of  ice  water  slurry  at 
inlet  and  outlet.  As  shown  in  figures,  Q  and  K  increase  with  increasing  in  ice  water  slurry  velocity,  u;.  For  small 
ice  water  slurry  velocity  (  us  <0.3  m/s),  Q  and  K  of  ice  water  slurry  show  larger  values  than  that  of  water 
(EPFin=0%).  This  fact  is  explained  by  considering  that  turbulence  in  the  thermal  boundary  layer  due  to  ice 
particles  and  latent  heat  of  ice  melting  effect  heat  transfer  coefficients  between  the  pipe  and  ice  slurry  water.  On 
the  other  hand,  for  large  ice  water  slurry  velocity,  the  thermal  boundary  layer  becomes  thin.  In  addition,  the  heat 
transfer  due  to  forced  convection  increases  with  increasing  in  velocity,  therefore  the  effects  of  melting  heat 
transfer  decreases  relatively.  As  a  result,  Q  and  K  at  IPF  ^  =5-10  %  become  almost  same  values  of  that  water. 


(%> 
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Fig.  8.  Relationship  between  Q,  IPFoot  and 
uI(Thin=20°C) 


Fig.  9.  Relationship  between  K  and  Ui 
(Thm=20°C) 


Effects  of  IPF  on  Exchanged  Heat  and  Overall  Heat  Transfer  Coefficients 

Figure  10  shows  the  relationship  between  exchanged  heat,  Q,  IPF  of  ice  water  slurry  at  outlet  of  the  pipe,  EPFouti 
and  EPF  of  ice  water  slurry  at  inlet  of  the  pipe,  IPF  for  hot  water  temperature  T^  =  20,  25,  30  °C,  respectively. 
Figure  1 1  represents  overall  heat  transfer  coefficient,  K.  It  is  seen  in  the  figures,  Q,  and  K  increase  with  an 
increase  in  EPF  However  the  increasing  rate  of  Q,  and  K  are  not  same  for  each  Thin.  In  the  case  of  Thin  =  20  °C 
,  the  increasing  rate  increases  with  increasing  in  IPF  This  fact  is  explained  by  considering  that  the  contact  area 
between  ice  particles  (ice  cluster)  and  inner  surface  of  the  pipe  increases  in  an  increase  in  EPF  in  as  shown  in 
Fig.6.  The  increasing  rate  for  Thin  =  25  and  30  °C  is  smaller  than  that  for  Thm  =  20  °C  at  EPFin=I0~15  %.  On  the 
other  hand,  in  the  case  of  IPF  ^=0-5  %,  it  increases  with  increasing  in  Th;n.  These  phenomena  can  be  explained 
by  the  fact  as  follows.  As  hot  water  temperature  rises,  melting  of  ice  particles  becomes  fast  and  contact  area 
between  ice  particles  and  inner  surface  of  the  pipe  decreases.  Therefore,  the  tendency  of  increasing  rate  shows 
mentioned  above  at  IPF  h,  =10-15  %.  In  the  case  of  EPF  ln=0~5  %,  ice  particles  melt  perfectly  in  the  pipe  for  TMn 
=  20-30  °C  as  shown  in  the  figures,  so  the  effects  of  ice  particles  become  small.  Q  increases  with  increasing  in 
the  difference  between  hot  water  temperature  and  ice  water  slurry  temperature,  which  depends  on  hot  water 
temperature,  Thil,. 
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Effects  of  Hot  Water  Temperature  on  Exchanged  Heat  and  Overall  Heat  Transfer  Coefficients 

Figures  12  and  13  show  the  effects  of  hot  water  temperature,  Thu,,  for  IPF  of  ice  water  slurry  at  inlet,  IPF  ^  =  5, 
10,  15  %,  respectively.  Q,  and  K  increase  with  an  increase  in  Thin  as  shown  in  the  figures.  The  tendency  of  that 
varies  according  to  ice  water  slurry  velocity,  ur  For  small  velocity  (  U;  <  0.3m/s  )  ,  the  increasing  rate  of  Q 
decreases  with  an  increase  in  hot  water  temperature  ,  Thin-  In  the  case  of  small  velocity,  ice  particles  tend  to  melt 
in  the  pipe.  As  hot  water  temperature  rises,  the  distance  from  the  pipe  inlet  to  the  point,  where  ice  particles  melt 
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Fig.  12.  Relationship  between  Q,  IPF0„t  and  T^n 
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Fig.  13.  Relationship  between  K,  IPFont  and  Thin 
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perfectly  in  the  pipe,  decreases.  After  the  point,  there  is  no  effect  of  ice  particles  on  heat  transfer  and  the 
increasing  rate  of  Q  decreases.  On  the  other  hand,  for  large  ice  water  slurry  velocity,  the  increasing  rate  of  Q 
shows  almost  constant  value  because  of  that  is  roughly  the  same  as  the  tendency  of  water  as  shown  in  Figs.  8 
and  9. 

Non-Dimensional  Correlation  for  Overall  Heat  Transfer  Coefficients 

By  correlating  overall  heat  transfer  coefficients  using  some  non-dimensional  parameters,  which  are  obtained 
with  the  experimental  results  mentioned  above,  the  Nusselt  number  Nu*  is  expressed  by  the  following  equation 
within  the  deviation  of  ±8.1%  as  shown  in  Fig.  14. 

Nu*  =  1.91  xRe033IPF  in0085Ste0-34  (7) 

[Re  =1.2x103~4.7x103,  EPF*  =5-15%,  Ste  =0.25-0.38] 


where  Nu*  =  K  IK,  (  K  ■  thermal  conductivity  of  water  )  ,  Re  is  the  Reynolds  number  :  Re  =  u5di  /vw,  (vw: 
kinematic  viscosity  of  water),  Ste  is  Stefan  number:  Ste  =  Cpw(Tj,  -  TO  /  Lj,  (Cpw:  specific  heat  of  water, 
Th=(Thin+Th0Ut)/2,  Ti=(Tiin+Ti0Ut)/2,  Lj  is  latent  heat  of  freezing). 


Fig.  14.  Correlation  of  Nusselt  number  Nu* 

4.  CONCLUSIONS 

Experiments  have  been  carried  out  to  investigate  melting  characteristics  of  ice  water  slurry  in  the  pipe.  The 
following  conclusions  may  be  drawn  within  the  range  of  parameters  covered  in  the  present  study.  (1)  The  flow 
pattern  of  ice  particles  in  a  pipe  varies  depending  on  IPF  ^  within  the  ranged  from  u,=0.15  to  0.6  m/s.  The 
flowing  ice  layer  becomes  thin  and  it  is  separated  into  numbers  of  small  ice  clusters  by  melting  phenomenon.  (2) 
For  small  ice  water  slurry  velocity  (Uj  <0.3  m/s),  exchanged  heat,  Q,  shows  larger  values  than  that  of  water, 
while  for  u*  >0.4  m/s  and  EPF  m<10%,  Q  is  almost  same  as  that  of  water.  (3)  The  increasing  rate  of  Q  for  T^  = 
25  and  30°C  is  smaller  than  that  for  T^  =  20°C  at  EPFm=10~15%.  On  the  other  hand,  in  the  case  of  EPF  ir=0~5%, 
it  increases  with  increasing  in  T^„.  (4)  Useful  non-dimensional  correlation  for  overall  heat  transfer  coefficient  is 
derived  in  terms  of  various  non-dimensional  parameters. 
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ABSTRACT.  In  thermal-energy- storage  systems  that  use  ice  slurry  as  the  working  fluid,  the  shape  and  size  of 
the  crystals  must  be  optimized  during  the  ice  creation  process.  Therefore,  methods  for  preventing  ice  from 
recrystallizing  during  long-term  storage  and  long-distance  transport  should  be  developed.  Here,  for  use  in  ice- 
slurry  systems,  we  studied  two  potential  additives  in  solution  (concentration  of  5mg/ml),  Tween  surfactants  and 
Polyvinyl  Alcohol  (PVA),  and  compared  their  capability  to  inhibit  recrystallization  and  to  inhibit  ice  crystal 
growth  with  that  of  pure  water  and  antifreeze  proteins  (AFPs).  For  Tween,  we  studied  Tween  80,  81,  and  85, 
and  for  PVA,  we  studied  three  different  molecular  weights  (31000-50000,  89000-98000,  and  124000-186000 
separately).  The  inhibition  of  ice  crystal  growth  was  determined  by  optical  microscopy,  and  the  inhibition  of 
recrystallization  by  the  splat  cooling  method.  The  results  showed  that,  among  the  additives  studied  here,  PVA 
of  molecular  weight  31000-50000  was  relatively  more  effective  in  inhibiting  recrystallization  and  had  better 
long-term  solubility  properties,  thus  making  it  a  potential  additive  in  ice-slurry  cold-storage  systems. 

1.  INTRODUCTION 

Thermal  energy  storage  and  transport  systems  that  use  ice  slurry  as  the  working  fluid  have  shown  promising 
characteristics  due  to  their  flowability  and  large  cooling  capacity!  1].  Compared  with  conventional  systems  that 
use  sensible  heat,  ice  slurry  systems  have  a  lower  mass  flow  rate  and  are  more  compact  in  size.  Obtaining  good 
storage  and  transport  characteristics  of  the  ice  slurry  require  optimizing  the  crystal  shape  and  size  during  the  ice 
creation  process.  Furthermore,  methods  for  preventing  ice  from  recrystallizing  during  long-term  storage  and 
long-distance  transport  are  important. 

Antifreeze  proteins  (AFPs),  which  are  found  in  fish  living  in  the  Antarctic  Ocean  who  can  depress  the  freezing 
point  of  their  blood  in  a  non-colligative  manner  [2],  have  been  proposed  as  effective  additives  for  making  ice 
slurry  resistant  to  recrystallization[3,4].  Despite  numerous  studies  on  the  phenomena  and  mechanism  of  AFPs 
produced  in  certain  fish  and  insects  [5],  the  mechanism  remains  unclear,  including  the  role  of  hydrogen  bonding, 
the  interaction  of  the  protein’s  structure  with  ice,  and  possible  hydrophobic  interaction  between  the  protein  and 
water[6].  However,  the  demand  for  inhibiting  recrystallization  and  ice  crystal  growth  is  widespread,  for 
example,  for  expanding  the  shelf  life  of  blood  platelets,  for  increasing  the  efficacy  of  cryosurgery  in  tumors,  for 
producing  freeze-resistant  fish,  and  for  stopping  crystallization  of  frozen  foods.  AFPs  solutions  have  not  yet 
been  used  in  commercially  available  ice-slurry  cold-storage  systems  mainly  because  AFPs  are  relatively 
expensive  and  easily  affected  by  bacterial  degradation.  Therefore,  ice  slurry  systems  need  additives  that  are 
cost-effective  and  are  not  easily  affected  by  bacteria. 

In  this  study,  we  examined  two  groups  of  potential  additives,  Tween  surfactants  and  Polyvinyl  Alcohol  (PVA). 
Firstly  the  ice  crystal  growth  pattern  has  been  determined  by  using  optical  microscopy.  Secondary  we  compared 
the  recrystallization  inhibition  of  these  additives  with  that  of  pure  water  and  AFP  solutions.  The 
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recrystallization  inhibition  ability  was  determined  by  using  the  splat  cooling  method  borrowed  from 
metallurgy [7,8],  because  splat  cooling  method  can  show  the  ice  grains  growth  process  in  detail  after  annealed 
inside  cold  room  with  a  low  temperature.  Recrystallization  is  driven  by  the  need  to  lower  the  free  energy  within 
and  between  adjacent  ice  grains,  and  recrystallization  inhibition  capacity  can  be  reflected  by  the  ice  grains 
growth  ability  or  grains  sizes  after  long  time's  annealing.  If  a  system  consists  of  particles  of  another  substance 
within  the  boundaries  without  liquids,  the  particles  will  inhibit  boundary  migration  to  avoid  increasing  the 
grains’  surface  area,  even  though  these  particles  can  not  inhibit  recrystallization.  Therefore,  when 
recrystallization  inhibition  is  used  as  evidence  for  the  presence  of  antifreeze,  sufficient  salt  or  another  small- 
molecule  solute  is  needed  to  insure  some  liquid  is  present  in  the  system  [8].  Then,  the  effective  additives 
present  in  the  ice/liquid  interface  can  be  adsorbed  onto  the  surface  and  thus  inhibit  crystal  growth  and  inhibit 
variation  in  grain  size.  This  is  the  reason  why  we  added  NaCl  to  the  solutions  in  this  study. 

After  capacities  on  inhibiting  ice  crystal  recrystallization  have  been  determined  from  various  additives,  other 
physical  properties  will  be  also  very  important  to  realize  the  industrial  application.  At  one  paragraph  of  this 
paper,  long  time  solubility  of  different  solutions  has  been  discussed  and  considered  to  be  one  key  factor  to 
choose  the  potential  additives  in  ice-slurry  cold-storage  systems. 

2.  EXPERIMENTAL  MATERIALS 


Pure  Water  and  AFPs 

We  used  pure  water  and  AFP  type  I,  type  III  at  a  5mg/mL  concentration  as  references  to  compare  the  effects  of 
the  Tween  and  PVA  additives. 


Fig.  1  Molecular  structure 


of  Tween  surfactants 


Tween  Surfactants 

Tween  detergents  are  nonionic  surfactants  comprising  a  sorbitan  ring,  alkyl  groups,  and  approximately  20 
ethylene  oxide  units  (Fig.  1)  [9].  For  example.  Tween  80  is  widely  used  in  biochemical  applications,  such  as  in 
the  solubilization  of  proteins,  isolation  of  nuclei  from  cells  in  culture,  growth  of  tubercule  bacilli,  and 
emulsification  and  dispersion  of  substances  in  medicinal  and  food  products.  In  this  study,  we  used  solutions  of 
Tween  80,  Tween  81,  and  Tween  85  at  a  5mg/mL  concentration  containing  0.5  mg/mL  of  NaCl. 


a.  Vinyl  Alcohol  b.  Polyvinyl  Alcohol 

Fig.  2  Molecular  structure  of  vinyl  alcohol  and  PVA 
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Polvvinvl  Alcohol  (PVA) 

PVA  is  a  polymer  made  from  vinyl  alcohol.  When  many  vinyl  alcohol  monomers  are  linked  together,  a  long 
polymer  molecule  is  formed.  Different  lengths  of  the  polymer  molecule  will  induce  different  molecular 
weights.  Here,  we  used  solutions  of  PVA  at  three  different  molecular  weights  (31000-50000,  89000-98000,  and 
124000-186000  separately)  at  a  5mg/mL  concentration  containing  0.5  mg/mL  of  NaCl.  Fig.2  shows  a 
representative  segment  of  the  structure  of  a  PVA  polymer  molecule.  The  PVA  molecule  consists  of  a  long  chain 
of  carbon  atoms  to  which  hydrogen  atoms  and  OH  groups  are  attached.  The  OH  groups  are  considered  to  be  the 
latent  ability  to  interact  with  ice  surface  by  hydrogen  bonding!  10]. 

3.  ICE  CRYSTAL  GROWTH  OBSERVATION  BY  OPTICAL  MICROSCOPY 


Imaging  the  growth  pattern  of  ice  crystals  for  the  different  solutions  of  additives  was  easily  achieved  by  using 
optical  microscopy  (Fig.3).  The  temperature  of  the  solution  was  controlled  by  an  ethanol  flow.  To  decrease  the 
heat  flux  between  the  solution  and  atmosphere  and  to  minimize  the  temperature  gradient  inside  the  solution,  the 
experimental  apparatus  was  set  in  a  cold  room  at  273K  or  lower.  The  solution  temperature  was  measured  by 
using  a  thermistor.  Crystal  growth  was  initiated  by  inserting  a  seed  ice  crystal  in  a  steady-state  supercooled 
solution.  Color  images  of  the  ice  crystal  patterns  were  obtained  by  using  polarizing  plates. 


a.  AFP  type  I  solution  (5mg/ml) 


b.  PVA  solution  (5mg/ml) 


Fig.  4  Images  of  ice  crystal  growth 


AFPs  are  effective  in  inhibiting  crystal  growth  and  in  creating  defined  crystal  structure,  two  characteristics  that 
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are  effective  for  resisting  recrystallization.  One  possible  mechanism  for  the  strong  interaction  betwwen  AFP 
molecule  and  ice  crystal  surface  is  that  the  amphiphilic  structure  of  the  a-helical  AFP  type  I  molecule  dominates 
the  hydrophilic  amino  acids  on  one  side  and  hydrophobic  amino  acids  on  the  opposite  side  [4],  Although 
several  parameters  affect  the  ice  crystal  growth  pattern,  for  example  the  solution  concentration  and  temperature, 
the  ice  crystal  pattern  for  the  AFP  type  I  solution  can  be  categorized  into  three  groups;  dendritic  for  low 
temperature(<272.2K),  needle-type(272.2K<T<272.9K),  and  hexagonal  bipyramids(272.9K<T<273.2K)[4]. 
Fig.4a  shows  needle-type  crystals  growing  along  the  c-axis  in  AFP  type  I  solution.  These  needle-type  crystals 
crisscross  each  other  in  bundles  but  exist  as  individual  crystals. 

Numerous  observations  have  been  made  of  ice  growth  in  supercooled  pure  water  and  aqueous  solutions[ll,12]. 
In  this  study,  when  either  pure  water  or  Tween  surfactant  soution  was  used  as  the  working  fluid,  the  crystals 
were  always  dendritic.  When  PVA  was  used  (5mg/ml),  crystal  growth  was  inhibited,  irrespective  of  molecular 
weight  (Fig.4b);  the  ice  crystal  firstly  grew  as  a  hexagonal  crystal  along  the  a-axis,  and  then  was  inhibited  and 
showed  the  clear  boundary.  This  shows  PVA  was  effective  in  inhibiting  the  ice  crystal  growth,  but  its'  effect  is 
not  so  strong  as  the  AFP  solutions. 


4.  SPLAT  COOLING  METHOD 
Recrvstallization  by  the  Splat  Cooling  Method 

In  the  method  of  splat  cooling(Fig.5),  a  10pL  droplet  of  the  additive  solution  was  released  2m  above  a  glass 
plate,  which  is  cooled  below  200K  by  liquid  nitrogen,  inside  a  cold  room  at  a  constant  temperature  of  266K.  As 
the  droplet  hit  the  plate,  it  immediately  froze  as  an  ice  wafer  that  was  approximately  10mm  in  diameter  and 
20pm  to  50pm  thick  and  had  grains  of  ice  less  than  1  pm  (below  the  resolution  of  the  optical  microscope  at  60x 
magnification).  The  test  plates  with  ice  wafers  were  sealed  in  a  chamber  to  retard  evaporation  of  the  thin  ice 
discs  and  annealed  for  14  hours  inside  the  cold  room  at  temperature  of  below  melting  point.  The  grain  size  will 
increase  with  annealing  time  if  the  solutions  of  additives  have  not  capacity  of  inhibiting  recrystallization.  Many 
different  solutions  can  be  processed  in  the  experiment  at  one  time.  Images  of  the  ice  wafers  were  then 
photographed  at  50  x  magnification  by  using  a  camera  installed  on  the  optical  microscope. 


Experimental  Results 

Although  the  rate  of  grain  growth  is  a  function  of  grain  size  and  temperature  and  other  factors  (e.g.,  pressure  and 
humidity),  the  splat  cooling  method  is  an  effective  method  for  determining  the  capability  of  additives  to  inhibit 
ice  recrystallization.  Our  results  show  that  such  capability  in  increasing  order  was  pure  water  (ineffective)< 
Tween  surfactants  <  PVA  <  AFP  (effective). 
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Fig.6  shows  the  ice  wafers  for  different  solutions  formed  by  splat  cooling.  The  results  confirm  that  AFP  type  III 
effectively  inhibits  ice  recrystallization,  and  that  PVA  is  more  effective  than  the  Tween  surfactants,  irrespective 
of  the  PVA  molecular  weight.  Among  the  Tween  surfactants.  Tween  85  was  the  most  effective. 

1mm 

i - 1 


(a)  Pure  water 


(d)  Tween  85,  5mg/ml 


(b)  Tween  80,  5mg/ml 


(e)  PVA,  5mg/ml 


(c)  Tween  8 1 ,  5mg/ml  (0  AFP  Type  III,  5mg/ml 

Fig.6  Ice  wafers  formed  by  the  splat  cooling  method  and  annealed  at  266K  for  14  hours 


5.  SOLUBILITY  OF  SOLUTIONS 

Solubility  in  water  is  another  important  property  of  additive  solutions.  Our  results  show  that  Tween  surfactants 
showed  sedimentation  after  being  stored  in  the  closed  bottle  at  room  temperature  for  three  months.  Similarly, 
the  PVA  solutions  of  medium  and  high  molecular  weights  (89000-98000  and  124000-186000)  showed 
sedimentation  after  being  stored  for  three  months.  The  PVA  solution  of  low  molecular  weight  (31000-50000), 
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which  was  98-99%  hydrolyzed,  showed  the  best  solubility  in  water  even  after  being  stored  for  three  months, 
thus  making  it  a  potential  ideal  additive  for  ice  slurry  systems  for  long-term  operation. 

6.  SUMMARY  AND  CONCLUSIONS 

Due  to  the  possible  ability  to  inhibit  recrystallization.  Tween  and  PVA  additive  solutions  were  studied  as 
potential  working  fluids  in  ice-slurry  cold  storage  systems  .  Images  (by  using  optical  microscopy)  revealed  that 
the  PVA  solutions  (concentration  of  5mg/ml),  irrespective  of  molecular  weight,  were  effective  in  inhibiting  the 
growth  of  ice  crystals.  Images  also  revealed  that  dendritic  crystal  patterns  always  occurred  when  either  pure 
water  or  Tween  surfactants  were  used  as  the  working  fluid  in  our  experimental  conditions.  The  results  from  the 
splat  cooling  method  showed  that  PVA  and  Tween  85  were  relatively  more  effective  than  Tween  80  and  81  in 
inhibiting  recrystallization.  The  results  also  showed  that,  among  the  solutions  studied  here,  the  PVA  solution  of 
molecular  weight  31000-50000,  which  was  98-99%  hydrolyzed,  had  the  best  solubility  in  water  after  long-time 
storage  (six  months),  thus  making  it  be  potential  additive  in  ice-slurry  systems. 

To  determine  the  relationship  between  the  flow  behavior  of  ice  crystals  and  the  concentration  of  the  solution  and 
to  obtain  the  overall  flow  characteristics  of  the  ice  slurry  during  tube  flow,  the  experiments  at  macro-loop  are 
needed  to  simulate  the  real  ice  slurry  operating  conditions.  On  the  other  hand,  we  suggest  and  plan  to  use 
scanning  tunneling  microscope  (STM)  to  identify  the  spatial  localization  and  the  adsorption-inhibition 
mechanism  of  polymers  onto  available  adsorption  sites  of  the  ice  crystal  at  the  molecular  level.  Such 
information  is  also  needed  to  reveal  the  antifreeze  mechanism  of  AFPs. 
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ABSTRACT.  The  paper  presents  a  system  for  heat  recovery  from  the  domestic  waste  warm  water  from 
buildings  with  application  for  heating  floors  with  bifilar  coil.  Although  at  a  low  temperature  level,  the 
recovered  heat  can  be  used  directly  for  floor  heating  of  some  areas  situated  on  the  ground  floor  of  the  buildings, 
eventually  an  extra  electric  heater  being  provided  for  the  secondary  warm  water  (i.e.  from  the  coil).  The  paper 
also  describes  a  variant  of  accomplishing  heating  floor  that  leads  to  increase  of  its  life  span,  by  using  bifilar  coil. 
On  taking  into  account  the  method  of  laying  down  the  two  pipes,  there  results  more  constructive  variants,  but  in 
order  to  simplify  the  problem  only  the  case  of  full  slab  type  radiating  floor  was  analyzed. 

1.  HEAT  PIPES  HEAT  RECOVERY  SYSTEM  FROM  DOMESTIC  WARM  WATER 

The  idea  of  global  solutions  in  the  field  of  energy  production  and  usage  seems  to  have  been  abandoned  lately, 
the  rendering  valuable  of  the  local  solutions  for  increasing  the  efficiency  of  the  power  usage,  no  matter  of  its 
form,  being  tried  for  the  moment.  Many  interesting  things  have  been  accomplished  in  the  field  of  using  the 
household  consumption  warm  water  for  heating,  one  of  them  being  the  recovery  of  the  heat  contained  in  the 
used  household  waters.  The  heat  thus  recovered  has  been  used  either  for  the  production  of  the  hot  consumption 
water  of  the  heating,  in  both  cases  a  supplementary  heating  source  being  used  due  to  the  low  temperature  level 
of  the  recovered  heat.  Unlike  the  classic  recovery  diagrams,  which  contain  accumulation  heat  exchangers 
(boilers),  our  solution  employs  heat  pipes  exchangers,  the  thermal  energy  thus  recovered  being  used  directly  for 
floor  heating  some  rooms  of  for  pre  -  heating  the  hot  consumption  water.  In  fact,  our  solution  can  also  be 
considered  as  a  method  for  storing  the  thermal  energy  in  the  residual  water  combined  with  its  extraction  by 
means  of  the  heat  pipes.  The  diagram  of  the  installation  is  presented  in  Figure  1,  where  the  following  symbols 
are  used: 


Ac  -  used  household  warm  water 

RSG  -  fat  collector  tank  for  collecting  the  used  warm  wateT 
A„c  -  drainage  warm  used  water 
Rg  -  discharge  cock 
FP  -  hair  filter 

Rs  -  tank  for  storing  the  filtered  warm  used  water 

Rp  -  tank  for  pre-heating  the  warm  water  used  for  heating 

TT  -  heat  pipes 

tv  -  temperature  in  the  evaporation  zone  of  the  heat  pipes 
tc  -  temperature  in  the  condensation  zone  of  the  heat  pipes 
RTU  -  room  clock  thermostat 
TEA,  TEA]  -  magnet  valve  (thermoelectrical  heads) 

AT,  AT i  -  contact  thermostat 
KK  -  plug  box 

FP5000  E  -  Laing-  type  pump  electric  heater  assembly  . 

HC  -  Heating  Coil 

Generally  speaking,  the  consumers  discharge  in  the  sewage  used  water  with  temperatures  ranging  between 
35  -  45  C;  thus,  temperatures  tv  =  30  -  40°C  in  the  evaporation  zone  of  the  heat  pipes  from  the  R,  tank  can  be 
easily  obtained. 

The  system  for  heat  recovery  with  heat  pipes  is  combined  in  the  presented  variant  with  one  of  the  Laing 
Qualitherm  2000  floor  heating  solutions;  this  solution,  the  most  widely  employed  in  Romania,  can  supply 
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powers  up  to  maximum  15  kW  at  temperatures  tdeparture  /  tretum  =  35/30  °C  and  at  discharges  of  2580  1/hour  of  the 
thermal  agent  in  the  heating  coils.  Generally  speaking,  the  heat  pipes  recovery  system  can  accomplish  the  pre¬ 
heating  of  the  water  from  the  circuit  of  the  heating  coil  but  when  the  temperature  tv  decreases  below  30°C,  the 
TEAi  magnet  valve  opens,  thus  allowing  the  admission  of  a  higher  temperature  water  from  the  RSG  tank.  The 
suggested  system  can  be  used  for  preparing  the  consumption  warm  water  with  minimum  modifications  in  the 
period  when  the  heating  installation  is  not  operating;  at  the  same  time,  the  heat  pipes  recuperator  is  employed  as 
a  pre-heating  step  of  the  cold  water  from  the  supply  network  system.  The  application  domain  of  the  suggested 
system  is  large  enough,  ranging  from  the  blocks  of  flats  up  to  100  apartments,  hotels  with  200  -  250  places, 
generally  speaking  buildings  with  warm  water  consumption  of  maximum  20  -  25000  1/daily  which  allow  the 
accumulation  of  used  warm  water  in  the  basement. 

Advantages 

The  suggested  solution  can  accomplish  important  energy  economies  with  minimum  investments  as  the  heat 
pipes  recuperators  are  cheap,  do  not  require  pumps  for  operation,  have  a  theoretically  life  durability  in  the 
suggested  temperature  domain  while  maintenance  is  simpler  than  that  of  the  usual  heat  exchangers. 

Disadvantages 

The  suggested  system  imposed  the  needs  for  collecting  the  used  waters  from  the  warm  water  consumption 
objects  distinctly  apart  from  the  cold  water  consumption  ones.  Note:  at  lavatories,  showers  and  bathtubs  one 
accomplish  automatically  controlled  drainage  lines  for  water  whose  temperature  is  above  or  below  a  certain  pre- 
established  one.  The  system  requires  a  careful  maintenance  by  the  periodical  cleaning  both  of  the  collecting  tank 
for  the  crude  used  water  and  of  the  hair  filter. 

2.  HEATING  FLOOR  WITH  BIFILAR  COIL 

The  power  conjuncture,  the  development  of  the  plastic  materials  domain  and  the  improvement  of  the  thermal 
insulation  of  the  buildings  have  contributed  during  the  last  years  to  the  reintroduction  in  usage  of  the  low 
temperature  warm  water  radiating  floors. 

The  research  process  of  the  heating  floors  is  done  nowadays  with  a  view  both  to  a  thorough  knowledge  of  their 
operation  and  to  the  solving  of  the  unfavourable  aspects,  namely: 

1.  The  permeability  of  the  plastic  pipes  walls  to  oxygen,  a  fact  leading  to  the  corrosion  of  the  installation 
metallic  parts; 

2.  The  fiability  problem  on  a  period  comparable  to  that  of  the  classic  installations. 

The  first  problem  can  be  solved  either  by  treating  the  water  with  inhibitors  (an  expensive  solution)  or  by  using 
plastic  materials  pipes,  which  have  an  aluminium  foil  embedded  in  the  wall  thickness,  a  foil  constituting  an 
antioxygen  barrier. 

Some  important  progresses  have  also  been  done  in  the  solving  of  the  second  problem  due  to  the  spectacular 
development  of  the  plastic  materials  domain.  Thus,  the  materials  used  nowadays  in  the  manufacturing  of  the 
radiating  floors  coils  have  an  improved  structure,  containing  special  additives  to  steady  the  properties  on  a  long 
term.  The  manufacturing  companies  indicate  a  life  span  of  about  fifty  years,  a  considerable  one  but,  anyway, 
smaller  than  that  of  the  building. 

The  access  to  the  coil  in  the  case  of  its  damage  only  by  destroying  the  slab-finish  in  which  it  is  included,  led  us 
to  the  idea  of  using  a  bifilar  coil.  One  of  the  two  pipes  is  a  reserve  one,  thus  increasing  the  system  fiability.  The 
bifilar  coil  can  be  accomplished  either  by  mounting  two  distinct  pipes  tangent  to  the  generator,  or  by  including  it 
in  the  protecting  layer  common  for  the  two  pipes.  The  reserve  pipe  considered  to  be  filled  with  air. 

On  talking  into  account  the  method  of  laying  down  the  two  pipes,  there  result  more  constructive  variants.  To 
simplify  the  problem,  the  case  of  full  slab  type  radiating  floor  was  analyzed.  The  considerations  can  be  also 
extended  for  the  type-  radiating  floor  often  used  today  (pipes  included  in  a  slab-finish  having  a  reduced 
thickness  and  being  very  well  thermally  insulated  both  from  the  resistance  slab  and  the  side  walls). 
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Variant  I 

In  this  variant  the  bifilar  coil  is  laid  down 
in  such  a  way  so  that  the  two  pipes  should 
be  set  one  under  the  other,  the  “active”  pipe 
(the  one  the  water  circulates  through)  being 
the  top  one  (Figure  2). 


The  moment  when  the  active  pipe  is 
deteriorated,  the  water  drains  out  and  the 
reserve  pipe  becomes  the  “active”  one  by 
filling  with  water.  The  advantage  of  this 
variant  consists  in  keeping  constant  the  pitch  of  the  coil. 


L 


Figure  2 


Variant  II 

Two  cases  are  distinguished  in  this  variant;  here  they  are. 

A)  The  bifilar  coil  can  be  set  as  presented  in  Figure  3.  In  this  case  a  constant  pitch  is  kept  for  the  “active”  pipe, 
i.e.  L+de,  the  reserve  coil  having  a  variable  pitch  (L-2de,  L+dc;  Figure  3a). 

If  the  “active”  coil  is  deteriorated,  the  reserve  pipe  becomes  the  “active”  and  the  new  variant  there  will  be 
obtained  important  non  -  uniformities  of  the  temperatures  on  the  upper  and  lower  sides  of  the  floor  due  not  only 
to  variable  pitch  (L-de,  L+3de)  but  also  the  air  “pockets”  (reserve  pipe)  (Figure  2b). 


Figure  3 


B)  To  diminish  this  shortcoming,  the  coil  could  be  laid  down  in  such  a  way  so  that  the  length  of  the  floor 
between  the  two  pipes  should  remain  constant  and  equal  with  L  (Figure  3). 

In  the  variant  (c),  the  pipe  noted  with  1  is  “active”  and  has  the  variable  pitch  L+3de,  L+de;  in  the  variant  (d) 
(Figure  4d),  the  pipe  1  is  deteriorated  and  the  pipe  2  becomes  “active”.  One  obtains  the  same  situation,  i.e. 
variable  pitch  but  with  the  same  variation.  Thus,  the  case  (c)  is  identical  with  (d)  -  while  (a)  is  not  identical  with 
(b)  -  and,  besides,  the  difference  between  the  two  pitch  values  is  smaller  in  the  case  (c)  and  (d)  as  compared 
with  (b): 

(b) :  (L+3de)  -  (L  -  dc)  =  4de 

(c)  or  (d):  (L+3de)  -  (L+de)  =  2de 
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Figure  4 

Variant  III 

This  variant  is  derived  from  the  variant  I,  considering  that  warm  water  with  the  same  temperature  circulates  in 
the  same  direction  in  the  two  pipes. 

Variant  IV 

This  variant  is  derived  from  the  variant  II  B,  considering  that  warm  water  with  the  same  temperature  circulates 
in  the  same  direction  in  the  two  pipes. 

Specialised  literature  presents  an  analytical  model  for  solving  the  heating  floor.  It  is  necessary  that  we  should  do 
a  short  reviewing  of  it  because  we  have  tried  to  solve  our  new  variants  with  the  help  of  this  model:  The  heating 
floor  is  considered  from  a  thermotechnical  viewpoint  as  a  plane  wall  with  inner  heat  sources.  The  floor  part 
between  the  consecutive  pipes  whose  thickness  is  equal  to  the  diameter  of  the  pipe  called  “fin”  is  been  analysed: 


The  notations  from  Fig.  5  are  the  following: 

0o  =  to  - 1;  supertemperature  at  the  fin  base  [°C] ; 
to  temperature  at  the  fin  foot  [°C] ; 
t,  inner  temperature  of  the  room  [°C] ; 

6  =  t  -  ti  supertemperature  of  the  fin  at  a  distance  x  from  the  fin 
base  [°C]; 

L  distance  between  two  consecutive  heat  sources  [m]; 

8  fin  thickness  [m]; 

X  fin  thermal  conductivity  coefficient  [W/mK]. 


Figure  5 


One  considered  as  a  fin  length  L  and  thickness  5  a  small  infinite  element  of  thickness  dx  through  which  passes  a 
heat  flow  Qx  in  the  direction  x  and  whose  surface  perpendicular  to  the  direction  of  the  heat  flow  is  A  =  8  x  b, 
where  b  is  the  fin  width. 

On  starting  from  the  writing  down  of  the  heat  flow  given  by  the  small  infinite  element  to  the  above  and, 
respectively,  below  environment,  a  quadratic  differential  equation  is  obtained: 
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(1) 


dx2 

This  equation  represents  the  stationary  heat  exchange  equation  with  an  unidimensional  temperature  variation, 
where: 


X,+Xi 

X-5 
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(2) 


and  %s  and  X:  are  the  global  heat  exchange  coefficients  from  the  fin  towards  the  upper  and,  respectively,  the 
lower  area.  The  solution  of  the  equation  is  of  the  following  from: 
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The  solution  of  the  equation  allows  us  to  compute  the  average  value  of  the  temperature  in  the  fin: 


em=^l>dx  =  e(). 
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then  we  can  determine  the  unknown  value  of  the  problem,  i.e.  the  values  of  the  heat  flows  in  an  upward  and 
downward  direction,  the  values  of  the  average  temperature  at  the  upper  and  lower  surfaces  of  the  floor. 

3.  CONCLUSIONS 

The  bifilar  coil  does  not  require  other  assembling  and  fastening  technologies  as  compared  with  the  classic 
variant.  One  invests  only  in  a  supplementary  length,  obtaining  in  exchange  an  increase  in  the  floor  fiability  by 
the  existence  of  the  reserve  pipe.  The  presence  of  the  latter  eliminates  the  necessity  of  destroying  the  floor  in  the 
case  when  the  coil  is  degraded  (with  a  view  to  its  replacement),  therefor,  it  eliminates  one  of  the  great 
disadvantages  of  the  floor  in  the  classic  variant. 

The  variants  III  and  I  and  the  variants  IV  and  II  B  can  constitute  a  method  of  performing  the  quantitative 
adjustment.  In  this  case,  the  bifilar  coil  would  be  used  not  only  for  increasing  the  floor  fiability  but  also  for 
accomplishing  a  “basic”  heating  (when  the  water  circulates  through  only  one  pipe)  completed  with  a  “peak”  one 
(when  the  water  circulates  through  the  two  pipes). 
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ABSTRACT.  In  the  process  of  crystal  growth  in  solutions,  double  diffusive  convection  due  to  thermal  and 
solutal  gradients  occurs.  A  measurement  system  composed  of  a  rapid  heat-transfer  control  system  and  an 
accurate  real-time  phase-shifting  interferometer  has  been  developed  to  investigate  the  transient  diffusive 
convection.  The  heat-transfer  control  system  has  a  small  test-cell  in  which  the  liquid  temperature  is  controlled 
by  non-equilibrium  thermoelectric  devices.  In-situ  measurement  of  the  transient  double  diffusive  convection 
and  crystal  growth  rates  of  NaC103  are  carried  out  by  using  this  system.  Transient  double  diffusive  fields  are 
observed  clearly,  and  the  crystal  growth  rates  of  the  present  experiments  show  similar  tendencies  to  the  data  of 
microgravity  experiments. 


1.  INTRODUCTION 

Investigation  of  the  crystal  growth  in  solutions  is  closely  related  to  the  effective  and  high  quality  production  of 
medicine,  food  and  new  materials.  During  the  process  of  crystal  growth  in  the  solutions,  double  diffusive 
convection  driven  by  buoyancy  force  due  to  thermal  and  solutal  gradients  occurs  [1],  which  has  an  effect  on  the 
mechanism  of  crystal  growth.  Therefore,  it  is  important  to  investigate  the  mechanism  of  double  diffusive 
convection  and  its  effect.  Many  works  have  been  done  on  double  diffusive  convection.  Maruyama  et  al.  have 
simulated  the  double  diffusive  convection  in  a  cell  when  the  direction  of  thermal  and  mass  convection  are  same 
or  opposite,  using  thermal  and  solutal  Rayleigh  number  as  parameters  [1].  Chang  et  al.  [2]  have  made  an 
analysis  about  the  influence  of  the  ratio  between  thermal  and  solutal  buoyancy  on  the  transient  double  diffusive 
convection,  as  well  as  investigated  the  mechanism  of  flow  and  behavior  of  unstable  vibration. 

In  the  present  study,  double  diffusion  fields  and  the  crystal  growth  rates  are  examined  under  transient  double 
diffusive  convection.  Transient  concentration  distribution  and  solutal  gradient  are  delivered  from  the  double 
diffusion  fields.  The  relation  between  the  super  saturation  on  the  crystal  surfaces  and  crystal  growth  rate  is 
investigated  from  some  transient  experiments.  In  order  to  make  an  accurate  measurement  of  double  diffusion 
field,  a  real-time  phase-shifting  interferometer  is  adopted  in  which  phase  dividing  3-CCD  camera  for  polarized 
beam  is  used.  The  test  cell  is  made  of  the  active  thermal  control  units  developed  by  Maruyama  [3]  and  solution 
around  a  seed  crystal  of  NaC103  at  a  saturation  temperature  is  cooled  rapidly.  The  obtained  result  of  the  growth 
rate  has  been  compared  with  the  existing  experimental  data  obtained  in  the  microgravity  conditions. 

2.  EXPERIMENTAL  SYSTEM 


2.1  Measurement  System 

The  experimental  apparatus  is  shown  in  Fig.l.  A  specially  designed  real-time  phase-shifting  Mach-Zehnder 
interferometer  [4]  is  utilized  to  measure  the  thermal  and  mass  diffusion  fields.  This  interferometer  can  attain 
much  higher  accuracy  compared  with  the  conventional  one  by  using  phase-shifting  technique  [5].  By  polarizing 
beam  splitter,  the  semiconductor  laser  beam  (wave  length:  680nm)  is  separated  into  two  beams,  the  reference 
beam  and  the  measurement  beam.  The  planes  of  vibration  of  these  two  beams  are  perpendicular  to  each  other. 
After  passing  the  test-cell  and  a  compensator,  the  beams  are  mixed  by  another  beam  splitter.  Since  the  polarized 
planes  are  perpendicular  to  each  other,  the  beams  will  not  interfere  just  after  mixing.  The  magnification  of 
objective  lens  can  be  changed  as  one,  three,  five,  and  ten  times. 
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Fig.  1.  System  of  experimental  apparatus 


A  quarter-wave  plate  is  placed  at  an  angle  id 4  to  the  two  polarized  beams.  The  two  linearly  polarized  beams 
passed  through  the  quarter-wave  plate  and  become  clockwise  or  counter  clockwise  polarized  with  respect  to 
each  other  and  interfere.  The  circularly  polarized  beams  are  delivered  into  a  specially  made  phase  dividing  3- 
CCD  camera,  which  includes  a  3-CCD  prism,  three  CCD  sensors  and  polarizers  as  shown  in  Fig.l.  The 
difference  in  polarizing  angles  between  any  two  polarizers  is  ti/4.  The  original  phase-shifting  interferometer 
constructed  by  Onuma  et  al.  [6]  is  composed  of  three  independent  TV  cameras  with  polarizers,  but  it  is  difficult 
to  adjust  these  cameras  in  the  same  optical  condition.  The  present  3-CCD  camera  reduces  this  difficulty  in 
optical  arrangement,  and  reduces  the  size  of  the  interferometer  [4].  The  interferogram  obtained  by  the  3-CCD 
camera  are  processed  by  a  signal  processor  as  has  been  described  by  Onuma  et  al.  [6]  and  Nakadate  et  al.  [5]. 
The  digital  data  of  the  interferogram  are  recorded  in  a  video  recorder  in  a  gray  scale. 

2.2  Test  Cell 

Figure  2  shows  a  schematic  diagram  of  the  test-cell.  The  test-cell  is  specially  designed  for  the  transient 
measurement  of  the  thermal  and  diffusion  fields.  Saturated  solution  and  a  seed  crystal  are  contained  in  the  cell. 
Active  thermal  control  units  [3]  installed  on  the  upper  and  lower  sides  of  the  walls  control  the  temperature  in  the 
test-cell.  The  active  thermal  control  unit  includes  an  aluminum  base  plate,  Peltier  elements  and  a  heat  sink.  The 
four  Peltier  elements  are  independently  operated  by  a  computer  to  control  the  temperature  of  the  solution  and 
crystal.  The  temperature  in  the  cell  can  be  controlled  rapidly  to  within  an  accuracy  of  ±0.1  °C. 

The  size  of  the  glass-cell  is  12mm  square  and  approximately  1.6mm  in  thickness.  The  seed  crystal  is  attached 
on  the  lower  base  plate  to  observe  the  double  diffusive  convection  and  plume.  NaClC>3  crystal  and  its  aqueous 
solution  are  used  in  the  present  experiments.  The  shape  of  the  seed  crystal  is  rectangular  solid.  And  the 
saturation  temperature  of  the  solution  was  approximately  26°C.  Before  the  experiment  of  double  diffusive 
convection,  uniform  temperature  field  in  the  cell  is  precisely  maintained  at  the  saturation  temperature.  As  the 
experiment  starts,  rapid  temperature  control  system  is  operated  according  to  a  programmed  sequence.  The 
operating  time  is  25[s].  When  the  experiment  finishes,  the  temperature  in  the  cell  is  automatically  set  to  the 
saturation  temperature.  Temperature  profiles  on  base  plates  are  shown  in  Fig.  3.  The  temperatures  are 
maintained  at  steady  values  accurately  by  adopting  the  active  thermal  control  unit  and  a  digital  computer  control 
system. 


3.  RESULT  AND  DISCUSSION 

3.1  Relation  between  the  Fringe  Shift  and  the  Temperature  or  Concentration 

The  experimental  result  of  an  interferogram  is  a  superimposition  of  temperature  and  concentration  difference. 
In  order  to  determine  the  temperature  and  concentration  fields,  the  relation  between  fringe  shift  of  the 
interferogram  and  temperature  or  concentration  should  be  determined  in  advance.  Hence,  preliminary 
experiments  are  carried  out. 
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Fig.  2.  Schematic  diagram  of  the  test-cell 


Fig.  3.  Various  temperature  sequences  on  base  plate 


The  relation  between  fringe  shift  and  temperature  can  be  obtained  by  using  the  test  cell  described  above.  At 
first,  the  temperature  of  the  solution  is  maintained  at  the  saturation  value.  Then,  the  solution  is  cooled  to  the 
super  cooling  temperature.  Measuring  fringe  shift,  which  moves  across  the  measuring  point  in  the  bulk,  we  can 
obtain  the  relation  between  the  fringe  shift  and  the  temperature.  The  relation  is  summarized  as  follows: 

AT  =  (T  -  T0 )  =  0.220  x  f  T  (1) 

A  specially  designed  test  cell  is  set  up  to  measure  the  relation  between  the  fringe  shift  and  the  concentration  [7]. 
The  obtained  fringe  numbers,  fw  of  interferogram  in  the  test  cell  against  the  difference  of  concentration  is 
approximated  as  follows: 

Aw  =  (w  -w0)=  0.0732  xfw  (2) 

The  relation  in  eq.  (1)  and  (2)  is  the  case  when  the  optical  path  of  the  test  cell  is  10mm.  This  relation  has  to  be 
corrected  to  match  the  length  of  the  seed  crystal. 

3.2  Observation  of  Plume 

Interferograms  around  the  seed  crystal  are  shown  in  Fig.4.  To  observe  the  transient  double  diffusive  convection 
and  plumes  around  the  seed  crystal  widely,  we  used  the  one-time-magnification  objective  lens.  The  size  of  the 
seed  crystal  used  in  present  experiments  is  0.76mm  of  height,  2.31mm  of  width  and  1.92mm  of  length.  These 
photos  are  case  (a)  Seq.  A  in  Fig.3  (ATC  =  2°C)  and  (b)  Seq.  C  (ATC  =  5°C),  respectively.  The  saturation 
temperature  is  26.0°C. 
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When  the  uniform  temperature  distribution  in  the  test  cell  is  maintained  at  the  saturation  temperature  (t=0s), 
natural  convection  does  not  occur  in  the  small  test  cell.  As  soon  as  a  rapid  temperature  control  starts  according 
to  the  programmed  sequence  in  the  computer,  interferograms  driven  by  temperature  and  concentration  change 
are  observed.  In  the  case  of  ATC  =  5°C,  plumes  driven  by  buoyancy  force  occurred.  Plumes  become  larger  as 
the  solution  is  cooled  and  the  seed  crystal  grows.  On  the  other  hand,  in  the  case  of  ATC  =  2°C,  plumes  are 
hardly  observed.  Therefore,  in  the  case  of  ATC  =  2°C,  the  influence  of  plume  is  small  compared  with  the  case  of 
ATC  =  5°C  and  it  is  nearly  equal  to  the  genuine  diffusion  field. 


(a)  A7>2°C 


t=  8[s] 


t=  12[s] 


t=  I6[s] 


t=20[s] 


t=24[s] 


(b)  A7>5°C 


Fig.  4.  Interferograms  around  the  seed  crystal 


To  examine  the  condition  plumes  occur,  solutal  Rayleigh  number  RaD  is  evaluated.  The  solutal  Rayleigh 
number  is  defined  as  follows: 


RaD  =  g(3D 


(w-wr>3 

Dv 


(3) 


where  g  is  the  gravitational  acceleration  [m2/s],  pD  is  volume  coefficient  of  expansion  [1/K],  w  is  concentration 
at  measuring  points  [wt  %],  wr  is  concentration  at  bulk  solution,  1  is  the  height  of  the  seed  crystal  [m],  D  is 
solute  diffusivity  [m2/s],  and  v  is  kinetic  viscosity  [m2/s]. 


Volume  coefficient  of  expansion  pD  is  delivered  from  the  relation  between  concentration  and  density  of  NaC103 
solution  obtained  by  a  preliminary  experiment.  pD  is  defined  as  follows: 

R  P~Pr  (4) 

Pr(wr-wJ 

where  p  is  the  density  of  solution  at  the  measuring  points  [Kg/m3],  and  pr  is  density  of  the  bulk  solution. 


To  estimate  viscosity  q  [Pas],  the  following  approximation  in  the  case  of  NaC103  saturated  solution  at  20°C 
obtained  by  Maruyama  et  al.  [8]  is  used. 

q  =  2.67(T  +  273. 15)-7 26  xlO16  (5) 
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The  solute  diffusivity  D  is  a  function  of  temperature.  In  order  to  calculate  the  diffusivity,  the  equation  of 
Stokes-Einstein  [9]  is  adopted  for  estimating  the  value.  From  the  measurement  of  viscosity  of  NaC103,  D  is 
approximated  as  a  function  of  temperature  by  Maruyama  et  al.  [8] : 


f 


D(T)=D0 


T  +  273.15 
T0  + 273.15 


N8.62 


(6) 


where  D0  is  the  solute  diffusivity  at  T0.  The  solute  diffusivity  of  NaCICh  solution  at  saturation  temperature 
TS=25°C  was  measured  by  Maruyama  et  al.  [10]. 


The  Rayleigh  numbers  RaD  are  obtained  by  using  these  quantities.  In  the  case  of  ATC  =  5°C,  the  Rayleigh 
number  RaD  is  2.67xl04  at  24  [s]  when  the  characteristic  length  1  is  height  of  the  seed  crystal,  i.e.  1=0.76  [mm]  . 
Similarly  in  the  case  of  ATC  =  2°C,  RaD  is  1.34xl04  at  24  [s].  RaD  in  the  case  of  ATC  =  5°C  is  about  twice  as 
large  as  that  of  ATC  =  2°C  at  24  [s]. 

3.3  Transient  Double  Diffusive  Field 

Figure  5  shows  the  transient  double  diffusion  field  in  the  vicinity  of  the  crystal  surface.  The  case  of  (a)  Seq.  B 
(ATC  =  3°C)  and  (b)  Seq.  C  (ATC  =  5°C)  are  compared  in  Fig.5.  These  photos  are  taken  by  using  the  three-time- 
magnification  objective  lens.  Transient  double  diffusive  fields  can  be  observed  clearly  in  Fig.  5.  As  soon  as 
rapid  temperature  control  starts,  the  horizontal  interferogram  of  thermal  diffusion  can  be  seen  in  bulk  solution 
region.  At  first,  intervals  between  fringes  are  dense,  but  when  the  temperature  in  the  test  cell  achieves  super 
cooling  temperature,  the  intervals  become  wide.  On  the  other  hand,  in  the  vicinity  of  crystal  surface, 
interferogram  of  mass  diffusion  develops  with  time.  The  interferograms  are  affected  by  the  double  diffusive 
convection. 


Htwt  .  _ mr-si 

(a)  ATc=3°C  (b)  ATc=5°C 


Fig.  5.  Interferograms  of  diffusion  Field  in  the  vicinity  of  crystal  surface 


3.4  Super  Saturation  of  Bulk  Solution  and  Crystal  Surface 

The  measuring  points  for  temperature  and  surface  concentration  are  shown  in  Fig.6.  Variations  of  temperature 
at  measuring  points  are  shown  in  Fig.7.  These  data  are  obtained  from  the  relation  between  the  fringe  shift  and 
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the  temperature  as  shown  in  eq.  (1).  Sequences  in  Fig.7  correspond  to  those  in  Fig.3.  The  variations  of 
temperature  are  different  with  temperature  profiles  on  the  base  plate  because  of  the  influence  of  heat  conduction 
and  mass  diffusion.  It  can  be  considered  that  the  temperature  at  the  vicinity  of  crystal  surface  is  equal  to  that  of 
at  the  bulk,  because  the  thermal  diffusivity  is  two  orders  of  magnitude  larger  than  the  mass  diffusion  coefficient. 


Temperature  Control  Surface 


Fig.  6.  Schematic  drawing  of 
measuring  points 


Fig.  7.  Variation  of  temperature  at  the  measuring  point 


Variations  of  supersaturation  as  for  some  temperature  conditions  are  shown  in  Fig.8.  Supersaturation  ratio  is 
defined  by  the  following  equation: 


<Ts  =  (w-wsat)/wSat  (7) 

where  w  [wt  %]  is  the  concentration  at  the  measuring  points  and  wsat  is  saturation  concentration  at  the  cooling 
temperature.  Solid  marks  are  supersaturation  of  bulk  solutions  and  unshaded  marks  are  those  at  the  surface  of 
the  seed  crystal  as  shown  in  Fig.6.  Because  the  measurement  time  is  very  short,  25  [s],  concentration  field  in 
the  cell  is  not  affected  by  the  rotation  of  plume.  It  is  considered  that  the  temperatures  of  bulk  solution  and 
surface  of  the  seed  crystal  are  almost  the  same.  So,  the  higher  super  cooling  temperature  ATC  results  larger 
difference  in  supersaturation  between  the  bulk  and  the  surface.  Supersaturation  at  the  bulk  increases  with  time 
and  settles  in  the  constant  value.  Supersaturation  at  the  vicinity  of  surface  also  increases  just  after  the  start  of 
experiment,  but  it  begins  to  decrease  with  time.  This  phenomena  is  noticeable  in  the  case  of  ATc=5°C.  In  the 
vicinity  of  crystal  surface,  concentration  decreases  as  crystal  grows.  Therefore,  as  time  passes,  the  decrease  of 
supersaturation  becomes  more  noticeable  than  the  increase  by  the  cooling  of  solution. 


Fig.  8.  Variation  of  supersaturation  as 
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3.5  Crystal  Growth  Rate  Measured  from  Diffusion  Field 

Concentration  distribution  in  the  vicinity  of  the  crystal  surface  obtained  from  fringe  of  inteferograms  is  plotted 
in  Fig.9.  This  data  is  for  the  case  of  super  cooling  temperature  ATc=5°C.  From  these  data,  solute  gradients  at 
the  crystal  surface  dw/dx  can  be  obtained. 
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Fig.  9.  Concentration  distribution  in  the  vicinity  of  the  crystal  surface 


Crystal  growth  rate  is  estimated  by  the  following  equation: 

R  =  P“LD(T)—  (8) 

Pcy  dx 

where  psoi  is  the  density  of  solution,  pco,  is  the  density  of  crystal,  D  is  the  solute  diffusivity  and  dw/dx  is  solute 
gradient  at  crystal  surface.  Solute  gradient  is  measured  from  concentration  distribution  in  the  vicinity  of  the 
crystal  surface,  e.g.,  Fig.9.  The  solute  diffusivity  D=0.7xl0'9  (m2/s)  is  used.  This  diffusivity  of  NaC103  solution 
at  saturation  temperature  TS=25°C  was  measured  by  Maruyama  et  al.  [10]. 

Crystal  growth  rates  of  NaC103  under  several  super  saturation  ratios  are  shown  in  Fig.  10.  The  data  obtained  by 
present  experiments  are  summarized  by  time  from  the  beginning  of  the  experiment.  Crystal  growth  rates 
obtained  by  microgravity  experiments  carried  out  by  Maruyama  et  al.  [11]  and  the  growth  rates  for  small  as  [12] 
are  also  plotted  as  references.  Microgravity  experiments  are  carried  out  under  the  microgravity  environment 
generated  by  parabolic  flight  of  an  airplane.  The  growth  rates  obtained  by  the  present  experiments  have  a 
similar  tendency  to  that  obtained  in  the  microgravity  experiments.  The  growth  rate  increases  with  as  at  small  as, 
then  the  increase  becomes  small  at  a  comparatively  large  os.  The  scatter  of  crystal  growth  rates  obtained  by 
present  experiments  are  stabilized  compared  to  that  of  microgravity  experiment.  From  these  results,  it  is  seen 
that  the  influence  of  the  gravity  is  small  under  the  condition  of  present  experiments. 
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Compared  to  the  Bennnema’s  growth  rates  at  small  cts,  the  data  obtained  by  present  experiments  show  a 
different  tendency  and  have  almost  ten  times  larger  values.  The  difference  is  considered  that  the  roughness  of 
the  crystal  surface  enhances  the  crystal  growth.  In  the  present  experiments,  seed  crystal  grows  by  rapid  cooling, 
which  makes  the  surface  rough  and  as  a  result  of  this,  the  growth  rates  become  larger.  Further  experiments  and 
analyses  should  be  done  to  give  a  detailed  understanding  of  this  phenomenon. 

4.  CONCLUSIONS 

Transient  double  diffusive  convection  and  crystal  growth  rate  in  the  process  of  crystal  growth  in  solutions  are 
measured  by  using  a  real-time  phase-shifting  interferometer  and  a  rapid  temperature  control  system.  Transient 
double  diffusive  convection  can  be  observed  clearly.  Plumes  can  be  observed  transiently  in  the  short 
experimental  time  of  25[s].  The  plume  occurs  clearly  when  the  super  cooling  temperature  ATC  is  5°C.  But  in 
the  case  of  ATc=2°C,  plumes  can  not  be  observed  clearly.  The  relation  between  occurrence  of  transient  plumes 
and  super  cooling  temperature  should  be  investigated  by  further  experiments  and  analysis. 

The  relation  between  the  supersaturation  on  the  surface  of  the  seed  crystal  and  the  crystal  growth  rate  is 
measured.  Crystal  growth  rates  obtained  by  present  experiments  are  compared  with  that  of  the  microgravity 
experiments  and  of  experiments  at  very  small  supersaturation.  Present  experimental  data  have  similar  tendency 
with  the  data  of  microgravity  experiments  made  by  Maruyama  et  al.  And  scatters  are  suppressed  compared  with 
microgravity  experiments.  But  present  experimental  data  are  one  order  of  magnitude  larger  than  that  of 
experiments  at  small  supersaturation  made  by  Bennnema.  This  may  be  due  to  the  difference  in  the  roughness  of 
crystal  surface  in  the  two  experiments.  Further  experiments  are  needed  to  give  a  detailed  explanation  of  this 
phenomenon. 
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ABSTRACT.  An  experimental  investigation  has  been  made  of  characteristics  of  a  rectangular,  annular  single¬ 
phase  natural  circulation  loop  with  the  inner  tube  filled  with  a  solid-liquid  phase  change  material  (PCM)  or  air 
under  cyclic  pulsating  heat  load.  A  rectangular,  annular  loop  of  150  cm  in  height  and  75  cm  in  width  was 

waTS  whfaPPMr  KgaP  °f  ?'6  Cm’  W}?in  Which  Water  WaS  fllled  The  inner  tube  of  the  annular  loop 
It  fir?,d7  h  ,PC,M  (n-ElC0sene)  or  air-  Under  the  cyclic  pulsating  heat  load,  the  temperature  within  the 
water-fiHed  annular  loop  with  PCM-  or  air-filled  inner  tube  were  all  found  to  evolve  into  a  steady  periodic 

the  heT  f0F  *e  ian§e  °f  C0nsidered-  The  water  temperature  and/or  its  fluctuating  amplinJe  along 

the  heater  or  cooler  sections  of  the  loop  with  the  PCM-filled  inner  tube  were  found  to  be  markedly  lower  than 

those  measured  in  the  loop  with  the  air-filled  inner  tube  under  the  identical  conditions.  On  the  other  hands 
temper  ^  ^  ^  sectl0ns  of  the  loop  a  somewhat  minute  difference  in  temporal  variations  of  the  water 
h™i  T  eCn  !°°pS  With  PCM“  and  air'fllIed  inner  tube-  I"  addition,  at  the  outer  wall  along 

heLTni  pCtl°n’ a  tirrfpenodlc  variation  of  temperature  was  detected  in  synchronizing  with  the  pulsating 

t  T  ff15  vary:ng  amPlitude  and  P^iod  Of  the  pulsating  heat  input,  as  well  as  of  varying 

the  inlet  temperature  of  the  water-cooled  jacket  were  investigated. 

1.  INTRODUCTION 

The  single-phase  natural  circulation  loops  (thermosyphons),  in  which  buoyancy-driven  fluid  flow  is  created  bv 
heat  addition  to  and  removal  from  the  fluid  in  different  parts  of  the  system,  arise  in  many  engineering 
applications.  Examples  include  the  process  industry,  solar  heating  and  cooling  systems,  geothermal  power 

bSdTfn  r  h  combustlon  engine  and  computer  cooling,  emergency  cooling  of  nuclear  reactors,  tarbine 
blade  cooling,  and  natural  convection  heat  exchangers.  Extensive  reviews  of  the  thermosyphon  systems  and 
their  applications  can  be  found  in  [1-4],  v  y  dna 

Extensive  investigations  of  analyses  and/or  experiments  have  been  conducted  for  the  dynamic  response  of  the 
natural  circulation  loop  to  changes  in  heat  removal  from  or  addition  to  the  system  and  steady-state  performance 
e  system,  as  exemplified  in  Refs.  [5-9],  From  the  existing  literature  concerning  the  rectangular  natural 
circulation  closed  loop,  it  can  be  noticed  that  the  heating  conditions  considered  were  restricted  to  that  of  time- 

subiected6’ to  mPUt  31  HhC  “  T10n  °f  the  l0°p-  In  practice’  however,  circulation  loop  could  be 
subjected  to  a  time-periodic  heat  load,  and  as  a  result  a  periodic  thermal  behavior  arises.  To  our  best 

ow  edge  there  is  no  previous  effort  to  study  performance  of  a  rectangular  natural  circulation  loop  under  a 
condition  of  time-dependent  heat  input.  In  the  present  study,  an  on-off  pulsating  heat  load  on  the  heated  section 

honndTrv  rgUiv  C,rCulat,0n  lo°p.  waS  therefore  considered.  The  cyclic  pulsating  heat  load  simulates  the 
boundary  condition  encountered  ,n  the  surroundings  of  many  thermal  systems.  Oscillatory  responses  of  a 

circulation  loop  to  a  time-periodic  heat  load  are  of  great  concern  in  practical  applications,  as  the  fluctuations  of 
temperature  may  be  undesirable.  The  undesirable  temperature  oscillation  in  the  circulation  loop  could  be 
mnnSnwhinCKrPOrat,n8/  ^  solld;h(Iuld  Phase  materials  as  passive  thermal  control  medium.  As  demonstrated 

”  fhil  hhe  5ST?k  ^  °f  late.nt  h6at  aSS°Ciated  With  solid'li(luld  P^se  change  process  can  be  utilized 
Oh-  f  fb“ffer  for  the  temperature  fluctuation  of  a  thermal  system  subjected  to  a  time-dependent  heat  load 
Objective  of  the  present  study  is,  accordingly,  to  investigate  experimentally  heat  transfer  characteristics  in  a 

PPM?,  HC  ’  annaIar  ‘“P  With  the  inner  tube  filled  with  a  solid-liquid  phase  change  material 

(  )  under  cyclic  pulsating  heat  load.  To  reveal  the  thermal  damping  efficacy  of  the  PCM-filled  inner  tube 

on  the  response  of  the  circulation  loop  to  the  cyclic  heat  load,  an  additional  annular  loop  with  empty  inner  tube 
(filled  with  air)  was  also  investigated  in  the  present  study. 
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ABSTRACT.  An  experimental  investigation  has  been  made  of  characteristics  of  a  rectangular,  annular  single¬ 
phase  natural  circulation  loop  with  the  inner  tube  filled  with  a  solid-liquid  phase  change  material  (PCM)  or  air 
under  cyclic  pulsating  heat  load.  A  rectangular,  annular  loop  of  150  cm  in  height  and  75  cm  in  width  was 
constructed  with  an  annular  gap  of  0.6  cm,  within  which  water  was  filled.  The  inner  tube  of  the  annular  loop 
was  filled  with  a  PCM  (n-Eicosene)  or  air.  Under  the  cyclic  pulsating  heat  load,  the  temperature  within  the 
water-filled  annular  loop  with  PCM-  or  air-filled  inner  tube  were  all  found  to  evolve  into  a  steady  periodic 
variation  for  the  range  of  parameters  considered.  The  water  temperature  and/or  its  fluctuating  amplitude  along 
the  heater  or  cooler  sections  of  the  loop  with  the  PCM-filled  inner  tube  were  found  to  be  markedly  lower  than 
those  measured  in  the  loop  with  the  air-filled  inner  tube  under  the  identical  conditions.  On  the  other  hands, 
along  the  insulated  sections  of  the  loop  a  somewhat  minute  difference  in  temporal  variations  of  the  water 
temperatures  exists  between  the  loops  with  PCM-  and  air-filled  inner  tube.  In  addition,  at  the  outer  wall  along 
the  cooler  section,  a  time-periodic  variation  of  temperature  was  detected  in  synchronizing  with  the  pulsating 
heat  load.  Parametric  effects  of  varying  amplitude  and  period  of  the  pulsating  heat  input,  as  well  as  of  varying 
the  inlet  temperature  of  the  water-cooled  jacket  were  investigated. 

1.  INTRODUCTION 

The  single-phase  natural  circulation  loops  (thermosyphons),  in  which  buoyancy-driven  fluid  flow  is  created  by 
heat  addition  to  and  removal  from  the  fluid  in  different  parts  of  the  system,  arise  in  many  engineering 
applications.  Examples  include  the  process  industry,  solar  heating  and  cooling  systems,  geothermal  power 
generation,  internal  combustion  engine  and  computer  cooling,  emergency  cooling  of  nuclear  reactors,  turbine 
blade  cooling,  and  natural  convection  heat  exchangers.  Extensive  reviews  of  the  thermosyphon  systems  and 
their  applications  can  be  found  in  [1-4]. 

Extensive  investigations  of  analyses  and/or  experiments  have  been  conducted  for  the  dynamic  response  of  the 
natural  circulation  loop  to  changes  in  heat  removal  from  or  addition  to  the  system  and  steady-state  performance 
of  the  system,  as  exemplified  in  Refs.  [5-9].  From  the  existing  literature  concerning  the  rectangular  natural 
circulation  closed  loop,  it  can  be  noticed  that  the  heating  conditions  considered  were  restricted  to  that  of  time- 
independent  heat  input  at  the  heated  section  of  the  loop.  In  practice,  however,  the  circulation  loop  could  be 
subjected  to  a  time-periodic  heat  load,  and  as  a  result  a  periodic  thermal  behavior  arises.  To  our  best 
knowledge,  there  is  no  previous  effort  to  study  performance  of  a  rectangular  natural  circulation  loop  under  a 
condition  of  time-dependent  heat  input.  In  the  present  study,  an  on-off  pulsating  heat  load  on  the  heated  section 
of  a  rectangular  circulation  loop  was  therefore  considered.  The  cyclic  pulsating  heat  load  simulates  the 
boundary  condition  encountered  in  the  surroundings  of  many  thermal  systems.  Oscillatory  responses  of  a 
circulation  loop  to  a  time-periodic  heat  load  are  of  great  concern  in  practical  applications,  as  the  fluctuations  of 
temperature  may  be  undesirable.  The  undesirable  temperature  oscillation  in  the  circulation  loop  could  be 
managed  by  incorporating  the  solid-liquid  phase  materials  as  passive  thermal  control  medium.  As  demonstrated 
in  [10-13],  the  absorption/release  of  latent  heat  associated  with  solid-liquid  phase  change  process  can  be  utilized 
as  a  thermal  buffer  for  the  temperature  fluctuation  of  a  thermal  system  subjected  to  a  time-dependent  heat  load. 
Objective  of  the  present  study  is,  accordingly,  to  investigate  experimentally  heat  transfer  characteristics  in  a 
single-phase  rectangular,  annular  loop  with  the  inner  tube  filled  with  a  solid-liquid  phase  change  material 
(PCM)  under  cyclic  pulsating  heat  load.  To  reveal  the  thermal  damping  efficacy  of  the  PCM-filled  inner  tube 
on  the  response  of  the  circulation  loop  to  the  cyclic  heat  load,  an  additional  annular  loop  with  empty  inner  tube 
(filled  with  air)  was  also  investigated  in  the  present  study. 


2.  EXPERIMENTS 


The  single-phase  rectangular,  annular  natural  circulation  loop  used  in  the  experiments  is  illustrated 
schematically  in  Fig.  1.  Stainless  steel  tubes  of  2.7-cm  outer  diameter  (2.3-cm  inner  diameter)  and  4.3-cm  outer 
diameter  (3.7-cm  inner  diameter)  were  used,  respectively,  as  the  inner  and  outer  tube  of  the  annular  loop.  Inside 
the  four  legs  of  the  inner  tube,  a  research-grade  paraffin,  n-Eicosene  (99%  pure)  with  a  fusion  temperature  of 
37  C,  was  selected  as  the  PCM.  Prior  to  filling  into  the  inner  tube,  the  paraffin  was  carefully  degassed.  The 
four  legs  of  the  loop  were  connected  with  four  steel  90°  bends.  The  heated  section  of  length  90  cm  consists  of 
an  electrically  insulated  heating  tape  (Lauda,  BIH101080)  on  the  outside  of  the  outer  tube,  which  is  heated 
electrically  with  a  D.C.  power  supply  (0-110  Volts,  0-10  Amperes).  The  power  supply  is  equipped  with  a 
timer  such  that  an  on-off  electric  power  input  to  the  heating  section  with  a  variable  pulsating  time-period  up  to 
30  minutes  can  be  produced.  Meanwhile,  the  cooled  section  of  length  75  cm  is  a  double  pipe  heat  exchanger 
with  a  plastic  outer  pipe  of  9.5-cm  inner  diameter,  which  is  connected  to  a  constant  temperature  bath  with  a 
mixture  of  water  and  ethanol  as  the  heat  transfer  medium  flowing  through  the  cooler  jacket.  Within  the  annular 
circulation  loop,  water  was  used  as  the  circulating  fluid.  The  whole  assembly  was  insulated  with  5  cm  of 
insulation  tubing.  To  reflect  directly  the  effect  of  the  PCM-filled  inner  tube,  an  identical  annular  circulation 
loop  was  also  constructed  but  with  an  empty  (air-filled)  inner  tube. 

The  circulation  loop  is  equipped  with  a  total  of  19  T-type  thermocouples,  as  indicated  in  Fig.  2,  to  monitor 
temperature  of  water  inside  the  annular  loop  as  well  as  of  the  outer  annular  wall  temperature  in  the  heated  and 
cooled  sections.  Each  thermocouple  measuring  the  water  temperature  was  positioned  approximately  near  the 
cross-sectional  center  of  the  annular  loop.  A  data  logger  was  used  to  record  the  temperature  measurement.  The 
uncertainty  in  the  measuring  the  temperature  with  the  T-type  thermocouples  and  recording  them  with  the  data 

logger  was  estimated  to  be  ±0.3°C.  The  experimental  uncertainty  associated  with  determining  the  heat  input  to 
the  loop  was  estimated  to  be  within  5%. 


Fig.  1 .  Schematic  diagram  of  the  experimental  Fig.  2  Location  of  thermocouples  in  the  loop, 
annular  natural  circulation  loop. 

The  experimental  procedure  adopted  in  the  present  study  is  as  follows.  The  annular  loop  was  filled  with 
distilled  water.  The  constant  temperature  bath  connected  to  the  cooling  jacket  was  first  set  to  establish 
internally  the  temperature  at  a  predetermined  value.  The  heat  exchange  fluid  of  the  constant  temperature  bath 
was  then  switched  on  to  circulate  through  the  cooler  jacket  of  the  loop.  Meanwhile,  the  heating  tape  was  turned 
on  to  supply  the  heated  section  a  selected  magnitude  of  the  pulsating  on-off  heat  flux  Aq  at  a  certain  time 

m- 


period  p.  Readings  of  the  thermocouples  were  recorded  until  a  steady  periodic  state  was  reached.  The  steady 
periodic  variation  was  usually  detected  in  the  annular  loop  after  approximately  six  to  ten  cycles  of  pulsating  heat 
load  into  the  heated  section.  To  further  ensure  the  steady  periodic  condition,  the  experiments  in  the  present 
study  were  performed  at  least  over  a  time  interval  of  nineteen  cyclic  pulsating  heat  load. 

3.  RESULTS  AND  DISCUSSIONS 

Two  series  of  experimental  tests  have  been  conducted  for  the  two  annular  loops  with  the  PCM-filled  and  the  air- 
filled  inner  tube,  respectively.  Pertinent  parameters  of  the  present  experiment  were  varied  for  the  two  annular 
loops  as  follows:  the  pulsating  heat  flux  through  the  heated  section  Aq  =  4000,  6000,  8000  W/  m2 ;  the  on-off 
heating  period  p  =  10,  20  minutes;  and  the  inlet  temperature  of  the  cooling  jacket  Tc>jn  =  5,  9,  14°C.  Their 
parametric  influences  on  the  behaviors  of  the  annular  loop  as  well  as  the  thermal  damping  efficacy,  if  any,  of  the 
PCM  filled  in  the  inner  tube  shall  be  presented  referring  with  the  case  of  Aq  =  6000  W/m2 ,  p  =  20  minutes,  and 
Tc,m  =  9°C  as  the  base  condition. 


For  all  the  tests  undertaken  for  the  loop  with  PCM-filled  or  air-filled  (empty)  inner  tube,  following  an  initial 
transient  oscillatory  regime,  a  steady  periodic  regime  was  observed  for  variation  of  the  water  temperature  with  a 
time-period  equal  to  that  of  the  imposed  pulsating  heat  load  at  the  heated  section.  Figures  3-5  display, 
respectively,  the  steady  periodic  variations  of  temperature  at  various  locations  along  the  heated,  cooled,  and 

adiabatic  sections  of  the  loop  under  the  condition  of  Aq  =  6000  W  /  m2 ,  p  =  20  minutes,  Tc  =  9°C.  The  fluid 

temperature  fluctuations  appear  to  be  markedly  intensified  longitudinally  along  the  heated  section,  as  revealed  in 
Fig.  3.  Meanwhile,  magnitudes  of  the  steady  temperature  fluctuations  for  the  loop  with  the  PCM-filled  inner 


Fig.  3.  Steady  periodic  variation  of  temperature  at 
three  locations  along  the  heated  section 
for  Aq  =  6000  W/m2,  p  =  20  minutes, 

T  =  9°C. 

c.tn 


Fig.  4.  Steady  periodic  variation  of  temperature 
at  two  locations  along  the  cooled 
section  for  Aq  =  6000  W  /  m2 ,  p  =  20 
minutes,  Tc  in  =  9°C. 
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tube  can  be  seen  substantially  smaller  than  those  for  the  loop  with  the  empty  inner  tube,  in  particular  in  the 
region  where  the  fluid  temperature  is  substantially  higher  than  the  fusion  temperature  of  the  PCM.  At  the 
location  j  =  750  mm  near  the  exit  of  the  heated  section,  for  instance,  a  fluctuation  amplitude  of  approximately 
4°C  arises  for  the  loop  with  PCM-filled  inner  tube,  while  an  amplitude  of  7°C  for  the  loop  with  the  empty  inner 
tube.  Such  a  nearly  half  reduction  of  the  temperature  fluctuation  clearly  reflects  the  thermal  damping  efficacy 
of  the  PCM  filled  in  the  inner  tube  to  the  cyclic  heat  load.  Contrary  to  the  heated  section,  as  displayed  in  Fig.  4, 
the  oscillatory  behavior  of  the  fluid  temperature  appears  relatively  moderate  and  becomes  gradually  subdued 
along  the  cooled  section.  Furthermore,  it  can  be  noticed  that  the  fluid  temperature  through  the  cooled  section 
remains  below  the  fusion  temperature  of  the  PCM.  No  significant  damping  on  the  oscillatory  fluid  temperature 
by  the  PCM-filled  inner  tube  can  thus  be  expected  along  the  cooled  section,  as  depicted  in  Fig.  4.  For  the 
insulated  sections  of  the  annular  loops,  the  steady  temperature  oscillations  are  typified  in  Fig.  5  at  one  location, 
respectively,  along  the  upper  and  lower  horizontal  section.  The  temperature  fluctuation  at  the  upper  insulated 
section  is  markedly  higher  than  that  at  the  lower  section.  Further  from  Fig.  5,  it  can  be  seen  that  significant 
thermal  damping  on  the  temperature  fluctuation  due  to  the  PCM-filled  inner  tube  occurs  at  the  upper  insulated 
section,  where  the  fluid  temperature  oscillates  around  the  melting  point  of  the  PCM.  On  the  contrary,  along  the 
lower  insulated  section  the  fluid  temperature  remains  well  below  the  fusion  point  of  the  PCM  so  that  the 
temperature  fluctuation  appears  rather  insensitive  to  whether  the  inner  tube  filled  with  PCM  or  not.  Another 
fact  worthy  of  mentioned  here  is  that  at  the  outer  wall  along  the  cooler  section,  regardless  of  the  inner  tube  being 
filled  with  PCM  or  air,  a  time-periodic  variation  of  temperature  was  detected  in  synchronizing  with  the  pulsating 
heat  load.  As  illustrated  in  Fig.  6,  the  periodic  variation  of  the  averaged  wall  temperature  at  the  cooled  section 
under  the  condition  of  Aq  =  6000  W/m2 ,  p  =  20  minutes,  Tc-in  =  9°C  can  be  well  approximated  by  a  sinusoidal 
function. 


Fig.  5.  Steady  periodic  variation  of  temperature 
at  locations  along  the  upper  and  lower 

adiabatic  section  for  Aq  =  6000  W / nA  , 

p  =  20  minutes,  Tc  }n  =  9°C. 


o 
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Fig.  6  Steady  periodic  variation  of  surface 

averaged  temperature  at  the  cooled  section 
of  the  annular  loop  with  the  inner  tube 
filled  with  PCM  or  air  for  Aq  =  6000 

W/m^ ,  p  =  20  minutes,  TC)jn  =  9°C. 
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In  Fig.  7,  the  periodically-averaged  values  of  the  fluid  temperature  T  along  the  annular  loops  with  the  PCM- 
filled  or  empty  inner  tube  are  shown  for  the  case  of  Aq  =  6000  W/m2 ,  p  =  20  minutes,  Tc iin  =  9°C.  It  should 

be  noted  that  the  amplitude  of  the  temperature  fluctuation  is  defined  here  as  the  average  of  the  maximum  and 
minimum  fluid  temperature  deviation  from  the  periodic  mean  value.  An  overview  of  the  experimental  data 
reveals  that  the  periodic  mean  values  along  the  heated  section  of  the  both  annular  loops  exhibit  somewhat  linear 
increase  trend  but  at  different  rate.  A  markedly  lower  increase  rate  and  thus  a  lower  value  of  the  fluid 
temperature  can  be  discerned  for  the  loop  with  the  PCM-filled  inner  tube,  in  particular  along  the  second-half 
portion  of  the  heated  section.  For  the  insulated  and  cooled  sections  of  the  loop,  the  PCM  filled  in  the  inner  tube 
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appears  exerting  little  influence  on  the  periodic 
mean  temperature  profile  of  the  fluid. 

Also  included  in  Fig.  7  is  the  corresponding 
distribution  of  fluctuation  temperature  amplitude 
Ax  along  the  annular  loops.  In  a  similar  manner 
to  the  periodic  mean  temperature,  the  temperature 
fluctuation  amplitude  exhibits  a  relatively  sharp 
increase  along  the  heated  section  of  the  annular 
loop  with  the  empty  inner  tube.  A  maximum 
fluctuation  amplitude  of  about  9°C  is  detected 
along  the  vertical  insulated  section  following  the 
heated  section.  A  gradually  decrease  of  the 
fluctuation  amplitude  appears  then  through  the 
upper  insulated  section,  reaching  a  local 
minimum  amplitude  of  approximately  4.5°C. 
Entering  the  cooled  section,  a  slight  increase  of 
the  fluctuation  amplitude  arises  before  a  more 
moderate  decrease  trend  resumes  through  the 
following  insulted  section.  For  the  annular  loop 
with  the  PCM-filled  inner  tube,  a  similar 
observation  of  the  temperature  fluctuation 
amplitude  can  be  made.  Moreover,  in  conformity 
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Fig.  7  Distributions  of  the  periodic  mean  value  and 
the  fluctuation  amplitude  of  the  fluid 
temperature  along  the  annular  loops  for  Aq  = 

6000  W/m2 ,  p  =  20  minutes,  Tc>u,  =  9°C. 


with  the  results  shown  in  Figs.  3-5,  the  thermal  damping  effects  of  the  PCM  filled  in  the  inner  tube  can  be 
further  inferred  from  the  substantially  lower  fluctuation  amplitude  displayed  in  Fig.  7,  in  comparison  with  that 
for  the  loop  with  empty  inner  tube. 


Further  increase/decrease  of  the  magnitude  of  the  pulsating  heat  load  on  the  heated  section  induces,  as  can  be 
expected,  a  marked  increase/decrease  of  the  periodic  mean  temperature  throughout  the  annular  loop 
with/without  the  PCM  filled  in  the  inner  tube  as  depicted  in  Fig.  8.  Moreover,  it  can  be  noticed  that  the  periodic 
mean  temperature  along  the  annular  loop  shows  little  dependence  on  the  PCM  filled  in  the  inner  tube  except  for 
the  second-half  heated  section,  where  a  marked  reduction  of  the  fluid  mean  temperature  can  be  detected.  The 
reduction  magnitude  of  the  mean  temperature  in  the  heated  section,  due  to  the  latent-heat  damping,  tends  to  be 
further  augmented  under  a  higher  pulsating  heat  load.  The  above-described  influences  of  varying  the  pulsating 
heat  load  on  the  mean  fluid  temperature  can  be  generally  observed  for  the  fluctuation  amplitude  of  fluid 
temperature  along  the  loop  as  well.  As  can  be  seen  in  Fig.  8,  the  magnitude  of  temperature  fluctuation  as  well 
as  its  reduction  associated  with  PCM  filled  in  the  inner  tube  display  a  significant  bearing  with  the  imposed 
pulsating  heat  load.  Under  a  higher  the  pulsating  load,  higher  temperature  amplitude  arises  through  the  annular 
loop.  Meanwhile,  the  amount  of  amplitude  reduction  caused  by  the  PCM  in  the  inner  tube  becomes  enlarged,  in 
particular  along  the  second-half  heated  section. 


Next,  in  Fig.  9  the  effects  of  varying  the  time-period  of  the  pulsating  heat  load  is  presented.  By  inferring  from 
Figs.  7  and  9,  the  increase  of  the  on-off  heating  period  can  be  seen  to  induce  a  marked  higher  fluctuation 
magnitude  of  the  fluid  in  the  loop.  Little  dependence  of  the  periodic  mean  temperature  on  the  period  of  the 
pulsating  heat  load  can  be  readily  discerned  from  the  figures.  Further  scrutiny  of  Figs.  7  and  9  reveals  that  the 
thermal  damping  efficacy  on  the  temperature  fluctuation  caused  by  the  PCM-filled  inner  tube  appears  to  be 
rather  insensitive  to  variation  of  the  period  of  the  pulsating  heat  load. 


Finally,  the  parametric  effect  of  the  inlet  temperature  of  the  cooling  jacket  at  the  cooled  section  on  the  fluid 
temperature  field  is  illustrated  in  Fig.  10.  In  conjunction  with  Fig.  7,  it  can  be  seen  that  a  cooler  inlet  coolant 
temperature  through  the  cooling  jacket  gives  rise  to  substantial  decrease  of  the  periodic  mean  temperature 
through  the  loop.  Similar  to  that  of  varying  the  period  of  the  pulsating  heat  load,  the  variation  of  the  coolant 
inlet  temperature  tends  to  exert  minute  influence  on  the  temperature  amplitude  or  the  thermal  damping  efficacy 
associated  with  filling  PCM  into  the  inner  tube  of  the  loop. 
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Fig.  8  Influence  of  the  magnitude  of  pulsating 
heat  load  on  the  periodic  mean  value  and 
the  fluctuation  amplitude  of  the  fluid 
temperature  along  the  annular  loops  for  p 
=  20  minutes  and  Tc  jn  =  9°C. 


Fig.  9  Effect  of  the  period  of  pulsating  heat  load  on 
the  periodic  mean  value  and  the  fluctuation 
amplitude  of  the  fluid  temperature  along  the 
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Fig.  10  Dependence  of  the  periodic  mean  value  and  the 
fluctuation  amplitude  of  the  fluid  temperature 
along  the  annular  loops  on  the  inlet  temperature 
of  the  cooling  jacket  at  the  cooled  section  for 

Aq  =  6000  YV /m^  and  p  =  20  minutes. 


4.  CONCLUDING  REMARKS 

In  the  present  experiment,  the  results  of  fluid  temperature  development  in  a  rectangular  annular  single-phase 
natural  circulation  loop  with  inner  tube  filled  with  PCM  or  air  under  a  cyclic  pulsating  head  load  have  been 
presented.  The  fluid  temperature  variation  inside  the  annular  loop  with  the  inner  tube  filled  with  PCM  or  air  has 
been  found  to  evolve  into  a  steady  time-periodic  variation  for  the  parameters  under  consideration.  With  the 
inner  tube  filled  with  PCM,  the  fluid  temperature  and/or  its  fluctuation  amplitude  along  the  heated  or  cooled 
sections  of  the  annular  loop  can  be  substantially  reduced.  On  the  other  hands,  along  the  insulated  sections  of  the 
loop  a  somewhat  minute  difference  in  temporal  variations  of  the  water  temperature  exists  between  the  loops 
with  PCM-  and  air-filled  inner  tube.  In  addition,  at  the  outer  wall  along  the  cooled  section,  a  time-periodic 
variation  of  temperature  in  synchronizing  with  the  pulsating  heat  load  was  detected.  Moreover,  the  thermal 
damping  efficacy  by  the  PCM-filled  inner  tube  on  the  temperature  fluctuation  appears  to  be  greatly  enhanced 
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with  the  increase  of  amplitude,  but  rather  insensitive  to  the  variation  of  the  time  period  of  the  imposed  pulsating 
heat  load.  The  influence  of  varying  the  coolant  inlet  temperature  tends  to  exert  an  influence  similar  to  that  of 
varying  the  time  period  of  the  pulsating  heat  load. 
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ABSTRACT.  The  process  of  combined  natural  convection  heat  and  mass  transport  during  dissolution  of  a 
vertical  soluble  metallic  substrate  in  an  otherwise  quiescent  molten  metallic  pool  is  studied  theoretically.  The 
problem  is  formulated  using  the  Boussinesq  approximation,  taking  full  account  of  the  density  variation  of  the 
binary  metallic  solution  due  to  concentration  and  temperature  differences  across  the  dissolution  boundary  layer. 
Also  accounted  for  are  the  solubility  of  the  metallic  substrate  on  the  species  transport  and  the  motion  of  the 
solid-liquid  interface  at  the  dissolution  front.  The  governing  system  is  solved  using  a  combined  analytical- 
numerical  technique  to  determine  the  velocity,  temperature,  and  concentration  profiles  in  the  dissolution 
boundary  layer.  Results  are  presented  showing  the  dependence  of  the  rate  of  dissolution  on  the  key  controlling 
parameters  of  the  binary  metallic  system. 


1.  INTRODUCTION 

Heat  and  mass  transport  during  dissolution  of  a  vertical  metallic  substrate  in  a  molten  metallic  pool  is  of 
considerable  practical  importance  in  conjunction  with  the  formation  of  alloys,  casting  of  metals,  corrosion  of 
high-temperature  containers,  and  safety  analysis  of  advanced  nuclear  reactors.  The  latter  arises  in  a  postulated 
core-meltdown  accident  in  a  heavy  water  reactor  in  which  a  pool  of  molten  aluminum  would  form  in  the  lower 
head  of  the  reactor  vessel.  The  molten  aluminum  tends  to  dissolve  the  carbon  steel  structure  that  is  submerged 
in  the  pool.  In  most  cases,  the  solid  substrate  (i.e.,  the  carbon  steel  structure)  is  at  a  temperature  considerably 
below  the  molten  pool  temperature  and  has  a  density  larger  than  the  pool  density.  As  a  binary  solution  is 
formed  near  the  dissolution  front,  significant  density  gradients  induced  by  both  the  concentration  and  the 
thermal  fields  would  develop  in  the  solution  layer.  Under  the  influence  of  gravity,  these  density  gradients  give 
rise  to  a  strong  buoyancy  force  that  causes  the  dissolved  material  (i.e.,  the  binary  solution)  to  move  along  the 
solid-liquid  interface,  thus  resulting  in  the  development  of  a  dissolution  boundary  layer.  Experimental 
measurements  of  dissolution  in  binary  metallic  systems  performed  by  previous  investigators  have  been 
emphasized  either  on  the  composition  of  the  alloy  resulting  from  the  dissolution  process  [1,  2]  or  on  the  extent 
of  dissolution  under  various  flow  conditions  [3-5].  While  these  experimental  studies  provide  some  useful  data 
on  the  material  composition  and  the  overall  dissolution,  they  offer  very  little  information  on  the  characteristic 
features  of  the  dissolution  heat  and  mass  transport  processes.  Theoretical  studies  of  the  subject  matter  have 
been  limited  to  those  of  Cheung  et  al.  [6,  7]  and  Shiah  et  al  [8].  They  found  that  the  Sherwood  number  depends 
strongly  on  the  saturated  concentrations  of  the  substrate  at  the  dissolution  front  and  the  degree  of  saturation  in 
the  ambient  metallic  pool.  Their  studies,  however,  have  been  restricted  to  the  case  of  an  isothermal  binary 
metallic  system  in  which  the  buoyancy  force  arises  entirely  due  to  concentration  differences.  The  assumption  of 
an  isothermal  system  severely  limits  the  applicability  of  their  results  since  in  most  cases,  the  solid  substrate  is 
likely  to  be  at  a  temperature  well  below  the  ambient  pool  temperature.  In  such  cases,  the  effects  of  thermal 
buoyancy  need  to  be  taken  into  account.  In  this  study,  the  process  of  combined  natural  convection  heat  and  mass 
transport  during  dissolution  of  a  vertical  soluble  metallic  substrate  submerged  in  an  otherwise  quiescent  molten 
metallic  pool  is  studied  theoretically.  The  substrate,  having  a  density  different  from  the  ambient  pool,  is 
considered  to  be  at  a  temperature  well  below  the  ambient  pool  temperature.  Owing  to  the  complexity  of  the 
problem,  only  the  case  for  which  the  temperature-induced  flow  and  the  concentration-induced  flow  are  aiding 
each  other  is  considered  in  this  study.  The  problem  is  formulated  for  a  general  binary  metallic  system  but 
numerical  results  are  obtained  specifically  for  an  iron-aluminum  system. 
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2.  MATHEMATICAL  FORMULATION 


A  schematic  of  the  physical  system  under  consideration  is  shown  in  Figure  1.  The  vertical  soluble  substrate  (i.e. 
iron  plate)  having  a  density  higher  than  the  ambient  fluid  is  submerged  in  a  pool  of  quiescent  molten  metal  (i.e. 
molten  aluminum)  that  is  at  a  temperature  above  the  substrate  temperature.  The  dissolved  material  flows 
downward  along  the  plate  due  to  the  combined  thermal  and  concentration  induced  density  gradients. 


Figure  1.  A  schematic  of  the  binary  metallic  system  under  consideration 
showing  the  configuration  of  the  dissolution  boundary  layer. 

To  facilitate  the  mathematical  formulation  of  the  problem,  the  dissolution  process  is  treated  to  be  steady  and  the 
solid-liquid  interface  (i.e.  the  dissolution  front)  to  remain  vertical.  These  simplifications  are  appropriate  since 
the  dissolution  process  is  usually  slow  owing  to  a  small  mass  diffusivity  for  the  aluminum  alloy  system.  The 
extent  of  wall  erosion  is  small  compared  to  the  length  of  the  plate.  A  two-dimensional  Cartesian  coordinate 
system  moving  with  the  dissolution  front  is  employed  such  that  the  interface  is  always  located  at  y  =  0.  In  the 
moving  coordinate  system,  the  transverse  component  of  the  velocity  at  the  solid  surface  is  no  longer  zero,  but 
has  a  value  equal  to  the  local  dissolution  velocity,  vs.  Assuming  a  steady,  two-dimensional,  laminar  boundary- 
layer  flow,  the  equations  governing  the  momentum,  heat  and  mass  transport  in  the  dissolution  boundary  layer 
can  be  written  as: 


8(pu)  |  d(pv) . Q 

dx  dy 


du 


du 

dy 


d2u 


pu  — +  pv— =  p— +  g(p-pj 


dy2 


„  dT  _  dT 

^dT^dT 


(1) 

(2) 

(3) 


dC 

pu__  +  pv 
dx 


dC 

dy 


tv  3  f  3C1 

dy[  dy  ^ 


(4) 


Note  that  the  local  density  p  is  a  strong  function  of  the  local  concentration  and  temperature.  Hence  the  local 
density  variation  needs  to  be  accounted  for  in  the  continuity  equation.  The  boundary  conditions  for  the  above  set 
of  the  governing  equations  are: 

y  =  0 :  u  =  0 ,  C  =  CS,  T  =  TS  (5) 
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(6) 


v 


=  v„ 


D  dC 
1-C.  By 


x  =  0  or  y  — »  oo :  u  =  0  ,  C  =  ,  T  =  T„  (7) 

where  Cs  is  the  saturated  concentration  at  the  solid-liquid  interface.  The  term  (1-CS)  in  the  denominator  of 
Equation  (6)  represents  the  induced  flow  correction  for  the  transverse  component  of  liquid  velocity  at  the 
interface. 

The  value  of  Cs  in  Equation  (5)  is  a  function  of  the  interface  temperature,  Ts,  which  is  taken  to  be  the  same  as 
the  substrate  temperature.  Shiah  et  al.  [8]  used  the  experimental  data  for  the  solubility  of  metals  in  molten 
aluminum  at  high  temperatures  and  obtained  the  following  for  the  saturated  concentration: 

InC.^  +  B,  (8) 


where  Cs  is  in  weight  %,  Ts  is  in  degree  Kelvin,  and  Ab  Bj  are  constants.  For  the  iron-aluminum  system  under 
consideration,  these  constants  have  values  of  A!  =  -7.74xl03  and  Bi  =  8.89.  For  a  given  value  of  Ts,  the  above 
expression  can  be  used  to  determine  the  saturated  concentration. 

To  complete  the  mathematical  formulation  of  the  problem,  various  ambient  pool  concentrations  are  considered 
with  C„  being  bounded  between  zero  and  the  saturated  value  at  the  interface  Cs.  It  can  simply  be  related  to  Cs 
by: 

C„  =aCs  (9) 


Physically,  the  fraction  a  can  be  viewed  as  the  degree  of  saturation  of  the  ambient  molten  metallic  pool. 
For  a  binary  metallic  system,  the  local  density  of  the  fluid  can  be  expressed  as: 


1- 

fl_Pm' 

C 

,  Pw  j 

(10) 


where  C  is  the  local  mass  fraction,  pm  is  the  density  of  the  metallic  solvent  (i.e.  molten  aluminum),  and  pw  is  the 
density  of  the  substrate  (i.e.  iron).  The  ratio  Pm/pw  can  be  written  as: 

Pm  _  Pm,s  +  Am(T~Ts)  _  Pm,s  _  ^ 

Pw  Pw,s  +Aw(T-Ts)  Pw,s 


where  the  reference  temperature  has  been  chosen  to  be  Ts.  The  error  associated  with  the  above  approximation 
has  been  observed  to  be  less  than  1%  for  (T„-Ts)  <  150K. 

Equation  (10)  can  be  rewritten  as: 


Ps 


-MT-TJ 


[l-(l-d)C]- 


(12) 


where  pm  {=-An/ps}  is  the  coefficient  of  thermal  expansion  of  the  metallic  solvent  (i.e.  molten  aluminum).  The 
density  at  the  interface  in  the  above  equation  is  given  by: 
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(13) 


ps=pm,s[i-(i-d)c5r1 


which  depends  on  the  values  of  d,  Cs,  and  pm,s.  On  the  other  hand,  the  ambient  pool  density  is  given  by: 


P~  =(Pm,s  +  AmAT)[l-(l-d)aCJ 


(14) 


where  A 7  =  (7„-7s)  is  the  overall  temperature  difference  across  the  thermal  boundary  layer. 

3.  ANALYSIS 


3.1  Similarity  Transformation 

By  evaluating  the  thermophysical  properties  of  the  individual  species  at  the  saturated  temperature,  the  governing 
equations  can  be  reduced  to  a  system  of  ordinary  differential  equations  by  a  similarity  transformation.  Upon 
introducing  a  stream  function  iff  defined  by: 


Ps  dV  , 

u=— —x.  and 

P  dy 


p  dx 


(15) 


and  the  dimensionless  temperature  and  species  distributions  defined  by: 


0  = 


and 


the  similarity  variables  are  given  in  the  following  forms: 


q  =  c,x' 


(16) 


(17) 


\|/  =  c2x3/4f(ri),  0  =  0(q)  and  <J)  =  <t>(ri)  (18) 

where  q  is  the  Blasius  similarity  variable  and  Y  is  the  Howarth-Dorodnitsyn  variable  given  by: 

Y  =  J— dy  (19) 

0  Ps 


The  coefficients  ci  and  c2  in  Equations  (17)  and  (18)  are  given  respectively  by: 


^gPs2  A 

4^ 


and  c,  = 


gM_ 

4ps 


2  \ 


(20) 


where  quantities  with  the  subscript  r  represent  values  at  the  solid-liquid  interface.  In  terms  of  the  similarity 
variables,  the  governing  system  reduces  to  the  following  set  of  ordinary  differential  equations: 


-2(f')2  +3ff'  +  l-— =  0 
P 


(  0 
-H-0' 


+  3Prf0'  =  O 


(21) 


(22) 
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-£-f  +3Scff  =  0  (23) 

IP*  J 

where  for  a  given  binary  system,  the  Prandtl  number  and  Schmidt  number  have  been  assumed  constant  as  a  first 
approximation.  The  boundary  conditions  for  the  above  set  of  equations  are: 

f'(0)  =  0  and  0(0)  =  <[>(0)  =  1  (24) 

f(Q)=T^c;(a~-[-f(Q)]  <25) 

3Sc  1  -  Cs 

f  '(«,)  =  0(oo)  =  (|)(oo)  =  o  (26) 

where  Equation  (25)  represents  the  condition  at  the  moving  dissolution  front  and  the  superscript  prime  denotes 
total  derivative  with  respect  to  r\.  Equations  (21)-(23)  can  be  integrated  simultaneously  with  respect  to  r\  with 
the  initial  conditions  given  by  Equation  (24)  and  (25).  However,  the  initial  values  for  f”(0),  0’(O),  and  ^’(0)  are 
unknown  and  need  to  be  guessed  to  start  the  integration.  An  iterative  technique,  using  the  modified  Newton- 
Raphson  shooting  scheme,  was  employed  to  correct  the  initial  guesses  for  these  values.  Equations  (21)-(23) 
were  integrated  numerically  from  ri  =  0  to  r\  =  r)„  (a  finite  approximation  for  T)  =  °°)  using  the  IMSL  Adams- 
Gear  subroutine  for  stiff  equations.  This  IMSL  subroutine  uses  the  fifth-order  backward  differentiation  formula 
(BDF)  method  and  variable  stepsize.  Some  initial  calculations  were  done  by  varying  r\„  to  determine  its  effect 
on  the  solutions.  It  was  found  that  for  T]„=  250  the  solutions  stabilized  to  5  digits.  The  computations  were  started 
using  a  small  value  of  ri„  (say,  50  or  smaller)  and  the  value  was  successively  increased  until  the  boundary 
conditions  given  by  Equation  (26)  were  satisfied  within  a  specified  tolerance,  e  (say,  10'4).  The  values  of  f ’(0), 
6’(0),  and  0’(O)  so  determined  were  used  to  calculate  the  transport  quantities  and  the  local  dissolution  rate. 

3.2  Rate  of  Dissolution 

An  expression  for  the  local  dissolution  rate  can  be  derived  from  Equations  (6),  (9),  (16)  and  (17)  in  terms  of  the 
dimensionless  concentration  gradient  <j>’(0)  at  the  solid-liquid  interface.  This  is: 

v  =  Ed  ~  a)C.]!/_4_Gr,/4[_<t>.(0)]  (27) 

V2(l-C,)x 

where  Gr*  is  the  local  Grashof  number  defined  as: 

_  g(l  -  a)C,x3  (28) 

X"  vs2 

For  a  vertical  substrate  having  a  total  length  of  L,  the  average  dissolution  rate  is: 


1  L 

vs  =  -Jv,dx 

L  o 

Substituting  Equations  (27)  and  (28)  into  Equation  (29): 


_  2V2[(l-a)CJ3/4D^1/4r  A„nN1 

V~°  3(1-C,)L  ^  M(0)1 


where  GrL  is  the  overall  Grashof  number  defined  by: 


g(l-a)CsL3 
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From  Equations  (27)  and  (30),  a  dissolution  rate  constant  can  be  introduced  as: 


(32) 


In  terms  of  V0,  the  local  and  the  average  dissolution  rates  can  be  expressed  respectively  in  the  following  form: 

SL  2V2V0Gr^/4 


vsx  V0Grx 


V2Sc 


and 


v. 


3Sc 


(33) 


The  problem  thus  boils  down  to  determining  the  dissolution  constant,  V0.  Once  the  value  of  Vo  is  obtained,  the 
local  and  the  average  dissolution  rates  can  be  calculated. 

For  the  special  case  under  consideration,  the  ambient  pool  is  a  pure  molten  aluminum,  i.e.,  C„  =  0  or  a  =  0. 
Equation  (32)  reduces  to: 

v0  =-^-[-4»’(0)]  (34) 

From  Equations  (21)-(26),  it  can  be  shown  that  (]>’(0)  is  a  function  of  d,  Sc,  Pr,  Cs,  and  PmAT.  It  follows  that  for  a 
given  binary  system,  the  dissolution  constant,  V0,  is  dependent  only  on  the  saturated  concentration,  Cs,  and  the 
thermal  buoyancy  force,  3m3AT. 


4.  RESULTS  AND  DISCUSSION 

Numerical  calculations  have  been  performed  for  an  iron-aluminum  system  over  the  interfacial  temperature  range 
of  1000K  <  Ts  <  1200K  for  which  the  substrate-to-solvent  density  ratio  varies  from  0.31  to  0.30,  the  Schmidt 
number  varies  from  130  to  60,  and  the  Prandtl  number  varies  from  0.014  to  0.010.  The  calculated  velocity, 
temperature,  and  concentration  profiles  for  the  case  of  Ts  =  1 100K  are  shown  in  Figures  2  to  4,  respectively, 
with  the  thermal  buoyancy  force  as  a  parameter.  For  all  cases  shown  in  Figure  2,  the  value  of  f  increases  from 
zero  at  the  solid-liquid  interface  (i.e.,  T]  =  0)  to  a  maximum  value  at  a  location  close  to  the  edge  of  the 
concentration  boundary  layer  (see  Figure  4).  It  then  decreases  to  zero  toward  the  edge  of  the  velocity  boundary 
layer.  The  maximum  value  of  f  increases  as  the  thermal  buoyancy  force  is  increased.  It  should  be  noted  that 
the  maximum  value  of  f  also  increases  with  the  saturated  concentration  of  the  substrate  at  the  dissolution  front. 
The  latter  quantity,  in  turn,  increases  with  the  saturated  temperature.  Due  to  space  limitation,  however,  this  is 
not  shown  in  the  figure. 


Figure  2.  Modified  axial  velocity  profiles  for  an 
aluminum-iron  (Al-Fe)  system  at 
Ts=1100  K. 


Figure  3.  Distribution  of  modified  temperature 
for  an  aluminum-iron  (Al-Fe)  system. 
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Figure  4.  Distribution  of  modified  mass  fraction 
for  an  aluminum-iron  (Al-Fe)  system 
at  Ts=1100  K. 


Figure  5.  Distribution  of  modified  mass  fraction 
for  an  aluminum-iron  (Al-Fe)  system 
at  pnATrrO.l. 


For  all  cases  shown  in  Figure  3,  the  dimensionless  temperature  decreases  monotonically  with  r]  from  unity  at  the 
solid-liquid  interface  (i.e.,  r\  =  0)  to  zero  at  the  edge  of  the  thermal  boundary  layer.  The  dimensionless 
temperature  profile  is  a  strong  function  of  the  thermal  buoyancy  force.  As  the  latter  quantity  is  increased,  the 
thermal  boundary  layer  thickness  decreases,  resulting  in  a  larger  temperature  gradient  and  thus  a  higher  heat 
transfer  at  the  solid-liquid  interface.  Note  from  Figures  2  and  3  that  the  thermal  boundary  layer  is  thicker  than 
the  velocity  boundary  layer  as  expected  for  small-Prandtl-number  fluids.  The  dimensionless  concentration  also 
decreases  monotonically  with  r|  from  unity  at  the  solid-liquid  interface  to  zero  at  the  edge  of  the  concentration 
boundary  layer.  As  the  thermal  buoyancy  force  is  increased,  the  concentration  boundary  layer  thickness 
decreases,  resulting  in  a  larger  concentration  gradient  and  thus  a  higher  mass  transport  at  the  solid-liquid 
interface.  Note  from  Figures  2  and  4  that  the  concentration  boundary  layer  is  considerably  thinner  than  the 
velocity  boundary  layer  as  expected  for  small-Schmidt-number  fluids.  Figure  5  depicts  the  concentration 
profiles  with  the  saturated  concentration  as  a  parameter,  which  changes  from  0.03  to  0.19,  corresponding  to  a 
variation  in  the  saturated  temperature  from  1000  K  to  1300  K.  In  this  figure,  the  thermal  buoyancy  force  is 
fixed  constant.  For  all  cases  considered,  the  concentration  boundary  layer  is  very  thin.  The  dimensionless 
concentration  decreases  monotonically  from  unity  at  the  solid-liquid  interface  to  zero  at  the  edge  of  the 
concentration  boundary  layer.  As  the  saturated  concentration  is  increased,  the  dimensionless  concentration  at  a 
given  location  r)  increases,  resulting  in  a  smaller  concentration  gradient  at  the  dissolution  front.  Physically,  this 
is  due  to  the  blowing  effect  at  the  solid-liquid  interface  induced  by  the  dissolution  process.  Note  from  Equation 
(34)  that  the  rate  of  dissolution  depends  not  only  on  the  concentration  gradient  at  the  dissolution  front  but  also 
on  the  saturated  concentration  itself.  As  the  saturated  concentration  is  increased,  the  rate  of  dissolution  actually 
increases,  although  the  concentration  gradient  at  the  wall  decreases. 


Figure  6.  Numerical  data  for  the  dissolution 

constant  for  an  aluminum-iron  (Al-  Fe) 
system. 


Figure  7.  Normalized  data  for  the  dissolution 
constant  for  an  aluminum-iron  (Al- 
Fe)  system. 
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Based  on  the  numerical  results  obtained  for  the  iron-aluminum  system,  the  dependence  of  the  dissolution 
constant  on  the  saturated  concentration  and  the  thermal  buoyancy  force  is  shown  in  Figure  6,  which  is  presented 
in  a  semi-log  plot.  The  dissolution  constant  is  a  strong  function  of  both  parameters.  For  a  given  thermal 
buoyancy  force,  the  dissolution  constant  increases  considerably  with  an  increase  in  the  saturated  concentration. 
On  the  other  hand,  at  a  given  saturated  concentration,  the  dissolution  constant  decreases  with  a  decrease  in  the 
thermal  buoyancy  force.  For  values  of  PmAT  less  than  0.001,  the  dissolution  constant  approaches  to  its  lower 
limit,  having  the  same  value  as  that  due  to  mass  transport  alone,  similar  to  those  reported  by  Cheung  et  al.  [6,7]. 
Note  that  for  all  cases  shown  in  the  figure,  the  dissolution  constant  approaches  asymptotically  to  zero  as  the 
saturated  concentration  becomes  very  small.  An  attempt  has  also  been  made  to  single  out  the  effects  of  the 
thermal  buoyancy  force  by  merging  the  various  curves  for  the  dissolution  constant.  The  results  are  presented  in 
Figure  7  where  the  dissolution  constant  is  being  divided  by  the  specified  function  of  the  thermal  buoyancy  force 
as  shown.  The  various  numerical  data  merge  very  nicely  into  a  single  curve  for  saturated  concentration  less 
than  0.1.  At  higher  values  of  Cs,  however,  the  numerical  data  appear  to  be  quite  scattered,  indicating  a  different 
dependence  of  the  dissolution  rate  on  the  thermal  buoyancy  force. 

5.  CONCLUSIONS 

1 .  For  a  binary  metallic  system,  the  dissolution  heat  and  mass  transport  processes  are  controlled  by  six  key 
dimensionless  parameters.  These  include  the  saturated  concentration  of  the  substrate  at  the  dissolution 
front,  the  thermal  buoyancy  force,  the  degree  of  saturation,  the  Schmidt  number,  the  Prandtl  number,  and 
the  density  ratio  of  the  substrate  and  the  solvent. 

2.  Both  the  local  and  the  average  rates  of  dissolution  can  be  conveniently  described  in  terms  of  the  dissolution 
constant  given  by  Equation  (34).  Once  the  value  of  the  dissolution  constant  is  known,  the  local  and  the 
average  dissolution  rates  can  be  uniquely  determined. 

3.  For  a  given  binary  metallic  system  with  zero  degree  of  saturation  in  the  ambient  pool,  the  dissolution 
constant  depends  only  on  the  thermal  buoyancy  force  and  the  saturated  concentration  of  the  substrate  at  the 
dissolution  front. 

4.  During  dissolution  of  a  vertical  iron  plate  in  a  pool  of  molten  aluminum,  the  effects  of  the  thermal 
buoyancy  force  on  the  rate  of  dissolution  is  as  important  as  the  effects  of  the  saturated  concentration  of  the 
substrate.  To  realistically  predict  the  rate  of  dissolution,  the  temperature-induced  flow  needs  to  be 
considered  in  addition  to  the  concentration-induced  flow. 
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ABSTRACT.  The  objective  of  this  paper  is  to  discuss  the  theory  of  free  surface  flows  with  solidification.  This 
type  of  open-channel  flows  is  relevant  to  a  number  of  important  manufacturing  processes,  such  as  the  horizontal 
continuous  casting  of  carbon  steel.  Since  carbon  steel  is  a  binary  alloy,  in  formulating  a  mathematical  model  in 
addition  to  accounting  for  fluid  flow  and  heat  transfer,  it  is  also  necessary  to  account  for  the  solute  transport  and 
for  the  two-phase  region  (the  mushy  zone)  effects.  Difficulties  of  the  theory  are  discussed. 

1.  INTRODUCTION 

Classical  free  surface  flows  received  considerable  attention  in  the  literature.  A  good  overview  on  open-channel 
flows  is  given  in  [1].  Both  analytical  and  numerical  investigations  of  open-channel  flows  are  presented  in  [2-4]. 
However,  open  channel  flows  with  solidification  have  not  received  so  far  sufficient  attention.  This  gap  needs  to 
be  filled,  because  these  flows  are  relevant  to  a  number  of  important  industrial  applications,  such  as  the  strip 
casting  of  carbon  steel. 

In  recent  years,  there  has  been  a  number  of  papers  devoted  to  modeling  of  the  heat  transfer  and  fluid  flow  for 
different  schemes  of  both  vertical  [5-9]  and  horizontal  [10-14]  strip  casting  processes.  These  papers  present 
extensive  investigations  of  both  fluid  flow  and  heat  transfer  in  the  solidifying  strip.  However,  further  insight 
into  this  process  is  needed,  such  as  investigation  of  coupling  flow  and  heat  transfer  with  solute  transport  and 
accounting  for  the  free  surface  behavior. 

In  recent  publications  a  number  of  models  for  describing  fluid  flow  of  binary  alloys  during  solidification  have 
been  proposed,  mainly  for  the  case  when  the  flow  is  caused  by  natural  convection.  Derivation  of  the  set  of 
governing  equations  for  the  mushy  zone  based  on  the  mixture  theory  approach  was  originally  reported  in  [15, 
16]  and  recently  extended  to  account  for  microscopic  phenomena  in  [17,  18].  The  derivation  of  the  set  of 
governing  equations  based  on  a  volume-averaging  procedure  is  presented  in  [19-21].  An  excellent  review  of 
different  models  with  basic  features  of  each  model  summarized  is  given  in  [22].  Very  recently,  a  three-phase 
model  (solid,  liquid  and  gas  phases)  of  the  mushy  zone  has  been  proposed  in  [23,  24]  and  comparisons  against 
the  two-phase  model  have  been  carried  out. 

2.  FORMULATION  AND  MATHEMATICAL  MODEL 

The  schematic  diagram  of  the  problem  is  displayed  in  Fig.  1.  We  consider  free  surface  flow  of  a  binary  alloy, 
for  example,  carbon  steel,  on  a  horizontal  surface  (casting  table)  which  moves  with  a  constant  velocity,  U.  We 
assume  that  the  binary  alloy  enters  the  moving  surface  with  the  fully  developed  relative  velocity  profile,  where 
relative  means  relative  to  the  surface.  In  the  beginning  of  the  computational  domain  the  binary  alloy  is 
completely  in  the  liquid  state,  that  is  its  temperature  is  above  the  liquidus  temperature.  A  constant  heat  flux  is 
withdrawn  from  the  surface,  and  this  causes  solidification  of  the  alloy  as  it  flows  downstream.  At  the  end  of  the 
computational  domain  the  alloy  is  completely  solidified,  and  the  solid  strip  leaves  the  moving  surface  with  the 
same  constant  velocity,  U.  This  process  is  an  example  of  a  free  surface  flow  with  solidification.  It  also  should 
be  noted  that  in  the  beginning  of  the  casting  table,  when  0  <  x  <  X* ,  alloy  at  the  free  surface  is  in  the  liquid  state 
while  farther  downstream,  when  x  >  X* ,  alloy  at  the  free  surface  is  in  the  mushy  state.  In  establishing  the 
mathematical  model  for  this  process,  it  is  assumed  that  the  transport  process  is  steady,  two-dimensional  and 
laminar;  the  properties  of  the  solid  and  liquid  phases  are  homogeneous  and  isotropic,  the  solid  phase  is 
stationary  and  rigid,  no  microporosity  forms  in  the  strip;  the  solid  and  liquid  in  the  mushy  zone  are  in  local 
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thermal  and  phase  equilibrium,  the  thermophysical  properties  are  constant,  but  may  be  different  for  liquid  and 
solid  phases;  heat  transfer  by  radiation  and  convection  from  the  free  surface  is  negligible;  and  that  the  thin  layer 
approximation  can  be  invoked. 


free  surface 


Fig.  1.  Schematic  diagram  of  free  surface  flow  with  solidification 

Under  the  present  set  of  assumptions,  the  governing  equations  presented  in  Ganesan  and  Poirier  [19],  Poirier  et 
al.  [20]  and  Beckermann  and  Viskanta  [25]  are  parabolized  and  put  into  the  following  form: 

2.1  Momentum  Equation 
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2.2  Continuity  Equation 
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2.3  Energy  Equation 
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2.4  Solute  Conservation  Equation 

The  form  of  the  solute  conservation  equation  which  is  usually  utilized  in  computations  of  the  solidification  of 
binary  alloys  includes  both  the  average  concentration  of  the  solute  and  the  concentration  of  the  solute  in  the 
liquid  phase  [25].  For  the  case  of  the  strong  forced  convection,  however,  this  form  of  the  solute  conservation 
equation  is  found  numerically  unstable.  Therefore  in  the  present  study  we  utilize  the  form  of  the  solute 
conservation  equation  suggested  in  [20]  which  contains  only  the  concentration  of  the  solute  in  the  liquid  phase: 
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To  complete  formulation  of  the  mathematical  model,  a  pertinent  assumption  for  the  pressure  field  is  required. 
For  this  free  surface  flow,  a  hydrostatic  pressure  distribution  is  assumed  over  the  layer  thickness: 

p=pL,g[h(x)-y]  (?) 

After  determining  CL  from  Equation  (4),  the  mass  of  the  solute  per  unit  volume  of  the  mixture  can  be  found  as: 


pC  =  ps(l-e)Cs+pLeCL  =[ps(l-£)K+pLe]CL  (8) 

In  the  present  study  the  solidus  and  liquidus  curves  are  approximated  by  the  linear  relationships: 

cL=(T-Tp)/r 

Cs  = 

From  Equations  (8)-(10)  it  follows  that  the  local  liquid  fraction,  £,  can  be  determined  from  the  equation: 
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Boundary  conditions  for  Equations  (1),  (4)-(6)  can  be  summarized  as: 

T  =  Tin ,  CL  =  Cin ,  u  =  uin ,  v  =  vin  at  x=0  (12) 

At  the  boundary  y  =  0: 

[£kL  +  (l-£)ks]^  =  q'\ v  =  0  aty  =  0  (13) 

dy  dy 

—  =  0 ,  ^l=-  =  0 ,  ^-  =  0,  —  (u  +  U)=  v  aty  =  h(x)  (14) 

dy  dy  dy  dx 

In  the  numerical  procedure,  the  last  condition  in  Equation  (14)  is  replaced  by  the  equivalent  condition  of 
conservation  of  mass  flow,  i.e.: 

h(x) 

J{kpL  +  (1-£)ps]u  +  pLu}dy  =  PsUh,*,  (15) 

0 

Equation  (15)  is  obtained  by  integrating  the  continuity  equation,  Equation  (4),  from  0  to  h  with  respect  of  the 
variable  y  and  utilizing  the  last  condition  in  Equation  (14).  In  obtaining  Equation  (15)  it  is  additionally  assumed 
that  the  metal  at  the  free  surface  is  completely  liquid.  The  case  when  the  metal  at  the  free  surface  becomes 
mushy  is  discussed  later  on. 

3.  DIFFICULTIES  OF  MODELING  OF  FREE  SURFACE  FLOWS  WITH  SOLIDIFICATION 
3.1  Analysis  Of  Conservation  Principals  After  Free  Surface  Starts  To  Solidify 

As  it  is  shown  in  Fig.  1 ,  at  a  certain  position  on  the  casting  table,  namely,  at  x  =  X* ,  metal  at  the  free  surface  of 
solidifying  strip  changes  form  the  completely  liquid  to  the  liquid-solid  (mushy)  state.  From  this  point  on,  for 

x  >  X* ,  there  are  only  two  zones  in  the  strip:  the  solid  zone  and  the  mushy  zone.  In  formulation  of  the 
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mathematical  model  given  by  Equations  (1),  (4)-(6)  it  is  assumed  that  the  solid  phase,  including  the  solid 
"matrix"  in  the  mushy  zone,  is  rigid. 

The  solute  transport  equation,  Equation  (6),  requires  a  special  analysis  for  the  case  when  the  metal  at  the  free 
surface  becomes  mushy  (the  position  at  the  casting  table  where  is  happens  is  denoted  as  X* ).  Equation  (6)  can 
be  recast  as: 


i_[upc]+|-[upLCL]+-|-[vpLCL]  =  pL|- 
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dy 


(16) 


From  the  physical  point  of  view,  Equation  (16)  means  that  the  mass  of  the  solute  in  a  unit  volume  changes  due  to 
relative  motion  of  the  melt  in  the  strip  and  due  to  solute  diffusion  in  the  melt. 


Consider  mass  flow  rate  of  the  solute  through  a  cross-section  of  the  strip.  For  the  obvious  reasons,  the  amount 
of  solute  which  passes  a  cross-section  of  the  strip  in  x-direction  per  unit  time  must  be  the  same  at  any  cross- 
section  of  the  strip.  Integrating  Equation  (16)  from  0  to  h(x)  and  utilizing  Equation  (15)  and  boundary 
conditions  given  by  Equations  (13)  and  (14)  result  in  the  following  equation: 
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The  physical  meaning  of  the  integral  on  the  left-hand  side  of  Equation  (17),  J  [upC  +  upLCL]d; 
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y  ,  is  the  mass 


flow  rate  of  the  solute  through  a  cross  section  of  the  strip  whose  position  is  characterized  by  the  coordinate  x. 
This  solute  mass  flow  rate  must  be  the  same  for  any  value  of  the  coordinate  x.  This  requirement  is  satisfied  as 
long  as  e  =  1  at  y  =  h(x)  because  for  e  =  1  the  right-hand  side  of  Equation  (17)  equals  zero.  This  requirement 
fails  for  e  <  1,  that  is  when  the  metal  at  the  free  surface  becomes  mushy.  This  happens  because,  according  to  our 
model,  the  motion  of  the  free  surface  occurs  due  to  the  flow  of  liquid  metal  at  the  free  surface.  According  to 
Equation  (8),  the  equilibrium  concentration  of  the  solute  in  the  liquid  metal  is  higher  than  in  the  solid  plus  liquid 
mixture  at  the  same  temperature.  When  the  metal  at  the  free  surface  becomes  mushy,  the  amount  of  solute 
transported  by  the  moving  free  surface  exceeds  the  amount  of  solute  which  can  be  transported  according  to  the 
equilibrium  relationship. 


A  similar  problem  appears  in  considering  flow  of  mass  through  a  cross-section  of  the  strip.  By  integrating  the 
continuity  equation,  Equation  (4),  from  0  to  h(x)  and  utilizing  the  boundary  condition  given  by  the  last  of 
Equations  (13)  the  following  is  obtained: 
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The  physical  meaning  of  the  integral  on  the  left-hand  side  of  Equation  (18),  {[epL  +  (l-e)ps]u  +  pLu}dy  ,  is 

o 

the  mass  flow  rate  through  a  cross  section  of  the  strip.  According  to  Equation  (18),  the  conservation  of  mass 
flow  through  a  cross  section  of  the  strip  is  satisfied  as  long  as  e  =  1  at  the  free  surface.  This  condition  fails  when 
the  metal  at  the  free  surface  becomes  mushy. 


Though  the  conservation  of  mass  flow  through  a  cross-section  of  the  strip  can  be  saved  by  replacing  the 
boundary  condition  given  by  the  last  Equation  (14)  with  the  following  boundary  condition  at  y  =  h(x): 


~{pLu  +  [pLe  +  Ps(l_e)]u}=pLv 
dx 


(19) 
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It  is  still  impossible  to  fix  the  problem  with  conservation  of  the  flow  of  the  solute  which  appears  for  x  >  X* . 
Therefore  for  x  >  X*  the  mathematical  model  given  by  Equations  (1)  and  (4)-(6)  becomes  invalid  and  it  is 
necessary  to  switch  to  another  mathematical  model. 

For  x  >  X*  the  flow  relative  to  the  solidifying  matrix  in  x-direction  is  very  small  because  of  small  permeability 
of  the  mushy  zone.  It  is  assumed  that  this  flow  can  be  neglected.  Therefore  the  only  motion  in  the  strip  is  the 
motion  caused  by  shrinkage  of  the  metal  in  the  mushy  zone.  It  is  assumed  that  this  contraction  motion  causes 
deformation  of  the  solid  phase  in  the  mushy  zone  and  occurs  by  motion  of  both  the  solid  and  liquid  phases.  This 
results  in  the  following  forms  of  the  x-momentum,  continuity,  energy,  and  solute  conservation  equations, 
respectively: 
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Equations  (20)-(23)  must  be  solved  subject  to  the  following  boundary  conditions: 
At  the  boundary  y  =  0: 
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At  the  free  surface  y  =  h(x): 
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where 


C  =  —-^ -  (26) 

ps(l-8)+pLe 

is  the  average  mass  fraction  of  carbon  in  the  solid-liquid  mixture. 

3.2  Diffusion  Boundary  Laver 

According  to  the  model  utilized  in  this  research,  solute  redistribution  in  the  strip  is  governed  by  two  processes: 
by  convective  transport  and  by  diffusion  of  the  solute  in  the  liquid  phase.  As  it  is  noted  in  Kuznetsov  [27], 
among  these  two  processes  the  dominating  process  is  convection.  It  can  be  checked  by  comparison  of  the 
coefficients  in  the  convective  and  diffusion  terms  in  the  dimensionless  form  of  Equation  (6).  However,  the 
diffusion  of  the  solute  in  the  liquid  can  result  in  an  essential  local  redistribution  of  the  solute  in  a  particular  part 
of  the  strip.  To  analyze  this  effect  in  the  present  investigation  computations  with  accounting  for  the  solute 
diffusion  in  the  liquid  phase  are  carried  out. 
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Numerical  simulations  are  performed  using  CRAY  T90  supercomputer  for  carbon  steel  with  carbon 
concentration  Cin  =0.6%  ,  casting  velocity  U  =  0.15  m/s  ,  heat  flux  at  the  casting  table  q'  =  4.8xl06  W/m2 
and  carbon  diffusion  coefficient  in  the  liquid  phase  DL  =  2xl0~9  m2/s  .  The  physical  domain  is  remapped  to  a 
rectangular  computational  domain  by  performing  a  pertinent  transformation  of  the  coordinates,  as  described  in 
Kuznetsov  [27,  28],  Governing  equations  are  solved  by  starting  from  the  inlet  cross-section  and  marching  in  the 
x-direction.  A  very  small  step  in  the  x-direction  is  utilized  to  insure  the  stability  and  accuracy  of  the  results. 
The  following  thermophysical  properties  of  the  steel  and  geometrical  and  test  data  are  utilized  in  the 
computations: 

L=0.95  m;  =0.007  m;  Tin=1813K;  Tp=1799.3K;  Cin  =0.6%  ;  CE=4.3%; 

Pl  =  7200 kg /m3;  ps  =7600 kg/m3;  kL=30W/(mK);  ks=30W/(mK);  cL  =  650 J/(kgK) ; 
cs=650J/(kgK);  Ah  =  2.7x10s  J/kg;  q'  =  4.8xl06  W/m2  ;  vL=10~6m2/s; 

K0  =5.56x1 0'1 1  m2;  T  =  -60.376  K;  k  =  0.34 13  (27) 

Figure  2  depicts  distributions  of  the  average  concentration  of  carbon  in  the  solidified  strip  near  the  casting  table 
computed  with  different  number  of  nodal  points  in  y-direction  for  Cin  =0.6%  ,  U  =  0.15  m/s,  q"  =  4.8xl06 
W/m2.  Computations  are  carried  out  accounting  for  diffusion  (solid  curves:  DL=2xl0”9  m2/s)  and 
neglecting  diffusion  (dotted  curve:  DL  =0  m2  /s).  It  can  be  seen  that  for  all  computed  cases  when  diffusion 
was  taken  into  account,  near  the  casting  table  there  is  a  narrow  region,  a  kind  of  a  boundary  layer,  which  is 
considerably  depleted  of  the  solute. 
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Fig.  2.  Distributions  of  average  concentration  of  carbon  in  the  solidified  strip  near  the  casting  table 
computed  with  different  number  of  nodal  points  in  the  y-direction 

This  diffusion  boundary  layer  has  recently  been  numerically  found  by  several  authors  [26],  [28,  29].  According 
to  [26],  this  diffusion  boundary  layer  is  a  result  of  the  solute  diffusion  in  the  liquid  near  an  impermeable  wall. 
Consider  the  situation  when  metal  in  contact  with  the  casting  table  is  in  the  mushy  state.  Intensive  cooling  from 
the  casting  table  leads  to  a  strong  positive  temperature  gradient  in  the  mushy  region.  Since  temperature  and 
liquid  concentration  in  the  mushy  zone  are  coupled  through  Equation  (9),  and  the  value  of  T  is  negative,  this 
positive  temperature  gradient  causes  negative  concentration  gradient  in  the  interdendritic  liquid.  Thus  carbon 
concentration  in  the  liquid  phase  decreases  from  a  maximum  at  the  casting  table  to  the  inlet  concentration 
outside  the  mushy  zone.  This  concentration  gradient  in  the  liquid  phase  causes  solute  diffusion  from  the  border 
with  the  casting  table  towards  the  inner  part  of  the  strip.  The  border  between  the  casting  table  and  the  strip  is 
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modeled  as  an  impermeable  wall.  For  this  reason,  the  outflow  of  the  solute  from  the  border  with  the  casting 
table  can  not  be  compensated  and  the  interdendritic  liquid  near  the  casting  table  has  a  lower  carbon 
concentration  than  if  there  was  no  solute  diffusion.  The  solid  phase  which  forms  from  this  interdendritic  liquid 
is  also  depleted  of  the  solute.  This  results  in  a  lower  average  carbon  concentration  in  a  thin  layer  near  the 
casting  table.  The  width  of  this  diffusion  boundary  layer  is  small  due  to  large  value  of  the  Lewis  number, 
Le  =  aL/DL . 

As  it  can  be  seen  in  Fig.  2,  the  solute  concentration  at  the  surface  is  not  grid  independent.  As  it  is  shown  in 
Thevik  and  Mo  [29],  when  the  control-volume  size  in  y-direction  tends  towards  zero  (Ny  -»«> ),  the  average 

solute  concentration  at  the  surface,  C  ,  tends  towards  KCin  .  Diffusion  boundary  layer  is  not  a  numerical  effect, 
it  is  an  effect  produced  by  the  governing  equations  plus  boundary  conditions.  This  is  not  just  a  specific  effect 
which  appears  in  modeling  of  strip  casting,  it  was  also  found  numerically  in  modeling  a  conventional  casting 
process  [26],  On  the  other  hand,  no  experimental  evidence  of  such  a  considerable  concentration  drop  at  the 
casting  surface  has  ever  been  found.  This  makes  us  to  conclude  that  the  equilibrium  assumption,  which  is 
usually  used  in  modeling  solidification  processes,  fails  in  a  small  tiny  region  near  the  cooled  wall.  This 
equilibrium  assumption  is  given  in  our  model  by  Equations  (9)  and  (10),  and  it  in  fact  utilizes  the  equilibrium 
diagram  to  relate  temperature  and  solute  concentration  in  the  mushy  zone.  According  to  our  analysis,  utilizing 
equilibrium  diagram  results  in  an  unphysical  concentration  drop  near  the  wall.  Therefore,  if  accounting  for  the 
solute  diffusion  in  the  liquid  phase  is  desirable,  equilibrium  relations  given  by  Equations  (9)  and  (10)  should  be 
replaced  by  the  equations  of  nonequilibrium  theory  of  solidification. 

ACKNOWLEDGMENTS 

The  support  provided  by  the  North  Carolina  Supercomputing  Center  (NCSC)  under  an  Advanced  Computing 
Resources  Grant  and  by  the  AvHumboldt  Foundation  is  greatly  appreciated. 

NOMENCLATURE 

c  specific  heat  at  constant  pressure  [J  kg-1  K-1  ] 

CL  mass  fraction  of  the  solute  (carbon)  in  the  liquid  phase 
Cs  mass  fraction  of  the  solute  in  the  solid  phase 

C  average  mass  fraction  of  the  solute  in  the  solid-liquid  mixture,  pC/[ps(l  -  e)  +  pLe] 

CE  mass  fraction  of  the  solute  in  the  eutectic 

Dl  diffusivity  of  the  solute  in  the  interdendritic  liquid  [m2  s-1  ] 

h  height  of  the  free  surface  [m] 
h  „  strip  thickness  at  the  end  of  the  casting  table  [m] 

k  thermal  conductivity  [Wm-1K-1] 

K  permeability  [m2] 

K0  permeability  coefficient  [m2] 

L  length  of  the  casting  table  [m] 
p  pressure  [Pa] 

q'  heat  flux  to  the  casting  table  [W  m-2  ] 

T  temperature  [K] 

Tp  melting  temperature  of  the  pure  iron  [K] 
v  vertical  velocity  component  [ms-1] 

u  relative  (to  the  solidified  matrix)  horizontal  velocity  component  [ms-1  ] 

U  withdrawing  velocity  [ms-1] 
x  horizontal  coordinate  [m] 
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X*  position  at  the  casting  table  starting  from  which  metal  at  the  free  surface  becomes  mushy  [m] 
y  vertical  coordinate  [m] 

Greek  Symbols 

a  thermal  diffusivity,  k /(pc)  [m2s_1] 

Ah  latent  heat  of  solidification  [J  kg-1  ] 
e  volume  fraction  of  liquid 
r  slope  of  liquidus  line  [K] 
k  segregation  coefficient,  Cs  /CL 

pL  dynamic  viscosity  of  liquid  metal  [kg  m"ls‘l] 
vL  kinematic  viscosity  of  liquid  metal  [m2  s-1  ] 
p  density  [kg  m-3] 

pC  mass  of  the  solute  per  unit  volume  of  the  solid-liquid  mixture,  ps  (l  -  e)Cs  +  pLeCL  [kg  m-3  ] 
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